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PREFACE TO THE FOURTH EDITION 


. In this revision of Machine Design Drawing Room Problems, three new 
problems have been added as Chapters 4, 5, and 6; new Chapters 19 and 
21 have been written to replace Chapters 16 and 18 of the Third Edition; 
and Chapters 3 to 15 inclusive and Chapters 17 and 21 of the Third Edition 
have been revised. The revised chapters constitute Chapters 3 and 7 to 18 
inclusive and Chapter 20 and 24 of the Fourth Edition. Information and 
illustrations supplied by individuals and industrial firms are gratefully 
acknowledged, and the sources duly indicated in the text. Particular 
thanks are due the Sterling Engine Company of Buffalo, New York, for 
supplying data and prints in connection with new Chapter 6. 


Ithaca, New York, 
July 6, 1948. 


C. D. Albert 




PREFACE TO THE FIRST EDITION 


This book is the outgrowth of the experience of the author in teach¬ 
ing machine design to engineering students in the College of Engineer¬ 
ing, Cornell University. It presupposes a knowledge of Kinematics, 
Mechanics, and Engineering Drawing. The book purposes to offer 
complete material for a drawing room course in general machine design 
and is based upon the belief in the superior value of complete, compre¬ 
hensive problems over problems dealing with unrelated details or groups 
of details. It assumes that a separate recitation course is given based 
upon some standard text on general machine design. 

The author has consulted the work of many others and due acknowl¬ 
edgment has been made in the text. Manufacturers of certain products 
and builders of the kinds of machines treated have responded most gener¬ 
ously with material for illustrations. Their generosity and helpfulness are 
gratefully acknowledged. The source of any information or material 
used has been indicated in the text. Particular thanks are due Professor 
P. B. Eaton for making drawings for illustrations. 

Ithaca, N. Y., -D* A. 

September, 1923. 
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acceleration in feet per second per second; 
area in square inches; 
breadth or width in inches; 

distance from neutral axis to extreme fiber in inches; 
centrifugal force in pounds, also a constant; 
diameter in inches, also distance; 
diameter in inches; 

base of Napierian Logarithms = 2.718; 

strain or unit tensile or compressive deformation in inches per inch; 
Young’s modulus of elasticity in pounds per square inch, also energy; 
coefficient of friction between dry or sparsely lubricated surfaces; 
force in pounds; 

acceleration of gravity = 32.2 feet per second per second; 
modulus of elasticity in shear or modulus of rigidity in pounds per square 
inch; 

height in inches; 

rectangular moment of inertia of an area in biquadratic inches, also moment 
of inertia of a mass; 

polar moment of inertia of a n area in biquadratic inches; 
radius of gyration = y " I/A for plane figure 
= V I/m for a solid; 

length in inches; 
mass = W/g; 

bending moment in pound-inches; 
twisting moment or torque in pound-inches; 
number; 

constant for end conditions of columns 

1/4 for column fixed at one end and free at the other 

1 for column with pin ends 

9/4 for column with one end fixed and the other free but guided 

4 for column with both ends fixed 

±2 for column with flat or square ends; 

pressure in pounds per square inch, also pitch in inches; 

force in pounds; 
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stress in pounds per square inch; 

respectively, tensile, compressive, and shearing stress in pounds per square 
inch; 

maximum resultant normal stress in pounds per square inch; 
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surface area; 

thickness in inches, also temperature in F°; 

tensile force or pull in pounds, tangential force in pounds, also torque or turn¬ 
ing moment in pound-inches; 

respectively, the ultimate strength in tension, compression, and shear in 
pounds per square inch; 
velocity in feet per second; 

volume in cubic inches, also velocity in feet per minute; 
weight or load in pounds per inch of length; 
weight or load in pounds, also work; 

respectively, the yield point strength in tension, compression, and shear in 
pounds per square inch; 

total elongation or contraction, also deflection in inches; 
deflection of beam in inches; 

angular deflection in radians, also angle of contact in radians; 

Poisson’s ratio, ratio of lateral to axial strain; 
rotational radius of center of mass in feet; 
maximum resultant shear stress in pounds per square inch; 
angular velocity in radians per second. 

xi 




CHAPTER 1 

INTRODUCTORY DISCUSSION 

1. Value of Design Work. —Engineering is the practical application of 
mathematics, science, and organized knowledge to the problems of con¬ 
struction, production, transportation, and the transformation and trans¬ 
mission of energy. Laboratory experiments and design problems are 
perhaps the best means we have, in institutional work, of illustrating just 
what is meant by the practical application of mathematics, science, and 
organized knowledge to engineering problems. The design of a complete 
machine illustrates quite fully the general method of attack of any design 
problem. In addition, such problems furnish a more or less complete 
review of the fundamental principles of the basic engineering subjects, 
and furnish also the best possible means of emphasizing those things that 
are of everyday use and of fundamental importance to the engineer. 
Such problems also serve to show how important and essential engineering 
drawing is to all engineering enterprises. A full realization of this would 
alone be sufficient justification for the teaching of machine design. Work 
on the drawing board is essential to satisfactory and successful design and 
is just as essential to the complex problems of organizing and directing 
engineering production and construction. 

2. Machine. —A machine may be defined as a combination of station¬ 
ary and moving parts constructed for the useful purpose of generating, 
transforming, or utilizing mechanical energy. Thus a steam engine 
receives energy in the form of heat and generates mechanical energy; an 
electric generator receives mechanical energy and transforms it into elec¬ 
trical energy; and a lathe receives mechanical energy and delivers and 
utilizes it as such in the performance of useful work. 

The function of prime movers is to generate mechanical energy; the 
function of other machines is either to transform mechanical into other 
forms of energy or to receive and to utilize it in the performance of some 
useful mechanical process or operation. 
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3. Classification of Machines.—In accordance with the above defini¬ 
tion, machines may be classified as 

Machines for generating mechanical energy; 

Machines for transforming mechanical energy; 

Machines for utilizing mechanical energy. 

Machines that operate continuously may also be classified with reference 
to the rate at which energy is received and work done during an energy 
cycle as follows: 

(a) Energy may be received at a constant rate and work done at a 

constant rate; 

( b ) Energy may be received at a constant rate and work done at a 

variable rate; 

(c) Energy may be received at a variable rate and work done at a 

constant rate; 

(d) Energy may be received at a variable rate and work done at a 

variable rate. 

An electric motor driving a centrifugal pump which discharges water 
against a constant head is an example of a machine receiving and deliver¬ 
ing energy at a constant rate. No device, such as a flywheel, for inter¬ 
mittently storing and releasing energy is therefore necessary. 

A belt-driven punching machine, when fitted with a flywheel, is about 
as good an example as can be cited of a machine receiving energy at a con¬ 
stant rate and doing work at a variable rate. The assumed energy cycle 
presupposes a flywheel to store and to release kinetic energy as required by 
the variable rate at which work is to be done. 

A single cylinder steam engine, when under a constant load, is a good 
example of a machine receiving energy at a variable rate and doing work 
at a constant rate. It may be noted that the assumed energy cycle pre¬ 
supposes a flywheel. 

Belt-driven shapers are seldom fitted with flywheels. A belt-driven 
shaper without a flywheel is a good example of a machine receiving energy 
at a variable rate and doing work at a variable rate. 

4. Classification of Machine Parts.— Any machine, whether electric, 
hydraulic, thermodynamic, or purely mechanical, is composed of some or 
most of the following classes of stationary and moving parts: 

Frame, in one or more parts—base, bed, uprights, pillars, cylinders, 
brackets, etc.; 

Bearings—radial and thrust; 

Guides—cross-rails, cross-head guides, etc.; 

Slides—cross-heads, carriages, tables, rams, etc.; 

Shafts, spindles, and axles; 
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Gears—spur, bevel, helical, and hyperboloidal; 

Pulleys—tight, loose, and cone; 

Flywheels; 

Sprockets and sheaves; 

Couplings; 

Clutches and brakes; 

Handles, handwheels, capstans, etc.; 

Cams; 

Cam followers; 

Links and levers; 

Screw fastenings- 1 —-bolts, studs, stud-bolts, tap-bolts, cap screws, 
machine screws, set-screws, etc.; 

Keys and feathers; 

Cotters and dowels; 

Springs; 

Belts, ropes, and chains. 

Since, as stated, any machine will be found to contain many if not all 
of the classes of machine parts named above, the principles and methods 
applicable to the design of such parts may be said to be applicable to the 
design of all machines. Hence the principles and methods applied in the 
design of such parts may be termed general machine design. 

5. Machine Design.—Machine design may be defined as the determina¬ 
tion in advance of building of the material, the form, the size, and the 
relation of the parts of a machine to fulfill a specified purpose. 

Machine design may also be defined as the application of drawing, 
science, and organized knowledge, to determine the proportions and rela¬ 
tions of the parts of a machine to fulfill a specified purpose. 

The sciences most frequently employed by the* designer are mathe¬ 
matics, kinematics, statics, dynamics, and mechanics of materials. In 
addition to these, it may be necessary for the designer to apply electrical 
theory, thermodynamics, or hydraulics, as in the design of electric genera¬ 
tors and motors, gas engines and steam turbines, or water turbines and 
other hydraulic machines. Dimensions, sizes, and quantities that are 
determined by application of the sciences are said to be rationally deter¬ 
mined, and the equations used are called rational equations. Equations 
that are rational in form but contain practical coefficients are called semi- 
rational equations, the practical coefficients being derived from an analysis 
of successful practice or from an analysis of the results of experimental 
investigation. The application of such rational or semi-rational laws in 
the design of machines is called rational machine design. 

Quite frequently the results of experimental investigation, and espe¬ 
cially the results from successful practice, do not admit of being expressed 
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in rational form. The results are expressed in the form of empirical 
equations, graphs, or tabulations, or in the form of simple rules expressed 
in words. Hence, empirical design may be defined as the application of 
empirical equations, rules, graphs, or tabulations from successful practice 
or experimental work to the proportioning of parts in the design of a 
machine. 

As stated above, the sciences most frequently employed in general 
machine design are mathematics, statics, dynamics, mechanics of materials, 
and kinematics. The principal subjects from the field of organized knowl¬ 
edge are engineering materials, mechanical technology, established practice, 
and mechanical engineering drawing. Hence, general machine design may 
be defined as the application of the following branches of knowledge to 
determine the proportions and relations of the parts of a machine to fulfill 
a specified purpose: 

Mathematics; 

Statics; 

Dynamics; 

Mechanics of materials; 

Kinematics; 

Engineering materials; 

Mechanical technology; 

Established practice; 

Mechanical engineering drawing. 


6. Design of a Machine.—The first step in the design of a new machine, 
or in the design of a machine of an existing type, is to assemble in neat and 
orderly form all the data and information available concerning the purpose 
of the machine and the conditions under which it is to operate. Since the 
performance of useful work or the supplying of energy requires definite 
forces and definitely constrained motions, the designer, to attack his prob¬ 
lem rationally, must know how and at what rate work is to be done and 
how and at what rate energy is to be supplied during an energy cycle 
Having this information, the designer may find the forces acting on each 
member of the machine by the application of statics and dynamics and then 
by the application of mechanics of materials, he may determine certain 
proportions of the members for safe strength and rigidity. If such informa¬ 
tion is not available, it must be determined experimentally, or safe assump¬ 
tions must be made, or the design of the machine must be left wholly to 
the experience and judgment of the designer. 

With a knowledge of how and at what rate work is to be done and of 

ofT “ V YYTP; is t0 be su PP lied > the procedure in the design 
machine may be divided into four principal steps as follows: 
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Determination of the kinematic scheme; 

Selection of suitable materials; 

Determination of the forces acting on each part; 

Proportioning the parts of the machine. 

7. Deter mina tion of the Kinematic Scheme.—A mechanism may be 
defined as a combination of rigid members which are so connected that 
motion of any member causes definite, constrained motion of all the moving 
members relative to the fixed member. To determine the kinematic 
scheme for a machine means to devise such a train or such trains of mechan¬ 
isms as will transform the motion by which energy is supplied into the 
motion or motions required by the work to be done. The work to be done 
will suggest the motion or motions necessary for its accomplishment, and 
the type of drive adopted will fix the motion by which energy is to be 
supplied. 

It is evident by reference to Article 4, that the different classes of 
kinematic and machine elements are well known and quite limited in 
number. Devising a tentative kinematic scheme for a machine is a matter 
of selecting and combining known classes of kinematic elements. The 
problem of properly proportioning and relating such elements to give the 
precise motions and transformations desired may, as for a punching 
machine, be quite a simple matter, or may, as for some complex automatic 
machine, be a very difficult matter. In fact, properly to proportion and 
relate known classes of kinematic elements to give certain constrained 
motions that are precisely defined and timed may very severely tax the 
ingenuity and inventive ability of the designer. 

As found in the study of kinematics, the related motions of the parts 
of a given mechanism may, in general, be studied without regard to the 
w r eight of the parts and the forces acting upon them, rigidity of the parts 
being the essential assumption. However, when a mechanism to be 
incorporated in a machine is being considered, it is often necessary in 
arriving at even a tentative solution to have in mind the nature of the 
forces acting, the relation of the parts and how they are to be connected, 
and also the fact that the parts are not weightless. Even after finding a 
suitable type of mechanism, considerable thought is often necessary before 
proportions are determined that will give the precise motions desired. 
For governors and other regulatory devices, where the related motions are 
affected by the weight of the parts and the forces acting, weights and forces 
must, of course, be considered from the outset. 

8. Selection of Materials.—In selecting suitable materials for the 
parts of a machine, the designer is governed in his choice by the chemical, 
physical, and mechanical properties of the engineering materials, by their 
cost and availability, and by what is and has been the practice in the use 
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of such materials. A wise choice may or may not be a simple matter. 
This is made apparent by enumerating the factors and properties, several 
or many of which it may be necessary to consider: 


Availability 

Cost 

Strength 

Rigidity 

Resistance to fatigue 

Resilience 

Ductility 

Malleability 

Toughness 

Hardness 

Machining properties 
Heat-treating properties 
Forging properties 


Casting properties 

Anti-friction properties 

Resistance to corrosion 

Resistance to abrasion 

Effects of heat on physical properties 

Fluidity 

Specific gravity 

Melting point 

Magnetic properties 

Electrical conductivity 

Coefficient of expansion 

Specific heat 

Heat conductivity 


The higher the modulus of elasticity the more rigid is the material. 
Thus the rigidity of a member of a given size would not be increased by 
substituting a stronger for a weaker steel since there would be no increase 
in the modulus of elasticity. There would, for the same size, be a distinct 
gain in rigidity if steel were substituted for cast iron. However, for the 
same strength , a given member, if made of cast iron, would be both larger 
and stiffer than if made of steel. 

The higher the elastic resilience of a material, the greater is the energy 
it can absorb without permanent set. The elastic resilience is, therefore, 
a measure of the ability of a material to withstand shock without perma¬ 
nent set. 

Metals for the stationary and moving parts of bearings should run well 
together, with as low a coefficient of friction as is consistent with other 
requirements. In general, the friction between unlike metals is less than 
that between like metals, although cast iron on cast iron and hardened steel 
on hardened steel must be regarded as exceptions to this rule. The metals 
and alloys chiefly used for lining or facing bearings are cast iron, brass, 
bronze, babbitt, and other white metal alloys. In addition to having a 
low coefficient of friction, bearing metals must possess sufficient compres¬ 
sive strength to withstand the bearing pressures, must wear well, and must 
work well in the foundry and machine shop. In general, that metal which 
has the greatest ductility will wear best, the wearing qualities further 
increasing with the tensile strength and fineness of structure for any given 
ductility. 

Aluminum, lead, tin, copper, brass, bronze, Monel metal, and the 
stainless steels are the principal metals and alloys in use to resist corrosion. 
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9. Determination of the Forces Acting on Each Part.—To determine the 
forces acting on each part of a machine, the designer must know how the 
rate of doing work and how the rate of supplying energy varies during an 
energy cycle. If, as stated in Article 6, this information is not available, 
it must be determined experimentally, or safe assumptions must be made, 
or the design of the machine must be left wholly to the experience and 
judgment of the designer. 

If, for example, the size of the belt of a punching machine is to be based 
on the average rate at which energy must be supplied during an energy 
cycle, the machine must be fitted with a flywheel to store and release energy 
as demanded by the variable rate at which w^ork is done. If the machine 
is not fitted with a flywheel, the size of the belt must correspond to the 
maximum and not the average rate at which energy must be supplied. 
Hence, for such a machine, a knowledge of the total energy to be supplied 
during an energy cycle is not sufficient data for designing the drive of the 
machine. It is important also to note that the maximum torques, forces, 
and moments to winch the parts of the punching machine are subject are 
due to the maximum and not to the average rate at which work is done. 

For machines that start and stop under load, mechanical advantage 
must be considered. Thus a locomotive must be so designed that it can 
exert, in any phase it may be stopped, sufficient turning moment on the 
drive wheels to start the train. Similarly, hoisting engines must be cap¬ 
able of exerting sufficient turning moment on the hoisting drum to hold or 
to start the load from any position in which it has been brought to rest. 
Automobiles are fitted w 7 ith transmission gears that may be shifted to 
secure greater mechanical advantage for starting and for climbing hills. 

The magnitude and direction of the forces acting on any part of a 
machine depend not only on the energy supplied and the useful work done, 
but also on the frictional resistances and the inertia of the moving parts. 
As a rule, the frictional resistances are small and may often be neglected. 
The effect of the inertia of the moving parts depends upon the magnitude 
of the linear and angular accelerations of the parts and upon their form, 
size, and weight. The linear and angular accelerations can be found by an 
analysis of the kinematic scheme. However, before the inertia forces can 
be calculated and the forces on each part determined, the form, size, and 
material of each part must be assigned. Hence, for high-speed machinery, 
the proportions for each part must be assigned before the data become 
available for determining the forces acting on each part and, therefore, 
before the strength and rigidity of the parts can be finally checked. 

In slow-speed machinery, where the inertia forces may be neglected, 
it is not necessary to have the weight of the parts to approximate the mag¬ 
nitude and direction of the forces acting on each part. Where the weight 
of the parts may be neglected, the magnitude and direction of the forces 
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can be determined from the rate at which work is done and energy sup¬ 
plied. Neglecting friction and kinetic energy, the rate of doing work is, 
by the law of the conservation of energy, the same at any given instant at 
all points in a machine. 

10. Proportioning the Parts of a Machine—The magnitude and direc¬ 
tion of the external forces acting on the parts of a machine are rationally 
determined by applying the laws of statics and dynamics. If the external 
forces acting on each part are known, certain important proportions for 
safe strength and sufficient rigidity can, as a rule, be determined by apply¬ 
ing the laws of mechanics of materials. How the parts are to be connected 
and how they function in the transmission of motion and energy have a 
direct bearing on the size and form of the parts and on how the external 
forces are applied. 

When a part is loaded, distortion of the part is resisted by the internal 
stresses induced by the applied loads. If the proportioning of the part is 
based on the stresses induced, the part is said to be designed on the basis 
of strength; if the proportioning of the part is based on the elastic deforma¬ 
tions, the part is said to be designed on the basis of rigidity, or stiffness. 
In designing for safe strength, the induced stress on which the design is to 
be based is limited to some permissible, or allowable, stress or range of 
stress. For safe strength, meaning thereby a safe margin against perma¬ 
nent distortion as well as actual breakage, the value fixed upon for the 
allowable stress must be well within the elastic limit or yield point of the 
material to be used. To design for sufficient stiffness means that the maxi¬ 
mum elastic deformation must be limited to some permissible, or allowable, 
value or range of values. The value or range fixed upon must be such that 
the resulting elastic distortion will not prevent the proper functioning of 
the part and, in addition, such that the corresponding induced stresses will 
give a safe margin of strength. 

The design of most machine parts is based on strength and not on stiff¬ 
ness. There are several reasons for this practice. To base the design on 
strength is easier than to base it on stiffness, and experience has shown 
that parts designed for safe strength usually have sufficient elastic rigidity, 
or stiffness. Rigidity is a more difficult basis of design than strength, 
since, for parts that are not simple in form, it is either impossible or much 
more difficult to determine the deflections than to determine the induced 
stresses. Another reason # is that, while it may be difficult to fix upon 
reasonable, allowable stresses for certain conditions of loading, it is even 
more difficult or impossible, because of our meager knowledge, to fix upon 
permissible elastic deflections. Some members, like springs, are designed 
for both strength and stiffness. 

The form and dimensions of the parts of a machine are affected by many 
other considerations than strength and stiffness. Besides being sufficiently 
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strong and rigid, the parts of a machine when assembled must function 
properly in the transmission of motion and energy. The parts must be 
suitably connected, ample bearing surfaces and effective lubrication must 
be provided, and the making, finishing, and assembling of the parts must 
be considered. Hence, in addition to having a knowledge of mechanics 
and kinematics, a designer should have a knowledge of established practice, 
mechanical technology, and mechanical engineering drawing. 

Mechanical technology embraces all the mechanical trades and handi¬ 
crafts, for each of which some special technical knowledge is required. 
Of most importance to the designer of machines is a knowledge of the 
processes employed in the common engineering shops: pattern shop, 
foundry, forge, and machine shop. A knowledge of the work and methods 
of the pattern shop, foundry, and forge are necessary to the designer if 
sound and suitable castings and forgings are to be produced at reasonable 
cost; a knowledge of the work and methods of the machine shop are neces¬ 
sary to the designer if the parts are to be finished and assembled at reason¬ 
able cost. The brief discussion of forgings, castings, machine work, and 
mechanical engineering drawing in articles to follow will serve to show the 
desirability of such knowledge. 

The designer also should know something about the methods of working 
sheet metals and plastic materials, and especially should know about the 
modern methods of welding which have come to occupy an assured place 
in the construction of ships, buildings, bridges, pressure vessels, and 
machines and appliances of all kinds. 

11. Forgings.—In making a forging, a combination of two or more of 
the following simple operations are used: upsetting, drawing down, setting 
down, cutting out, bending, punching and drifting, welding, and swaging. 
By a combination of these primary operations, it is possible to produce 
parts that are comparatively complicated in shape. Since, at best, forging 
is an expensive process, the designer should know what forms and shapes 
can be produced without undue difficulty and should restrict himself to 
the simplest possible forms to reduce the cost of production to a minimum. 

The drop-forging process is primarily an extension of the operations of 
setting down and swaging. In forging machines, the process is primarily 
an extension of the operations of upsetting and swaging. These methods 
can be economically employed only in the mass production of forgings. 

12. Castings.—Patterns are made with draft to enable them to be 
drawn from the sand without breaking or damaging the molds. The 
amount of draft depends on the shape, size, and depth of the pattern and 
on whether it is to be hand or machine drawn. The draft may be less for 
machine than for hand drawn patterns. In general the draft should not 
be less than inch per foot. For shallow patterns and molds, the matter 
of draft is left to the pattern maker and not represented,pirtKe^^^i^^ 
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the casting. However, even for shallow molds, the problem of making 
and drawing the pattern, as well as parting it, should be considered by the 
designer. Medium and large size castings should be so designed that the 
shape of the castings will take care of all major questions of draft. 

Castings of all kinds and sizes are made in green sand, dry sand, and 
loam molds. The molds are made by hand or by machine molding 
methods. For quantity production machine molding methods are employed. 
It is a more difficult foundry problem to produce sound, reliable castings 
of steel than of iron because molten steel is not as fluid as molten iron, has 
a pouring temperature 500 F to 700 F higher than iron, contains a con¬ 
siderably greater volume of occluded gases than iron, and, on solidification, 
shrinks about twice as much as iron. Hence better venting and gating 
and more risers and feeding heads must be used in molds for steel than for 
iron. Also, because they offer less resistance to shrinkage, green sand 
molds are now preferred to dry sand molds for steel castings. 

Unsound castings are due either to defective design or to defective 
molding and founding. The mold may be defective owing to the sand 
being too w r et or being rammed too hard, or the mold may be insufficiently 
vented, improperly gated, or improperly or insufficiently provided with 
risers and feeding heads. Then, too, the molten metal may be poured too 
slowly or too fast, or the temperature at which the metal is poured may be 
too high or too low, or the molten metal may be improperly constituted 
or may contain dirt or scurf because of imperfect skimming. It is the 
business of the designer to see that castings are not defective or unsound 
owing to poor design, and he can do much to assure soundness by the 
observance of a few simple rules. 

The outside corners of castings should be rounded and the inside corners 
should be filleted. As a casting cools and solidifies, the metal crystals 
arrange themselves with their principal axes in the direction of flow of the 
heat. This will result in actual or incipient cracks at sharp corners as 
shown in the right half of Fig. 1. To fillet the inside and to round off the 
outside corners as shown in the left half of Fig. 1 will insure soundness and 
greater strength. 

The metal throughout a casting should be as uniform in thickness as 
possible. When changes in thickness are unavoidable, the changes should 
not be made abruptly but gradually. Thus, in the unsymmetrical section 
of a casting shown in Fig. 2, an abrupt change in thickness from h to h is 
avoided by gradually tapering from h to t 2 and filleting. Fig. 3 shows a 
cylinder with an opening to receive a pipe flange. The upper section in 
the figure shows an abrupt change in thickness and a local massing of 
metal which is detrimental. The lower section in the figure shows how, 
by a simple change in the design, uniform thickness is obtained and the bad 
features of the original section eliminated. Fig. 4 shows how the design 
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of the base flange of a machine frame may be similarly improved. A 
detrimental local massing of metal at a boss or a lug may sometimes be 
avoided by the use of a core or cavity. The same expedient may be used 
to eliminate a local massing of metal at the juncture of several ribs, or the 
system of ribbing may be redesigned. Deep cavities and small recesses 
should be avoided. 

Castings requiring cores should be so designed as to make it possible to 
support properly the cores in molding and casting and afterwards to remove 



Fig. 3. 


Fig. 4. 


the cores from the castings. The use of chaplets in supporting cores should 
be avoided when possible. This is especially true of castings that are to 
be subjected to fluid pressure as defects at the chaplets may result in 
leakage. 

While the same principles apply to the design of both steel and iron 
castings, the gating and feeding of steel castings present a more difficult 
foundry problem and should be considered by the designer. As stated 
above, steel castings require larger gates and much more material in the 
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risers and feeding heads to prevent hot tears and shrinkage cavities. 
Portions of castings that would be very difficult to arrange to feed should 
be so designed that there will not be thin sections whose solidification would 
prevent the flow or feeding of metal to other portions of the casting; that 
is, the principle of progressive solidification should be applied. The 
designer should not hesitate to consult freely with the foundry engineer. 

The sections of castings should not be so thin as to result in misruns or 
require undue precautions in the foundry. The minimum thickness prac¬ 
ticable will depend on the metal to be used and the size, intricacy, and 
variability of thickness of the different sections of the casting. Soft, gray 
cast iron will remain gray in sections as thin as § inch. The minimum 
thickness for malleable iron castings is usually regarded as | inch, the 
average minimum in castings of any size being about \ inch. The minimum 
thickness for steel is usually regarded as \ inch, in small special castings 
running as low as § or ^ inch. The minimum thickness for brass and 
bronze is ^2 inch and for aluminum is f inch -with yq inch as an average 
minimum. 

The cheapest metal castings are of cast iron. The physical and machin¬ 
ing properties of cast iron are under approximate control over a consider¬ 
able range. Cast iron is comparatively easy to cast and is extensively 
used for castings of all kinds and sizes. It is suitable for castings where 
the additional weight and volume required for proper strength and rigidity 
are not objectionable. In machine frames and bed plates, mass is usually 
considered desirable in damping and absorbing vibrations. 

Malleable iron castings cost more than gray iron castings but less than 
steel castings. They are limited in size to a maximum thickness of about 
3 inches and to a length of about 5 feet. The average maximum weight of 
malleable castings ranges from about 300 to 500 pounds. Malleable iron 
machines more readily than other metals of the same strength. Malleable 
castings are considerably cheaper than forgings and, being quite tough and 
about as strong as wrought iron, they are very much used in place of 
forgings. 

Steel castings cost more than malleable castings. Steel castings are 
more difficult to make than iron castings, especially small intricate castings. 
There is practically no upper limit to the size and weight of steel castings. 
They are to be preferred to cast iron and malleable castings where their 
superior strength and toughness would warrant the increase in cost. Steel 
castings cost less and therefore are much used in place of forgings. 

13. Machine Work. Cast or forged machine parts, or machine parts 
made from bar, sheet, or other stock, almost invariably require at least 
some machining operations to secure sufficient accuracy of size, form, and 
position and to secure a sufficiently good grade or quality of surface finish 
to enable them to function properly when assembled as the component 
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parts of a machine. That is, one or more operations such as drilling, 
reaming, turning, threading, boring, planing, shaping, slotting, milling, 
broaching, or grinding must be performed on each machine part. It is 
therefore quite essential for the designer to have a knowledge of the 
machines used to perform the principal operations named, if the machine 
and its parts are to be produced at reasonable cost. To reduce the time 
and cost of placing the parts in and removing them from the machines that 
are to operate upon them, each part should be so shaped or designed as to 
involve the few T est number of machines in its production. Also the opera¬ 
tions to be performed by each machine on each part should be as few in 
number and as simple as possible. Thus, if a part has a series of flat sur¬ 
faces to be planed, milled, or ground, it is best, if possible, to design the 
surfaces to be in the same plane rather than in several different planes. 

The relation of the parts must, of course, be kept in mind in order that 
the reduction in the cost of machining one part may not more than pro¬ 
portionately increase the cost of machining some other part or parts. 
The machine as a whole must also be kept in mind. So far as possible the 
parts of a machine should be so formed as to place and align themselves 
automatically when brought together, thus reducing the cost of assembling 
the machine. 

14. Importance of Drawing-board Work.—In designing a machine, 
rational and empirical methods of themselves are not sufficient; work on 
the drawing board, or application of mechanical engineering drawing, is 
essential. It is not only essential to successful design, but also, in addi¬ 
tion, the detail and assembly drawings evolved are essential to organizing 
and directing the work of building the machine. 

In the design of any machine, there is always considerable designing 
and proportioning that must be done on the drawing board. Freehand 
sketching and drawing to scale greatly stimulate the designer’s mental 
processes. Freehand sketches enable the designer to visualize his problem 
and are of considerable help in planning and in formulating possible solu¬ 
tions. Their limitations should, however, be recognized. While they 
give some idea of the number, form, and relation of the parts involved, 
they give, since they are not to scale, little or no idea of size and proportion. 
It is only by drawing to scale that the exact form, size, and relation of 
parts can be safely determined. Drawing to scale enables the designer to 
assign good or reasonable proportions to many features by visually com¬ 
paring them with the sizes and proportions of other features previously 
determined by rational or other means in which he has reason to have 
confidence. It also enables the designer to think effectively about and to 
dispose satisfactorily of many considerations that he would otherwise over¬ 
look. That this is true and that the application of mechanical engineering 
drawing is essential to successful design are made very evident by merely 
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listing, as below, some 
to consider carefully and adequately: 

Cost 

Sufficient strength 
Sufficient rigidity 
Lubrication 
Reliability 
Durability 

Convenience of operation 


which the designer is expected 

Safety of operation 
Economy of up-keep 
Economy of performance 
Accessibility 
Ease of assembly 
Appearance 

Number of machines to be built 


of the principal things 


Lubrication is very important. Bearings must be properly designed 
and adequate means provided for establishing and maintaining lubrication 
with as little waste as possible of the lubricants used. 

Reliability is very important. To save time and expense, a machine, 
if possible, should never fail to function. For the same reasons, durability 
is an important consideration. 

For convenience of operation, all operating levers, handwheels, and the 
like should be located and formed with due regard to the operation of the 
machine. For the safety of both operator and machine, anything that 
would constitute a hazard should, if possible, be eliminated, and the 
design should conform to any safety codes or legislation that may apply. 

For economy of up-keep, adjustments that would prolong the life of the 
machine should be provided, undue wear should be guarded against, and 
replacements should be made as cheap, as simple, and as few in number as 
possible. 

To secure economy of performance, correct mechanical, hydraulic, 
thermodynamic, or electrical principles must be applied. 

Accessibility is important. It assures better care since a machine that 
is accessible is more likely to be kept well adjusted and to have replace¬ 
ments made in good season. Accessibility and convenience of operation 
contribute to the safety of the machine and of the operator. 

So far as possible the parts of a machine should be so formed as to place 
and align themselves automatically when brought together, thus reducing 
the cost of assembling the machine. Accuracy of size, form, and position 
of the individual parts of a machine will reduce bench work and hand 
fitting and, consequently, will reduce, sometimes very considerably, the 
cost of assembling the parts. Usually, the more complex the machine the 
more important it is that ease and cost of assembling be given most careful 
consideration. This is especially true of machines to be produced in 
quantity, as sewing machines, typewriters, cash registers, and automobiles. 
In such machines the use of so-called unit assemblies has become quite 
common. A well designed automobile, for instance, is made up of a number 
o self-contained units, each of which can be assembled as an independent 
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structure. Thus, the motor is one unit, the gear case another, the rear 
axle with its differential another, etc. The assembling of such a machine 
will consist, therefore, of assembling a number of units, some or all of which 
may contain many parts and be quite complex. While unit assemblies are 
to be found in many old machines, it is only within recent years that 
designers have come to a full appreciation of the value of the principle. 
For accessibility and ease of repair, a machine should be so designed that 
any unit assembly may be removed without disturbing any other units or 
many adjacent parts. A machine that assembles easily is usually acces¬ 
sible. 

A pleasing appearance is very important, especially in a product or 
machine that has competition in the market. Correct principles must be 
followed to secure it. The general form and size of the parts and frame 
should conform to the requirements of strength and rigidity as dictated by 
the conditions of support and loading. The same general style should be 
evident throughout the machine. The bearings, the links and levers, and 
the brackets and attachments should be of the same general style and 
exhibit the same characteristics of design. The parts of the main frame 
should assemble into a pleasing whole and should not be made up of a 
combination of box and ribbed sections. In general, the outlines of 
machine frames and parts should be made up of straight lines and circular 
arcs. An harmonious combination of irregular curves and outlines is next 
to impossible in machines because of the limitations imposed by strength 
and other requirements to say nothing of the difficulty of reproducing such 
outlines in the shops. 

In addition to the considerations discussed above, the number of 
machines to be built has a very important bearing on the design of a 
machine and its parts. If only one or a few machines of a kind are to be 
built, the machine and its parts should be designed with the limitations of 
the available plant equipment in mind. The capacity of the equipment 
in the foundry or machine shop may require that certain castings be made 
in two or more parts, and the variety and capacity of the machine tools at 
hand may limit the methods of machining certain parts and thus influence 
their design. If the plant has modern welding facilities, it may be found 
economical to use welded construction instead of castings for the frame and 
perhaps some other parts of the machine. Large instead of small scale 
production is different. Where a machine or product, such as an auto¬ 
mobile or typewriter, is to be manufactured in large numbers, the design 
very largely determines the plant layout and equipment. Mass produc¬ 
tion or interchangeable manufacture usually means the employment of 
molding machines in the foundry; the employment of jigs and fixtures, 
production and inspection gauges, and special dies, tools, and machines in 
the machine shop; and the employment of automatic instead of manual 
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welding equipment. Since much of this equipment is peculiar to the 
product to be manufactured, changes in design are very costly. Hence, a 
mistake in the original design is usually a very serious matter, and improve¬ 
ments in design must await profits that would justify the expense of the 
change. For these reasons a product that is to be manufactured should be 
designed with the utmost care. The form of each part and the operations 
to be performed upon it should be given very thorough and unusually 
careful consideration. 

It must be obvious that there always will be, in the design of any 
machine, a considerable amount of designing that must be done on the 
drawing board. While the first step is to record graphically the informa¬ 
tion initially known, it* is important to recognize that this is only a step in 
the development of the design of- a machine. The chief function of working 
to scale on the drawing board is to enable the designer to think effectively 
in solving the many problems affecting the design, construction, and opera¬ 
tion of the machine. 

15. Computations.—In design and other engineering work, the compu¬ 
tations are of importance and should be preserved as a permanent record 
of what has been done. They should be self-explanatory and should be easy 
to read and to interpret at any future time. 

Each division heading should be written in the upper left-hand corner 
of the page and never in the body of a page or sheet. This not only facili¬ 
tates reference but makes it easily possible at any future time to add to or 
to revise the work under any given heading without disturbing the remain¬ 
der of the computations. 

The working data and information for each division heading should be 
set down immediately below the division heading. The use of good, 
readable sketches in the computations is of considerable help. Sketches 
offer one of the most convenient ways of recording for ready reference the 
working data and the results from computations. The computations 
required should immediately follow the information and working data. 

If an equation is to be used to obtain a desired unknown quantity, it, 
as a general rule, should first be transformed so that the desired unknown 
quantity is to the left and the known quantities to the right of the equality 
sign. Substitution of numerical values for the known quantities should 
immediately follow the right-hand member of the equation in the exact 
order of the symbols, and the result should immediately follow the substi¬ 
tution. The units of the result should always be indicated. 

16. Application of Mechanical Engineering Drawing.—(a) General 
Procedure —In the design of any machine, the detailing of the various 
parts constitutes the greater part of the drawing-board work. If the 
machine is at all complex, the detailing may require a number of drawings. 
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This detailing, as a rule, especially if the machine constitutes a new prob¬ 
lem for the designer, is carried on while the assembly drawing is being 
worked out. As the designer finds it necessary to detail completely some 
part or parts before he can go on intelligently with the design as a whole, 
the assembly is dropped for the time and the parts which are holding up 
the design are detailed. In this way the order in which the various 
details are designed is established. It is evident that, although the 
assembly usually is the first drawing started, it may be the last to be 
finished. 

As finished, the assembly drawing constitutes a check on the assembly 
of the details. On it should appear all information of a general character 
and such information as would be of value on the assembly floor. Besides 
the assembly or partial assemblies, certain layout, kinematic, and diagram 
drawings are often found necessary in developing a design. These, as a 
rule, are not issued either for experimental or production purposes. 

( b ) Detailing. —As to detailing, it is generally found most convenient, 
where more than one or two details are to go on the same sheet, to start in 
the upper left-hand corner of the sheet. When one sheet is comfortably 
filled, another sheet is started. For the sake of clearness, crowding should 
be avoided. The important thing in detailing is to make a proper choice 
of scale and to make such a choice and arrangement of views that the part 
can be clearly and completely represented and dimensioned. 

(c) Choice of Scale. —The scale to which a part should be drawn depends 
primarily upon clearness and completeness of representation and dimen¬ 
sioning. The part should be drawn no larger than is necessary to be clearly 
and completely represented and dimensioned. Just how small a scale can 
be used with ease and convenience will depend somewhat on the experience 
and skill of the draftsman. 

(d) Representation. —That the parts may be more readily recognized 
and associated with the assembled machine, they should, as a rule, be 
detailed in the position they would normally occupy in the assembled 
machine. Screw machine and turned parts are often detailed in the 
position they would assume in the course of manufacture, with the head 
stock end to the left. The number and choice of views to be drawn should 
be well considered. No more views should be drawn than are absolutely 
necessary to represent and dimension the part clearly and completely. 
Sectional views are used wherever and whenever they would add to the 
clearness of representation or help in the important problem of properly 
dimensioning the part. 

(e) Starting and Developing a Drawing. —If anything at all is known 
about what is to be drawn or designed, if it is only the location of a center 
or a center line, it should be laid down. It should be remembered that one 
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line determines another. The way to make progress in developing a 
drawing or design is to put down at once anything that is known or appears 
to be known. If a trial or assumption is wrong and untenable, the fact 
will soon become apparent. By the use of an eraser and pencil the matter 
is soon made right. The eraser is a very important tool, and there should 
be no hesitation about using it. 

A general rule that will be found of great help in machine design, 
especially in carrying on the drawing-board work, is to work from the inside 
outward. This rule will be found of value in the design of details, as well 
as in the design of a machine as a whole. If a machine frame is to house 
one or more mechanisms, the mechanisms will form the inside and should 
be designed before the frame that is to house them. Each mechanism in 
turn will have a part or dimension with which it will be found best to 
start. The particular part or dimension forming the “ inside ” can, in 
general, be determined by a brief study of the mechanism or detail under 
consideration. 

(/) Freehand Sketches .—Freehand sketches are often of great help in 
determining the dimension or part upon which the design of a particular 
detail or mechanism depends. They enable the designer to visualize his 
problem and are of considerable help in planning and in formulating pos¬ 
sible solutions. Their limitations should, however, be recognized. While 
they give some idea of the number, form, and relation of the parts involved, 
they give, since they are not to scale, little or no idea of size and proportion. 

(g) Conventions .—As before stated, engineering drawing is essential to 
successful design. As a result of much thought and consideration and of 
long and continued use in design, construction, and manufacture, the con¬ 
ventions of engineering drawing have been quite thoroughly standardized 
and almost universally accepted. The aim in a convention is to suggest 
the feature to be represented in the simplest possible manner. To make 
an acceptable drawing that is easily read and understood, the established 
conventions must be observed. 


As a matter of convenience, the common conventional symbols for 
some engineering materials are shown in Fig. 5. They are used in drawing 
partial or complete assemblies. In detailing, where each part is detailed 
separately, it is common practice, no matter what the material, to use the 
cross-hatching for cast iron. The exception is for poured material, such 
as babbitt, which is drawn as part of the detail. 


(h) Dimensioning. About the only general statement that can be 
made about dimensioning is that it should be done in the clearest possible 
manner, and that every effort should be made to secure clearness and 
legibility.. The rule to keep dimensions outside of outlines and cross- 
hatching is only apphcable where such a.procedure would lead to greater 
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clearness. Dimensions should not be duplicated unless it would prove an 
advantage to those who are to use the drawing. They should be arranged 
or grouped in a systematic manner. All the dimensions necessary for con¬ 
struction and production should be available without requiring any com¬ 
puting. They should be given with due regard to the related parts and to 
the machining and other processes to be performed. Where laying out or 
measuring is to be done from a shoulder or other datum, the drawing should 



Babbitt or Ccpper 3 Brass A/uminum Rubber, Vulcanite 

White Metal or ComposiT/on or /nsu/af/on 



Fig. 5. 


be so dimensioned. Good dimensioning demands a knowledge of the pro¬ 
duction processes. 

(f) Lettering and Notes .—Use only upper-case commercial Gothic 
letters, made vertical or aslant. All letters in the body of a drawing 
should be inch high. The notes on a drawing should be as concise as 
possible without sacrifice of clearness or completeness of meaning. Notes 
are written in the present tense. 

Certain notes are of such frequent occurrence that they have become 
almost standardized in form. Some examples are: 


4 " Drill 16 N-2 Thd. 

A" Drill—2 Holes 4"—13 NC-2 Tap 

No. 30 Drill (0.1285) J" Pipe Tap 

i" Drill, f" Deep No. 16 U.S.S. Gauge (0.0625) 

Ream Allow j?" for Finish 


0.7505" _ 

0.7485" Ream 
i" Punch—3 Holes 
4"—20 NF-3 Thd. 
i"—28 NF-3 Tap 

27 // 

64 


-is" X 45° Chamfer 
Countersink 82° X \ n Dia. 

Taper 14" per ft. Included Angle 
Round 4" Radius for Lubrication 
it" Drill, If" Counterbore to f "Thickness 
Drill, 1" Deep, 4 " —13 NC-2 Tap 
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A common vray of printing a note and of drawing the leader lines 
drawing is shown in Fig. 6. 



• U "drill I"deep 
NC- 2. TAP 


Fig. 6. 


on 
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FLANGED SHAFT COUPLING 

1- Specifications. —This problem will consist of the design of a two 
piece, flanged coupling of cast iron for a given diameter of shaft. Starting 
with the diameter of the shaft, the design will be developed by working 
from the inside outward. 

Diameter of shaft: 2|, 2§, 2§, 3, 3|, 3^, 3f, or 4 inches. 

The solution of the problem will consist of a 15 X 22 inch drawing and 
a set of computations with division headings corresponding in number and 
title to the articles of this chapter. 

2. Proportions of Hub and Key. —It is found quite impossible to pro¬ 
portion the hubs of gears, pulleys, clutches, and couplings rationally. 
They are invariably proportioned empirically. The following empirical 
equation is frequently used in determining the 
outside diameters of the hubs of gears, pulleys, 
couplings, etc.: 

Di = lfD + (1) 

where 

outside diameter of hub in inches; 

D diameter of shaft in inches. 

The length of the hub is fixed by the length of 
key required. The width of keys is very commonly 
made \ the diameter of the shaft. To obtain the 
length of the key it will be assumed that the shaft 
and key are of the same material and that the key 
is as strong in direct shear as the shaft is in torsion. 

The length found fixes the length of the hub. 

To obtain the thickness of the key it will be assumed that the key is as 
strong in direct compression as the shaft is in torsion. The ratio of the 
yield point strength of the material in shear to that in compression may be 
taken as 0.55. 

The key is to be made without taper, and a cup-pointed set screw is to 
be used to keep the key and hub from moving axially. The diameter of 
the set screw should be somewhat less than the width of the key. To 
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reduce the hazard and to comply with safety requirements, a socket set 
screw should be used (Tables 13 and 14, Chapter 25). 

3. Number and Size of Bolts.—The number of bolts is to be fixed 
empirically by use of the following formula: 

n = ID + 3, (2) 

where n — number of bolts; 

D — diameter of shaft in inches. 


That each bolt may take its share of the load, finished bolts fitted to 
reamed holes must be used. The size of the bolts will first be obtained by 
assuming that the shaft and bolts are of the same material and that the 
bolts are as strong in direct shear as the shaft is in torsion, the friction 
between the halves of the coupling being ignored. In other words, it is to 
be assumed that the nuts have loosened in service. To so determine the 
size of the bolts, it is necessary to have the radius of the bolt circle. This 
radius depends on the diameter of the head of the socket wrench -which, in 
turn, depends on the unknown diameter of the bolts. The diameter D 2 
of the head of a socket wrench in terms of the diameter d of the bolt is 

L>2 = 1.85d + yq, (3) 


and the radius R of the bolt circle is 


R = ( T ^ n f) 


( “) + (clearance) + ( J adil f of head ) 
\of hub/ \of socket wrench/ 


(4) 


The clearance between the head of the socket wrench and the hub may be 
taken as & inch. On substituting R in terms of d in the expression relating 
the direct shear of the bolts to the torsion on the shaft, it will be found 
advisable to solve by trial to obtain the diameter of the bolts. Having 
the diameter of the bolts, the radius of the bolt circle is readily found. 

The bolts must also be of such size that they will not be overstressed 
when setting up the nuts (Article 13, Chapter 25). The axial load induced 
m a bolt by setting up the nut depends on the class of work and on the 
experience and judgment of the workman using the wrench. For coupling 
bolts would appear safe to assume k to be not less than 10,000 nor more 

XUEEL LZ,UUU. 

It is to be assumed that the bolts are of S.A.E. 1025 or S A E 1030 
carbon stee! (Article 6, Chapter 18). In determining the diameter ’of the 

3°£t-I ° + TrTr ^ t J the StreSS due t0 setti *g-uP will not exceed 
bv theTrlt diameter found should exceed that obtained 

ingly fi t th ° d) the ra(±US of the bolt circIe must be modified accord- 
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4. Coupling Flanges. —In the design of castings (Article 12, Chapter 1) 
the following simple rules should be observed by the designer: Fillet 
inside and round off outside corners and make the metal throughout as 
uniform in thickness as possible. Any considerable change in thickness 
should be made gradually, not abruptly. 

In view of the rules cited, the change in thickness from the hub to the 
radial flange should not be too great. A satisfactory finished thickness t% 
for the radial flange in terms of thickness t\ of the hub is 

te — I h + J (5) 

For safety in operation the halves of the coupling are to be provided 
with circumferential flanges to function as guards for the bolt heads and 
nuts. To assure sound castings the change in thickness from the radial 
to the circumferential flange should not be too great. The thickness of 
the circumferential flange should not be less than \ that of the radial 
flange. 

To provide for automatic alignment, one half of the coupling is to be 
counter-bored and the other turned to fit. The depth of the counter-bore 
should be sufficient for the machinist to establish a fit without difficulty 
and therefore should not be less than § inch. 

In order that the holes may register perfectly, they should be reamed 
with the halves of the coupling assembled. 

5. Drawing.—Title of drawing—“(Size) Flanged Shaft Coupling.” 
A complete detail drawing of the halves of the coupling is to be made on a 
15 X 22 inch sheet of paper to a scale of 6" = 12". A detail of a coupling 
bolt is to be drawn full size. A bill of material is to be placed above the 
title. 

A side elevation in section of each half of the coupling is to be drawn 
each side of the view of the face, using a horizontal center line 6 inches 
below the top border line. The circular view of the face is to be located 
midway between the left and right border lines. To have a finished bear¬ 
ing surface for the bolt heads and nuts, each radial flange is to be spot 
faced at the holes by using a counter-boring tool, or each radial flange is to 
be faced off for a sufficient distance each side of the bolt circle to accom¬ 
modate the heads and nuts. 
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BEARING CAP 

1. Specifications.— This problem will consist of the design of a babbitt 
lined, cast iron bearing cap for a vertical, triplex plunger pump. The 
caps are fastened by means of studs to the two vertical uprights of the frame 
of the pump. The bearing caps are under load during the greater part of 
each revolution of the crank shaft. On the cap subjected to the maximum 
load, the load varies from zero to a maximum and back to zero while the 
crank shaft rotates through an angle of about 300 degrees. 

Diameter of crank shaft. 3 in. 

R.P.M. of crank shaft. 60 

Maximum load on bearing cap. 6140 lbs. 

Running temperature of bearing. 150 F 

Temperature of room. 70F 

For the cast iron of the cap. ih = 24,000 lbs. per sq. in. 

The studs are to be made of S.A.E. 1025 or S.A.E. 1030 carbon steel 
(Article 6, Chapter 18). 

For the bearing to be designed it will be found that the relation of 
pressure and velocity is such as to preclude perfect lubrication. The 
method of checking whether the bearing will run satisfactorily without 
artificial cooling is, however, the same as commonly applied to perfectly 
lubricated bearings; that is, by first approximating the value of the co¬ 
efficient of friction. Sufficient information is given in Chapter 24 to design 
perfectly as v T ell as imperfectly lubricated bearings. 

The solution of the problem will consist of a 15 X 22 inch drawing and 
a set of computations with division headings corresponding in number and 
title to the articles of this chapter. 

2. Length, Lubrication, and Coefficient of Friction. —The length of the 
bearing will be fixed by adopting a practical ratio of length to diameter of 
journal from Table 6 of Article 6, Chapter 24. 

Having the length, the pressure per square inch of projected area should 
be computed and its permissibility decided upon by reference to Table 7 
of Article 6, Chapter 24. 

If the bearing is to run satisfactorily without artificial cooling, the heat 
generated must not exceed the heat that can be dissipated. The value of 
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the coefficient of friction, and therefore of the heat generated, will depend 
on whether the bearing is perfectly or imperfectly lubricated. 

By the methods of Article 5 of Chapter 24 determine whether the bear- 
mg to be designed must be regarded as a perfectly or imperfectly lubricated 
bearing, and then approximate the coefficient of friction. It is to be noted 
that Ci is a factor to allow for workmanship, attendance, location of bear¬ 
ing, and the kind of lubricating device used. Judgment must be exercised 
in fixing upon a value for Ci. While for the bearing under consideration 
an oil or grease cup will be used, the fact that the bearing cap is entirely 
relieved of load during a portion of each revolution should not be over¬ 
looked. This relief of load on the bearing is very favorable to the main¬ 
tenance of lubrication. 

3. Generation and Dissipation of Heat.—Having approximated the 
coefficient of friction, determine, by the methods of Article 3 of Chapter 24, 
whether the bearing will run satisfactorily without artificial cooling by 
computing the heat generated and the heat that can be dissipated. 

In checking the bearing under consideration allowance should be made 
for the fact that the bearing is neither light nor heavy and is favorably 
located for the dissipation of heat. 

4. Number and Size of Studs.—The studs will be two or four in number. 
It is easier with four studs to locate properly the oil or grease cup. How¬ 
ever, the expenditure for labor and material will be greater for four than 
for two studs. 

The load on a screw fastening consists of the initial load due to setting 
up the nut plus some portion of the external load. If the members fastened 
together are very yielding compared with the screw, the resultant load is 
practically equal to the sum of the initial and external loads. To make 
this assumption in the present instance is on the side of safety and will, for 
that reason, be made. 

The size of studs is to be computed by the method outlined in Article 13 
of Chapter 25. The value of k will depend on the class of work and on the 
experience and judgment of the workman using the wrench. It is custom¬ 
ary to regard 16,000 as the maximum value of k. From | to f of the 
maximum value would be reasonable for the bolts and studs of bearing 
caps. 

Computations should be made for both 2 and 4 studs. Since the studs 
are to be screwed into cast iron, the Coarse Thread Series should be used. 
In computing the range of diameter required for the initial load, the induced 
stress due to setting-up should not exceed f the yield strength of the 
■material. Having obtained the range of diameter, the corresponding 
range of the root area should be computed so that it may be added to that 
required by the external load in finally determining the size required for 
2 and also for 4 studs. 
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Since the studs are under an initial load, there will be very little varia¬ 
tion of load un der working conditions. The allowable stress may there¬ 
fore be obtained as though for a static load except that the allowance for 
stress concentrations at the root of the threads will be taken as for a 
fluctuating load. In determining a suitable allowable stress, use a stress 
concentration factor of 2 and a factor of safety of 2. Having obtained a 
reasonable allowable stress, determine the root area required by the external 
load, then the range of the total root area, and finally the size of stud 
required for 2 and for 4 studs (Table 1, Chapter 25). 

5. Thickness of Babbitt and Thickness of Cap.—Real babbitts are 
alloys of tin, copper, and antimony, and are therefore relatively expensive. 
The babbitt lining of a bearing should therefore be no thicker than neces¬ 
sary. Practical thicknesses are found empirically (Article 11, Chapter 24). 

The greater the transverse distance between the studs, the greater the 
required thickness of the cap. The transverse distance between the studs 
should therefore be made as small as consistent with other requirements. 
A practical minimum is determined by applying the common rule for the 
minim um distance from the edge of a casting to the center of a tapped hole 
(Article 11, Chapter 25). 

Because of the uncertainty of the distribution of the load and of the 
distribution and degree of fixity of the supports, a bearing cap is a complex 
curved beam. Because it is not an ordinary curved beam a bearing cap is 
usually treated as a straight beam. A common attack is to assume the 
actual bending moment as the mean of a maximum and minimum bending 
moment. For the maximum, it is assumed that the bending moment can 
be no greater than that corresponding to the load being concentrated mid¬ 
way between knife edge supports at the center lines of the studs; for the 
minimum, it is assumed that the bending moment can be no less than that 
corresponding to the ends of the cap being fixed from the outside of the 
babbitt outward and the load being uniformly distributed between the 
supports. Another attack is to treat the cap as supported on knife edges 
at the center lines of the studs and uniformly loaded at the middle over a 
distance equal to the outside diameter of the babbitt lining. 

Determine the thickness of the babbitt, the transverse distance between 
the studs, the maximum bending moment on the cap, the allowable stress, 
and thickness of the cap. The load on the cap varies from zero to a max¬ 
imum value. It can be assumed that there is no shock. By the method of 
Article 10 of Chapter 19,. determine the allowable stress, using a fatigue 
stress concentration factor of 1.33 to allow for roughness of surface and 
abrupt changes in shape and a factor of safety of 3 to allow for uncertainty 
of analysis and degree of reliability of the material and to insure ample 
stiffness. The yield strength of the material may be taken as 0.6tq, and 
the endurance limit in reversed bending as 0A7u t . 
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6. Drawing* —Title of drawing—“3" Bearing Cap.” A complete 
detail drawing of the bearing cap is to be made full size on a 15 X 22 inch 
sheet of paper. The end elevation, half of which is to be in section, is to 
be drawn with a plan view immediately above it. Locate the shaft center 
2f inches above the bottom border line and 7 inches to the right of the 
left-hand border line. Studs, where not on a separate sheet, are logically 
detailed on the sheet of the part into which they are to be screwed. For 
the value of making such a detail, customary practice will be departed 
from and a detail of the stud will be drawn full size on the sheet with the 
cap. A bill of material is to be placed above the title form. 

The bearing shims are to be made from laminated metal sheet f inch 
thick (Table 8, Chapter 24). Provision is to be made for an oil or grease 
cup having a shank of § inch pipe size (Tables 13, 27, and 28, Chapter 26). 
The boss for the oil or grease cup is to be so located that the lubricant is 
introduced to the region of least pressure. In designing the cap the studs 
may be relied upon to prevent transverse movement, or separate provision 
may be made for fulfilling this function. If separate provision is made, 
the design should be such that setting-up on the nuts will not induce 
initial bending in the cap. 

The crank-web boss will be in running contact writh one end and the 
gear hub with the other end of one of the bearing caps. The diameter of 
the boss on the crank web will be about 1.5D and the diameter of the hub 
of the gear will be about (1.75D + 0.25). To avoid the necessity of mak¬ 
ing a difference in the design of the right- and left-hand bearing caps, and 
thus to simplify the pattern, the bosses on the ends of the cap will be made 
of the same diameter. 
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FORM FACTOR AND STRENGTH OF GEAR TEETH 

1. Introduction.— The purpose of this chapter is to show how graphical 
methods may be applied to determine the strength of gear teeth. For 
simplicity the discussion to follow will be confined to straight spur gears, 
and then the methods will be applied to a pair of such gears. 

2. Distribution of Load on Gear Teeth— Neglecting friction, the loads 
on gear teeth act normal to the tooth profiles. The total normal load on 



Fig. 1. 

the teeth of an involute gear is equal to the torque divided by the radius 
of the base circle. Wilfred Lewis in 1892 decided to assume that the total 
normal load was applied to one tooth only and at its tip. This was sound 
engineering judgment, for, at the time, gear teeth were cut by formed 
milling cutters and were not sufficiently accurate for it to be assumed that 
the total load would be distributed between the possible pairs of teeth in 
action. At present, except for large pitches, gear teeth are cut by generat¬ 
ing processes. For properly generated and properly assembled gears, it is 
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known from observation of tooth bearings that the total load is carried 
by one tooth during only a portion of the action and is then not applied 
at the tip. 

In Fig. 1 (a) line Pf represents the line of action tangent to the base 
circles. With action just about to begin at P , there is a pair of teeth in 
contact at Pi, a distance from P equal to the base pitch. Assuming theo¬ 
retically correct tooth forms, P x is the highest point on the tooth at which 
the total load could be applied. In Fig. 1 (b) there are tw r o pairs of teeth 
in contact at P 2 and P 3 . A portion W 2 of the total load is applied at P 2 
and the remaining portion W 3 at P 3 , with W 2 +W 3 = W 1 . In Fig. 1(c) 
the points of contact are P 4 and P 5 , contact P 5 being at the tip of the tooth. 
While W^+Ws^Wij W 5 , because of the effects of deflection, is less 
than W 4 . 

3. Gear Tooth as a Cantilever Beam. —Referring to Fig. 2, 

W\ =the load normal to the tooth profile; 

/3 = the load pressure angle; 

W=Wi cos (3 = the horizontal component of the load which pro¬ 
duces bending; 

Wr-Wi sin f3~ W tan 0 = the radial component of the load which 
produces compression. 





In Fig. 2 , aVb is a parabola with its vertex at V which is tangent to 
the tooth fillets at a and b. In most cases the parabola will be tangent to 
the tooth outlines at points on the fillet curves. It is possible, however, 
as with an involute rack tooth, to have the points of tangency above the 
fillet curves. The parabola aVb represents a cantilever beam of uniform 
strength. The component W of the load would induce a bending stress of 
the same magnitude in the outer fibers of every section of such a beam. 
Hence the actual gear tooth is stronger than the parabolic cantilever at all 
sections except section ab, which section is, therefore, the weakest section 
of the tooth. 
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Fig. 3 illustrates an accurate and convenient graphical method of 
locating section ab without drawing trial paiabolas. The method is based 
on the fact that a tangent to a parabola at any point such as b will give an 
intercept Vd equal to one-half of cb . Having a tooth outline and vertex V, 
the point of tangency b on the fillet may be found by adjusting the edge of 
a graduated scale to such a position that intercept de will equal the distance 
from d to the point b, where the edge of the scale is tangent to the fillet. 

Applying the common theory of bending, the stress in the outer fiber is 


where b is the width of face of the gear. The effect of shear due to W is 
neglected, since the shear stress is zero in the outer fiber where the bend¬ 
ing stress is a maximum. 

The radial component of the load Wr induces a uniform compressive 
stress 


Wr W tan p 


( 2 ) 


Hence the combined stress on the compression side of the tooth is 
and on the tension side is 

Wh6 W tan (3 W^6h- 

Gear teeth in action are subjected to fatigue loading, and, since gear 
teeth in action invariably fail on the tension side, only the tension stress 
is of interest in treating the strength of gear teeth. 

For simplicity Lewis considered the induced stress due only to bending. 
Equation (3) shows that the combined tension stress is less than that due 
to bending alone, as given by equation (1). Hence, to consider bending 
alone is to be on the safe side. Lewis also considered the horizontal com¬ 
ponent of the load W to be equal to the torque divided by the pitch radius. 
This is also on the safe side, since V will always be outside the pitch circle 
when the total normal load is assumed, according to Lewis, to be applied 
at the tip of the tooth. Solving equation (1) for the tangential component 
of the load gives 

—Y 

^6 h, QpchJ 

Representing f / Qp c h by y and calling it the form factor gives the original 
Lewis equation 

W=sbp c y. ( 5 ) 

For standard interchangeable gears, the pitch-line thickness of the teeth 
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is one-half the circular pitch, and the addendum and dedendum are made 
definite proportions of the pitch. If, according to Lewis, the total normal 
load is assumed to be taken by one tooth at its tip, the value of the form 
factor y = t 2 /6p c h , for any given system, will be a constant for any given 
number of teeth, as shown by the values in Table 1, Chapter 20. 

Fig. 3 illustrates the graphical method of finding the point of tangency b 
of the parabola and tooth outline for the normal load Wi applied at any 
point P on the tooth profile. Having b, Fig. 4 illustrates a graphical method 
by which the form factor y may be found. A line from b perpendicular to 
a line from V to b forms two similar triangles, and it follows that 


0 zb) 2 t 2 
X=—=— 
h 4h 

Since form factor y = t 2 /6p c h, it follows that 

2 X 

y— - 

3 Pc 


( 6 ) 


(7) 


If the combined stress is considered, the form factor becomes larger in 
value and more complex in form. Solving equation (3) for W gives 

W=sbp c ( - f/Vc ) = sb Pe&1 , (8) 

\6A— t tan jS/ 

t 2 

in which the form factor yi =- 

p c (fih—t tan /3) 


4. Maximum Stress in a Gear Tooth.—In the previous article the 
common theory of bending was applied to a gear tooth. A gear tooth, 
however, is a very short cantilever of varying cross-section. The ratio of 
the length of the cantilever to the depth of section is too low for the com¬ 
mon theory of bending to apply with accuracy. In addition there is an 
abrupt change of section at the bottom of the tooth which results in stress 
concentration in the fillets. Just where in the fillet the induced stress will 
be a maximum can be determined only by experiment. The photoelastic 
experiments of Dolan and Broghamer 5 * are briefly reviewed in the latter 
part of Article 3, Chapter 19. The static stress concentration factor K 
is there expressed by equations (3) and (4) in terms of the ratios t/r and 
t/h } where r is the radius of curvature of the fillet at the point where the 
induced stress is a maximum. This point appears to be somewhat below 
ab, which is the weakest section according to the application made of the 
parabola of uniform strength. However, since gear teeth are subjected to 

* Superior numerals in the text refer to references at the end of the chapter, 
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fatigue loading, the phenomenon of fatigue must be considered in fixing 
upon a limiting value for the maximum induced stress. The value of the 
fatigue stress concentration factor k is almost invariably less, sometimes 
considerably less, than the value of the static stress concentration factor 
K, as may be seen by inspection of Figs. 23 and 24 of Chapter 19. For any 
given type of stress raiser, such as a fillet, the value of Jc will depend on the 
size of the part and the material of which it is made. For cast iron k is 
always considerably less than K. Hence it is on the safe side to use the 
value of K for k in computing the allowable stress and hence permissible 
to use the radius of curvature of the fillet corresponding to the point of 
tangency b in Figs. 3 and 4 in computing K. 

5. Gear-tooth Generation on Paper. 4 —The profiles of generated gear 
teeth, and particularly the fillet curves, can be known only by considering 




the generating motion. A method is illustrated in Figs. 5 and 6 for rolling 
out or generating tooth shapes on paper. 

,.^ g - 5 shows a P iece of transparent celluloid, say 0.007 to 0.008 inch 
thick, used as a templet to represent a tooth of a generating rack. The 
edge of the opening through the celluloid corresponds in shape and size 
to the side of a generating tooth. It is very simple to make such a templet 
y scribing the required outline with a sharp-pointed pen knife and then 
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cracking the material by bending. The pitch line of the rack and the center 
line of its tooth space also should be marked on the templet. The pitch 
circle of the tooth to be generated is drawn on paper. The templet is then 
placed with its pitch line tangent to the pitch circle, and the first position 
of the generating tooth is drawn. After that, the pitch line of the templet 
is caused to roll to successive positions on the pitch circle of the tooth to be 
generated, and the outline of the generating tooth is drawn in each position, 
always with the pitch lines tangent. Fig. 6 shows the result of carrying out 
this simple process. The successive positions of the templet may be as 
many and as close together as desired. The generated profile is thus en¬ 
veloped in the same manner as in actual cutting. For generation by a 
gear-shaped cutter, the templet is made to the shape of the cutter tooth 
and carries the corresponding pitch circle. 

The strength of a gear tooth depends largely on the fillet which is 
produced by the extreme comer of the generating tool or tooth. This 



corner may be sharp or rounded as shown in Fig. 7. A sharp corner may 
be thought of as corresponding to zero edge radius. During the generating 
motion each point of the generating tooth, such as a sharp corner or the 
center of an edge round, follows a trochoidal path. To obtain the fillet 
curve by the method shown in Fig. 6, it is necessary only to prick the posi¬ 
tions of the single describing point P 0 . When r = 0, the resulting path 
is the fillet curve. When there is an edge radius, the fillet is a parallel 
curve obtained as the envelope of a series of small circles of radius r with 
centers in the trochoidal path of the center of the edge round. Instead of 
showing an edge round or sharp comer at the bottom of the slot of the 
templet shown in Fig. 5, it is better to shorten the slot at the bottom suffi¬ 
ciently so that the templet may carry a prick mark for the sharp corner 
or for the center of the edge round. 

The surface of a fillet generated by a sharp-cornered tool is a series of 
V-grooves and hence will not give as high a resistance to fatigue as a smooth¬ 
surfaced fillet of the same radius of curvature. Employing a suitable edge 
round results in a fillet having a smoother surface and a greater radius of 
curvature than a fillet generated by a sharp corner. For a hob or rack- 
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begins. Normally hobs and rack-shaped cutters are made with an edge 
radius of approximately 10 per cent of the tooth thickness. In pinion¬ 
shaped cutters the very sharp corners are merely rubbed off or slightly 
chamfered. 

After the outline of the tooth has been obtained by the graphical 
method outlined above and it has been decided at what place on the tooth 
the load is to be applied, the value of factor X can be determined graphi¬ 
cally by the method outlined above in Article 3. In Fig. 8 is shown the 
complete graphical solution for a pinion tooth generated by a sharp- 
pointed tooth of a rack-shaped cutter, the normal load on the tooth assumed 
to be applied at P. There is shown the trochoidal fillet curve traced by 
the sharp point of the generating tooth and the graphical construction for 
determining the point of tangency b and the factor X. There is shown also 
the graphical construction 4 for finding the center of curvature of the fillet 
curve at b. The fine bS is normal to the fillet curve at b and perpendicular 
to the tangent be. Point / is the intersection of a line from S perpendicular 
to Sb with a line from b parallel to the line of centers OS. Point / is the 
instant center of relative motion of the normal Sb with respect to the line 
of centers OS. The center of curvature of the fillet at b is point g, where 
line fO intersects Sb. 

For those experienced in its use, the graphical method outlined above 
is known to give numerical results which are usually accurate within 1 or 
2 per cent. However, it is sometimes desirable to apply exact calculations, 
and formulae for this purpose have been written which are based on prop¬ 
erly made diagrams. 4 The problem of finding the form factor and radius 
of curvature of the fillet has also been solved analytically. 2 

6. Drawing (15 // X22 // Paper).—The graphical methods outlined above 
are to be applied to a pair of straight spur gears having standard, full 
depth, 20-degree involute teeth. For simplicity a rack-shaped generating 
cutter having sharp-cornered teeth (zero edge radius) is to be assumed. 
The number of teeth on the gears and the tooth proportions are to be as 
follows: 

Ni =number of teeth on pinion=20; 

N 2 = number of teeth on gear=80; 
p c = circular pitch ; 

p'c = diametral pitch; 
a =addendum = 1 /p ' c ; 
d =dedendum = 1.157/ p' c . 

Pinion and gear are to be of the same mater Mr 1 ■ Fo r "g f^plicity the 
customary backlash is to be ignored, and the pitch-line thickness of the 
teeth made one-half the circular pitch. To assure a drawing of sufficient 
size for accuracy, a diametral pitch of unity is to be used. For equal adden- 
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dum gears of the same material and heat treatment, the pinion teeth will 
be weaker than the gear teeth. In this instance it is therefore the gen¬ 
erated pinion tooth that is of interest. For the pinion compute and record 
the following: 

Radius of pitch circle; 

Addendum; 

Dedendum; 

Radius of addendum circle; 

Radius of dedendum circle; 

Radius of the base circle; 

One-half the pitch-line thickness of a tooth. 

Locate the center of the pinion \ inch above the bottom border line 
and 9 inches to the right of the left-hand border line. Draw the vertical 
center line and the arcs of the pitch, addendum, dedendum, and base 
circles. For generation it is suggested that a pitch-circle arc correspond¬ 
ing to 27 degrees be used each side of the center line. The end of a pitch 
arc corresponding to 27 degrees will be a distance from the center line equal 
to R sin 27 degrees. The 27-degree pitch arc on each side of the center 
line is to be divided into 6 equal parts, prick marked, and every other one 
numbered, starting with the pitch point at the center line as zero. 

The templet of the generating tooth is to be made of celluloid 0.007 
to 0.008 inch thick. Draw' the center line and the pitch line of the rack¬ 
shaped cutter, and compute the length of the 27-degree pitch arc of the 
pinion. Lay off the computed length on the pitch line of the rack on each 
side of a prick mark at the intersection of the center and pitch lines. The 
distances each side of the center line are to be divided into 6 equal parts, 
prick marked, and every other one numbered starting with the pitch point 
at the center line as zero. To help in using the templet, lines should be 
drawn perpendicular to the pitch line and downward from the prick marks. 
When one of these perpendicular lines and prick marks match a radial 
line and prick mark of the pinion, the pitch line of the rack will be tangent 
to the pitch circle of the pinion at the coincident prick marks. In making 
the templet a prick mark is to be used at the sharp corner which generates 
the fillet, and the slot and side of the generating tooth should stop short of 
that point. 

# In r °Uing the pitch line of the rack on the pitch circle of the pinion, a 
prick mark should be made on the drawing for each position of the sharp 
comer of the generating tool, and a line should be drawn for each position 
of the side of the tool. Every other prick mark and line should be num¬ 
bered, starting with zero. 

Having generated the tooth and fillet, graphically determine by the 
method illustrated in Fig. 3 the location of the point of tangency b of the 
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parabola and fillet curve, assuming the tooth to be loaded at the tip. By 
the method illustrated in Fig. 4 graphically determine X, and then, by the 
method illustrated in Fig. 8 , locate the normal bS and graphically determine 
the radius of curvature r of the fillet at b. (The correct arc length to S is 
3.08 inches.) Record the values of t , A, X, r, and load angle j8 and compute 
the form factor y for bending alone and compare it with the value of y in 
Table 1, Chapter 20. Since a sharp-cornered generating tool was assumed, 
it is to be expected that the computed value of y will be slightly less than 
that given in Table 1 . Compute the form factor yi for the maximum ten¬ 
sion stress due to the combined action of the components W and Wr. 

For theoretically correct tooth forms, it has been pointed out that Pi 
in Fig. 1 (a) is the highest point on the tooth at which the total normal 
load could be applied to one tooth. This point is a distance from P equal 
to the base pitch. It is inconvenient to locate Pi graphically, since the 
radius of the gear for a diametral pitch of unity is so large. However, 
when computed, the radius from the center of the pinion to point Pi is 
found to be very slightly less than 10.095 inches. By the methods pursued 
immediately above graphically determine and record the values of t, h, X, r, 
and load angle /3 and compute the form factors y and y lm (The correct arc 
length to S is 2.525 inches.) 

For any given allowable stress, width of face, and circular pitch, equa¬ 
tions (5) and ( 8 ) show that the permissible horizontal component W of the 
load on a gear tooth varies directly with the form factor. Compute the 
ratio of the strength of the teeth of the pinion for the total normal load 
assumed to be applied at P x to the strength for the total load assumed to 
be applied at the tip of the tooth: first, considering bending alone; second, 
considering combined stress. 

7. Safe Load for Gear and Pinion.—Not only must the teeth of gears 
be sufficiently strong, but also they must wear satisfactorily. Because of 
dynamic effects, the maximum load will be greater than that corresponding 
to the nominal load to be transmitted. How much greater depends upon 
the inaccuracies of tooth form and spacing, upon the pitch-line velocity, 
upon the mass and elasticity of the connected parts, and upon ^whether 
the load to be transmitted is steady, pulsating, or accompanied by shock. 
To make suitable allowances for the factors involved is not a simple mat¬ 
ter. While considerable experimental work has been done, it must be 
supplemented by practical experience and judgment and theoretical 
knowledge. Among the gear authorities who have published their methods 
of designing for strength and wear are Merritt and Buckingham. 

Using the material of Chapter 20 from Lewis and Buckingham, a pair 
of straight spur gears having standard, full depth, 20 degree involute teeth 
are to be checked for strength and wear. The data for the gear and pinion 
are as follows: 
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Number of teeth on pinion = 20; 

Number of teeth on gear = 80; 

Diametral pitch = 5; 

Width of face = 2.25 inches; 

R.P.AL of pinion=1140. 

The gear and pinion are to be made of cast iron having an ultimate 
strength w* = 30,000, an endurance limit $ r = 14,000, and a yield strength 
y t = 18,000 lbs. per sq. in. Since gear and pinion are made of the same 
material, the pinion will have the weaker teeth. It is to be assumed that 
the total load is taken by a single tooth at point P u Fig. 1(a), for which 
the values of t, h, r, and yi are known for a diametral pitch of unity. The 
design is to be based on the combined tensile stress. It is also to be as¬ 
sumed that the pinion rotates continuously in the same direction, which 
means that the load on a tooth will vary from zero to a maximum. 

By the use of equation (4) of Chapter 19, determine the static stress 
concentration factor K for the pinion teeth. Using K as the fatigue stress 
concentration factor h in equation (29) in Chapter 19, determine the 
endurance limit s e for a variation of load from zero to a maximum. For 
cast iron it is considerably on the safe side to assume h = K. By using 
s e in equation (8) above, determine the beam strength Wi of the tooth. 

To approximate the safe load W, it is necessary to allow for dynamic 
effects in determining the allowable stress. In equation (4), Chapter 20, 
allowance is made for dynamic effects by reducing the allowable stress 
with increase of pitch-line velocity. Using factor (600+F)/600 of equa¬ 
tion (4) as a factor of safety, determine the allowable stress by equation 
(30), Chapter 19, and then determine the safe load W by equation (8) 
above. Having a trial value for W , the corresponding dynamic load W d 
may be approximated by using equation (9), Chapter 20. To deter min e 
the value of the deformation factor C from Table 6, Chapter 20, assume 
Class 2 gears and a maximum error in action of 0.001 inch. Assu min g 
steady load conditions, the value of the ratio Wb/W d) according to Chap¬ 
ter 20, should not be less than 1.25. If the ratio is less than 1.25, W d may 
be reduced by reducing the safe load W. 

For satisfactory wear, W w by equation (10), Chapter 20, should equal 
or exceed Wd- If W w is less than W d , then W d must be reduced by reduc¬ 
ing the safe load W that may be transmitted. 

Having found the safe load IF, compute the horsepower that may be 
safely transmitted, using the proper radius in finding the velocity corre¬ 
sponding to W. 

Assuming, as did Lewis, that the total normal load is applied at the 
tip of the tooth, determine, as outlined above, W h , s, W, W d} W w , and 
the horsepower that may be safely transmitted, using the proper radius in 
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finding the velocity corresponding to W. The horsepower found under 
the paragraph immediately above is for the total normal load applied to a 
tooth at the highest point possible for accurately cut gears. Compare the 
two values and compute the percentage decrease in horsepower resulting 
from the Lewis assumption of loading. 
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CHAPTER 5 


HYDRA-MATIC AUTOMOBILE TRANSMISSION 

1. Introduction.— The Hydra-matic Transmission to be described below 
is designed to operate automatically and to give one reverse and four for¬ 
ward speeds. The purpose of the problem is to obtain some design data 
for the gears, clutches, and brakes by an analysis of the transmission. 
Having been given the reduction ratios for the reverse and four forward 
speeds, the number of teeth on the gears in the cyclic trains are to be found, 
also the loads on the teeth, the velocities of engagement of the teeth, and 
the torques on the clutches, brakes, and fluid coupling. 

2. Hydra-matic Transmission— The cross-section shown in Fig. 1 is 
not of the present but of an earlier model of the transmission. The section 
shows that the rear unit or group was fitted with a compound cyclic train, 
while in the latest model the rear unit is fitted with a simple cyclic train, 
as shown in the diagrammatic sketch, Fig. 2. It is to be noted that there 
is a front, rear, and reverse unit, in each of which there is a cyclic or plane¬ 
tary train of gears. Each train is composed of an internal gear, a sun or 
central gear, and planetary pinions mounted on a spider or carrier. The 
spider of the front unit is attached to the intermediate shaft Si, which is 
hollow and on the left end of which is attached the driving element D of 
the fluid coupling. The driven element E of the fluid coupling is attached 
to the left end of the main shaft S%, which is on the inside of the intermedi¬ 
ate shaft. The sun gear e of the rear unit is attached to the right end of 
the main shaft S 2 . The spider carrying the planetary pinions of the rear 
unit is attached to the left end of the output shaft S 3 . It is to be noted 
that the sun gear g' of the reverse train is attached to the internal gear g of 
the rear train. For all forward speeds the internal gear l of the reverse 
train is free, and the reverse train is idling. When the transmission is in 
reverse, the gears in the rear and reverse units function as a compound 
cyclic train. 

As is clearly shown in Fig. 2, the casing of the fluid coupling and internal 
gear a of the front unit are attached to the flywheel, which rotates at engine 
speed. Application of disk clutch C\ would lock sun gear c to spider d and 
cause the intermediate shaft Si and the driving element D of the fluid 
coupling to rotate at engine speed. Application of brake band Bi would 
hold sun gear c stationary and cause spider d and the intermediate shaft 
Si and the driving element D of the fluid coupling to rotate at less than 
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engine speed. Application of disk clutch C 2 would lock the intermediate 
shaft Si to internal gear g and cause g to rotate at the same speed as spider 
d and the intermediate shaft Si. Application of brake band B 2 would hold 
internal gear g stationary and, assuming torque applied to sun gear e, 
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would cause h and the output shaft S 3 to rotate at less than engine speed. 
Application of brake B 3 would hold internal gear l stationary and, assum¬ 
ing torque applied to sun gear e, would cause h , h*, and S 3 to rotate at less 
than engine speed and in the reverse direction. 

The transmission is fitted with a hydraulic system of control which 
causes it to operate automatically. The system consists of two gear-type 
oil pumps, two hydraulic cylinders or servos, a hydraulic governor, and a 



Sj- intermediate shaft S a = main shaft S s ~ output shaft 


Fig. 2. 

control valve. Since the hydraulic system is not to be investigated, only 
a few brief remarks will be made concerning it. The front oil pump is 
driven from a connection to internal gear a and begins to operate as soon 
as the engine is started. The rear pump is driven from the output shaft 
and operates when the car is moving. The servo for the front unit is oil 
applied and spring and oil released. Hence B t is released if there is no oil 
pressure. The servo for the rear unit is spring and oil applied and oil 
released. Hence B 2 is applied if there is no oil pressure. The governor is 
driven from the output shaft. It is so connected with the movement of 
the accelerator pedal that the speed of the car at which the governor will 
cause a change in the reduction ratio will depend on the throttle opening. 
The transmission will upshift at a very low speed when the throttle is 
nearly closed and at a much higher speed when the throttle is wide open, 
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Hence the shift point is determined by the demand for power as expressed 
by the pressure on the accelerator pedal. This is an advantage for rapid 
getaway and for hill climbing. 

3. Speeds and Reduction Ratios. —With the selector lever in the 
neutral position and with the car standing and the engine not running, 
brake band Bi and clutches Ci and C 2 are released, and brake band B 2 is 
applied. With the car standing and the engine running, brake bands Bi 
and B 2 and clutches C 1 and C 2 are released. 

The reduction ratios given below for the four forward speeds and the 
reverse speed correspond to the 1946 model of the transmission and were 
computed on the assumption that there was no slip between the driving 
and driven elements of the fluid coupling. 

First Speed. —With the selector lever in the driving position, brake 
bands Bi and B 2 are applied and clutches C\ and C 2 are released, giving a 
reduction ratio of 3.8612. 

Second Speed. —-As the car moves with increasing speed, the governor 
acts, and brake band B 2 and clutch Ci are applied and brake band Bi and 
clutch C 2 are released, giving a reduction ratio of 2.6341. 

Third Speed. —For this speed brake band B x and clutch C 2 are applied 
and brake band B 2 and clutch Ci are released, giving a reduction ratio 
of 1.4667. 

Fourth Speed. —For this speed clutches C\ and C 2 are applied and brake 
bands Bi and B 2 are released, giving a reduction ratio of 1.00. 

Reverse Speed. —For this speed brake band Bi is applied and the reverse 
anchor is engaged with B% and brake band B 2 and clutches C i and C 2 are 
released, giving a reduction ratio of —4.354. Because the torque on the 
internal gear of the reverse unit is considerable, a positive anchor instead 
of a brake band is used at B s . 

4. Flow of Power. —For the purpose of tracing the flow of power, 
five mimeographed sheets showing an enlargement of Fig. 2 should be 
furnished. Using a sheet for each speed, mark on the sketch the brakes 
and clutches that are applied and by use of a colored pencil trace the flow 
of power through the transmission. 

5. Number of Teeth on the Gears. —To determine the number of teeth 
on the gears of each train, the relation of the reduction ratio to the number 
of teeth on the gears is to be established by the analytical or tabular method 
of Article 235 of Kinematics of Machinery by Albert and Rogers. The 
number of teeth on gears a, b, etc., are to be designated N a , W&, etc. The 
problem will be simplified if the speeds are dealt with in the following order: 
fourth, third, second, first, and reverse. 

The cyclic train of the front unit is in reduction when sun gear c is 
held stationary by applying brake band Bi. In this event the angular 
velocity ratio desired is co ae /W- After establishing this ratio in terms of 
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tooth numbers and having the numerical value of the ratio, the number of 
teeth on the gears can be computed. 

In cyclic trains it is sometimes an advantage to employ the variable 
center distance method, as it may promote better tooth action and enable 
different tooth numbers to be used to secure the desired ratio and assem- 
bilitv. However, for simplicity, it will be assumed that standard pitch 
diameters are to be employed. For standard pitch diameters there are 
some obvious relations between the tooth numbers N aj Nb, and N c that 
must be fulfilled. Thus 

N a =N c +2N b . (1) 

Adding N c to each side of the equation gives 


N a +N c =2N c +2N b , 


( 2 ) 


which means that (N a +N c ) must be an even n um ber. 

If n equally spaced planetary pinions are carried by the spider, it can 
be shown that ( N a +N c ) must be divisible by n in order to make assembly 
of the gears possible. It is to be assumed that one of the planetary pinions 
has been assembled with a given tooth relationship, say with the center 
line of a tooth radial with respect to the axis of the internal gear With 
sun gear c fixed, it will be found that ««,/«*,= (N a +N c )/N a . ’ If the 
spider or carrier is rotated through a part of a revolution equal to 1/n it 
ollows that the internal gear will be rotated through a part of a revolution 
i + ^fN a +N c \ ^ # 

e quai to j . This part of a revolution must be a multiple of the 

angle^ubtended^by atljaoent teeth of the internal gear, that is, a multiple 


VA a +iV c \ 1 
n\ N. rw} 

N a +N c 

- = (an integer). 


{Na+Nc) must be an even number and 


Hence, to assemble the gears, 
divisible by n. 

In computing the number of teeth on the sears it i« tn j 

Pknetarypklioils * the front > 

„ n , ™ fe , S 16 ’ 13 I and 20 respectively and that the number of equally 
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ing is independent of the contact ratio. Since the pinions in the front and 
rear units have a small number of teeth and since the use of non-inter- 
changeable gears is not objectionable, there is an advantage in employing 
unequal addendum gears, especially in the front and rear units. 

6. Computation and Tabulation of Speeds and Torques.—When the 
engine is delivering its maximum torque of 280 lb-ft., the corresponding 
speed of the engine is 1600 R.P.M. Using vertical columns headed 
fourth, third, second, first, and reverse speed, compute and tabulate the 
following for the maximum torque and corresponding engine speed: 

Reduction ratio; 

Speed of output shaft in revolutions per minute; 

Speed of fluid coupling in revolutions per minute; 

Torque on output shaft in pound-feet; 

Torque on fluid coupling in pound-feet; 

Torque on disk clutch Ci in pound-feet; 

Torque on disk clutch C 2 in pound-feet; 

Torque on brake band Bx in pound-feet; 

Torque on brake band B 2 in pound-feet; 

Torque on brake R 3 in pound-feet. 

The fact that standard pitch diameters and radii of gears in a train 
are proportional to the number of teeth in the gears may be applied in 
computing the coupling, clutch, and brake torques. 

It is interesting to note that for the third and fourth speeds the torque 
on the intermediate shaft is divided, only about 38 per cent being trans¬ 
mitted through the fluid coupling to the main shaft, the remaining 62 per 
cent being transmitted through the internal gear of the rear unit. The 
reduction of torque through the fluid coupling has the advantage of de¬ 
creasing the slip and of increasing the efficiency of the coupling for the 
speeds most used in driving. 

It is obvious that spiders h and In! must rotate in the same direction 
and at the same speed. For the reverse speed, the turning moment on 
spider h will be found to be opposed to that on spider h Hence the turn¬ 
ing moment on spider h r will be greater than the torque on the output 
shaft. 

7. Gear-tooth Loads and Velocities of Tooth Engagement—The tooth 
loads and pitch-line velocities are used in the design of gears for ordinary 
gear trains, the pitch-line velocity being used to estimate dynamic effects. 
For gears of a cyclic train, the actual velocity of tooth engagement must 
be found and used to estimate dynamic effects. For cyclic trains, the 
product of the tooth load and the velocity of tooth engagement is called 
the potential power. For high reduction ratios, the potential power may 
greatly exceed the actual power transmitted. For a simple planetary 
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train the potential power will be less than the actual power transmitted, 
but the relation may be reversed in the case of a compound planetary 

t ram . 

The employment of a suitable notation will be found helpful in dealing 
with cyclic trains. Thus, for the train of the front unit in reduction, let 

TIT = load hi pounds at the center of planetary pinion b; 

Vb =linear velocity in feet per minute of the center of planetary 
pinion 6; 

HT c =load in pounds between the teeth of gears b and c; 

IF 6a = load in pounds between the teeth of gears b and a; 

F bc == velocity of tooth engagement in feet per minute between 
gears b and c; 

F &a =velocity of tooth engagement in feet per minute between 
gears b and a. 

By the laws of mechanics and kinematics it can be shown that W bc must 
equal W ba and that V bc must equal F &a . Hence the potential power in 
foot-pounds will be (W bc V hc ) or (TF 6a F &<2 ), and the actual power trans¬ 
mitted will be (WbVb). The angular velocity of the planetary pinion with 
respect to the spider may be employed to find the velocity of tooth engage¬ 
ment. For the reverse speed, the trains in the rear and reverse units act 
as a compound train, and none of gears e, f, and g is stationary, which 
makes it necessary to employ an angular velocity relation to find F/ e 
and Vf g . 

The spider in each unit carries three or four planetary pinions. For the 
work to follow, it is to be assumed that the total load is taken by a single 
pinion in each spider. This will simplify the computations and will be 
satisfactory for comparative purposes. 

For each of the five speeds compute, for each train involved, the values 
suggested by the notation given above together with the potential power 
and the actual power transmitted. These computations are to be made and 
the results tabulated for the maximum torque of 280 lb-ft. at an engine 
speed of 1600, assuming all the gears to have a diametral pitch of 13 in the 
plane of rotation. This pitch corresponds very closely to that used in the 
transmission. The purpose of the tabulation is to bring the computed 
data together so that the working conditions of each gear for the five 
speeds may be readily compared. 

If the design of the gears were to be pursued, it would no doubt be neces¬ 
sary to investigate the tooth loads and velocities of tooth engagement for 
a lower torque and a considerably higher engine speed. Also, if the design 
of the gears were to be pursued, it would be necessary to make a reasonable 
estimate of the portion of the total load taken by each spindle of a spider. 
If the coaxial gears and spider are held rigidly concentric by bearings of 
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VALVE GEAR OF DIESEL ENGINE 

1. Introduction.— This chapter will deal with the valve gear of a Diesel 
engine, with the action and forces involved, and with the design of certain 
parts. The cam will be designed, the design of the valve springs will be 
checked, the width of the cam will be determined, and the pushrod will be 
checked as a column. 

2. Engine and Valve Gear— In a Diesel engine, air is drawn into the 
cylinder and is compressed to a high pressure into the clearance space, 
whereupon the fuel is injected, which ignites and burns upon contact with 
the hot compressed air. This is followed by the expansion of the products 
of combustion and then by the exhaust period. Work is done upon the 
medium during the intake, compression, and exhaust strpkes of the piston, 
and work is done upon the piston during the expansion stroke. The charge 
of air is admitted by the intake valve, and the exhaust valve opens to expel 
the products of combustion. The opening and closing of the intake and 
exhaust valves must be properly timed to secure the maximum power and 
efficiency of the engine. 

In Fig. 1 is shown the valve gear for the exhaust valve of a six-cylinder 
Diesel engine with pistons having a diameter of 5| inches and a stroke of 
7 inches. The operating speed of the engine is 1200 R.P.M., at which 
speed the engine develops about 114 H.P., or 19 H.P. per cylinder. Being 
a four-stroke-cycle engine, the corresponding operating speed of the cam 
shaft is 600 R.P.M. 

Some of the principal dimensions of the gear are given in Fig. 1. The 
flat-faced follower is cylindrical in form, and the body of the pushrod is 
tubular. It is to be assumed that the center line of the pushrod lies in the 
mid plane of rotation of the cam. It is to be noted that the pushrod is of 
the mechanical type and not of the hydraulic self-adjusting type which 
has been developed in recent years. To be sure that the valve is seated 
when it is supposed to be, there must be, for a pushrod of the mechanical 
type, a suitable clearance between the follower face and the base radius of 
the cam. This clearance will probably decrease as the engine warms up 
to running temperature, since the exhaust valve and stem will attain a 
higher temperature than the other parts of the gear and engine that are 
involved. 

Up to about three years ago, it was customary to attribute improper 
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valve action to “ surge ” of the valve springs. Since that time the actual 
motion of a number of valves has been studied at operating speeds by 
application of the oscillograph, the stroboscope, the stroborometer, and 
the high-speed camera. When the actual motions of improperly acting 
valves were superimposed on the theoretical motions corresponding to the 



cam profiles, it was found that the flexibility of the links between the cam 
and valve was the chief cause of bad valve action. 

The stroboscope gives qualitative results and can be used to detect 
surge of the valve springs. With some additions to the stroboscope an 
instrument called the stroborometer can be created which will give quanti¬ 
tative lift measurements of the valve for increments of rotation of the cam. 
By means of the oscillograph the actual lift and velocity curves of a valve 
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can be recorded. In the absence of other tests, static deflection tests make 
it possible to approximate the deflections that will be encountered under 
operating conditions. It is possible, by using static deflection tests in 
conjunction with stroborometer tests, to approximate the forces and cor¬ 
responding accelerations under operating conditions. 

By using the stroborometer to obtain the actual lift curve of a valve at 
slow speed and then at operating speed, the following information becomes 
available as a result of increasing the speed: 

The amount of delay in degrees of the opening of the valve; 

The erratic motion, if any, at full lift due to deflections or to in¬ 
sufficient spring load; 

The maximum deflection occurring in the valve gear; 

The magnitude, if any of valve bounce at valve closure due to 
these deflections. 

Whenever a valve gear is so loaded by the acceleration and other loads 
that its high-speed motion is caused to depart greatly from its theoretical 
path at slow speed as determined by the cam profile, the application and 
removal of these loads will excite vibrations of the valve gear. Further¬ 
more, since a force is being exerted on each member of the valve gear, each 
member will be deflected and will tend to vibrate at its natural frequency. 
The resulting vibratory motion occurring at the valve is a complex one 
and is dependent upon the weight distribution in the valve gear, the flex¬ 
ibility of the component parts, damping, and the rate of change of load¬ 
ing. Actually the vibration of the valve gear results in shortening or 
lengthening of the valve-gear train from the face of the follower to the 
valve, and w r hat occurs at closing will depend on what has occurred pre¬ 
viously after the opening of the valve. 

It is evident from what has been said above that clearance and deflec¬ 
tions must be considered in the design of cams and valve gears. Experience 
in the design and testing of valve gears is, therefore, of great help in the 
preliminary design of a new valve gear, and testing of an improperly work¬ 
ing valve gear is quite essential to a revision of the design of the cam or 
the gear as a whole. There are two approaches to the design of the cam: 
one method is based on the reduction of the valve-gear mechanism to a 
dynamically equivalent vibratory system; 2 the other method is to fix the 
clearance and to approximate the deflections at the opening and closing of 
the valve and to add to the cam suitable opening and closing “ ramps ” to 
correspond to the clearance and deflections. 1 Practical experience in the 
design, operation, and testing of valve gears is of considerable help in 
fixing upon a suitable clearance and in approximating the deflections. The 
second method of cam design will be followed in the present problem. 
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A valve will open quietly and at zero velocity, but it may close violently 
and noisily and earlier than expected unless the cam has a suitable closing 
ramp. Excessive impact at closing is detrimental to the life of the parts 
of the valve gear, especially to the life of the valve. For quiet operation 
the closing velocity of the valve should be about 0.5 ft. per sec. as a max¬ 
imum. 

The design of cams for internal-combustion engines has become largely 
mathematical. It is now customary to generate the cam or master cam 
from lift figures. For this purpose lift figures for each degree of rotation 
of the cam are given. Usually they are given for each degree from the tip 
of the nose to where the ramps start from the base radius of the cam. In 
the present problem only a sufficient number of positions will be used to 
enable the shape of the ramps of the cam to be approximated and to enable 
the lift, velocity, acceleration, and force curves to be plotted. 

3. Data for the Problem.—-As previously stated, the operating speed 
of the crankshaft is 1200 R.P.M. and of the camshaft 600 R.P.M. 

The exhaust valve is to start to open 39 degrees before the crank 
reaches its bottom dead-center position and is to close 8 degrees after the 
crank has passed its top dead-center position. 

The gas pressure in the cylinder when the valve starts to open is 69 lbs. 
per sq. in. absolute. The pressure on the top side of the valve may be taken 
as 15 lbs. per sq. in. absolute. It is to be assumed that the unbalanced gas 
pressure on the valve falls to zero by the time the crank reaches its bottom 
dead-center position. 

The flat-faced follower or tappet is made of cast iron with a chilled 
face having a minimum Rockwell hardness of 50 C or about 475 
Brinell. 

The working face of the cam is heat-treated to a Scleroscope hardness 
of 75 to 80 or about 564 to 603 Brinell. 

The end of the rocker arm in contact with the valve stem is faced with 
Stellite. 

Wx— weight of follower or tappet assembly = 0.5704 lb.; 

w 2 =weight of pushrod = 0.9175 lb.; 

w 3 = weight of inner and outer valve springs = 0.1943+0.4194 = 
0.61371b.; 

w 4 =weight of exhaust valve and attachments=0.5371 lb. 

The mass moment of inertia I of the rocker arm about its center of 
oscillation = 0.00078 lb-ft. sec. 2 

Rocker arm ratio, see Fig. 1, =3ff-^-Iff = 109/55. 

4. Cam of Harmonic Contour.—A cam which is to operate with a flat¬ 
faced follower and whose contour is composed of circular arcs as shown in 
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Fig. 2 is called a cam of harmonic contour. If such a cam, with a base 
radius R 1} a flank radius R 2 , a nose radius R 3 , and a height H=E n -\-R% 
were revolved through an angle 0 while in contact with a flat-faced fol¬ 
lower, the maximum lift of the follower would be L c =E n +R 3 —R 1} where 




COB gives eCCe "*“ City 0t the "*■ trigonometiy to triangle 

cos080-»)-^iL±5d _ 

where E s is the eccentricity of the flank and is equal to (R 2 -R,). But 


since L c -E n +R s -R h or R 1 -R 3 =E n -L c . 


(2) 
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Substituting the value of BC from equation (2) in equation (1) and 
solving gives 

2 c E n -L c ) 2 

E f = V cJ (3) 

2(E n —L c —E n cos 0) 


From triangle CBD 


DB E n sin 0 
n ~ ~BC ~ Ef+En—L c 3 
n ~0 <j> m . 


(4) 

(5) 


The displacement or lift of the follower for the follower in contact with 
the flank at e, for any angular displacement <t> of the cam between zero 
and <t> m , is, as shown in Fig. 3, 


But 

Cd R 2 —de 

cos <j> ——=- or de~K 2 

CO R 2 — R>i 

Hence 

j^de—Ri = (R 2 -Ri) — (R 2 —Ri) cos 0 = —cose (6) 

In a similar manner it can be shown that the lift of the follower in contact 
with the nose for any angle X between \ m and zero is 

L=I£ n (eos X — 1)+L C . (7) 

5. Design of Ramps.—The lift curve for the theoretical cam shown in 
Figs. 2 and 3 is shown in Fig. 4. To allow for clearance and deflection, the 



actual base radius of the cam will be made equal to R = Ri — (clearance+ 
deflection), and easement or ramp curves will be added to the cam which 
should be tangent to the actual root radius R and to the flank radius R 2 . 
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If the lift during the ramp angle is made to vary at a uniform rate, the lift 
curve will be a straight sloping line, and the corresponding velocity of 
lift will be uniform and less than the maximum for any other curve of lift 
during the ramp angle. Since a low velocity at closure is sought, the rate 



of lift for the ramp will be assumed to be uniform as shown in Fig. 5. 
Hence, the curve of the ramp on the cam will be involute in form * and 
tangent to the flank arc of radius R 2 . A slight modification at the begin¬ 
ning of the ramp curve is necessary to make it tangent to the actual root 
radius R. For Fig. 5 let 

Z/ c =theoretical maximum lift as used in the previous article; 

L r =ramp = (clearance+deflection) ; 


y r =ramp rate in inches per degree=L 7 /(p+a) 0 =L r /(p+0.5^ c ) 0 . 

For 0=O.50 C to 0 C , the lift L=0(ramp rate)4-I/ r ; (8) 

For from L r and equation (6), lift L=E f ( 1 -cos 0) + L r ; (9) 

For X=A m to zero, from L r and equation (7), 

lift L=E n (cos A — 1) -\-L c -\~L r . (10) 

At the point of tangency 0=0 C , the lift is L=E f (l -cos 0 C )+L r , and 
the slope of the tangent ab is 

dL d . 

[=uEf sin 0 c = 2tt(R.P.S.)^ / sin 0 C . (11) 

Hence 

. dL/dt 

j-ss cn-n _ 


* See Article 101, “Kinematics of Machinery,” by Albert and Rogers. 
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„ , (p+«) (ramp rate) 

Also the slope of ab =— 7 —;— 7 - 7 -= (ramp rate)360(R.P.S.). 


Hence 


/p+a\ 1 

vleo/Rjp.s. 


. , (ramp rate)360(R.P.S.) 57.3(ramp rate) 

= sm -—=sin ‘“ 1 - 


<t>c — sm 


(R.P.S .)E f 


E f 


( 12 ) 


The effective angle to be used in computing Ef by equation (3) is 
0 = 5 + 0 != <5+0.50c, where 5, the theoretical angle rotated through by the 
cam for the maximum lift L c , is derived from the timing of the events of 
the cycle. Since <f> 0 and Ef are both involved in equations ( 3 ) and ( 12 ), an 
agreement must be determined by trial. 

6. Design of Cam.—A deflection allowance for the cocking of the valve 
in the valve guide calls for a larger ramp on the closing than on the opening 
side. In the design of cams for high-speed engines, this difference is recog¬ 
nized and leads to a cam that is unsymmetrical about line OB, Fig. 2. In 
view of the relatively low speed of the engine in the present instance, the 
opening ramp will be made the same as the closing ramp, and the cam 
made symmetrical about line OB, Fig. 2 . This will simplify and shorten 
the work of designing the cam. In the present instance a clearance of 
about 0.007 in. at the cam would be reasonable, and a deflection of about 
0.005 in. at the cam would constitute a fair estimate of the deflection for 
the closing side. The design of the cam is therefore to be based on the 
following data: 


Clearance at cam=0.007 in.; 

Deflection at cam=0.005 in.; 

Ramp angle p, Fig. 5, = 16 degrees; 

Theoretical base radius = 27i =0.8245 in.; 

Actual base radius= R =22i — 0.012=0.8125 in.; 
Radius of nose =#3 = 0.3125 in.; * 

Height of cam =H= 1.13 in.; 

Eccentricity of nose=I^ = 77—E 3 = 0.8175 in.; 
Lift L C ~H—Ri =0.3055 in. 


To determine 0 , Fig. 2 , 8 and <+ must be determined as indicated in 
Article 5. Angle 8 is determined from the timing of the exhaust events as 
given in Article 3 . As pointed out in Article 5, the value of <j> c is involved 
in the determination of the ramp rate, angle 0 , and the flank eccentricity 
Ef. To save the time required for a trial solution, a value of 49 minutes is 
to be used for <t> c and a value of 2.958 in. for Ef. Working with these values, 
equation ( 12 ) will give a value of 4> c only slightly less than 49 minutes. By 
determining 0 = 5+O.5<£ c and using it in equation (3), the value of Ef will 
be found to be 2.958 in. as given. 
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At the beginning of the ramp the lift is zero. Compute the lift in 
inches at one-half the ramp (8 degrees) and for <t> equal to 0.5t£ c and <£ c by 
equation (8). 

By equation (9) compute the lift in inches for equal to $ c , 
and <j>m. 

By equation (10) compute the lift in inches for X equal to X m , 0.75A W , 
0.o\ OT , 0.25X m , and zero. 

The velocities and accelerations corresponding to the twelve values of 
the lift found above are to be computed and tabulated, together with the 
values of the lift. This will require 13 vertical columns, the first column, 
which is for the names of the quantities required, being wider than the 12 
to the right. Besides the 3 horizontal spaces for lift, velocity, and accelera¬ 
tion, 4 other horizontal spaces should be provided for values to be com¬ 
puted later. 

The uniform ramp velocity in feet per second can be computed from 
the ramp rate 7 r . Equations for velocity V and acceleration A of the fol¬ 
lower when in contact with the flank may be obtained from equation (9) 
by differentiation. Hence, for the flank, 


dL d 

7=—=—[#/( 1— cos 
dt dt 

E f 

— uEf sin (j>~ -sin cf> ft./sec.; 

6012 


(13) 


where a - the angular velocity of the cam in radians per second. And 



E f 

or— sin <t> ft./sec. 2 

12 


(14) 


Equations for 7 and A for the follower in contact with the nose may be 
obtained from equation (10) by differentiation. Hence, for the nose, 



d 

dt 


E 

■■ —u>E n sin X = — oi — sin X ft./sec.: 
12 


A 


dV 

dt 


2 En 

12 


cos X ft./sec. 2 


(15) 


Compute and tabulate the values of V and A immediately below the 
values of the lift. 

The cam is to be drawn 4 times full size on an 18X24 inch sheet of 
paper. The multiplication of size will be sufficient to approximate the 
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shape of the ramps. As before stated, the cam or master cam would be 
generated by grinding, using lift figures corresponding to increments of 
rotation of 1 degree. The center of the cam is to be located 4f in. from 
the left border line and 4f in. below the top border line. 

The lift, velocity, and acceleration curves are to be drawn about a 
reference line which begins 9^ in. from the right border line and is drawn 
5 in. below the top border line. The scale of the reference line is to be 
1" = 10°, and the lift, velocity, and accelerations scales are to be, respec¬ 
tively, 10" = l", 1" = 1 ft./sec., and 1" = 250 ft./see. 2 

Determine the velocity of closing of the valve and note whether it is 
sufficiently low to assure quiet operation. 

7. Inertia Forces.—In computing the inertia forces between cam and 
follower, the relatively small effect of gravity is to be neglected, also the 
slight angularity of the pushrod. The weight of the parts of the valve 
gear and the moment of inertia I of the rocker arm are given in Article 3. 
Using the symbols given in Article 3, write an equation for the inertia force 
between the cam and follower. Because of the action of the springs only 
about one-third of their weight should be considered effective. The effect 
of the valve and springs is affected by the ratio of the rocker arm. In 
dealing with the rocker arm, it should be remembered that the turning 
moment PR on a rocker arm having an angular acceleration of a radians 
per second is PR=Ia, where P is in pounds, Risin feet, and 7 is in pound- 
feet per second per second. It should also be remembered that a=A t /R J 
where A 1 is the tangential acceleration, and R is the radius of the arm in 
feet. Neglecting angularity, A t =A. Compute and tabulate the inertia 
forces between cam and follower in the horizontal space, following the 
values of A. 

At the time of opening of the valve the gas pressure in the cylinder is 
69 lbs. per sq. in. absolute. The circular area of the valve exposed to this 
pressure is 2J in. in diameter. The top of the valve exposed to a pressure 
of 15 lbs. per sq. in. absolute is Iff in. in diameter. Compute the total 
unbalanced pressure on the valve and its equivalent between cam and 
follower. When the crank has rotated through 39 degrees to its bottom 
dead-center position, the unbalanced pressure on the valve is zero, 
the corresponding rotation of the cam being 19.5 degrees. By the use 
of equation (10) compute the lift corresponding to a rotation of 19.5 
degrees. 

8. Spring Forces.—Valve spring surge is caused by the harmonic exci¬ 
tation of the spring at its natural frequency by the motion imparted to it 
by the cam. The remedy for spring surge is to increase the spring fre¬ 
quency, to alter the harmonics of the cam, to use variable rate springs, or 
to use mechanical spring dampeners. If the frequency of vibrations per 
minute of a spring is more than eleven times the R.P.M. of the cam, the 
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spring will be free from surge of any consequence. The frequency of vibra¬ 
tion per minute of a spring is 

764,000(f 

—&-• <17) 

where R is the spring rate, and TF is the weight of the effective coils n in¬ 
volved in the operation of the spring. 

To eliminate spring surge, the exhaust valve shown in Fig. 1 is fitted 
with springs of variable rate. The coil of the inner spring is left hand, with 
about 4.5 closely coiled dampener coils at the bottom. The coil of the 
outer spring is right hand, with about 5.5 closely coiled dampener coils at 
the bottom. For each spring the lead of the dampener coils is such that 
the coils close upon one another during the initial compression of the 
spring from its free length to its length when the valve is closed. There¬ 
after, for movement of the valve from its closed to its open position, the 
number of effective coils is much less than the original number. The data 
for the springs are as follows: 



Inner 

Outer 

Total number of coils — 

10.5 

10.5 

Mean diameter of coils in inches —D — 

1.287 

1.706 

Diameter of wire in inches—d = 

0.148 

0.1875 

Free length in inches = 

3.1875 

4.3125 

Length with valve closed in inches = 

2.50 

3.0 

Load on spring with valve closed in pounds = 
Number of effective coils during the opening of the 

28 

52.5 

valve — 

5.25 

4.25 

Movement of the valve in opening in inches =W (0.3055) —0.6055 

Modulus of rigidity G of steel wire in pounds per square inch = 

= 11,500,000. 


By means of the formulae in Table 1, Chapter 26, determine the fol¬ 
lowing: 

Rate or scale of each spring in pounds per inch; 

Increase in load on each spring in pounds due to opening of valve; 

Total spring load on valve when closed in pounds; 

Total spring load on valve when open in pounds; 

Total spring load at cam for valve closed in pounds; 

Total spring load at cam for valve open in pounds; 

Minimum induced stress in each spring in pounds per square inch; 

Maximum induced stress in each spring in pounds per square inch. 

When the stresses induced in a spring vary from a minimum to a max¬ 
imum, the maximum stress s max in terms of the minimum stress s min should 
not, as a safe average, exceed 


(IB) 
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By means of equation (18) determine if the range of variation of stress 
in the springs is satisfactory, and then by means of equation (17) deter¬ 
mine if the springs will be free from surge. 

9. Diagram of Forces between Cam and Follower.—The inertia, spring, 
and gas forces at the follower are to be plotted about a horizontal reference 
line 6-J in. above the bottom border line. The left half of the reference line 
is to represent the lift at the follower for opening the valve and the right 
half the decrease of lift in closing the valve. The reference line is to be 
drawn to a scale of 20" = 1" or 1" = 0.05", and a force scale of 1" = 100 lbs. 
is to be used. Positive forces of acceleration are to be laid off above and 
negative forces below the reference line. Since the reference line represents 
lift, the spring forces will be represented by straight sloping lines and are 
to be laid off below the reference line so as to give automatically the sum 
of the spring and inertia forces. The force at the follower due to the gas 
pressure is likewise to be laid off below the reference line, and the gas- 
pressure curve added to the curve of spring force. The force at the fol¬ 
lower due to the gas pressure when the valve opens has already been deter¬ 
mined, likewise the lift at which it has fallen off to zero. The scales are to 
be given on the drawing, and the curves appropriately labeled. 

10. Width or Thickness of Cam.—A follower or tappet face may fail 
by scoring, flaking, or pitting. If the contacting surfaces of cam and tappet 
are of appropriate materials and are suitably hardened and accurately and 
highly finished and are properly lubricated, scoring is eliminated, and the 
tappet face may fail in fatigue by flaking or pitting. Such failures are due 
to the pressure of contact inducing normal stresses that are too high. It 
has been established by practice that cast iron on steel is a better com¬ 
bination than steel on steel. The beginning of failure of the face of a 
steel tappet is indicated by the appearance of microscopic cracks on the 
surface, which result in flaking and termination of the life of the tappet. 
The failure of the chilled face of a cast-iron tappet occurs in a different 
manner. The material has a high allowable stress in compression fatigue 
and a lower allowable stress in shear fatigue, so that the fatigue crack 
starts beneath the surface and progressively develops to the surface, 
whereupon the sliding action of the cam removes the particle from the 
face, leaving a pit. 

A reasonable limit for the normal stress in the face of a tappet has been 
established by test and field results. If a flat-faced tappet of cast iron 
having a chilled face is used with a steel cam, the induced stress due to the 
pressure between the cam and tappet should not exceed 120,000 lbs. per 
sq. in. for a cam \ in. wide. This limiting stress assumes perfect alignment. 
For wider cams the limiting stress should be reduced to allow for misalign¬ 
ment. 
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The normal stress existing in two elastic bodies when in contact under 
pressure was investigated by the scientist H. Hertz. The contact stress in 
pounds per square inch for a fiat surface in theoretical line contact with a 
curved surface is 3 



where P =load in pounds; 

IF-width of cam in inches; 

R =radius of curvature of cam contour at contact in inches; 

E x and E 2 = moduli of materials of contact surfaces; 

= 20,000,000 lbs. per sq. in. for chilled cast iron; 

=30,000,000 lbs. per sq. in. for steel. 

The maximum value of P for the flank and for the nose is obtained 
from the diagram of forces between cam and follower. The radius of the 
nose is given in Article 6. The radius of curvature of the involute ramp 
where it is tangent to the flank radius is readily computed and found to 
be 0.8248 in. It is on the side of safety to use this radius with the value of 
P at the opening of valve. Since there is room for a wider cam than § in., 
compute the width of the cam, using an allowable stress range of from 
72,000 to 75,000 lbs. per sq. in. 

As before stated, the tappet is cylindrical in form, and the edge of its 
flat face is rounded off at a radius of ^ in. The theoretical line of contact 
between the cam and tappet should not come nearer than tV m • to the 
edge of the chamfer. The velocity of the tappet at any instant is equal to 
the product of the angular velocity of the cam and the distance from the 
center line of cam and tappet to the line of contact between cam and 
tappet. This distance is therefore a maximum when the velocity of the 
tappet is a maximum and is equal to V/<a. Compute the maximum dis¬ 
tance to the line of contact, and from it determine the diameter of the 
tappet. 

11. Pushrod as a Column.—The body of the pushrod is tubular, with 
an outside diameter of & in. and an internal diameter of U in. It acts as 
a pin or round-ended column (n = l), the distance between socket centers 
being 20ff in., as shown in Fig. 1. The body of the pushrod is of S.A.E. 
1045 steel, for which y c = 65,000 and s r = 48,000 lbs. per sq. in. The max¬ 
imum thrust and the variation of thrust on the rod may be obtained from 
the diagram of forces between cam and follower. By means of the formulae 
given in Table 1, Chapter 26, determine the maximum stress induced in 
the rod, and by applying the methods of Article 10, Chapter 19, determine 
the endurance limit under the conditions of loading and the factor of safety. 
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STRENGTH AND STIFFNESS OF SHAFTS 
DRIVE SHAFT, £"Xg" PUNCHING MACHINE 

1. Specifications.— Shafts subjected to torsion are almost invariably 
subjected to more or less bending due to such loads as belt pulls, gear 
tooth reactions, and the action of gravity. To determine rationally the 
diameter of a shaft subjected to the simultaneous action of torsion and 
bending, it is necessary to have the bending moment diagram. To obtain 
this the size and location of the bearings and the spacing and magnitudes 
of the loads must be known. These in turn will depend on the unknown 
diam eter of the shaft and on the size and location of the parts to be 
mounted on the shaft. A tentative diameter is often obtained by assuming 
a relation between the torsional and bending moments, and then the size 
and location of the bearings and the spacing and magnitude of the loads 
are obtained from a tentative layout of the parts to be mounted on the 
shaft. The tentative shaft is then checked for strength and stiffness and, 
if found unsatisfactory, is redesigned and checked until a satisfactory 
solution is obtained. 

The design of the drive shaft of a punching machine is a typical shaft 
problem. To shorten the problem, the preliminary work outlined above 
has been done to obtain the tentative design shown in Figs. 1 and 2. 

The drive shafts of punching machines are frequently made of constant 
diameter from end to end. While this enables a piece of cold rolled shaft¬ 
ing to be used and results in an all-round reduction in cost, it makes it 
more inconvenient and costly to assemble the pinion, pulleys, and flywheel 
on the shaft. To facilitate assembly and to make the problem of deter¬ 
mining the deflection of the shaft more valuable, a turned shaft of varying 
cross-section, as shown in Fig. 2, will be used. To visualize the location 
and function of the drive shaft in an assembled machine, Figs. 1 and 2 of 
Chapter 16 should be consulted. 

During the energy cycle of a punching machine, energy is consumed at 
a highly variable rate and supplied at a comparatively constant rate by 
the belt. About 85 per cent of the energy supplied during an energy 
cycle is consumed in about 0.20 of the cycle. This great excess of the 
demand over that which can be supplied by the belt is supplied by the 
flywheel and causes the flywheel to decrease in speed. 
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The maximum force at the pinion, which corresponds to the maximum 
torque required, is given in Fig. 1 below; also the corresponding maximum 
values of the belt pulls. The maximum torque is equal to the sum of the 
torques due to the belt pulls and to the kinetic, energy given up by the 
flywheel. Note that the torque due to the flywheel is over 5 times that 
due to the belt. Hence, the portion of the shaft between the flywheel and 
the tight pulley is subjected to the torque delivered by the flywheel, and 
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the portion between the tight pulley and the pinion is subjected to the 
maximum torque. 

The shaft is to be made of S.A.E. 1045 carbon steel, for the properties of 
which Article 6 of Chapter 18 should be consulted. 

The fit of the shaft in the bearings is to correspond to the American 
Standard Free Fit, Class 2, for which Article 6 and Table 2 of Chapter 23 
should be consulted. 

The solution of the problem will consist of an 18X24 inch drawing and 
a set of computations with division heads corresponding in number and 
title to the articles of this chapter. 
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2. Bending Moment Diagrams.—To check the strength of the shaft, it 
is necessary to deal with the simultaneous action of torsion and bending. 
The variation in bending is most easily found by constructing the bending 
moment diagr ams due to the horizontal and vertical components of the 
loads. This is to be done graphically by the method of Article 8 of Chap¬ 
ter 22. In preparation, compute the horizontal and vertical components of 
the loads on the shaft. 

The bending moment and deflection diagrams are to be drawn on an 
18X24 inch sheet of paper, which is to have the following two-line title: 

Drive Shaft 

7"x Punching Machine 

After filling in the title form and drawing the border lines, turn the board 
through 90 degrees and work with the title form in the lower left-hand 
corner as shown in Fig. 3. The end and side elevations, as shown in 
Fig. 1, are to be located in the upper part of the sheet, as shown in Fig. 3, 
and drawn to a scale of lj'^12". 

A view of the bare shaft is to be drawn below the end elevation and also 
below the side elevation of the assembly to a scale of 1^ // = 12 // about a 
horizontal center line located as shown in Fig. 3. The variations in the 
diameter of the shaft are to be shown in these views. The view of the bare 
shaft on the left-hand side of the sheet is to be used in dealing with the 
horizontal components of the loads and reactions on the shaft, and the 
view of the bare shaft on the right-hand side of the sheet is to be used in 
dealing with the vertical components of the loads and reactions on the shaft. 
To be on the side of safety, it is to be assumed, as is customary, that the 
shaft is point supported at the middle of the bearings and that the loads 
act as concentrated loads. The force polygons are to be drawn to the left 
of the shafts with their poles located as shown in Fig. 3, and the moment 
diagrams are to be constructed graphically below the shafts in the locations 
indicated. In the graphical work and in recording the components of the 
loads and reactions on the drawing, the following scales are to be used: 

l // = 2000 lbs. for horizontal components of loads and reactions; 

l' 7 = 1000 lbs. for vertical components of loads and reactions; 

1" = 1000 lbs. for force polygons. 

Compute and record on the drawing the scale of the moment diagrams. 

Having the bending moment diagrams in the horizontal and vertical 
planes, construct the resultant diagram of bending moments about a 
horizontal line located as shown in Fig. 3. 

3. Strength of Shaft.—Because the turning and bending moments on 
the drive shaft vary greatly from the punching of one hole to the punching 
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of the next, the shaft is subjected to fatigue loading. During each energy 
cycle of the machine, the bending and torsional moments vary from 
practically zero to maximum values. However, since the drive shaft 
rotates about 8 times as fast as the cam shaft, the maximum value of the 
bending stress is practically reversed during a portion of each energy cycle, 
while the corresponding value of the torsional stress remains practically 



constant. Hence, in checking the strength of the shaft by the method of 
Article 11 of Chapter 19, e x = —1 and e r = +1. In the absence of a test 
value, the endurance limit s r for the material in reversed bending may be 
taken as 0.5^. Inspection of Fig. 24 and Table 5 and of Figs. 6 and 7 of 
Chapter 19 indicates that 1.8 would be a reasonable value for the fatigue 
stress concentration factor. Using a factor of safety of 2, determine 
whether the diameters 2xf and 2\ inches are sufficiently large for safe 
strength. 
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4. Deflection or Stiffness of Shaft—Not only must shafts be of suffi¬ 
cient strength, but they must not deflect more than suitable bearing clear¬ 
ances will permit. The tentative design will, therefore, be checked for 
deflection or stiffness. 

The deflection of a shaft that varies in cross-section is much more easily 
determined graphically than analytically. The deflection of the drive 
shaft wih therefore be determined graphically by the method given in 
Articles 9 and 10 of Chapter 22. The vector polygons for the horizontal 
and vertical components of the loads and reactions are to be drawn to the 
left of the views of the shaft with their poles and pole distances as given in 
Fig. 3. The d 2 y/dx 2 , the dy/dx, and the y curves are to be constructed 
below the views of the shaft in the locations shown in the figure. For the 
d 2 y/dx 2 curves, the following scales are to be used: 

l // =0.0001 in. -1 for the horizontal components; 

1" = 0.00005 in.” 1 for the vertical components. 

Having the deflection curves in the horizontal and vertical planes, the 
resultant curve of deflection is to be constructed about a horizontal line 
located as shown in Fig. 3. Because the shaft was assumed to be point 
supported at the middle of the bearings and because the effect of the fits of 
the pinion and tight pulley on the deflection of the shaft was neglected, the 
curve will indicate deflections somewhat in excess of the true deflections. 
Having the deflection curve, determine if the shaft is sufficiently stiff for 
the fit of the bearings specified in Article 1. 

If the moments of inertia of the various sections of the shaft were 
doubled, the scales of the d 2 y/dx 2 } dy/dx , and y curves would be cut in 
half, and the deflection of the shaft would be reduced one-half. Hence, if 
it is found that the shaft should be made x times as stiff, the diameters of 
the different portions of the shaft should be made x times as large as 
the tentative diameters. Revise the design of the shaft to be sufficiently 
stiff and determine the corresponding increase in strength. 

Even though the true shape of a whirling shaft is not the same as the 
shape of its static deflection curve, the following equation will give a close 
approximation to the critical or whirling speed of a shaft in R.P.M.: 



where 5 is the maximum deflection of the shaft in inches. Compute the 
approximate critical speed of the shaft. It should be remembered that the 
shaft is subjected to a varying load and that the critical speed computed 
applies to the maximum conditions of loading. Therefore, at other periods 
during the energy cycle, the critical speed will be higher. 
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CURVED PARTS AND FRAMES 
FRAME OF l" X 1" PUNCHING MACHINE 

1. Specifications. —The theory of curved members subjected to bend¬ 
ing finds many applications in the design of machine parts and frames. 
Crane hooks and other machine parts and the frames of presses, riveters, 
nibblers, shears, punching machines, etc., are frequently of such form that 
very considerable errors are introduced if the effect of their curvature is 
neglected in computing the induced stresses due to bending. Hence the 
design or checking of any curved member such as the frame of a punching 
machine is of general value. 

This problem will consist of checking the strength of the cast iron frame 
of a combination punching and shearing machine at the horizontal section. 
The machine is to have the capacity to punch § inch holes in steel plate 
| inch thick at the rate of 30 per minute and to split or shear steel plate 
| inch thick. Figures 1 to 4, inclusive, of Chapter 16 illustrate the kind of 
machine and type of frame to be considered. 

Maximum tensile strength of steel plate to be punched or sheared, 
68,000 lbs. per sq. in.; 

Maximum force required to punch a £ inch hole in £ inch steel plate, 
141,000 lbs.; 

Maximum force required to split or shear steel plate f inch thick, 
62,000 lbs.; 

Stroke of ram, 1| inches; 

Maximum distance from edge of plate to center of hole, 36 inches; 

Maximum depth of throat, 36f inches; 

The frame is to be of good cupola cast iron. For the iron of the 
frame u t = 20,000 and u c = 80,000 lbs. per sq. in. 

The solution of the problem will consist of an 18X24 inch drawing and 
a set of computations with division headings corresponding in number and 
title to the articles of this chapter. 

2. Design of Punching Machine Frame. —The front views of two 
punching machines, with the head cover plates removed, are shown in 
Figs. 5 and 6 of Chapter 16. For each machine the ram is moved up and 
down by a rotating eccentric. Fig. 5 shows the eccentric fitted with a 

67 



68 


CURVED PARTS AND FRAMES 


pintle, or internal connecting-rod. The eccentric and pintle act as a crank 
and connecting-rod and transform the rotary motion of the eccentric shaft 
into a motion of reciprocation of the ram. Fig. 6 shows the eccentric 
fitted with a sliding block. The eccentric and ram act as a crank and 
slotted cross-head (Scotch yoke) and transform the rotary motion of the 
eccentric shaft into a motion of reciprocation of the ram. The throw of 
the eccentric must be equal to \ the desired stroke of the ram. The 
diameter and length of the eccentric are fixed by the permissible bearing 
pressure per square inch of projected area. 

The design of the frame of a punching machine proceeds directly from 
the diameter and length of the eccentric. By working outward, the width 
of the ram to accommodate the pintle or sliding block and then the width 
of the head to accommodate the ram are determined; by working down¬ 
ward, the distance to the bottom of the head, the distance to the bottom 
of the ram, and the space required for the punching and shearing tools are 
determined as shown in Figs. 24 and 25 of Chapter 16. It is thus evident 
that, by working from the center of the eccentric shaft outward and down¬ 
ward, reasonable and satisfactory dimensions can be determined for 
a, 6, U, and G of Fig. 1. 

Since the frame is to be made of cast iron and since cast iron is much 
weaker in tension than in compression, a considerable reduction in weight 
can be effected by making the frame thicker on the tension than on the 
compression side as shown in Figs. 2 and 3. In Fig. 2 is shown a box and 
in Fig. 3 an I section of a punching machine frame. When the machine is 
used as a shear, the frame is subjected to more or less torsional action in 
addition to the direct stress and bending action. For resisting torsion, the 
box is superior to the I section. In general, the use of the box section will 
yield a frame that is more pleasing and more substantial in appearance 
than the I section. The use of the box section also facilitates the mounting 
of brackets and other attachments. ° 


. Havin g> b T the Procedure outlined above, established a satisfactory 
width b for the head, it is logical to adopt b as the width across the heavy 
flange of the frame sections. The width d across the body of the frame 
sections may be taken about equal to the width a of the ram. The pattern 
making and founding of the frame are simplified by keeping b and d the 
same throughout. An abrupt change in thickness from t to /, Figs. 2 and 3 
can be avoided by the use of straight sloping lines and fillets as shown' 
Dimension £ should be made about equal to the minimum value of / just 
back of the head. To simplify the pattern work, dimensions h and g are 
made the same throughout. y 

m ,, After \ U> and G ’ have been determined, the first step in 

, the fram e is to establish the outline of the throat. It is usual to 
make the mner onto, of to too., somoircular. The frtoe will Sore 
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be a curved member. The larger the inner radius of the throat, the larger 
will be the radius of curvature for any given section and the stronger will 
be the frame. The inner radius of the throat should, therefore, be as large 
as other limitations will permit. Having established the outline of the 
throat, a tentative outline for the outer boundary of the frame may be 




Fig. 2. 



drawn. If the trial boundary is made such that the frame is constant in 
section for 10 or 15 degrees each side of the horizontal, the radius of curva¬ 
ture at the center of gravity of the horizontal section can be found without 
the necessity of locating the centers of gravity of other sections of the frame 
and drawing a smooth curve through them. This greatly reduces the work 
of checking the strength of the frame at the horizontal section. After a 
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satisfactory horizontal section has been established, the corresponding 
outline can be checked, say, at the 45 and 90 degree sections. 

By pursuing the procedure outlined above for the problem under con¬ 
sideration, the following dimensions were determined and the horizontal 
section shown in Fig. 4 was assumed: 


Width of ram, a . 14| in. 

Width of head, b . 21 in. 

Center of eccentric shaft- to bottom of head, U . 14| in. 

Bottom of head to table of machine, G . 16 in. 

Inner radius of throat, r ... 12 in. 


4o*- 



FlG. 4; 


3. Center of Gravity and Moment of Inertia. —-Assuming the given 
horizontal section to have sharp inside and outside corners (no fillets or 
rounded corners), compute the distance of the center of gravity of the 
section from the outside boundary line of the heavy flange by application 



of equations (9) and (10) of Article 11, Chapter 22. Having located the 
gravity axis, compute the moment of inertia of the section about the 
gravity axis by application of equations (11) and (12) of Chapter 22. 
For elements of usual sections, consult Table 2 of Chapter 26. The com¬ 
puted values will approximate very closely the true values for the section 
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with fillets and rounded corners and will serve as a check on the graphical 
vrork to follow. 

The gravity axis of the section and its moment of inertia about the 
gravity axis are to be found graphically by the methods of Articles 11 and 12 
of Chapter 22. In doing the graphical work, the area of the section is to 
be subdivided as shown in Fig. 5, and the area and location of the gravity 
axis of each subdivision of the total area are to be computed. 

The section is to be drawn to a scale of 3" = 12" on a sheet of 18 X24 inch 
paper, and the drawing is to have the following two-line title: 

Horizontal Section of Frame 
|"X J"X 36" Punching Machine 


The section and the force (area) and equilibrium polygons are to be located 
on the sheet as follows: 

Center line of section is to be 5| below the top border line with the 
heavy flange to the right and 11} inches from the right border line; 

Vertical line of force (area) polygon is to start from a point 5 inches 
from the top and 6 inches from the right border line, scale 1 inch 
= 30 sq. in. The pole is to be to the left of the vertical fine of 
the polygon; 

The left-hand side of the equilibrium polygon is to be started from 
a point 3 inches above the bottom border line. 


The area of the equilibrium (moment of inertia) polygon is to be found 
by dividing the area on each side of the gravity axis into a suitable number 
of elements of equal width and then applying Durand’s rule (Article 7, 
Chapter 10) to the area each side of the gravity axis. 

4. Strength of Frame, Curvature Neglected—Where a member having 
little or no curvature is subjected to direct stress combined with bending, 
the maximum induced stress is given by the equation, 


P Me 

=fc—. 


( 1 ) 


Neglecting curvature, compute the direct stress, the maximum tension 
and compression stresses due to bending, and the resultant maximum 
tension and compression stresses, using the true area of the section and the 
values of c and I that were determined graphically. 

5. Strength of Frame, Curvature Considered.—In a curved member, 
the greater the ratio of the depth of section to the radius of curvature of 
the curve through the centers of gravity of the sections, Fig. 1, the more 
marked is the curvature and its effect on the induced stresses. The maxi- 



72 


CURVED PARTS AND FRAMES 


mum tension stress in curved members subjected to direct stress combined 
with bending is given by the following equation from Article 17, Chapter 16: 


P P/ a \/ Ct A' 
a + a\r-c,Ar x a'-a 



( 2 ) 


The first term in the right-hand member of the equation represents the 
direct tension stress due to the load, and the second term the maximum 
tension stress due to bending. In deriving the equation, distances meas¬ 
ured from the gravity axis toward the center of curvature were taken as 
positive and as negative if measured from the gravity axis away from the 
center of curvature. Hence the second term will give the maximum com¬ 
pression stress due to bending if c c is introduced as a negative quantity in 
place of c t . The bending stress at any distance from the gravity axis is 
obtained by using the distance with the appropriate sign in place of c t . 

Before determining A* graphically and as a check on the value of A' 
as determined graphically, treat the section as having sharp inside and 
outside corners (no fillets or rounded corners) and determine A' analyti¬ 
cally, following the method outlined in Article 17, Chapter 16. 

Having determined A f analytically, treat the upper half of the section 
as drawn with fillets and rounded corners and determine the value of one- 
half of A ! by the graphical method outlined in the latter part of Article 17, 
Chapter 16. The graphical work may be simplified and the measurement 
of one-half A' facilitated by remembering that the side walls may be 
moved parallel to the gravity axis to the center line of the section, thus 
converting the hollow to a solid section, without affecting the value of A'. 

Having found A' and having A, compute the direct stress, the maxi¬ 
mum tension and compression stresses due to bending, and the resultant 
maximum tension and compression stresses. 

TJnder working conditions the frame is subjected to a repeated load 
varying from zero to a maximum. It can be assumed that there is no 
shock. By the method of Article 10, Chapter 19, determine the allowable 
stress, using a fatigue stress concentration factor of 1.2 and a factor of 
safety of 2.25. The yield strength of the material may be taken as O.Qu t 
and the endurance limit s r in reversed bending as 0A7ut- 

State if the assumed section is of sufficient strength. 

6. Distribution of Stress over the Section.—Immediately below the 
equilibrium diagram about a horizontal line 2\ inches above the bottom 
border line, the distribution of stress over the section is to be plotted to a 
scale of 1 inch=2000 lbs. per sq. in. Tension stresses due to bending are to 
be plotted above and compression stresses below the reference line. The 
direct tension stress is to be plotted below the reference line so that it will 
automatically add to or subtract from the bending stresses to give the 
resultant stresses. 



DISTRIBUTION OP STRESS OVER THE SECTION 


73 


For curvature considered, the following are to be computed in addition 
to the direct stress and the maximum stresses due to bending that have 
already been computed: 

Bending stresses at distances of zero and 10 inches to the right of 
the gravity axis; 

Distance from the gravity axis at which the bending stress is zero; 

Compression stress due to bending at a distance of 13 inches to the 
left of the gravity axis. 

The apparent induced stresses computed under Article 4 above for 
curvature neglected are also to be plotted. 

Determine the percentage the actual maximum tension stress due to 
bending as determined by equation (2) exceeds that determined by equation 
(1), and the percentage the maximum compression stress due to bending 
as determined by equation (1) exceeds that determined by equation (2). 
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HELICAL SPUR REDUCING GEARS AND HOUSING 
TEN HORSEPOWER SQUIRREL-CAGE INDUCTION MOTOR 

1. Specifications.— This problem will consist of the design of a pair of 
helical spur gears and a casing to house them for a single reduction gear- 
motor. The type of gearmotor is shown in Figs. 1, 2, and 3. The gears, 



Courtesy of Westinghouse Electric and Manufacturing Company. 

Fig. 1. 


shafts, bearings, and housing are to form a unit which, when bolted to the 
end of the motor frame, will form a compact, neat-appearing drive. The 
gears are to be fully enclosed and splash lubricated. The specifications 
are: 

Westinghouse Squirrel-Cage Induction Motor; 

Rated horsepower of motor= 10; 

R.P.M. of 60-cycle, 4-pole motor=1750 under rated load; 

R.P.M. of 60-cycle, 6-pole motor=1160 under rated load; 

Starting torque=150 per cent of rated torque; 

Guaranteed maximum torque=200 per cent of rated torque; 

There are to be 14 ratios in geometric progression of the motor shaft 
to the output shaft speed, the maximum ratio being 5 and the 
minimum 1.12+; 

The dimensions of the end of the motor frame and of the motor 
shaft are shown in Fig. 4. 
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The gear housing is to be fastened to the end of the motor frame by 
four b inch studs equally spaced on each side of the horizontal and vertical 
center lines of the motor on a bolt circle 14 J inches in diameter. The 
housing is to be so drilled that it may be attached to the motor with the 
output shaft vertically above or below or horizontally to the left or right 
of the motor shaft. The cover is to be fastened to the gear housing by 
six | inch cap screws with hexagon heads. 



The solution of the problem will consist of an 18X24 inch drawing and 
a set of computations with division headings corresponding in number and 
title to the articles of this chapter. 

2. Helical Spur Pinion and Gear.—The gear blank is to be forged of 
S.A.E. 1045 carbon steel and the pinion of S.A.E. 3140 nickel-chromium 
steel (Article 6, Chapter 18). The gear and pinion blanks are to be 
annealed before, and hardened and tempered after ma c hinin g. After the 
final heat treatment the material of the gear will be considerably weaker 
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than that of the pinion, and, in consequence, the gear teeth will be weaker 
than the pinion teeth. 

The smaller the pinion the greater will be the tooth load for a given 
horsepower and revolutions. Hence the tooth size that will be of satis¬ 
factory strength for a speed ratio of 5 between the motor and output shafts 
will be satisfactory for the lowest and intermediate ratios. The minimum 
distance between the motor and output shafts may therefore be assumed 
to be fixed by the minimum size of pinion and gear for the highest speed 
ratio of 5. 

For sufficient strength the gear teeth must be large enough to withstand 
the maximum torque. 

Since the motor would operate only for short intervals under the maxi¬ 
mum torque, the wearing qualities of the gears should be based on the 
dynamic loads corresponding to the rated horsepower at 1160 and at 
1750 R.P.M. 

The end of the motor shaft to receive the pinion is 1 inch in diameter 
and Iff inches long. To facilitate mounting the oil disk for the splash 
lubricating system, the width of the pinion will be made 1 ff inches. To 
clear the oil disk, the gear will be made 1 f inches in width, or ^ inch less 
than the width of the pinion. Hence the effective width of face of the 
pinion and gear will be If inches. 

The gears are to be single, not herringbone, helical gears. Following 
the recommendations of the A.G.M.A. for commercial gears, the design 
of the gears will be based on the diametral pitch in the plane of rotation, 
using 20-degree involute stub teeth and a helix angle of 23 degrees. To 
obtain the smallest combination of pinion and gear, the number of teeth 
on the pinion should be as small as is consistent with satisfactory operation 
and quiet running, say 24 teeth. To find a solution it will be necessary to 
use gears of the highest class. Compute the following: 

Torque on pinion shaft and turning moment on gear corresponding 
to the rated horsepower and to 1160 and to 1750 R.P.M. of motor; 

Maximum torque on pinion shaft and maximum turning moment 
on gear corresponding to 1160 and to 1750 R.P.M. of motor; 

Diametral pitch by the Lewis equations for induced and allowable 
stresses (Article 5, Chapter 20). 

Paul H. Black, in “An Investigation of the Relative Stresses in Solid 
Spur Gears by the Photoelastic Method ” (University of Illinois Bulletin 
288) states, as one of the conclusions, that the bore of a pinion, having not 
more than 24 teeth, should not exceed 

d=D(0.50+0.0344V'7V r -12), (1) 
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where D-the pitch diameter in inches; 

N — the number of teeth. 

To reduce the localized stresses to a minimum, the best location of the 
keyway in solid straight spur gears was found to be directly below a tooth 
space and not directly below a tooth. 

The R. D. Xuttall Company recommends a minimum thickness of 
metal between the bottom of a tooth space and the keyway of 

VO20 N 

t=z- - (Article 18, Chapter 16), (2) 

V'c 

where N is the number of teeth and p' c the diametral pitch. 

Assuming a square key of standard proportions (Table 18, Chapter 26), 
check the pinion by the equations given above and then compute the 
following: 

Minimum width of face (Article 5, Chapter 20); compare the result 
with the width of face being used; 

Dynamic loads (Article 6, Chapter 20) for the maximum torques 
and rated torques for 1160 and 1750 R.P.M.; 

Value of K for satisfactory wear (Article 7, Chapter 20); 

Brinell hardness and suitable heat treatments for pinion and gear; 
Beam strength (Article 6, Chapter 20); 

Ratio of TF& and Wa, and state if gear teeth are of satisfactory 
strength. 

Having found a solution, record the following for pinion and gear: 

Material Width of face 

Brinnell hardness number Pitch diameter 

Number of teeth Outside diameter (Addendum ==0.8/p' c ) 

Diametral pitch Root diameter (Dedendum^l.O/p'c) 

3. Pinion and Gear Shafts.—The pinion shaft is subject to combined 
bending and torsion and, because it rotates, is subject to fatigue loading. 
There will be stress concentration in the fillet at the shoulder against 
which the pinion bears. 

The shafts are to be made of S.A.E. 1045 carbon steel. Assume the 
properties of the steel to correspond to the hot-rolled condition and obtain 
values for the ultimate and yield strengths from Article 6, Chapter 18. In 
the absence of a test value, the endurance limit s r for reversed bending 
may be taken as 0.5u t . 

For the type of machine being designed there is a question as to whether 
the dynamic load on the pinion and gear teeth for the maximum torque 
and 1160 R.P.M. would be as high as computed in the previous article. 
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However, to be on the safe side, the maximum value of the dynamic load 
as applied to the pinion will be applied in checking the diameter of the 
pinion shaft. From the tangential component Wd determine the radial 
and axial components. Assuming the component forces to act in the mid 
plane of the pinion, determine the maximum bending moment at the shoul¬ 
der due to the tangential component, the maximum bending moment due 
to the radial and axial components, and the maximum resulting bending 
moment M; compute also the maximum torque M t corresponding to Wd. 

Because of the rotation of the shaft, the stresses due to bending are 
reversed each revolution, whereas the stresses due to torsion remain con¬ 
stant. Hence, in checking the shaft by the method of Article 11, Chap¬ 
ter 19, e x = — 1 and e T =+l. The fatigue stress concentration factor for 
torsion combined with bending is less than for bending alone and greater 
than for torsion alone. Inspection of Fig. 24 and Table 5 and of Figs. 6 
and 7 of Chapter 19 indicates that 1.6 would be a reasonable value for the 
fatigue stress concentration factor k . In view of the safe assumptions made 
above, a factor of safety of 1.75 may be used. Determine the diameter of 
the pinion shaft and make a change if found necessary. 

The diameter of the outer end of the gear shaft is 2 inches. Assuming 
the bending and twisting of the gear and pinion shafts to be similarly 
related, a sufficiently satisfactory check of the gear shaft may be obtained 
by relating the diameters of the gear and pinion shafts to the torques and 
computing the required diameter of the gear shaft. 

4. Ball Bearings.—Ball bearings require less lubricant than ordinary 
bearings, and it is generally easier to provide for their lubrication over long 
periods of time. Although larger in diameter than ordinary bearings, 
they occupy less axial space along the shaft. Hence, in the present in¬ 
stance, the use of ball bearings will enable the distance the gear housing 
extends beyond the end of the motor to be reduced. To reduce the over¬ 
hang to a minimum, narrow, or single row, ball bearings will be used. 

For a given period of time, the load-carrying capacity of a ball bearing 
depends on the size and number of balls, the curvature of the races and 
other design features, the material and workmanship, the ratio of the 
diameter of the rotating race to the diameter of the balls, the revolutions 
per minute, and the character of the loading. In selecting a ball bearing 
the desired life must be estimated, and the character of the load must be 
known—that is, whether steady, moderate shock, or severe shock load. 

To support the motor and output shafts, single row, radial ball bearings 
are to be used. The bearings are to be selected from the catalog of a 
reputable manufacturer. Such catalogs give tables of load ratings, the 
permissible relation between the radial and thrust components of the load, 
safety factor curves, and typical examples of bearing selection. 

In computing the radial load on the motor bearing nearest the pinion, 
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the rotor may be assumed to weigh 160 pounds, or 80 pounds on each motor 
bearing. Compute the tangential, radial, and thrust components of the 
load on the pinion for the rated capacity for 1160 and for 1750 R.P.M. 
and then compute the resultant radial load for each speed. 

The selection of a ball bearing for the pinion shaft is to be based on an 
expected life of 15 years of 300 days of 8 hours each and on a factor of 
safety equal to the mean of that for a steady and for a moderate shock 
load. Compute the required load capacities for the two speeds, select a 
bearing, and record the dimensions on a sketch of the bearing. A bearing 
of the same size may be used on the inner end of the output shaft. 

The outer end of the output shaft is to be 2 inches in diameter and is to 
project 4 inches beyond the housing. The bore of the outer ball bearing 
will therefore be slightly larger than 2 inches. It may be of the same series 
as the other bearings. Select a bearing and record on a sketch the dimen¬ 
sions of the bearing. The diameter of the shoulder next to the ball bearing 
may be obtained from the catalog of the manufacturer. The bore of the 
gear should correspond to the shoulder diameter recommended for the 
inner bearing or to the diameter of the outer end of the shaft, whichever 
is the larger. 

5. Drawing.—The drawing is to have the following two-line title: 

Reducing Gears and Housing 
10 Horsepower Gearmotor 

A side elevation in section of the gear casing and end of the motor frame is 
to be drawn half size in the left portion of an 18X24 inch sheet of drawing 
paper. The gear is to be drawn directly above the pinion. The location 
of the motor shaft is given in Fig. 4. The end view of the housing, with 
the cover plate removed, is to be drawn in the right portion of the sheet 
with the center of the motor shaft 6 inches from the right border line. 

The clearance between the field coils and the inner wall of the casing is 
to be not less than | inch above the motor shaft and not less than 1 inch 
below the motor shaft. 

The diameter of the disk for throwing the oil should be somewhat 
larger than the largest pinion, and the inside diameter of the gear casing 
should be sufficient to clear the disk and largest gear and provide room for 
the six | inch cap screw lugs. 

An oil seal is to be provided where the motor shaft passes through the 
inner wall of the gear housing and where the output shaft passes through 
the housing cover. For the dimensions of oil seals, see Table 1. 
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TABLE 1 

Peefect Oil Seals 

(Chicago Rawhide Manufacturing Company) 



Dimensions in Inches 


Shaft 

Outside 

Width 

Shaft 

Outside 

Width 

Diameter 

Diameter 

Diameter 

Diameter 

d 

D 

w 

d 

D 

w 

i -u 

1.832 

IS 

2 re -2 A 

3.256 

i 


2.004 

A 

2f~2& 

3.505 


l 

2.110 

ft 

2|—2f 

3.756 

i 

iA-m 

2.378 

i 

2if-3f 

4.130 

A 

1A-1I 

2.506 

i 

3A~3f 

4.381 

5 

8 

uhi 

2.690 

i 

3i^-3f 

4.626 

5 

8 

Iff-2 

2.879 

i 

8H-4 

4.881 

5 

8 
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STEAM ENGINE FLYWHEEL 

1. Introduction.—It is the function of the flywheel to prevent undesir¬ 
able fluctuations of speed or of displacement during each energy cycle; 
it is the function of the governor to maintain equality between the total 
energy generated and the total energy required for each energy cycle. Since 
a governor cannot act instantly and with absolute precision, the period 
required to adjust the supply of energy to the demand may be, for sudden 
and considerable changes of load, several times the energy cycle period 
corresponding to normal running under practically constant conditions. 
Although the characteristics of the governor cannot always be neglected 
they usually are and may be neglected in designing flywheels for ordinary 
kinds of service. 

It is found satisfactory for ordinary kinds of service to base the design 
of the flywheel on an allowable speed variation during an energy cycle. 
The maximum permissible variation in speed depends on the service for 
which the flywheel is intended. The permissible variation is usually 
expressed as a percentage or decimal part of the average speed of rotation. 
Such percentages, usually called coefficients of fluctuation, are to be found 
tabulated in hand-books and books on design for various classes of 
service. As will be shown the weight and design of the flywheel for any 
given limit of fluctuation depends on the maximum excess or deficiency 
of the available energy with respect to the load during the energy cycle. 

The present problem relates to a simple, double acting steam engine 
under a constant load. Energy is, therefore, supplied to the crank shaft 
at a variable rate and taken off, or delivered, at a constant rate. Hence, 
the effort curve will be an irregular curve and the load curve a straight line 
parallel to the base line. If, however, the engine were directly con¬ 
nected to an air compressor or pump, the load curve as well as the effort 
curve would be an irregular curve. In such a case, as in the present 
problem, the two curves would be superimposed and the area representing 
the maximum excess or deficiency of energy during an energy cycle would 
be similarly determined and used as a basis for the design of the flywheel. 

2. Data and Specifications.—This problem is to consist of the design 
of a two piece cast iron flywheel for a simple, double acting, condensing, 
Corliss engine. The engine 'will be assumed to drive a direct-current 
generator under a constant load. It is also to be assumed that the gen- 

*An estimate of the time required to cover the work of this Chapter is given at the 
dose of the Chapter. 
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erator is directly driven by the engine, the rotor of the generator being 
mounted on the crank shaft. The flywheel will therefore function as a 
flywheel only and not as a sheave or band wheel as well, and mil have a 
thick, rigid rim. Although the inertia, or flywheel, effect of the rotor of 
the generator may be considerable, it is often neglected in designing the 
flywheel. This neglect gives additional assurance that the fluctuation 
assumed will not be exceeded. 


Diameter of piston.. . 

Stroke. 

R.P.M. 

Connecting-rod length 
Initial steam pressure. 

Back pressure. 

Admission. 

Cut-off. 

Release. 

Compression. 


20 " 

42" 

90 

105" 

75 lbs. per square inch gauge 
2.5 lbs. per square inch absolute 
0.97 stroke 
0.20 “ 

0.97 “ 

0.85 “ 


The coefficient of fluctuation is usually expressed as the difference 
between the maximum and minimum rate of speed during an energy cycle 
divided by the average rate of speed. 

Coefficient of fluctuation = a=———. 

v 


The following values have been taken from various handbooks and 
books on machine design: 


Kind of Service 


Hammering, stamping, and crushing machinery. .20 

Punching and similar machines. . 100 to . 150 

Pumping machinery and saw mills. .030 to .050 

Rolling mills.. f. .033 

Machine shops, textile, paper, and flour mills. .025 to .030 

Sugar mill—grinder. . 024 

Sugar mill—crusher. .014 

Spinning mills, coarse thread. .016 to .025 

Spinning mills, fine thread. .010 to .020 

Gas compression. .016 

Cable railways. . 008 

Direct-current generators... .007 

Direct-connected alternators. 


120 (electrical cycles/sec.) 
p = number of poles «- 
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The following information relating to steam-engine design practice 
is from a paper by John H. Barr before the American Society of Mechanical 
Engineers, Vol. XVIII, 1897, and from Bulletin No. 252, 1907, of the 
University of Wisconsin by Ole N. Trooien. The information given 
furnishes a ready means of obtaining the additional data needed for this 
problem and will be found of help should it be desired to change the data 
and specifications for the problem. The information given relates to 
“ high-speed ” and 'Tow-speed ” engines. High-speed engines are usually 
fitted with shaft governors, are seldom run at piston speeds above 600 feet 
per minute, and usually have a stroke about equal to the cylinder diameter, 
the cylinder diameter seldom exceeding 20". The stroke of low-speed 
engines may run from 2 to 4 times the cylinder diameter. Such engines 
usually operate at less than 120 R.P.M. and are usually fitted with trip 
cut-off valve gears and "fly-ball ” governors. Medium-speed engines are 
usually fitted with positively driven valves of various kinds and operate 
at piston speeds around 600 feet per minute. 

In quoting below the empirical and semi-rational proportions from 
Barr and Trooien the minimum, mean, and maximum values of the 
constants are given thus, 0.125 (0.150) 0.187. The approximate weight of 
the reciprocating parts per square inch of piston is given for average pro¬ 
portions and piston speeds. The notation is as follows: 

D =diameter of piston in inches; L =length of stroke in inches; 

A =area of piston in square inches; N =R.P.M.; 

H.P. - indicated horsepower 


Simple High-speed Simple Low-speed 
Engines Engines 


Ratio of stroke L to piston diameter 
D (Trooien): 

For N>200 . 

For iV = 110 to 200. 

For V< 110 (L—8) -s-D. 

Piston speeds (Trooien). 

(Barr). 

Clearance volume. 

Piston-rod diameter (Trooien). 

(Barr). 

Crank shaft, main journal (center 
crank for high speed, side crank 
for low speed): 

Diameter d (Trooien). 

Length. 


.82(1.07)1.55 


320(605)920 
530(600)660 
6 to 13% 
5(.150).187V5Z 


1.03(1 '36)1.88 

1.15(1.63)2.40 
400(592)800 
500(600)850 
2 to 6% 

.100(.114).156V£L 

mn/ im\ ion. /nr 


5.4(6.6)8.2 1 6.4(7.2)8.0 -~-.30 

1.6(2.1)2.9 d 1.62(1.90)2.20 d 
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Simple High-speed 
Engines 


Simple Low-speed 
Engines 


Projected area. 

Diameter d (Barr). 

Length. 

Projected area. 

Weight of reciprocating parts per 
square inch of piston in pounds 
(piston, piston-rod, cross-head, and 
one-half of connecting-rod). 


.32(.4S).78 A 
6.5(7.3)8.5 

2.0(2.2)3.0 d 
.37(.46).80A 



■50(.60).66 A 

% 3 /h.p. 

6 . 0 ( 6 . 8 ) 8.0 JJ— 

1.7(1.9)2.1 d 
.46(.56).644 


(5£>+25)Z» 
100 D 


Flywheel rim speed in feet per second 

(Trooien). 

Outside diameter of flywheel in inches 

Di (Trooien). 

Width of face in terms of outside 
diameter of flywheel (Trooien).... 
Square feet of belt surface per minute 

(Trooien). 

(Barr). 

Flywheel key—width w and thickness 
t in inches in terms of the diameter 

of shaft d at the main bearing. 

Diameter of shaft at flywheel. 


48 to 70 

3.4(4.4)5.0 L 

.24(.31).46[Di—18] 

10(26.5)55[H.P.] 

40(55)70[H.P.] 


40 to 68 

3.25(4.40)5.25 L 

.18(.22).30[Z>i—50] 

3.2(21)35[H.P.] +1000 
30(35)42[H.P.] 


«-*<*+*" 

t=id+i" 


d+t+i" 


3. Diagrams, First Drawing (18"X24" Paper)—To fi lx upon the 
weight of the flywheel the maximum excess or deficiency of energy during 
an energy cycle must be determined. The object of the first drawing is to 
determine this excess or deficiency. To do this it will be necessary to 
draw the probable indicator cards, the net steam pressure lines, the inertia 
curve of the reciprocating parts, and the radial and rectified tangential 
effort diagrams. 

The general layout of the sheet is shown in Fig. 1. For this problem 
the respective distances a, 5, c, and d are to be taken 4f", 5J", 71", and 
2|". All of the curves and diagrams are to be properly labeled, and the 
graphical construction used to obtain a point on each curve or diagram, 
corresponding to some convenient crank position, is to be clearly indicated. 
A linear scale of 1§" = 12" and a pressure scale of 1" = 40 lbs. per square 
inch are to be used. After finishing the curves and diagrams the following 
items and corresponding values are to be tabulated in a convenient space 
on the sheet: 
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Diameter of piston 

Stroke 

R.P.M. 

Connecting-rod length 
Diameter of piston-rod 
Weight of reciprocating parts 
Clearance volume 
Coefficient of fluctuation 


Initial steam pressure 
Back pressure 
Admission 
Cut-off 
Release 
Compression 
I.H.P. from cards 
I.H.P. from mean ordinate of 
tangential effort diagram 



4. Indicator Cards. —The usual procedure is to design the flywheel for 
a cut-off corresponding to the normal rated horsepower of the engine. 
For simple Corliss and high-speed automatic engines the normal cut-off 
ranges from 0.20 to 0.25 the stroke, and is about 0.60 the stroke for simple 
throttling slide-valve engines. It should not be overlooked that it may 
be well worth while to investigate the overload conditions in designing a 
flywheel. It is easily possible for the fluctuation of speed at overload 
capacity to be as much as 50 per cent greater than at normal load. 

The indicator card should be as near as may be to the probable actual 
card. Books on steam engine design relate the mean effective pressure 
as obtained from actual indicator cards to the mean pressure as obtained 
from some assumed theoretical card. The theoretical card usually used 
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assumes the engine to have cut-off, hyperbolic expansion to the end of the 
stroke, and exhaust at back pressure throughout the return stroke with 
no compression. For simple slide valve engines the ratio of the actual 
to the theoretical card areas, or the ratio of the mean effective pressures, 
is about 0.75 and about 0.90 for simple Corliss engines. This ratio is called 
the diagram factor. If for this problem the sharp corners at cut-off and 
release are rounded off, the card will fairly well approximate the probable 
actual card. 

The head end and crank end cards are to be made alike in all respects, 
using the cut-off given in Article 2. The hyperbolic expansion and com¬ 
pression curves may be plotted graphically. It is sufficiently accurate in 
drawing the cards to assume atmospheric pressure as 15 lbs. per square inch. 
The area, mean effective pressure, and indicated horsepower should be 
given for each card. 


p = mean effective pressure per square inch; 

A = area of the piston in square inches; 

L = length of stroke in feet; 

A=the number of double strokes per minute. 

6. Net Steam Pressure Lines. —The net steam pressure at any instant 
is the difference in pressure on the head end and crank end sides of the 
piston at that instant. The net steam pressure lines, representing the 
variation in the net pressure throughout the forward and return strokes 
of the piston, are to be drawn directly below the indicator cards. If the 
pressure on the H.E. side of the piston exceeds that on the C.E. side, 
the net pressure is to be laid off above the reference line, and is to be 
laid off below this line if the pressure on the C.E . side exceeds that on the 
H.E. side. By so doing one inertia curve will serve for both the forward 
and return strokes. 

Before plotting the net pressure lines and the inertia curve divide the 
crank circle into 24 equal parts and find the corresponding cross-head 
positions. Through the positions thus found draw light vertical lines to 
use in plotting the curves. 

6. Inertia Curve. —For any angular displacement (0) of the crank in 
degrees from the head-end dead center position, the inertia force of the 
reciprocating parts, the force necessary to accelerate the reciprocating 
parts at the rate they are being accelerated at the instant, is: 

rj TF/2xiV'\ 2 r) / cos20\ 
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T his equation is based on the assumption that the crank rotates at a 
uniform rate. 

W = weight of the reciprocating parts in pounds. In determining 
this weight about one-half the weight of the connecting-rod 
is included as a means of allowing for a part whose motion 
partakes of both oscillation and reciprocation. The total 
weight of the reciprocating parts or the weight per square 
inch of piston may be substituted for IF as desired. 

P = inertia force of the reciprocating parts in pounds total or 
pounds per square inch depending on the value used for W; 
R.P.M.; 

R — radius of crank in feet; 

ft=ratio of connecting-rod to crank length; 

6 = angular displacement of the crank in degrees from the head- 
end dead center position. 

For any given problem the above equation may be written: 

n ( cos 2 Q\ 

P=CI cos i-). 

\ ft 

For displacements 6 by 30° increments from zero to 360°, construct a 
table for each factor in the right and left hand members of the equation 
including a column for the ordinates of the curve to be plotted. This 
method of determining the inertia curve is more accurate than the approx¬ 
imate graphical constructions sometimes used and takes very little if 
any more time. 

7. Tangential Effort Diagrams. —Having the net steam pressure curves 
and the inertia curve the ordinate representing the effective force at the 
cross-head pin for any position of the cross-head is available for determining 
the corresponding tangential force at the crank pin. The corresponding 
tangential force at the crank pin is to be determined graphically in accord¬ 
ance with the method outlined in Article 9, Chapter 14. The tangential 
effort for each crank position throughout the energy cycle is to be laid 
off from the crank circle on the center line of the crank extended and the 
radial tangential effort diagram plotted. It is to be noted that in this 
problem an energy cycle is completed each revolution of the crank. 

The radial tangential effort diagram shows how the tangential force 
varies during the energy cycle. To determine how the energy varies during 
the cycle it is necessary to rectify the radial diagram,—that is, the ordinates 
of the radial diagram must be laid off from a straight base line representing 
the length of the path of the crank pin for the cycle. The area under 
the rectified curve will be proportional to the energy delivered to the 
crank shaft during the energy cycle. Superimposing the load curve makes 
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it possible to determine when and in what amounts the supply of energy 
is greater or less than the demand. 

In order to get the maximum excess or deficiency of energy during the 
energy cycle it is necessary that the ordinates of the tangential effort 
diagram be proportional at each instant to the total tangential effort at 
that instant. If the ordinates of the rectified tangential effort diagram 
are made proportional at each instant to the tangential effort per square 
inch of piston area, then the ordinates will not be proportional to the 
total tangential effort at the instant, since the area of the H.E. side of the 
piston is greater than that of the C.E . by an amount equal to the cross- 
sectional area of the piston rod. In general the neglect of the effect of 
the rod leads to only a slight error. If it is desired to take the sectional 
area of the rod into account the proper changes must be made in the 
ordinates as obtained from the radial tangential effort diagram before 
plotting the rectified diagram. 

In this problem the engine has been assumed under a constant load. 
The load curve will, therefore, be a straight line parallel to the base line. 
To determine the load curve the mean ordinate of the rectified diagram 
must be found. In getting this mean ordinate, Durand’s rule may be 
used. It is based on the trapezoidal and Simpson’s rules and is prac¬ 
tically as accurate as Simpson’s rules and about as easy to apply as the 
trapezoidal rule. 

Durand’s Rule .—To the sum of all the ordinates add 0.08 the sum of the 
second and next the last and subtract 0.58 the sum of the first and last 
ordinates. Multiply the sum thus gained by the common distance between 
the ordinates to find the area, or divide this sum by the number of spaces 
to find the mean ordinate. Apply this rule to each of the two parts of the 
rectified tangential effort diagram. Instead of measuring each ordinate 
separately, mark the ordinates off along the edge of a sheet of paper and 
take the sum of the ordinates in one measurement. This method of getting 
the sum is not only much quicker, but is more accurate than to measure 
each ordinate separately and then to take the sum of the various scale 
readings. 

Draw the load curve and determine the areas in square inches repre¬ 
senting the excesses and deficiencies of energy during the cycle. The 
following items are to be entered in the computations: 

Computations for the scales of the diagrams; 

Mean ordinate of the rectified tangential effort diagram; 

Foot pounds per square inch of piston represented by each square 
inch of area of the rectified tangential effort diagram; 

Area in square inches representing the maximum variation of 
energy per energy cycle; 
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Total maximum variation of energy per energy cycle; 

Maximum torque on the shaft from the effort diagram; 

I.H.P. from indicator diagrams; 

I.H.P. from uniform tangential effort diagram. 

8. Flywheel, Second Drawing (18"X24" Paper).—The flywheel is to 
be a two-piece wheel held together at the hub by four steel bolts and at 
the rim by four steel links. In Fig. 2 is shown the mold for such a wheel 
with the cores to form the bar holes and link slots in place. It is also 
possible to follow to some extent the outlines of the embedded cores to 
form the arms. 



Fig. 2. 


The ends of the rim on each half of the wheel are to be machined 
to a fit before the wheel is bored and turned. Each half is so cast that on 
assembling the wheel after finishing the ends of the rim, the halves of the 
hub will lack from 1 " to 2" of coming together. Since the halves of the 
hub do not meet, the holding bolts should be located as close to the shaft 
as is convenient to reduce the bending action on the hub and arms. A 
satisfactory length for the hub is easily determined by properly locating 
the bolts longitudinally. Sufficient clearance should be provided between 
the nuts and the arms to facilitate the use of a solid wrench. 

Two-piece wheels of ordinary construction are frequently cast in one 
piece with the hub divided and the rim almost completely divided along a 
diameter by means of comparatively thin cores. After boring and turning, 
the wheel is broken and the broken joint in the rim relied upon to keep one 
half from moving with respect to the other half. The objection to this 
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practice is that the rough broken joints of the rim are very apt to become 
multilated before the wheel is assembled on the shaft and it becomes 
practically impossible to correct the trouble and to restore a fit. Where 
the ends of the rim are machined to a fit, just what is necessary to correct 
any mutilation and to restore the fit is always evident. The tongue and 
groove arrangement shown in Fig. 6 may be used to align the halves of 
the wheel, or keys or dowels may be used. 

Since the wheel is to be used simply as a flywheel and not as a sheave 
or band wheel as well it will have a thick, rigid rim and the bending stress 
in the rim due to centrifugal action will not be serious. There is, therefore, 
very little objection to parting the wheel along a diameter midway between 



Fig. 3. 


the arms. For two piece fly sheaves or fly band wheels, parting midway 
between the arms is objectionable. The ends of the rims of such wheels 
must be flanged and bolted together. This results in a local massing of 
metal between the arms which under centrifugal action seriously augments 
the bending of the rim. Such wheels should be parted along a diameter 
through a pair of diametrically opposite arms. 

9. Weight of the Flywheel. —The kinetic energy of a revolving mass 
M having a radius of gyration p and angular velocity cc is: 


The radius of gyration of a wheel rim of rectangular cross-section of 
outside radius Ri and inside radius R 2 is: 
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Where the depth, or thickness, of the rim is small as compared to the 
radius of the rim, very little difference will be found between the mean 
radius and the radius of gyration of the rim. In the usual run of cases 
it is satisfactory to use the mean radius as the radius of gyration of the 
rim, as it leads to practically identical results. Hence the kinetic energy 
of a revolving rim of weight W is: 

W 

E,=~a> 2 R 2 

For wheels of ordinary proportions the radius of gyration of the hub 
and arms is about 0.57 the mean radius of the rim. The weight of the 
hub and arms runs from 0.25 to 0.56 the total weight of the wheel for 
high-speed engines and from 0.32 to 0.48 for low-speed engines. It is 
quite common to assume the weight of the hub and arms as about 0.40 
the weight of the rim for both high- and low-speed engines. Hence the 
kinetic energy of the hub and arms is: 

W 0 40IY W 

E a =^u 2 p 2 =-——a) 2 (Q.5 7 R) 2 = 0.13“-a> 2 E 2 
2g 2g 2 g 

Hence the inertia effect of the hub and arms is about equivalent to 0.125 
the mass of the rim at the mean radius of the rim, and the kinetic energy 
of the revolving wheel becomes: 

W 

E =1.125—o 
2 

The energy stored or given up during a change in angular velocity from 
oji to m becomes: 

E= 1.125— (on 2 R 2 ~oi 2 2 R 2 ) = 1.125— (v^ 

2 g 2 g 

W =weight of wheel rim in pounds; 

^i=maximum velocity at the radius of gyration of the rim in feet 
per second; 

V 2 =minimum velocity at the radius of gyration of the rim in feet 
per second; 

v —average velocity of the rim in feet per second at the radius of 
gyration as obtained from the R.P.M.; » 

a —maximum allowable variation of speed during the energy 
cycle = (vi—V 2 )+v. 

Professor Benjamin (Trans., A.S.M.E., Yol. XX) determined by 
experiment the bursting speeds of wheels of various types of construction. 
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The bursting speed for two-piece cast iron wheels with thick, heavy rims 
was about 300 feet per second, and about 225 feet per second for two- 
piece wheels with wide, thin rims divided along a diameter through 
diametrically opposite arms. Using a factor of 3 with respect to the 
bursting speed, which is equivalent to using a factor of safety of 9 with 
respect to the stress, yields a safe speed of 100 feet per second for the 
first type of wheel mentioned and 75 feet per second for the second type of 
wheel. Because of other limiting conditions 100 feet per second would 
yield too large a wheel for the problem in hand. In fixing on the mean 
radius of the wheel rim, use the limits of rim speed given under Article 2. 

By definition v\ — vo = av 

Assuming v± +i ’2 =2 v 


Then vi 2 — v- 2 2 =2av 2 

White an expression for the weight of the rim in terms of g, E, a, and v 
and compute the weight of the rim. 

10. Rim Section.—Assuming the wheel of cast iron, write an expres¬ 
sion for and determine the area of cross-section of the rim. 

The usual type of rim section is rectangular or as shown in Fig. 4. The 
form shown is usually regarded as presenting a better appearance than 

the plain rectangular section. Wheel rims 

j__of either form are usually completely machined 

] on the sides as well as on the face. Where 
A —P the rim section is so small that the link 
1— pockets would cut into the finish bands on 
the sides, the rim section is often made rect¬ 
angular. 

The thickness of the rim t is made equal 
to or somewhat greater than w. In fixing on 
the dimensions of the rim section it is help¬ 
ful, in obtaining proportions that are satis¬ 
factory, to make half-sized sketches of the assumed section. The bar 
holes in the face of the rim may be spaced from 8" to 10" apart. The bar 
holes should be longer than they are wide and of a depth about equal to 
the width. 

By giving the rim an I section it is possible to bring the strength of the 
rim joint up to equality with that of the rim section. To use such a 
section would necessitate certain changes in the treatment to follow. 

11. Flywheel Arms. The arms of a flywheel are subjected to a certain 
amount of direct pull due to the expansion or enlargement of the rim 
under centrifugal action. The arms are in addition subjected to a bending 


us- 
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action due to the transmission of torque from the rim to the shaft or from 
the shaft to the rim. If the engine is not under load this torque may 
amount, on starting up, to the possible maximum torque due to the initial 
steam pressure. If a load is suddenly thrown on, the torque transmitted 
from the rim through the arms to the shaft may, at least for a short interval, 
amount to the difference between the torque required by the load and the 
torque being delivered to the crank shaft. In rolling-mill engines this 
action may be very severe. In a great many cases the maximum possible 
torque to be allowed for is difficult to determine. Where the action may 
be severe the possible torque to be transmitted by the arms is sometimes 
taken as 0.75 to 1.00 times the torsional strength of the shaft. The diame¬ 
ter of the shaft between the flywheel and the load may be taken equal to 
the diameter of the shaft at the main bearing. 

The initial stresses due to shrinkage and unequal cooling are always 
uncertain in amount. These stresses are quite apt to be higher for one- 
than for two-piece wheels. In proportioning flywheel arms, low allowable 
stresses are used to cover the uncertainties regarding the initial casting 
stresses and the bending action on the arms. It is common to use an allow¬ 
able stress of ^ the ultimate strength of the material. 

Where the rim is thick and rigid it is reasonable to assume that each 
arm carries its proportionate share of the load due to any torque that may 
be transmitted from the rim to the shaft or from the shaft to the rim. 
Where the flywheel also functions as a sheave or band wheel the rim will 
be wide and comparatively thin, and the distribution of the load between 
the arms becomes more uncertain. Even for such wheels it is customary 
to assume that each arm takes its share of the load and to allow for the 
greater uncertainty by using a lower allowable stress. In this problem 
the arms are to be proportioned on the basis of the maximum torque from 
the tangential effort diagram or the torque corresponding to 0.75 the tor¬ 
sional strength of the shaft at the main bearing, depending on which will 
yield the larger arms. 

The usual rough approximate method is to consider each arm as fixed 
at the hub and free and unguided at the outer end, the direct tensile stress 
in the arms due to the radial expansion of the rim being neglected. In 
this problem both the direct pull in the arms and the bending of the arms 
will be considered. For wheels with thick, rigid rims the arms act as 
cantilevers that are fixed at the hub but free and guided at the outer ends. 
For wheels with wide, thin rims the arms act more like cantilevers fixed 
at the hub, but free and unguided at the outer ends. Where the arm is 
treated, as for thick, rigid rims, as free but guided at the outer end, the 
bending moment will be same at each end of the arm and only one-half 
as great as if the outer end were considered unguided (see Table 3, 
Chapter 26). Since the bending moment is the same at each end of the 
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arm the bending stress will be a maximum near the rim where the arm 
section is the smallest. As each arm is to be treated as subjected to 
direct stress action combined with bending, it will be necessary to sub¬ 
tract the direct stress from the allowable stress to obtain the allowable 
bending stress. 

The direct stress is to be determined on the assumption that the stretch 
of the arms is equal to that corresponding to free, unrestrained radial 
expansion of the rim. According to Professor Lanza's analysis of wheels 
of ordinary proportions the stretch of the arms is about 0.75 that corre¬ 
sponding to free radial expansion of the rim. To assume a stretch corre¬ 
sponding to free radial expansion yields a direct stress in the arms greater 
than the actual and, therefore, errs on the side of safety. Under these 
assumptions the direct stress in the arms becomes equal to the direct stress 
in the rim under free, unrestrained expansion. 


Let 


Then 


Hence, 


Z)=mean diameter of the flywheel rim; 

R~~ — approximate length of an arm; 

2i 

s=direct stress in the rim under free unrestrained expansion; 
E =modulus of elasticity of the material; 


Elongation of circumference = ttD (strain) = xD—; 

E 


Elongation of diameter 
Elongation of arm 
Strain in arm 
Direct stress in arm 


= ttD— -5- T = D —; 

E E’ 

=Lh-+2=R-^; 

E E’ 

Elongation R s s 

Length RE E 

g 

=E (strain) = E —=$ 

= direct stress in rim. 


A free revolving rim will tend to separate along a diameter due to the 
centrifugal action. The direct stress in the rim may, therefore, be obtained 
from the centrifugal force of one-half the rim and the area of the rim 
section. The centrifugal force of a revolving mass in pounds is: 
C=u 2 Md; 

co=angular velocity in radians per second; 

M=mass; 

5=distance in feet to center of gravity, or center of mass; 

2 R 
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The arms are to be elliptical in section and six in number. A quite 
common proportion is to make the minor axis of the section one-half the 
major. The taper, or change in the major axis, is usually taken about 

per foot. 

Determine the following: 

Direct stress in the rim due to free radial expansion of the rim; 

Direct stress in the arms due to an elongation corresponding to 
free radial expansion of the rim; 

Allowable tensile stress using an apparent factor of safety of 12; 

Allowable bending stress for the arms; 

Bending moment for the section of the arm next to the rim; 

Minor and major axis of the section of the arm next to the rim. 

12. Rim Links, or Keepers.—The links and bolts are to be made of 
steel. In fixing on the required cross-section for the links the holding 
power of the bolts at the hub is to be neglected; likewise in fixing on the 
size of the bolts the holding power of the links is to be neglected. 

In determining the cross-section of the finks a factor of safety corre¬ 
sponding to the factor of safety of the rim is to be used. To have the rim 
and links equally strong will result in a joint of highest relative strength. 
The maximum stress for the rim, and therefore the factor of safety for the 
rim, can only be approximated. According to the analysis of Professor 
Lanza (Trans. A.S.M.E., Yol. XYI) the approximate maximum stress 
in the rim of wheels of ordinary construction is: 

t =thickness of the rim in inches; 

n=number of arms; 

D =mean diameter of the rim in inches; 

v —velocity at the mean radius of the rim in feet per second. 

The above equation assumes that the radial expansion of the rim is 0.75 
as much as it would be if the arms did not restrain the rim. If the rim 
were free to expand radially the stress would be practically uniform over 
the rim section and equal to O.IOz; 2 for cast iron. The restraining effect of 
the arms causes the rim to bend between the arms. Treating each section 
of the rim between the arms as a beam fixed at the ends and uniformly 
loaded by the restrained portion of the centrifugal action yields that part 
of the stress in the rim which is due to the bending of the rim. In the 
above equation this is represented by (0.25D -r- tn 2 )v 2 . The part of the stress 
in the rim due to the radial expansion of the rim is 0.75(0.10v 2 ) = 0.075?; 2 . 
The treatment to be found in Unwin's “Elements of Machine Design," 
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Part II, page 275, will be found to yield quite similar results for ordinary 
proportions. 

Determine the approximate maximum stress in the rim and the factor 
of safety of the rim based on the ultimate strength of the material. 

The maximum stress determined applies to the rim section next to the 
arm. For a one-piece wheel the maximum stress in the rim section mid¬ 
way between the arms would be somewhat less. The effect of the link 
sockets is to raise the stress in the rim section near the joint. To make 
an allowance for the probable reduction of the relative strength of the 
joint, the allowable stress for the links is to be determined by using a factor 
of safety equal to 0.75 the factor of safety as above determined for the rim. 

Determine the allowable stress and cross-sectional area of the links, 
also the dimensions b and t for the links, assuming 5 = (1.25 to 1.35)2. 



The length of the slots in the rim to receive the links is to be made 
(3.5 to 4.5) Va, wdiere a is the cross-sectional area of a link in square 
inches. The links are made slightly less in length so that when heated and 
dropped in place they will, on cooling, draw the ends of the rim at the line 
of division firmly together. The slots in the rim are so formed as to make 
it possible to finish accurately the bearing surfaces for the link heads. 

The length of the slots having been fixed upon and the slots carefully 
finished where required, the original length of the links, the length before 
being heated, is fixed upon by limiting the induced stress due to shrinking 
in place to approximately the elastic stress for the material. 

It should be remembered that the cast iron between the heads of the 
links will compress as the links cool. The amount of compression of the 
cast iron may be obtained from the approximate average stress. If it be 
assumed that the cast iron in compression between the plane of division 
of the rim and the link heads is equivalent to the frustum of a pyramid 
whose base is square and equal in area to the bearing area at the plane of 
division of the rim and whose top is square and equal in area to the bearing 
area under the link heads, then the mean compressive stress in the cast 
iron between the link heads will be: 

P 

S ~y/Ta’ 
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P = final pull in two links in pounds; 

A = bearing area at plane of division of the rim in square inches; 
a — bearing area under two link heads in square inches. 



The value of the mean stress in the frustum of a right pyramid having 
a square base BXB and top bXb, under a total compressive load P } may 
be found as follows: 


But 


Hence 


Stress at any distance x=s x =—. 

y 2 

y B B b B-b 
x H an H H-h h ' 

B x(B—b) 
y=x —=-. 

a a h 

1 f* j p f B dx p p 

S— I S xdx — / — — . 

hJff^y 2 Bb v Aa 


Mean stress 
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For the frustum of a right pyramid having a base B 1 XB 2 and a top 


P , _ -B 1&2 
mean stress lo S e B , W 



Fig. 7. 


Determine the following: 

Final pull in two lints; 

Bearing area at plane of division of rim; 

Bearing area under heads of two links; 

Average stress in rim between the link 
heads; 

Total compression of rim between link 
heads; 

Final length of slots, or final length of 
links; 

Original length of links ( l ). 


13. Hub Bolts.—In proportioning the hub bolts the holding power of the 
links is neglected. It is quite common to assume that the centrifugal 
force tending to separate the wheel is taken by the four bolts and to 
use a factor of safety of about 6 in determining the size of the bolts. For 
large bolts an allowable stress equal to J the ultimate strength makes 
sufficient allowance for the stress due to “ setting up.” The bolts are 
usually made in the form of studs with two nuts on each end. Such bolts 
are often called stud bolts to distinguish them from studs. 

Another method of arriving at a suitable size for the bolts is to assume 
them sufficiently large to exert a grip on the shaft equivalent to a force fit. 
It is usually assumed that the equivalent fit would require a force of 5 
tons per inch of diameter of shaft to force the shaft through the wheel hub. 
Assuming a coefficient of friction of 0.25 makes it possible to obtain the 
internal pressure normal to the bore of the hub. Treating the hub as a 
cylinder under internal pressure makes it possible to obtain the pull in the 
four bolts. As before, a factor of safety of about 6 is suitable. 

Determine the size of the bolts. 

14. Supplementary.—For certain kinds of service it is not satisfactory 
to base the design of the flywheel solely on the allowable fluctuation of 
speed during the energy cycle. The proper basis for the design of the 
wheel may be the limiting displacement either side of any instant position 
of the wheel corresponding to uniform rotation. This is the case for 
alternating-current generators operating in parallel and for synchronous 
motors driving reciprocating machinery. If for a synchronous motor 
under a varying load the rotation lags or leads the normal by • 
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amount, the torque delivered by the motor is seriously affected with 
relation to the load. Similarly, the delivery of alternating-current gener¬ 
ators operating in parallel is seriously affected by too great a lag or 
lead from the normal due to the changing effort on the crank shafts. 
For such services the design of the wheel should be based on the permis¬ 
sible displacement from the normal corresponding to uniform rotation. 
For such services it is also necessary to avoid resonance and it may be 
necessary to consider the operation or characteristics of the governor. 
For information concerning the displacement method and the various 
considerations affecting the design of flywheels for synchronous machines, 
the following references may be consulted: 

J. L. Astrom, Trans., A.S.M.E., Vol. 22. 

R. E. Doherty and R. F. Franklin, Trans., A.S.M.E., Vol. 42. 

Parallel Operation of Alternating Current Generators Driven by Internal Combustion 
Engines, General Electric Review, 1915, pages 167 to 179, Part I by R. E. Doherty, 
Part II, by H. E. Lehn. 

Design of Flywheels for Motor-Driven Machines by C. 0. Rhys, Trans., A.S.M.E., 
1922. 


Note.— The following close estimate of the time required to complete the work out¬ 
lined above is based on actual class-room performance in three-hour periods, a member 
of the teaching staff being present throughout each period. The number of hours 
opposite each drawing includes the time spent on the necessary notes and computations. 


First drawing —Tangential Effort Diagram, etc. 18 hours 

Second drawing—Flywheel and Details. 6 il 

Total. 24 hours 






CHAPTER 11 


AIR-OPERATED ARBOR PRESS 

1. Specifications. —This problem will consist of the design of a hand 
controlled, air-operated arbor press. Such presses are found very conven¬ 
ient and are used for assembling, broaching, piercing, riveting, straight¬ 
ening, cutting keyways, oil grooving, and pressing material into molds. 

The front and side elevations of a hand controlled, air-operated arbor 
press are shown in Fig. 1. In the illustration V is the control valve and 
H is the operating handle. The hose connections to the air cylinder are 
showm to the left in the front elevation. The ram R is driven downward 
by admitting air under pressure to the lower end of the cylinder. To 
cause the ram to rise, the air is exhausted from the low'er end of the cyl¬ 
inder, and, if necessary, a small amount of air under pressure may be 
admitted to the upper end of the cylinder. 

The specifications for the press to be designed are as follows: 


Pressure at ram for 80 lbs. per sq. in. air pressure, 
friction neglected. 12,060 lbs. 

Pressure at ram for 100 lbs. per sq. in. air pressure, 
friction neglected. 15,080 lbs. 

Bore of air cylinder. 8 in. 

Stroke of piston. 18+ in. 

Maximum stroke of ram. 6 in. 

Diameter of table. 10 in. 

Bottom of head to top of table. 22 in. 

Bottom of ram to top of table when ram is at the top 
of its stroke. 19 in. 

Center line of ram to face of frame. 10 in. 


As an assurance against loosening in service, the National Fine 
Series of threads is to be used throughout, except for set screws; 
The frame and lever are to be cast of medium, open-hearth steel of 
about 0.30 per cent carbon and the castings are to be annealed. 
The following properties may be assumed: u t = 79,000 and 
y t = 46,000 lbs. per sq. in. (Article 5, Chapter 18); 
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Fig. 2. 


All the pins and knuckles are to be made of S.A.E. 1020 carbon 
steel and the pins are to be case hardened (Article 6, Chapter 18) • 
T he piston rod is to be made of S.A.E. 1035 and the ram of S.A.E. 

1045 carbon steel (Article 6, Chapter 18); 

The air cylinder and the tube enclosing the piston rod are to be 
made of seamless steel tubing. The cylinder gaskets are to be of 
Karropak packing 0.015 inch thick; 
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The parts of the piston are to be of cast iron of a high grade, and 
the cylinder heads are to be of malleable iron. The gland in the 
cylinder head is to be made of bronze; 

To save time the height of the head and the general proportions of 
the ram are given in Fig. 3. The ram is to be threaded for the 
adjusting nut to permit a variation of stroke from 6 to 2\ inches. 

When in use, the parts of the press are subject to fatigue loading, the 
repeated loads varying in magnitude from zero to a maximum. Since the 
operation of the press is hand controlled, there may be considerable shock. 
A shock factor of about 2 would seem justified. Since sufficient rigidity 
as well as strength is desired, a range for the factor of safety of 2.25 to 2.5 
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■would seem reasonable. In determining allowable stresses by the method 
of Article 10, Chapter 19, the endurance limit s r of the material in reversed 
bending may be taken, in the absence of results from tests, as 0.5w*. 

In the design of a new machine, the assembly is the first drawing started 
and the last to be finished. Starting the assembly is the easiest way to 
discover which parts are key details and to establish in what order they 
should be designed and drawn in developing the assembly. In the present 
problem, the lever and the air cylinder and all its parts are the key details. 
A detail drawing will be made of the lever, but, to save time, the cylinder 
and its parts will be assumed to be identical with the design shown in 
Fig. 7. 

The solution of the problem will- consist of a detail and an assembly 
drawing and a set of computations with division headings corresponding 
in number and title to the articles of this chapter. 
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2. Force Analysis.—To proceed with assurance, a force analysis of the 
press should be made (Articles 1 to 5, Chapter 22). In Fig. 1, the lever, 
as a free body, is in equilibrium under the action of three concurrent, 
coplanar forces AB, BC, and CA. Links L and the cylinder parts are 
two-force pieces. Hence the lines of action of forces AB and BC must 
coincide with the center lines of the two-force pieces and must intersect 
at P. Having the intersection of AB and BC, the line of action of CA 
becomes known, thus making it possible, with the magnitude of AB 
known, to determine the magnitudes of PC and CA by drawing the force 
polygon shown in Fig. 2. 

Vector ab in Fig. 2 represents in magnitude and direction the force 
exerted by the piston-rod on the lever. Lines drawn through b and a 
parallel to the lines of action of BC and CA intersect at c, thus determining 
the magnitudes of forces BC and CA acting on the lever. Horizontal and 
vertical lines through c and a, respectively, intersect at d, thus determining 
the magnitudes of the horizontal and vertical force components acting on 
the lever at the center of the pin connecting the lever to the ram. Hence 
dc and ad are the horizontal and vertical component forces acting on the 
ram. 

It is to be noted that, for the poor proportions chosen for the mechan¬ 
ism, the horizontal component dc amounts in magnitude to about 0.38 of ad. 
For smooth action and to relieve the ram of bending action so far as pos¬ 
sible, dc should be reduced to a minimum; that is, the angularity of links 
L and the cylinder and its parts should be reduced to a minimum. This 
can be done by having the lever horizontal when the ram is at mid stroke 
and by locating pin centers K and N on vertical lines, which, respectively, 
bisect the horizontal displacements of pin centers J and M. If this is 
done, the ram will practically be relieved of bending action, and the forces 
acting at Q, J, and M may be assumed, without appreciable error, to cor¬ 
respond to the force on the piston and the lever arms JM and JQ. 

The short and long arms of the lever, JQ and JM, are to be taken 

and 22? inches respectively. Neglecting friction, determine the forces 
on pins M, J, and Q for an air pressure of 100 pounds per square inch. 

3. Pins for Lever and Knuckles for Ram and Piston-rod.—Some useful 
suggestions are obtained for the design of the frame by first designing the 
operating lever. For simplicity, the I section recommends itself for the 
Jever and the upper part of the frame. Since, for the frame, the resultant 
stress on the tension side is the sum and on the compression side the 
difference of the direct and bending stresses, the back flange of the frame 
may be made narrower than the front flange. It is evident that the whole 
design will be simplified if the width of the lever and the back flange of the 
frame can be made the same and equal to or somewhat less than the 
diameter of the head of the frame. 
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Determination of the size and length of the pins for direct shear, 
bending, and permissible bearing pressures per square inch of projected 
area will give some idea of how wide to assume the I section of the lever. 
Pins M and Q may be plain, straight pins fastened in the clevises at the 
ends by set screws in the lever. Provision for grease lubrication may be 
made by drilling the pins axially and radially and fitting with grease nipples 
(Table 26, Chapter 26). 

Pins J and K , which are of the same size, should be shouldered and 
fitted with nuts so that links L will be definitely spaced and firmly held 
together. 

The lever pins are loaded in the middle and supported at each end in 
holes of appreciable length. For a rigid pin under a light load, uniform 
distribution of the load and reactions, as shown in Fig. 4, is a fair assump¬ 
tion. As the load is increased and the pin deflects, the distribution of the 
load decreases in intensity at the middle and increases in intensity to the 
left and right to a maximum at b and 5; and the distribution at the sup¬ 
ports would increase in intensity at b and b and decrease to zero toward 


LOAD 





X, ftz 


Fig. 4. 


LOAD 



R, Rz 
Fig. 5. 


the ends of the pin. A reasonable assumption as to support and loading 
for a pin that is not tightly fitted is shown in Fig. 5. To assume the load 
uniformly distributed is more unfavorable than the actual conditions, 
while to assume knife edge supports at b and b is more favorable than the 
actual conditions of support. 

Table 7 of Chapter 24 gives 3000 to 4000 pounds per square inch of 
projected area as the permissible bearing pressure for locomotive cross¬ 
head pins and 2000 to 3000 for gas engine cross-head pins. Since these 
pressures are for a limited oscillating motion, they are suggestive of suit¬ 
able pressures for the lever pins. Table 6 of Chapter 24 may be consulted 
for diameter to length ratios for various services. Determine the following: 

Allowable shear and tension stresses for the pins; 

Diameter and length of each pin, checking each pin for direct shear, 
bending and bearing pressure; 

Diameter of the bosses, which may be made about 1.8 times the 
diameter of the pins; 

Size of knuckles for the ram and piston-rod. 
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4. Operating Lever (First Drawing).—Having determined the sizes of 
the pins and knuckles, determine the following: 

Allowable tension and compression stress for the lever; 

Dimensions and moment of inertia of the I section at J as though 
it did not include the bearing shell for the pin (Table 2, Chapter 26, 
and Articles 11 and 12, Chapter 22). 

A detail drawing is to be made of the lever to a scale of 6" = 12" on a 
15X22 inch sheet of drawing paper. The drawing is to have the following 
two-line title: 

Operating Lever 

Arbor Press, 15,000 lbs. Capacity 

The elevation and plan are to be drawn about horizontal center lines, 
respectively 5 and 10 inches above the bottom border line. 

5. Frame Sections.—The horizontal section hh and the vertical section 
pp of the frame, Fig. 1, are to be checked for strength. The width of the 
back flange of section hh may be related to the diameter of the head and 
the width of the lever. The induced stresses in the portion of the frame 
above hh are affected by the curvature. Sufficient assistance will be given 
in outlining the curved portion of the frame so as to make it unnecessary 
to check that portion of the frame as a curved beam. Section hh is subject 
to direct stress combined with bending, and section pp is subject to bending 
and shear, the maximum bending stresses, as in beams, being unaffected 
by the shear. 

Determine a suitable allowable tension and compression stress for the 
frame and the size and proportions of sections hh and pp. In assuming 
sections, freehand sketches to scale should be made to assist in judging the 
assumed proportions. Discarded assumptions are not to be entered in 
the computations. 

6. Assembly (Second Drawing).—An assembly drawing of the press is 
to be made to a scale of 3" = 12" on an 18X24 inch sheet of drawing paper. 
The drawing is to have the following two-line title: 

Air-operated Arbor Press 
15,000 lbs. Capacity 

The layout of the drawing is shown in Fig. 6. The side elevation of the 
press is to be complete—frame, cylinder, lever, etc. In the front elevation, 
only the frame is to be shown; and, in the plan, only the portion of the 
frame below section hh is to be shown. 
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The air cylinder is to be shown only in the side elevation of the assembly 
and is not to be shown in section. As stated in the specifications, the air 
cylinder is to be identical with that shown 
in Fig. 7. The air cylinder shown in Fig. 7 
corresponds in detail to one made by the 
Hannifin Manufacturing Company of Chi- ffllil 

cago, Ill. The air cylinders made by this iBii 

company are so designed that the piston 
packing can be adjusted and expanded Jj j 

when required without removing the cyl- 31 fm 

inder head and piston. Fig. 7 should be J 

studied until it is clear how the parts 

are assembled and how adjustments are | ^ ^ I 

made. Such sketches should be made and | ^ ^ | 

such dimensions recorded as will enable an | \ \ \ 



exterior view of the air cylinder to be made when the piston is at the 
bottom of its stroke. 




CHAPTER 12 


THRUSTOR-OPERATED INDUSTRIAL BRAKE 

1. Specifications.— This problem mil consist of the design of a thrustor- 
operated, spring-setting industrial brake of the type shown in Fig. 1. 
The brake proper will be designed, and the thrustor will be selected from 
information supplied by the manufacturer. 



Courtesy of General Electric Company. 


Fig. 1. 


The brakes used on motor driven hoists are of the type shown in Fig. 1. 
Such brakes are required to release automatically the brake drum when 
current is supplied and the hoisting motor is in operation and to apply 
automatically to set the brake when the current is cut off and hoisting 
ceases. It is convenient to operate such brakes electrically by means of 
solenoids or thrustors. A thrustor consists of a cylinder and piston and a 
motor driven centrifugal pump, the impeller of which, as shown in Fig. 2, 
is enclosed in the piston of the thrustor. When current is supplied, the 
motor driven pump transfers oil from the top to the bottom of the piston 
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and thus causes the piston and piston-rods to rise. The ascending rods 
actuate a bell crank, which compresses the spring, separates the brake 
levers, and releases the brake. When current is simultaneously cut off 
from the hoisting motor and thrustor, operation of the centrifugal pump 
ceases, and the released spring forces the piston to the bottom of the 
thrustor cylinder and sets the brake. 


G-E polyphase, single-phase, or 
direct-current motor provides 
quiet, dependable, and economical 
power. This motor drives centrif¬ 
ugal impeller located in piston 
below 


Fan circulates air through 
motor winding to provide ample 
cooling 


Close-fitting bronze bushing in¬ 
side guides wipes oil from rods and 
drains it back intocylinder. Hence, 
no stuffing boxes or packing glands 
are required. This feature obvi¬ 
ates much of the trouble and 
maintenance experienced with air 
cylinders. 


Splined shaft slides up through 
hollow motor shaft as piston rises. 


Intake ports admit oil to both 
sides of impeller, giving quick 
operation and obviating the effect 
of '.mpe'.ier end-thrust. 


Centrifugal impeller pumps 
oil from the top through to the 
bottom side of -the piston, thereby 
forcing the piston to rise. 


When the motor is stopped, the 
oil rushes back through the piston 
and impeller, allowing the piston 
to return quickly 


The CR9504 thrustor can be 
tilted Iff deg. cither way from 
vertical (total 20 deg.) without 
affecting its operation, a feature 
which broadens its application and 
simplifies its installation 



Top clevis can be pinned to 
either movable or fixed clevis. 


j Movable member. (Steel push- 
| rodfand crossbar, cast-iron piston, 
and aluminum impeller. Cylinder 
and cover are of cast iron.) 

In rising, the piston forces these 
push-rods upward, thus giving 
the desired motion. 


Suitable fixture provides means 
for lubricating upper motor 
bearing. 


Lower motor bearing oiled 
by splash. Seal over ball-race pre- 
vents oil coming through to 
motor. 


G-E Transit oil furnished with 
each operator remains suitable for 
use at all temperatures between 
minus Vo deg. C. and 133 deg. C. 
with practically no evaporation. 
It also keeps the moving parts 
well lubricated. 


Self-aligning ball bearing allows 
splined shaft to find its true center 
and thus prevents any tendency 
toward binding. 


On the return of the piston, this 
conical spring baffle (supplied only 
on large-size units) closes the oil 
ports and thus cushions anyshock 
which might otherwise result. An 
extra shock absorber may be had 
(when required) for cushioning 
the upper end of the stroke. 


Bottom clevis can be pinned to 
movable or fixed clevis, or cylin¬ 
der can be supplied with lugs for 
mounting rigidly. 


Fig. 2. 


Courtesy of General Electric Company . 


The brake to be designed is to be capable of resisting a maximum 
torque of 600 pound-feet; 

The brake drum is to have an outside diameter of 14 inches, a width 
of 61 inches, and a bore of 3 inches; 

When the brake is released, the maximum clearance between each 
shoe and the drum is to be § inch. 
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One of the first things required for a solution of the problem is an 
analysis of the applied and resisting forces. To make such an analysis 
requires that certain dimensions be given or be determined by trial. To 
save time, the dimensions that are necessary for a satisfactory solution 
are given in Fig. 3. 



In all pivoted members, the pins and spindles are to be of ample size 
for strength and satisfactory wear. They are to be so designed that they 
will function properly and will not come loose in service. Provision is to 
be made for lubrication where required. The pivots and spindles are to. 
be made of hot rolled or cold rolled steel. For pins, spindles, and rods, 
selection is to be made from the following carbon steels (Article 6, 
Chapter 18): 

S.A.E. 1020 for case-hardened parts; 

S.A.E. 1035 or 1045 for parts that are not to be heat treated; 

Cold rolled stock may be assumed to have the properties of S.A.E. 

1035 steel in its natural state. 

For parts to be made of cast iron, the following properties may be used: 

u t ~ 24,000 lbs. per sq. in. 

2/*=16,000 lbs. per sq. in. 
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In general, the parts of the brake to be designed are subject to repeated 
ioads which vary from zero to a maximum and are more or less suddenly 
applied. Furthermore, there will be initial stresses due to abrupt changes 
in section. The allowable stress for any part will, therefore, depend on 
the endurance limit or the yield strength of the material to be used and on 
reasonable factors to allow for stress concentrations, for shock, and for 
sufficient strength and ample rigidity (Chapter 19). Whatever shock 
there may be would be more than covered by a shock factor of 1.2, and a 
factor of safety of 2.5 should provide for sufficient strength and rigidity 
and for unknown contingencies. The value of the stress concentration 
factor to be used, if any, will depend on the part. 

Since a detail drawing of only one part is to be made, freehand sketches 
to scale of the other details are to be included as a part of the computations, 
and the dimensions determined by calculation or otherwise are to be 
recorded thereon. These design sketches are to serve in lieu of detail 
drawings in making the assembly drawing. 

The solution of the problem will consist of three drawings and a set of 
computations with division headings corresponding in number and title 
to the articles of this chapter. 

2. Force Analysis (First Drawing).—A graphical analysis of the forces 
acting on the brake shoes and brake-shoe levers is to be made for clock¬ 
wise rotation of the brake drum. Each brake shoe and pair of levers is in 
equilibrium under the action of a system of concurrent forces. The 



friction circle (Article 13, Chapter 22) is to be employed to determine the 
direction of the resultant pressure between each brake shoe and the drum. 

To deduce an expression for the moment of frictional resistance for a 
block brake having a plain cylindrical drum, Fig. 4, it is necessary to make 
assumptions regarding the wear and the coefficient of friction. 

In the following analysis it is assumed that the coefficient of friction 
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is constant, that the radial wear at any point of the contact surfaces is 
proportional to the work of friction, and that the wear parallel to the radial 
line bisecting the angle of contact is uniform. Let 

/=coefficient of friction between the brake block and drum; 

5=width of face of the brake block in inches; 

2<£=angle of contact between the brake block and drum; 
p = radial pressure in pounds per square inch at any point between the 
brake block and drum; 

F —tangential frictional force in pounds between the brake block and 
drum; 

P=force in pounds applied to the brake block along a radial line 
bisecting the angle of contact. 

The radial force, Fig. 5, acting on an elementary area of the contact surface 
is pb(D/2)dQ. The component of this force parallel to the radial line 
bisecting the angle of contact is 

dP^pb(^Jdd cos 6 i 

or /2>\ r+* 

P=pby~J J cos 8dd. (1) 

If the radial wear q at any point is assumed to be proportional to the work 
of friction, then 

q=kpD, 


where k is the proportionality factor. But 

q = h cos 6 

where h is the component of wear parallel to the radial line bisecting the 
angle of contact. Since the block as it wears remains in contact with the 
drum, this component of wear must be constant throughout the angle of 
contact. Hence, 

h cos 6 = kpD 
(h\ 

or p — y— Icos 6~C cos 6 . 


Substituting for p in equation (1) gives 


P=Cb 



+0 

cos 2 6dd = Cb 



(<t >+sin <j> cos 4>). 


( 2 ) 
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The moment of the frictional force acting on an elementary area is 


dM= 


J'fib 




cos 9 dd. 


Hence, the total frictional moment per block is 

M = J* cos 9 dd=2Cfb(^j sin <£. 

Substituting in equation (3) the value of C from equation (2) gives 

^ / sin <j> \ / 2 sin 4> \ 

M =fPD[ ——— - )=fPD( -- t~ • 

\<£+sin (f> cos 4>/ \2<p+sm2 <j>/ 

The tangential frictional force per block is F—2M/D. Hence, 


„ 2sm<t> \ 

F = — = 2 fP[ -— . 

D \2<£+sin 2cj>J 


(3) 




(5) 


Now the expression ~~ ma Y be called the apparent coefficient 

of friction f. Hence, 


F=f'P. 


( 6 ) 


Since the spring force is unknown, it will be found convenient in making 
the force analysis to assume a vector, say 3 inches in length, to represent 
the spring force. The force scale may be determined after the force poly¬ 
gons have been drawn. The force analysis is to be made on a 15X22 inch 
sheet of drawing paper, using a space scale of 4" = 12". The drawing is 
to have the following two-line title: 

Force Analysis of Thrustor Brake 

Torque Capacity 600 Pound-feet 

Locate the center of the brake drum 15 \ inches from the left border 
line and 9 inches above the bottom border line; 

Locate the origin of the spring-force vector of the force polygon for 
the left brake-shoe lever 6 inches from the left border line and 
4J inches above the bottom border line; 

Locate the origin of the spring-force vector of the force polygon for 
the right brake-shoe lever 9 inches from the left border line and 
4 inches above the bottom border line; 

Coefficient of friction between the surfaces of the drum and brake 
shoes, 0.30; 

Angle of contact of each brake shoe, 110 degrees. 
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Compute the apparent coefficient of friction and draw the correspond¬ 
ing friction circle. Since the apparent coefficient is large, the exact radius 
of the friction circle (Article 13, Chapter 22) should be used. Having 
r may be found graphically. After constructing the force polygons, 
determine the radial and tangential components of the resultant force on 
each shoe and pair of levers and compute the force scale of the polygons. 
A sketch should be made in the computations of the two pairs of brake 
levers in correct relative position, and the magnitudes and directions of 
the forces acting on each pair of levers should be recorded thereon. 

3. Brake Drum.—The brake drum is to be made of cast iron of a good 
grade. As stated in the specifications, the drum is to have an outside 
diameter of 14 inches, a width of 6| inches, and a bore of 3 inches. To 
minimize the flywheel effect, as small a diameter of drum has been chosen 
as is consistent with requirements, and a width of face has been chosen 
which -will provide ample surface for wear and heat dissipation. The 
drum is to be designed for the following limitations in which d refers to the 
diameter of the shaft : 

Inner end of hub to be flush with the rim; 

Minimum length of hub, 1.5 d; 

Minimum diameter of hub, (1.75d+J); 

Web of drum to be dished; 

Standard square key for 3 inch shaft; 

Hub to be fitted with f inch set screw for the key. 

Make a freehand sketch to scale of the cross-section of the drum, using 
proportions consistent with good practice, and dimension the sketch. 

4. Brake Shoes and Spindles.—The brake shoes are to be made of 
cast iron of a good grade, are to be self-adjusting, and are to be lined with 
heavy compressed asbestos | inch thick. To facilitate replacement, the 
linings are to be fastened to the shoes by means of rivets. For the lining 
thickness specified, the distance given in Fig. 3 from the center of the drum 
to the center of the shoe spindles is the minimum distance practicable. 
Provision should be made to prevent the upper tips of the shoes from drag¬ 
ging on the drum when the brake is released. Each pair of levers may be 
fastened together and made more stable by the use of shouldered spindles 
instead of plain pins. 

In designing the shoes and spindles, determine suitable allowable 
stresses and check them for strength. The shoes should be checked for 
bending, and the spindles for shear and bending and bearing pressure. 

5. Brake-shoe Levers.—The brake-shoe levers are to be cut from hot 
rolled or cold rolled steel. Since failure of a lever would release the brake, 
and since the levers are subject to repeated applications of load suddenly 
applied, they are critical parts of the design. 
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The brake levers are curved beams subject to direct stress and bending. 
Because of the curvature of the brake levers, Fig. 6, and the bearing load 
at the boundary of the holes for the brake-shoe spindles, the maximum 
tensile and compressive stresses at the critical section A A can not be 
accurately computed by the ordinary formula for direct stress combined 
with bending (s — P/AztMc/I). How seriously the stresses are affected 
may be checked analytically or experimentally. 

Although not essential to the design of the brake levers, a photoelastic 
test of a Bakelite model of a lever was conducted as a demonstration. 
The appearance of the model under test is shown in Fig. 7. The isochro- 
matic fringes show as white bands in the figure. The fringe order is the 
number of white bands that pass any point as the load is applied. The 



fringe order indicates the difference of the principal stresses at any point. 
Since on an unloaded boundary one of the principal stresses is zero, the 
fringe order at the boundary is proportional to the value of the induced 
stress. To determine values of stress, a calibration test of a model cut 
from the same sheet as the lever model is necessary. The calibration model 
must be of such form that the boundary stresses can be calculated. A 
straight beam of rectangular section is quite commonly used. As a known 
bending couple is applied, the number of fringes is noted, and the fringe 
order corresponding to the known induced stress is thereby established. 

Applying the results of a calibration to the model tested showed the 
distribution of the boundary stresses to be as shown in Fig. 6. The test 
showed the maximum value of the compressive stress at the critical section 
to be 6 per cent higher and the maximum value of the tensile stress to be 
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13 per cent lower than the stress calculated by the ordinary formula for 
direct stress combined with bending (s-P/AdzMc/I). Therefore, in 
making a stress analysis of the levers, the ordinary formula may be safely 
applied. 

Make a sketch of a brake lever, indicate the magnitudes and directions 
of the force components, and then determine a suitable allowable stress 
and compute the dimensions of the critical section. 

6. Spring.—The helical spring is to be made of S.A.E. 6150 chrome- 
vanadium spring steel (Article 6, Chapter 18). The spring will be hot 
coiled, cooled, and heat treated. The recommended heat treatment is: 

Heat to 1525-1625 E and quench in oil; 

Temper by reheating to 850-1050 F and quenching; 

Brinell hardness number 460 to 360. 

For the recommended range of tempering temperature, determine the 
corresponding range of u t , y t , and y S} taking y 8 as approximately equal to 

In the design of springs, as in the design of other machine members 
subject to cyclic variations of stress, the maximum value of the induced 
stress must not exceed the endurance limit of the material and, to avoid 
permanent distortion, must not exceed the yield strength y s of the material. 
For the spring to be designed, y s will be assumed to correspond to a temper¬ 
ing temperature of about 1000 F. For formulae applying to the design of 
springs, consult Table 1, Chapter 26. 

In forming open-coiled helical compression springs there is about | of a 
coil at each end that is inactive. These part turns are coiled as nearly as 
possible in planes at right angles to the axis of the spring and are then 
finished off by grinding so that the spring may be supported and loaded 
axially. The Washburn and Moen gauge (Table 25, Chapter 26) is usually 
used to designate the size of spring wire less than \ inch in diameter. 
Diameters of f inch and over are designated in fractions of an inch varying 
by 32nd's. 

Assume the maximum induced stress in the spring to be 50,000 lbs. 
per sq. in. when the brake is set and, using a spring index of 5.5 or 6, 
compute the following: 

Size of wire (select nearest commercial size); 

Mean and inside diameter of the coils; 

Compute maximum stress for size of wire chosen. 

It is to be assumed that on release of the brake the middle of the shoes 
is to clear the brake drum by § inch, giving a clearance at the tips of the 
shoes of 0.075 inch. To obtain this clearance, an accurate layout of the 
mechanism shows that the spring must be compressed 0.56 inch. Assume 
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that the induced stress in the spring is increased 25 per cent when the brake 
is released and compute the following: 

Increase of load on the spring to release the brake; 

Number of active coils (round to nearest whole number); 

Increase in load corresponding to number of active coils chosen; 
Scale of spring, or spring constant. 

Assume that to close the spring solid would increase the induced stress 
75 per cent above that existing when the brake is set and compute the 
following: 

Load to close the spring; 

Deflection to close the spring; 

Free length of the spring; 

Pitch of the active coils of the spring. 

A sketch of the spring free of load is to be shown in the computations. 

The information above is to be tabulated in the computations, using a 
form similar to the following: 



Length 

Deflection 

Load in 

Stress in 


in Inches 

in Inches 

Pounds 

Lbs. per Sq. In. 

Spring free 





Brake set 





Brake released 





Spring solid 






7. Cross-bars and Tension-rods for Spring.—To reduce the likelihood 
of the nuts coming loose in service, the National Standard, Fine Series of 
threads is to be used on the tension-rods. It is to be noted that the left 
end of the rod that passes through the spring is in compression when the 
brake is released. Design the rods, knuckles, pins, and cross-bars. 

8. Operating Bell-crank (Second Drawing).—The fulcrum of the 
operating bell-crank is to be located in the left-hand pair of brake-shoe 
levers. The use of a shouldered spindle makes it possible to fasten together 
rigidly the upper ends of the pair of levers. To secure a maximum clear¬ 
ance of § inch between each shoe and the drum on releasing the brake 
requires that the spring be compressed 0.56 inch. For this compression, a 
full-sized layout of the mechanism indicates that the fulcrum spindle must 
be offset as shown in Fig. 8 if the pin in the short arm of the bell-crank is 
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to travel as nearly as possible in a straight line. For the piston of the 
thrustor to travel as nearly as possible in a vertical line, there must be a 
certain angular relation between the long and short arms of the bell-crank. 
The required location of the fulcrum for a short arm of If inches is given in 
Fig. 8. The length of the long arm for a thrustor stroke of 3 inches and 
the angular relation of the arms of the bell-crank are also given in Fig. 8. 



A detail drawing of the bell-crank is to be made full size on an 18X24 
inch sheet of drawing paper. The plan of the bell-crank is to be shown 
above and the end elevation to the right of the side elevation. The draw¬ 
ing is to bear the following two-line title : 

Bell-crank of Thrustor Brake 
Torque Capacity 600 Pound-feet 

The bell-crank is to be a steel casting. Although under certain cir¬ 
cumstances thinner sections are used, \ inch is usually regarded as the 
minimum thickness in steel castings. As the design of the bell-crank is 
developed on the drawing board, checks of strength and of bearing pres¬ 
sures are to be made and the final calculations recorded in the compu¬ 
tations. 

9. Selection of Thrustor. —Having the stroke and the force to be 
delivered by the thrustor to release the brake, select the thrustor to be 
used from the information given in Fig. 9 and Table 1. 

10. Stop for Brake-shoe Levers.— Make a sketch of the left-hand pair 
of brake-shoe levers, indicate thereon the magnitude and directions of the 
forces acting when the brake is released, and determine in which direction 
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the two pairs of levers will tend to rotate. The design of a stop to limit 
the rotation and to equalize the clearance of the brake shoes may be 

deferred until found necessary in making the assembly drawing. 



Fig. 9; 


11. Assembly Drawing of the Brake (Third Drawing).-An assembly 
drawing of the brake is to be made to a scale of 4"= 12" on an 18X24 inch 

title- ° f dmVmg Paper ' The drawin S is t0 bear the following two-line 
Thrustor-operated Brake 


Torque Capacity 600 Pound-feet 

In the side elevation the thrustor is to be drawn to the left of the brake 
dram. The center of the brake drum is to be located 10 inches from the 
left border line and inches above the bottom border line. 

The plan is to be drawn about a center line 2f inches below the top 
border Ime. The end elevation is to be drawn to the right of the side 
elevation about a center line 5 inches from the right border line. 
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TABLE 1 
Thrustors 

Selected from Publication of General Electric Company 


Num¬ 
ber * 
of 

Thrustor 

Maxi¬ 

mum 

Thrust 

in 

Pounds 

Dimensions in Inches 

See Fig. 9 

Volts 

Phase 

Cycles 

Ship 

ping 

Weight 

in 

Pounds 

Stroke 

A 

B 

c 

D 

I 

50 

2 

15| 

m 

5rt 

110 

1 

60 & 25 

25 

2 

50 

2 

15| 

m 


220 

1 

60 & 25 

25 

3 

75 

2 

151 

m 

5tf 

110 

1 

60 & 25 

25 

4 

75 

2 

151 

16* 

5 if 

220 

1 

60 & 25 

25 

5 

150 

3 

19! 

201 

n 

220 

3 

60 

125 

6 

150 

3 

201 

21 f 

7i 

220 

3 

25 

125 

7 

400 

3 

19| 

201 

7i 

110 

1 

60 & 25 

125 

8 

250 

6 

23* 

25* 

7i 

220 

3 

60 

185 

9 

250 

6 

25H 

26H 

7t 

220 

3 

25 

185 


* Does not correspond to G. E. Thrustor or Catalog Number. 


The thrustor is to be shown in outline in the side elevation, the plan, 
and the end elevation. 

The base is to be of cast iron or of welded steel construction. It should 
be made convenient in form and as pleasing in appearance as possible. 
Provision should be made for attaching the thrustor and the parts of the 
brake, and the holes for the foundation bolts should be conveniently located. 
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CAR PULLER 

1, Specifications.— Car pullers, movers, or spotters are of two types: 
capstan car pullers and drum car pullers. They are used primarily in 
industrial plants to move railway cars along spurs of track in and about 
the plant. By means of a puller one or more cars at a time are moved into 
convenient position for loading or unloading as shown in Fig. 1. 



Courtesy of Link-Belt Company. 

Fig. 1. 


Although belt, rope, and engine driven car pullers have been designed, 
built, and used, modem car pullers are motor driven. By employing 
motors and trains of gears, compact and convenient car pullers may be 
designed which are totally enclosed and protected from the action of the 
elements. To give a greater range of adaptability, the capstans are 
generally mounted on vertical shafts as shown in Figs. 2, 3, 4, and 5. 

A general survey of commercial car pullers as taken from the catalogs 
of six different companies is given in Table 3. The general data are given 
for 2 pullers with horizontal drums, 14 pullers with vertical and 5 pullers 
with horizontal capstans. The motor horsepowers range from 5 to 20, 
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Courtesy of Webster Manufacturing Company. 

Fig. 2. 



STRONG. RIGID. STURDY HOUSING 
COMPLETELY ENCLOSES AND 
PROTECTS THE GEARING. 


A RUGGED. SELF CONTAINEl 
WORKING UNIT OF SIMPLE < 
STRUCTION, WITH A MINIMU 
NUMBER OF PARTS. STROf 
QUIET, EFFICIENT AND DUR> 


CAPSTAN IS MACHINE-FINISHED, 
WHICH PROLONGS LIFE OF ROPE 
MADE OF SEMI-STEEL. EXCEPT 
THAT WHEN IT IS DESIRED FOR 
USE WITH WIRE ROPE IT IS FUR: 
NISHED IN CAST STEEL. 

HIGH TORQUE FULLY ENCLOSED 
HOIST TYPE MOTOR. AN INTEGRAL 
PART OF THE UNIT. 




DIAMETER-AND LENGTH OF CAPSTAN 
ARE SO PROPORTIONED THAT, WHEN 
USED WITH THE PROPER SIZE OF 
ROPE THEY PROVIDE THE NECESSARY 
TRACTION FOR PULLING THE LOAD 
WITH LITTLE EFFORT ON THE PART 
OF THE OPERATOR. 


RATCHET AND PAWL A"RE FURNISHED 
WHEN REQUIRED. MOUNTED INSIDE 
THE CAPSTAN, TO SERVE THE 
PURPOSE OF HOLDING CARS ON AN 
INCLINE WHEN THE POWER IS OFF 


Fig. 3. 


Courtesy of Link-Belt Company. 
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the rope speeds from 30 to 84 feet per minute, and the capstan diameters 
from 7 to 12 inches. 

The gross weight of loaded, S-wheeled, freight cars ranges from 

51.5 to 58.0 tons for 4|X8 inch journals; 

61.0 to 70.0 tons for 5X9 inch journals; 

76.0 to 84.5 tons for 54X10 inch journals; 

101.0 to 105.0 tons for 6X11 inch journals. 



Courtesy of Link-Belt Company. 

Fig. 4. 


Ordinarily the gross weight of loaded cars does not run higher than 75 to 
80 tons. The gross weights of large, hopper-bottom, coal cars run con¬ 
siderably higher. 

The pull required to start a loaded car from rest depends upon the 
grade, curvature, and condition of the track, and upon the temperature. 
On a straight level track, the starting pull varies from 26 to 29 pounds per 
gross ton. After starting, the pull required to keep the car moving varies 
from 7 to 10 pounds per gross ton. The additional pull for each per cent 
grade (1 per cent grade being 1 foot rise in 100 feet of track) is 20 pounds 
per gross ton. The starting pull for each degree of curvature is about 
2 pounds per gross ton, and the operating pull after starting is about 
1 pound per gross ton. 




This problem will consist of the design of a motor driven car puller 
with a vertical capstan. The capacity of the puller, or spotter, to be 
designed is to be assigned or selected from Table 2. 

The puller is to be fitted with a Standard, Squirrel-cage, 60 Cycle 
Induction Motor whose loaded speed will be assumed 0.95 the rated speed. 
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TABLE 2 

Car Puller with Vertical Capstan 


Number of problem. 

1 

2 

3 

Number of loaded ears. 

1 

2 

2 

Gross weight of a loaded car in tons. . 

80 

80 

80 

Per cent grade. 

1.0 

1.0 

1.0 

Degree of curvature. 

10 

5 

10 

Approximate rope speed in ft. per min 

45 

40 

45 


The solution of the problem will consist of an assembly drawing, or an 
assembly drawing and a detail drawing of a selected part, and a set of 
computations with division headings corresponding in number and title 
to the articles of this chapter. 

2. Rope Pulls and Size of Rope.—Both manila and durable wire rope 
are used in operating capstan car pullers. In durable wire rope the strands 
of wire of the rope are served or overlaid with marline, which makes the 
rope more flexible and prevents it from scoring the capstan. The advan¬ 
tage of durable wire over manila rope is that a smaller rope is required for 
a given working load. The advantage of manila over durable wire rope is 
that the greater stretch of the manila rope makes it easier for the motor to 
pick up the load. Comparable sizes are also more flexible. Where the 
working load does not require a manila rope any larger in diameter than 
about 2 inches, it is to be preferred to durable wire rope. The weights and 
breaking strengths of different sizes of manila and durable wire rope are 
given in Tables 4 and 5. 

The following values are to be used to obtain the pull in the rope to 
start the load: 

30 pounds per gross ton on straight, level track; 

20 pounds per gross ton for each per cent of grade; 

2 pounds per gross ton for each degree of curvature; 

and the following values are to be used to obtain the operating pull after 
the load has been started: 

10 pounds per gross ton on straight, level track; 

20 pounds per gross ton for each per cent of grade; 

1 pound per gross ton for each degree of curvature. 

For hoisting purposes it is quite common practice to select a rope 
having a breaking strength equal to 5 times the operating load. However, 
in the present instance, the starting pull is considerably greater than the 
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TABLE 3 

Some Catalog Information 

(VC means vertical capstan, HC horizontal capstan, and HD horizontal drum) 


Link-Belt Co., Chicago, Ill. 


H.P. 

Rating 

Type 

Rope 
Pull in 
Pounds 

Rope 
Speed 
in Ft. 
per 
Min. 

Capstan 

Dimensions 

Overall Dimensions 
in Inches 

Top of 
Founda¬ 
tion to 
Middle 
of 

Capstan 

Dia. 

Face 

Length 

Width 

Height 

5 

VC 

4,000 

65 

7 

11 

39 

26 

29 

24 

8 

VC 

5,000 

60 

7 

11 

39 

26 

29 

24 

10 

VC 

10,000 

45 

12 

12.5 

53 

36 

39 

33 

13 

VC 

10,000 

45 

12 

12.5 

53 

36 

39 

33 


Clyde Iron Works, Duluth, Minn. 


5 

VC 

3,000 

50 

10 


48 

28.5 

28 

21 

7.5 

VC 

5,000 

50 

10 


48 

28.5 

28 

21 

10 

VC 

6,500 

50 

10 


48 

28.5 

28 

21 

10 

HD 

10,000 

50 

16 

14 

57 

35 

45 

16.5 

15 

HD 

15,000 

50 

16 

14 

57 

35 

45 

16.5 


Fridy Hoist & Machinery Co., Mountville, Pa. 


5 

HC 

4,000 

30 

7 

11 

40 

21 

24 

17 

7.5 

HC 

5,500 

30 

7 

11 

40 

21 

24 

17 

7.5 

VC 

5,000 

35 

7 

11 

60 

26 

33 

26 

10 

VC 

7,500 

35 

7 

11 

60 

26 

33 

26 

10 

VC 

7,500 

40 

10 

13 

50 

31.5 

36 

28 

15 

VC 

10,000 

40 

12 

15 

54.5 

38.5 

44 

35 

20 

VC 

12,500 

40 

12 

15 

54.5 

38.5 

44 

35 


J. S. Mundy Hoisting Engine Co., Newark, N. J. 


VC 


2,000 


55 


9 12 


Stephens-Adamson Mfg. Co., Aurora, Ill. 


7.5 

VC 

5,000 

40 

9 

11-f 

36 

36 

52.5 

40.5 

7.5 

HC 

5,000 

50 

8 

10- 

30 

38 

31 

15.5 

10 1 

HC 

6,000 

50 

8 

10- 

30 

38 

31 

21.5 

The Webster Mfg. Co., Chicago, Ill. 

7.5 

HC 


84 

8 

12 

63.5 

43 

52.5 

21.5 
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operating pull. Both the starting and operating pulls should therefore 
be considered. 

Because the speed of haulage is low and gradual starting of the load is 
assured by the manner in which the puller is operated and also because 
failure of the rope would not endanger life, a factor of safety considerably 


TABLE 4 
Manila Rope 

(Plymouth Cordage Company) 

(Size of rope is designated by the circumference in inches) 


Three Strand Manila Rope 

1 

Four Strand 

Circumference 
in Inches 

Approximate 
Diameter 
in Inches 

Weight 
per Foot 
in Pounds 

Minimum 
Breaking 
Strength 
in Pounds 

Weight 
per Foot 
in Pounds 

u 

i 

0.075 

2,450 

0.086 

H 

IS 

0.104 

3,150 

0.113 

2 

s 

8 

0.134 

1 1 

0.136 

21 

* 

0.165 


0.164 

2§ 

tt 

0.195 

5,900 

0.203 

2| 


0.225 

7,000 

0.239 

3 

1 

0.270 

8,200 

0.285 

31 

1* 

0.315 

9,500 

0.317 

31 

U 

0.360 

11,000 

0.386 

3! 

U 

0.420 

12,500 

0.449 

4 

1& 

0.480 

14,200 

0.511 

41 

If 

0.540 

16,000 

0.563 

41 

H 

0.600 

17,500 

0.631 

4! 

i* 


19,500 

0.703 

5 

if 



0.783 

51 

if 



0.939 

6 

2 

1.080 

30,000 

1.127 

61 

2f 

1.260 

34,000 

1.314 

7 

21 

1.470 

38,500 

1.534 

71 

21 

1.680 

43,500 

1.753 

8 

2f 

1.920 

49,000 

2.003 
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less than 5 is permissible when applied to the starting pull. The size of 
the rope should be such as to give a factor of safety not less than 2.7 to 
3.0 when applied to the starting pull and not less than 5 when applied to 
the operating pull. 

Compute the starting and operating pulls, the size of manila and of 
durable wire rope required, and select the type and size of rope to be used. 

TABLE 5 

Durable Wire Rope 

(5 strands, 19 wires each, extra strong cast steel) 

(Strands overlaid, or served, with marline) 


Circum¬ 
ference in 
Inches 

Approximate 
Diameter 
in Inches 

Weight 
per Foot 
in Pounds 

Breaking 
Strength 
in Pounds 

Working 
Pull in 
Pounds 

Minimum 
Diameter 
of Sheave 
in Inches 

XI 

9 

0.21 

4,600 

920 

6 

2 

f 

0.36 

9,400 

1,880 

12 

2f 

i 

0.49 

16,200 

3,240 

18 

2f 

f 

0.60 

20,200 

4,040 

21 

31 

l 

0.80 

25,200 

5,040 

27 

31 

l§ 

1.12 

37,000 

7,400 

36 

3s 

li 

1.29 

48,000 

9,600 

42 

4A 

l| 

1.66 

62,000 

12,400 

48 

4f 

li 

2.07 

80,000 

16,000 

54 

5i 

If 

2.52 

100,000 

20,000 

60 

&2 

H 

3.06 

124,000 

24,800 

66 

Sf 

If 

| 3.60 

144,000 

28,800 

69 

6i 

2 

4.19 

166,000 

33,200 

75 

61 

2i 

4.88 

196,000 

39,200 

87 


3. Electric Motor. —In Table 6 are given the frame numbers, rated 
horsepowers, synchronous speeds, and prices of General Electric standard, 
squirrel-cage, induction motors. It is to be noted that for horsepowers 
from 3 to 20 inclusive, the motors having a rated speed of 1800 R.P.M. 
are somewhat cheaper than those having a rated speed of 1200 R.P.M. 
However, the higher the motor speed the greater the speed reduction 
required for a given pulling speed and the greater the cost of the gear 
train and puller exclusive of the cost of the motor. In general the differ- 
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ence in the cost of an 1800 and a 1200 R.P.M. motor of a given horsepower 
is not sufficient to warrant the use of the higher speed motor. 

The induction motors listed in Table 6 are capable of exerting starting 
torques 2 to 3 times the torques corresponding to their rated capacities. 
The rated horsepower of the motor to be used will therefore be based on 
the operating pull and speed and the mechanical efficiency of the puller, 
which may be taken at about 0.86. 

Compute the horsepower required, and determine and record the frame 
number and rated speed and horsepower of the motor to be used. 

In Tables 7 and 8 are given the dimensions corresponding to each 
frame number given in Table 6. The tabulated dimensions make it pos¬ 
sible to design a car puller base and frame to receive the motor selected. 
Record on a sketch the dimensions that will be needed. 

4. Diameter of Capstan.—To reduce the overall ratio of the gears the 
diameter of the capstan should be as small as possible, while, for the most 
favorable action on the rope, the diameter of the capstan should be as large 
as possible. The larger a rope and the higher its speed the larger should be 
the diameter of the rope drum or sheave in order to reduce the bending 
stress and the wear and internal chafing due to bending the rope around 
the drum or sheave. However, since capstans are not in continuous 
operation at high speeds, they can be made considerably smaller in diam¬ 
eter than transmission sheaves and high-speed hoisting drums. Also, 
with capstans, convenience of operation must be secured even though the 
rope does not operate under the most favorable conditions. Determine 
the diameter of the capstan, using the following proportions: 

D = 5(d) for Manila rope 
= 9(d) for durable wire rope 

where 

D = the approximate diameter of the capstan in inches; 
d=the approximate diameter of the rope in inches. 

5. Gear Train and Gear Ratios.—In cyclic gear trains some of the 
gears and the shafts or spindles on -which they are mounted are in motion, 
which increases the difficulty- of properly lubricating them. Cyclic gear 
trains are therefore not commonly used in car pullers. While spur gear 
trains are used in the design of car pullers having horizontal capstans, a 
vertical motor w T ould be required to use such a train for car pullers having 
vertical capstans. While a train composed of bevel and spur gears could 
be used for car pullers having horizontal or vertical capstans, a pair of 
spur gears and a worm and wheel make a more compact and convenient 
train. The worm and wheel are a favorite pair for great reductions of 
speed for a given distance between shaft centers. A gear train composed 
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TABLE 6 

General Electric Standard Squirrel-cage Induction Motors 
Constant speed, 3 or 2 Phase, 60 Cycles 
Totally Enclosed and Totally Enclosed and Fan Cooled 


Totally Enclosed 
For particulars see Table 7 


Totally Enclosed and Fan Cooled 
For particulars see Table 8 
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TABLE 7 

General Electric Standard Squirrel-cage Induction Motors 


Dimensions in Inches, Weights in Pounds 


Item 

Frame Numbers 

Totally Enclosed 

Totally Enclosed 
Fan Cooled 

254 

284 

324 

254 

284 

Weight of motor.. 

122 

182 

235 

164 

231 

Pulley: 






Diameter. 

4§ 

5 

6 

44 

5 

Width overall.. 

4J 

44 

5§ 

44 

44 

Bore. 

II 

n 

it 

14 

i! 

Belt width. 

4 

4 

5 

4 

4 

Keyway: 






Width. 

i 

i 

i 

i 

i 

Depth. 

4 

4 

16 

4 

4 

Key length. 

2f 

2! 

3! 

24 

2! 

A. 

12| 

13f 

15! 

12! 

13f 

B. 

104 

12 

13 

10* 

12 

C. 

20 

22 f 

25 § 

21| 

24* 

D . 


i 

8 

61 

7 

E . 

5 

5| 

6! 

5 

54 

F. 

4! 

4| 

5! 

44 

4! 

G . 

1 

2 

5 

¥ 

S 

i 

4 

H . 

» 

44 

44 

a 

44 

J. 

2! 

2! 

2f 

2! 

2f 

K. 

2* 

2* 

3 

2* 

2 if 

L. 

8! 

91 

10* 

10 

11! 

M. 

8* 

9* 

10A 

8* 

9* 

N. 

3* 

8« 


3* 

3 if 

0. 

12Jf 

13* 


1241 

1314 

P... 

12* 

134 

15f 

12* 

13* 

U. 

If 

l! 

it 

14 

l! 

V. 

34 

34 

4f 

34 

34 

w. 

* 

* 

* 

* 

* 

AB. 

9* 

10H 

11* 

944 

104 

BA. 

4! 

4! 

5! 

4! 

4i 

T 

2* 

m 

241 

2* 

025 

Z 32 
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TABLE 8 

General Electric Standard Squirrel-cage Induction Motors 
Dimensions in Inches, Weights in Pounds 

Erame Numbers 
Totally Enclosed, Fan Cooled 



324 

326 

364 

365 

404 

Weight of motor. 

295 

353 

615 

665 

805 

Pulley: 






Diameter. 

6 

8 

9 

9 

10 

Width overall.. 

5* 

6! 

7! 

7! 

7! 

Bore. 

If 

If 

If 

If 

2f 

Belt width. 

5 

6 

7 

7 

7 
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of a pair of spur gears and a worm and wheel pair will therefore be assumed. 
For compactness of design, the distances between the shafts must be 
properly related. Hence it may later be found desirable to revise the gear 
ratios assumed at this stage of the design. 

In computing the overall ratio of the gears the operating speed of the 
motor under load is to be taken 0.95 its rated speed. Compute the overall 
ratio, make a diagrammatic sketch of the gear train, and record thereon 
the horsepower and speed of the motor and the gear ratios decided 
upon. 

6. Motor Pinion and Gear.—The gear is to be made of a good grade of 
cast iron and the pinion is to be made of S.A.E. 1045 carbon steel (Article 6, 
Chapter 18) and is to be hardened and tempered after machining. The 
gear teeth will therefore be weaker than the pinion teeth. For sufficient 
strength the gear teeth must be large enough to withstand the starting 
torque. Since the motor will operate only for short intervals under the 
starting torque, the wearing qualities of the gears should be based on the 
dynamic load corresponding to operating conditions. 

Because helical spur gears operate more quietly than straight spur 
gears, helical spur gears are to be used. Articles 5, 6, and 7 of Chapter 20 
should therefore be read in preparation for the design of the pinion and 
gear. The gears are to be single, not herringbone, helical gears. Follow¬ 
ing the recommendations of the A.G.M.A. for commercial gears, the design 
of the gears is to be based on the diametral pitch in the plane of rotation, 
using 20 degree involute stub teeth and a helix angle of 23 degrees. To 
obtain the smallest combination of pinion and gear, the number of teeth 
on the pinion should be as small as is consistent with satisfactory running. 
Compute the following: 

Starting torques on the pinion and gear shafts; 

Operating torques on the pinion and gear shafts; 

Diametral pitch by the Lewis equations for induced and allowable 
stresses (Article 5, Chapter 20) for a width of face about 3.5 times 
the circular pitch in the plane of rotation. 

Having a tentative diametral pitch, compute and record the following for 
the final solution: 

Minimum width of face (Article 5, Chapter 20). Compare the 
result with the width of face found above; 

Dynamic loads (Article 6, Chapter 20) for the starting and operating 
torques; 

Value of K for satisfactory wear (Article 7, Chapter 20) and Brinell 
hardness and suitable heat treatment for the pinion (Table 7, 
Chapter 18); 
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Beam strength (Article 6, Chapter 20) ; 

Ratio of Wb and Wa, and state if gear teeth are of satisfactory 
strength. 

On a sketch record the following for the pinion and for the gear: 

Material Pitch diameter 

Brinell hardness number Addendum (0.80/p'c) 

Number of teeth Dedendum (1.0/p' c ) 

Diametral pitch Outside diameter 

Width of face Root diameter 

Assume a square key of standard proportions (Table 18, Chapter 26) 
and check the pinion by equations (1) and (2) of Article 2, Chapter 9. 

The design of gear wheel arms and rims is discussed in Articles 19 and 20 
of Chapter 16. 

7. Strength and Deflection of Worm Shaft.—The worm is to be integral 
with the worm shaft and is to be made of S.A.E. 2315 nickel steel. The 
worm threads are to be case-hardened, ground, and polished. It is to be 
assumed that the diameter of the shaft is equal to the root diameter of the 
worm. The first four articles of Chapter 21 should be read in preparation 
for determining the tentative root diameter of the worm (diameter of 
shaft) and the deflection of the shaft. 

Since a compact design is desired, the pitch lead angle may be computed 
by equation (1) of Chapter 21. After fixing upon a value for the normal 
pressure angle <x n , the base lead angle \b may be computed by equation (8). 
The value of the root lead angle \ r is to be assumed the same as that of \&. 
In computing the starting and operating torques on the worm shaft, the 
efficiency of the worm and wheel may be assumed to be 0.88. By the 
method of Article 4, Chapter 21, determine the diameter and deflection of 
the worm shaft, using a value of about 6 for k. It should be kept in mind 
that the maximum deflection for the operating torque will be less than 0.6 
that for the starting torque. 

8. Worm and Worm Wheel.—The rim of the worm wheel is to be of 
chill-cast bronze and is to be mounted on a cast-iron spider. The teeth of 
the worm wheel wall therefore be weaker than the teeth of the worm. For 
sufficient strength, the teeth of the worm wheel must be large enough to 
withstand the starting torque. Since the motor will operate only for short 
intervals under the starting torque, the operating torque may be used in 
checking the teeth of the worm wheel for surface stress and wear. 

By the method of Article 5, Chapter 21, determine the circular pitch 
of the teeth of the worm wheel to withstand the starting torque. Having 
found a value for the circular pitch, compute the pitch diameter of the 
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worm and the number of threads on the worm, round the number of 
threads to an integer, and compute the corresponding pitch lead angle 
and the base lead angle; also compute the outside and base diameters of 
the worm and the number of teeth, pitch diameter, and width of face 
of the worm wheel. To avoid interference the base diameter of the 
worm should be equal to or less than the root diameter. Tabulate the 
following: 

Circular pitch of worm wheel (axial pitch of worm); 

Number of threads on worm; 

Pitch, root, and base lead angles of worm; 

Pitch, outside, root, and base diameters of worm; 

Number of teeth on worm wheel; 

Pitch diameter of worm wheel; 

Width of face of worm wheel; 

Operating torque on the worm wheel. 

By the method of Article 6, Chapter 21, determine if the circular pitch, 
as determined for sufficient strength, is satisfactory from the standpoint of 
surface stress and wear for the operating torque on the worm wheel. If it 
is found that the circular pitch as previously found must be increased, a 
revision of the design of the W'Orm and wheel is necessary. The data per¬ 
taining to the revised design of the worm and wheel should be tabulated. 
By the use of Figs. 7 and 8 of Chapter 21, the efficiency of the worm and 
wheel should be determined and included in the tabulation of data. 

9. Forces on Worm and Spur Gear.—In computing the component 
forces acting on the worm and helical spur gear, assume that the motor 
rotates clock-wise when view r ed from the dead end, that the worm has right- 
hand threads, and that the motor and worm shafts are in the same hori¬ 
zontal plane. Make appropriate sketches of the gear train and, with the 
assistance of Article 3, Chapter 21, compute the radial, tangential, and 
axial forces acting on the worm and helical spur gear for the starting and 
operating torques. 

10. Bearings of Worm Shaft.—The worm shaft is to be fitted with 
bronze lined bearings to take the radial loads and ball thrust bearings to 
take the thrust load, which may act in either direction; or the worm shaft 
is to be fitted with radial ball bearings of a suitable type and size to take 
the thrust and radial loads. 

For a given period of time, the load carrying capacity of a ball bearing 
depends on the size and number of balls, the curvature and design of the 
races, the material and workmanship, the ratio of the diameter of the 
rotating races to the diameter of the balls, the revolutions per minute, and 
the character of the loading. In selecting a ball bearing, the desired life 
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must be estimated, and the character of the load must be known—that is, 
whether steady, moderate shock, or severe shock. 

The ball bearings are to be selected from the catalog of a reputable 
manufacturer. Such catalogs give tables of load ratings, the permissible 
relation between the radial and thrust components of the load, safety 
factor curves, and typical examples of bearing selection. If bronze lined 
bearings are used, Articles 5 to 11, inclusive, of Chapter 24 should be 
consulted. 

Knowing the thrust and radial loads, determine the bearings for the 
worm shaft and record the information on a sketch of the worm and shaft. 

11. Strength of Worm Shaft.—Make a sketch of the worm and shaft 
and helical spur gear and enter thereon the necessary dimensions and the 
component forces acting in and parallel to the horizontal plane. Then, 
using the force components corresponding to the starting torque, deter¬ 
mine the bearing reactions and the bending moment diagram in the hori¬ 
zontal plane. The same is to be done for the component forces acting in 
the vertical plane, after which the maximum bending moment at the end 
of the worm in that portion of the shaft subject to the maximum torque 
is to be computed. 

Because of the rotation of the shaft, the stresses due to bending are 
reversed each revolution, whereas the stresses due to torsion remain con¬ 
stant. Hence, in checking the shaft by the method of Article 11, Chap¬ 
ter 19, e x - —1 and e T =+l. The fatigue stress concentration factor for 
torsion combined with bending is less than for bending alone and greater 
than for torsion alone. Inspection of Fig. 24 and Table 5 and of Figs. 6 
and 7 of Chapter 19 indicates that 1.6 wuuld be a reasonable value for the 
fatigue stress concentration factor k . It is to be assumed that the prop¬ 
erties of the material of the shaft beyond the ends of the case-hardened 
worm correspond to the steel in the hot-rolled condition, or, approximately, 
tit — 72,000, y t — 50,000, and s r — 36,000 lbs. per sq. in. Determine the 
diameter of the shaft, using a factor of safety of 2. The result should be 
compared with the tentative diameter previously found and used. 

12. Assembly (First Drawing).—An assembly drawing of the car 
puller is to be made on an 18X24 inch sheet of drawing paper to a scale of 
3" = 12". The drawing is to have the following two-line title: 

Car Puller 

( ) H.P. ( ) Lbs. Pull ( ) Ft. per Min. 

The assembly is to consist of a plan and elevation in section. The 
sectional plane of the elevation is to contain the axis of the capstan, and 
the sectional plane of the plan is to contain the axis of the worm shaft. 
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The layout of the sheet is shown in Fig. 6, in which A is the center line of 
the worm shaft, B the center line of the capstan shaft, and C a center line 
through the center of the capstan shaft. 


x 



Fig. 6. 


In developing the assembly drawing, the following suggestions and 
specifications will be found helpful: 

The location of screw fastenings is to be indicated by center lines 
but the fastenings themselves are not to be drawn; 

Tapped holes for oil and grease cups and pipe connections are to be 
drawn but not the cups themselves; 

Sectional views are taken for purposes of design and representation. 
Where the sectional plane contains the axis of a shaft, the shaft is, 
of course, not sectioned; 

Compactness and simplicity of form are the principal considerations. 
The machine should be free from projections or spaces that might 
catch or foul the rope; 

The castings should be of such form as to cause the least trouble in 
pattern shop and foundry; 

Machining of the parts and castings should require only well-recog¬ 
nized operations and the parts should align themselves auto¬ 
matically when assembled; 
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The base should be designed to receive the frame casting and the 
motor and a sheet metal housing for the motor. The outline of 
the motor is not to be drawn; 

It is very important to make adequate provision for lubrication. 
The gears should run in oil; 

The thickness of the walls of the frame may be made f inch for a 
5 horsepower, inch for a 7.5 horsepower, \ inch for a 10 horse¬ 
power, and tq inch for a 15 horsepower machine. 

As soon as the assembly has been sufficiently developed, the diameter 
of the capstan shaft should be checked. 

The problem may be extended if desired by making a detail drawing 
of some selected part. 


\ 
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PUMP PROBLEMS 

SINGLE ACTING TRIPLEX PLUNGER PUMP 

1. General Remarks. —Concerns building pumps for the market usually 
have to offer various types of pumps of different sizes and capacities. 
Just how a pump may be designated as to type depends upon the number 
of cylinders, how the pump is driven, whether single or double acting, 
horizontal or vertical, etc. With respect to type the pumps illustrated 
below are referred to as single acting triplex plunger pumps. A series 
of sizes of any given type is usually designed for such a maximum 
pressure as to make the pumps of the series applicable to more than one 
kind of service. With respect to pressure common types of pumps are 
sometimes referred to as medium pressure pumps, general service pumps, 
hydraulic pumps, heavy duty pumps, etc. 

Fig. 1 illustrates a 4"X6" single acting triplex plunger pump made by 
the Goulds Manufacturing Company with the three cylinders located 
between the uprights. The two uprights carry the main bearings support¬ 
ing the crank shaft and the bearings supporting the drive shaft on which the 
driving pinion and pulley are mounted. This arrangement enables the 
main gear and pinion and the tight pulley to be located close to the sup¬ 
porting uprights and bearings. 

Fig. 2 illustrates a 4 // X6 // single acting triplex plunger pump made 
by the Buffalo Steam Pump Company with two cylinders between the 
uprights and the third cylinder outside at the end. The main gear is 
keyed to the end of the crank shaft and mounted close to the supporting 
upright and bearing. One of the bearings supporting the drive shaft is 
mounted on the outside cross-head guide to reduce the overhang of the 
pulleys to a minimum. As an alternative arrangement the pulleys could 
be placed at the opposite end of the pump, the main gear being placed in 
the position occupied by the overhanging crank web. In this event the 
gear would be designed to serve as the crank web, or the crank web would 
be made in the form of a circular disk to receive the gear. 

Fig. 3 illustrates a 4 ,, X6" single acting triplex plunger pump 
made by the Deming Company with one cylinder between the uprights 
and a cylinder at each end outside the uprights. The gear is mounted 

*An estimate of the time required to cover the work of this Chapter is given at the 
close of the Chapter. 
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on one of the overhanging crank webs. The bearings supporting the drive 
shaft are carried by a special casting which is bolted to the uprights. 

A study of Figs. 3,4, 5 ? 6, and 7 will make clear the operation of a single 
acting triplex plunger pump. Fig. 5 is a rear view and Fig. 6 an end view 
of a pump similar in design to the pump shown in Fig. 3. Fig. 7 is a view 
of the valve chamber of the pump shown in Figs. 5 and 6. Fig. 6 clearly 
shows how this chamber is attached to the cylinder casting. 



Fig. 1. 


Instead of designing, say, a general service pump with no very well 
defined limits of service, it will add to the value of and make a more 
satisfactory problem to design a pump for a definite specified service. 
By so doing, the bearing of the conditions of service on the problem will be 
more fully appreciated. 

The present problem will consist of the complete design of a single 
acting triplex plunger pump to do service as a water works pump, or the 
complete design of a single acting triplex plunger pump to do service as a 
boiler feeder. 
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2. Specifications for Boiler-feed Pump.— (a) “General Conditions of 
Service ”—It is to be assumed that the boilers to be fed supply steam 
to an automatic, four-valved, medium-speed, condensing compound 
engine of 400, 425, or 450 normal indicated horsepower, the engine being 
assumed to drive a shop or mill. 

To justify the use of a belt-driven boiler-feed pump if will be assumed 
that the shop and boiler room are so situated as to involve no great incon¬ 
venience or expense in extending the necessary shafting to drive the pump, 
or that the pump is belt driven from a motor. 



Fig. 2. 


As the pump is driven at a constant speed and will also have a 
theoretical discharge capacity of about twice the amount required for 
normal running, the pump will have to be run intermittently or run con¬ 
tinuously and some means of control provided to limit the discharge to the 
boiler in accordance with the demands of the engine. Such a means of 
control is effected by providing a connection between the discharge and 
suction headers of the pump, the amount of water returned to the suction 
side, and, hence, the amount sent to the boiler, being controlled by par¬ 
tially opening or closing a valve in the connection mentioned. This by¬ 
pass connection is clearly shown in Fig. 8. 
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(&) “ Capacity of Pump ."—The theoretical capacity (displacement) 
of the pump should be sufficient to meet the maximum demands of the 


Fig. 7. 

engine, proper allowance being made for the slip of the pump and any 
leakage occurring between the pump and the boilers and engine. 

By slip is meant the per cent the actual discharge of the pump falls 
short of the theoretical displacement. It may be due to one or all of the 



Fig. 8. 


following causes: Delayed seating of the valves, leaky condition of the 
valves when seated, and leakage past the plunger packing. For a new and 
well cared for plunger pump of the type to be designed, the slip need not 
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amount to more than 5 per cent. If, however, the valves are not renewed 
when worn and the pump given reasonably good care the slip might in 
extreme cases amount to ten times this amount. To make allowance for 
hard usage, insufficient care, and leakage elsewhere than at the pump, the 
slip is to be taken as 20 or 25 per cent. 

The engine valve gear and governor control are such as to easily provide 
for an overload capacity of 50 per cent. The water rate (steam required 
per horsepower hour) for any given type of engine will vary with the power 
demand of the engine, the normal rated horsepower of the engine being the 
horsepower at which the water rate is practically at a minimum. If the 
engine is run under or over its normal rated horsepower the water rate 
increases. For the type of engine chosen a reasonable water rate at 50 
per cent overload would be about 20 pounds of steam per I.H.P. hour. 

In accordance with the conditions and requirements of the service 
outlined above, fix upon or determine the following: 

Normal I.H.P. of the engine; 

Total steam (water) per hour at 50 per cent overload; 

Displacement of pump in pounds per hour; 

Displacement of pump in cubic inches per minute; 

Displacement per cylinder in cubic inches per minute. 

3. Specifications for Water Works Pump.—( a ) “General Conditions 
of Service ”—It is to be assumed that the pump to be designed is for the 
water works of a small rural village having a population of 400, 450, or 
500. To simplify the conditions surrounding the problem, it will also be 
assumed that there is available an ample supply of pure clear spring 
water. The supply being pure and wholesome, it will further be assumed 
that the water is pumped directly to a covered storage reservoir located 
on sufficiently high ground to give ample pressure for fire extinction as 
well as for all domestic and manufacturing purposes. 

(b) “Consumption per Capita ”—The average daily consumption per 
capita, based upon the average yearly consumption, ranges from 30 to 250 
gallons. The value to be used in any specific case depends upon what 
precautions are taken to eliminate waste,—that is, what per cent of the 
total consumption is metered and what per cent of the number of services 
is metered, and'further upon the size of the town, the number and nature 
of the industries, the character of the homes and the inhabitants, etc. 

Assuming that the industries of the small rural village to be dealt with 
are such as would not demand water in unusual quantities, a fair average 
daily consumption per capita, based upon the yearly consumption, would 
be about 35 gallons. 

The maximum monthly consumption is usually from 15 to 25 per cent 
higher than the average obtained from the yearly consumption. For this 
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problem it is to be assumed that the maximum monthly rate will exceed 
the average by 20 or 25 per cent. 

The maximum daily consumption may run from 10 to 15 gallons per 
capita in excess of the average based upon the maximum monthly con¬ 
sumption. 

(c) “ Anticipated Growth of Population —For this problem an antici¬ 
pated growth of 3 per cent per annum may be assumed. This, if a 10- 
year period is assumed, w r ould mean to design for a population of approxi¬ 
mately 1.30 times the present population. 

(d) “ Storage Capacity —Where the pumping is done during the day, 
as will be assumed for this problem, the service reservoir should have a 
capacity sufficient to store one day’s supply based upon the maximum 
daily rate per capita plus the supply necessary for fire protection. For 
the size of town taken, fire storage to run four §" fire streams for eight 
hours at the rate of 120 gallons per minute each should suffice. 

(e) “ Capacity of Pump.” —The theoretical capacity (displacement) 
of the pump should be sufficient to deliver the total daily consumption 
for the augmented population on the basis of the maximum monthly 
rate in from 8 to 10 hours, due allowance being made for slip. It is to 
be noted that the pump capacity need not be euch as to take care of 
the maximum daily or hourly rate since a storage reservoir is to be 
used and the pump so designed as to deliver in from 8 to 10 hours the 
total quantity consumed in 24 hours as determined from the maximum 
monthly rate. It is thus evident, that, even at the end of the 10-year 
period, the pump will not very often be called upon to operate more than 8 
hours out of the 24. 

By slip is meant the per cent the actual discharge of the pump falls 
short of the theoretical displacement. It may be due to one or all of the 
following causes: Delayed seating of the valves, leaky condition of the 
valves when seated, and leakage past the plunger packing. For a new 
and well cared for plunger pump the slip need not amount to more than 
5 per cent. If, however, the valves are not renewed when worn and the 
pump given reasonably good care, the slip may, in extreme cases, amount 
to ten times this amount. To make allowance for hard usage, insuffi¬ 
cient care, and leakage elsewhere than at the pump, the slip is to be taken 
as 20 or 25 per cent. 

In accordance with the conditions and requirements outlined above, 
fix upon or determine the following: 

Population of village; 

Population at end of 10-year period; 

Consumption for 24 hours at average daily rate; 

Consumption for 24 hours at maximum monthly rate; 

Gallons per minute to be delivered by the pump; 
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Displacement of the pump in cubic inches per minute; 

Displacement per cylinder in cubic inches per minute. 

4. Mean Plunger Speed and R.P.M.—Although for large, well-designed 
pumps with mechanically operated valves mean plunger speeds as high as 
300 feet per minute have been successfully used, the mean plunger speed 
for ordinary service seldom exceeds the “time honored ” 100 feet per 
minute. The permissible plunger or piston strokes per minute, and there¬ 
fore the permissible mean plunger or piston speed, depend upon the num¬ 
ber of valve closures per minute that are possible without appreciable 
noise or shock. The possible number of valve closures per minute depends 
upon the type of valve, the lift of the valve, and the relation of the area 
of the plunger or piston to the area through the valve seat. Ordinarily a 
12" stroke pump for ordinary service, fitted with the common type of 
pump valve, is limited to a mean plunger speed of about 100 feet per 
minute, or 50 valve closures per minute. Accepting this as indicative of 
the valve closures per minute for long service and satisfactory operation 
gives a permissible plunger speed of 100 times the stroke in feet for 
strokes under 12". 

On the above basis a reasonable number of valve closures per minute 
for this problem would be from 50 to 60, which fixes the number of revo¬ 
lutions of the crank shaft at, say, 50, 55, or 60 per minute. 

5. Diameter of Plunger and Length of Stroke.—In fixing on the 
diameter of the plunger and the length of the stroke do not use smaller 
fractions than |" for the diameter and \ n for the stroke. In general 
the stroke should be from 1.25 to 1.50 times the plunger diameter. In 
fixing the plunger diameter and length of stroke construct a tabulation 
headed as shown below and determine the lengths of stroke for about six 
different plunger diameters. 


Plunger. 


For R.P.M. = 


Lengths of Stroke. 


50 


55 


60 


Diam. 


Area. 


For cubic inches per cyl. per rev. = 
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Record in your computations the values fixed upon for the following: 

R.P.M. of crank; 

Desired capacity per cylinder per revolution in cubic inches; 

Diameter of plunger; 

length of stroke; 

Actual capacity per cylinder per revolution in cubic inches. 

6. General Information.—In general, the suction lift, the distance 
from the surface of the supply to the middle of the cylinder, should not 
exceed 20 feet. To avoid air pockets no part of the suction main should 
rise above the pump chamber inlet. The suction pipe, or main, should 
be as short and direct as possible, of one diameter only from end to end, 
and should be air tight. Foot valves should be fitted to all suction pipes 
that are unusually long or where the lift is high. 

To prevent air lodging in the cylinder, and thus limiting the capacity 
of the pump, the discharge outlet and valves should be above the level of 
the cylinder chamber. 

Drainage valves should be provided for all water ends. Where there is 
a valve in the discharge pipe, a relief valve should be provided between it 
and the pump discharge valves. 

The greater the variation in the rate of discharge the greater the need 
for an air chamber and the greater should be its volume. 

7. Suction and Discharge Pipes.—The sizes for the suction and delivery 
pipes are sometimes based upon the allowable maximum velocity of the 
water through them, but are more often based upon the allowable mean 
velocity. Occasionally, the area of the suction and delivery pipes are made 
to bear a certain relation to the plunger area. Where there is very little 
difference between the maximum and the mean velocity of the water, as 
will be found to be the case for this problem, it is justifiable to base the 
proportions for the suction and discharge pipes upon some allowable mean 
velocity. The smaller the pipe the lower the allowable mean velocity, 
since the loss of head for any given velocity varies inversely as a power 
of the diameter. It should also be remembered that small pipes are more 
easily obstructed than large ones and the effects of fouling with age are 
more marked with small than with large pipes. 

For ordinary pumps various authorities are in fair agreement on a 
value of about 200 feet per minute for the mean suction velocity, and on a 
value of about 250 feet per minute for the mean discharge velocity. For 
water works pumps, since the discharge main is usually much longer than 
the suction pipe, the allowable mean velocity is taken about the same for 
each. Also, since greater lengths of pipe are usually involved than for 
other services, the allowable mean velocity will be taken lower than 200 
or 250 feet per minute. The common range from 120 to 180 feet per 
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minute may be used for the mean velocity in the suction and discharge 
pipes. As cast iron resists corrosion better than wrought iron or steel, 
cast iron pipe will be used. The commercial sizes of cast iron pipe run 
3", 4", 6", 8", 10", etc., in internal diameter. 

For the boiler-feed pump wrought iron or steel pipe is to be used 
instead of cast iron. In view of the smallness of the pump and w T hat has 
been said above in regard to the smaller sizes of pipe, mean suction and 
discharge velocities below 200 feet per minute and 250 feet per minute 
will be used. For the suction pipe use a mean velocity range of 120 to 
180 feet per minute, and a range of 150 to 220 feet per minute for the 
discharge pipe. (For steel and wrought iron pipe sizes see Tables 13 and 14, 
Chapter 26.) 

In accordance with the above determine the following: 

Required range of internal area of suction pipe; 

Required range of internal area of discharge pipe; 

Nominal internal diameter of suction pipe; 

Nominal internal diameter of discharge pipe; 

Actual internal area of suction pipe; 

Actual internal area of discharge pipe. 

8. Discharge and Suction Pressures at Pump.—With three cylinders 
and the cranks at 120 degrees the rate of flow T through the suction and 
discharge pipes, as before mentioned, is practically constant. Hence, it 
follows, that, for practically all of the w r ater in motion, there is very little 
change of velocity, and, in consequence, the suction and discharge pressures 
in the pump will be very little affected by the inertia of the water. For 
this reason, the pressure in each cylinder will be assumed to remain con¬ 
stant throughout the up, or suction, stroke and throughout the down, or 
discharge, stroke. 

It is to be assumed that the suction lift, the distance from the middle 
of the cylinder to the surface of the supply, is 12 feet; and that the static 
discharge head, the distance from the middle of the cylinder to the average 
w r ater level in the storage reservoir, is 170 feet. 

To get the discharge pressure in the pump cylinder we must add to the 
static discharge head the loss of pressure between the pump cylinder and 
the reservoir. Between the pump and the reservoir there are 2000 feet of 
discharge pipe, a check valve, two gate valves, and turns equivalent to 
three elbows. 

To get the pressure in the pump cylinder on the up, or suction, stroke 
we must add to the suction lift the loss of head between the source of sup¬ 
ply and the pump cylinder. It is to be assumed that there are 100 feet 
of suction pipe, three elbows, and a foot valve. 
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For the boiler-feed pump it is to be assumed that we have a steam 
pressure of 120 pounds gauge at the engine and 125 pounds gauge at the 
boiler, there being a drop of 5 pounds per square inch between the boiler 
and engine. To get the discharge pressure in the pump cylinder we must 
add to the above boiler pressure the loss in pressure between the pump and 
the boiler and the static head (10 feet) from the middle of the pump 
cylinder to the water level in the boiler. Between the pump and the boiler 
there are 30 feet of discharge pipe, three elbows, a check valve, and a gate 
valve. 

It is to be assumed that the suction lift is 15 feet and that there are 100 
feet of suction pipe, three elbows, and a foot valve. To the suction lift 
must be added the loss in pressure between the source of supply and the 
pump to get the suction pressure in the pump cylinder. 

For both the feed pump and the water works pump assume the loss of 
head through the suction valves as 0.50 pound per square inch, the loss of 
head through the discharge valves to be taken the same. 

The loss of head in L feet of pipe is: 



or the loss of head per 1000 feet of pipe is 



where H =loss of head in feet due to friction; 

w=mean velocity of water in the pipe in feet per second; 
d — internal diameter of pipe in feet; 

/=a coefficient, depending chiefly upon the roughness of the inner 
surface of the pipe. 


For clean pipe/=0.02+- 


With age the loss of head will increase as 


the interior of the pipe becomes rough and coated, and the value of / 
might easily be doubled. It is to be assumed, therefore, that/—0.04+—^—. 


The loss of head due to elbows and valves, as determined experimen¬ 
tally, may be expressed as equivalent to the loss of head in a straight pipe 
of a length equal to some multiple of the diameter of the pipe. The fol¬ 
lowing equivalents from experimental work done in the College of Civil 
Engineering, Cornell University, may be used: 


Gate valve wide open = straight length of about 13 diameters; 

Standard elbow = straight length of about 23 diameters; 

Check valve = straight length of about 100 diameters; 

Foot valve = straight length of about 100 diameters. 
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la accordance with the above determine the following: 

Mean velocities in suction and discharge pipes in feet per second; 

Loss of head per 1000 feet of suction pipe; 

Loss of head per 1000 feet of discharge pipe; 

Total equivalent length of suction pipe in feet; 

Total equivalent length of discharge pipe in feet; 

Suction pressure at the pump in pounds per square inch; 

Discharge pressure at the pump in pounds per square inch. 

9. First Drawing (18"X24" Paper). —Knowing the diameter of the 
plunger, the length of the stroke, the R.P.M of the crank, and the suction 
and discharge pressures, the velocity-space diagram for the plungers, the 
discharge diagram, and the tangential effort diagram may be drawn. 
The drawing of these diagrams is preliminary to the design of the crank 
shaft and other details. If the machine to be designed were entirely new 
and not a well developed type, other kinematic and layout drawings might 
be necessary in order to ^develop the design and the working drawings. 



If it be assumed that the crank c in Fig. 9 rotates at a uniform rate, 
then the intercept y represents, for the instantaneous position of the 
crank, the Unear velocity of the cross-head, or plunger, a, to the same scale 
that the length of the crank c represents the constant Unear velocity of the 
crank pin center 0&c. 

If the effective force Ft at the cross-head pin at the instant is laid off 
on the crank c and a line drawn parallel to the connecting-rod 6, the inter¬ 
cept x so obtained represents the tangential force F at the crank pin to the 
same scale that the length Fi represents the force at the cross-head pin 
at the instant. 
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The truth of the constructions stated may be proved by the instant 
center method. Kennedy's theorem states that for any three bodies 
a , b, and c having plane relative motion, the instant centers O a b, Obc, and 
Oac are three points in the same straight line. The instant center Obd is, 
therefore, on the centerline 0 C d~0b C of the crank extended, and also on a 
line normal to the path of the cross-head through the instant center O a b to 
the instant center O ad at infinity. The intersection of these two lines 
yields the only point common to both lines and, therefore, locates the 
instant center O bd of the connecting-rod b . 

The instant center Obd can be rigidly established in this case without 
resort to Kennedy’s theorem as the directions of motion of the cross-head 
and crank pin are known. The cross-head pin center 0a and the crank 
pin center Obc may be regarded as points in b as well as in a and c. 0a 
as a point in a is rotating at the instant about any point in a line through 
Oa normal to the direction of motion of a. Likewise Obc may be regarded 
at the instant as rotating about any point in a line through Obc normal 
to the direction of motion of the crank pin. The intersection of these 
two lines is, therefore, the only point about which both of the points Oa 
and Obc may be considered to rotate at the instant. As Oa and Obc may 
be considered as points in 6, the intersection locates the instant center 
Obd of the connecting-rod b. 

A line through the crank shaft center O ed normal to Oa~Oca is parallel 
to Oa~Ob&- The triangles ObdObcOab and OjObcO ac are, therefore, similar. 


Hence 


y i 

r = b or y=R B- 


Since the velocity of any point in a rotating body is proportional to its 
distance from the center of rotation, 

velocity of cross-head V\ _A y —y A 
velocity of crank pin V 2 B ° T 1 2 B' 

If the length of the crank R be assumed to represent the constant linear 
velocity of the crank pin F 2 , then 

r>A Tr A 

y R B 

But 


Hence y=V 1 and represents the linear velocity of the cross-head to the 
same scale that R represents the constant linear velocity of the crank pin. 
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The products Fi IT and FV 2 represent the total rates of energy genera¬ 
tion at the respective points at the instant since I 1 and 1 2 represent the 
absolute velocities of the points and F\ and F the forces acting in the 
direction of motion at the instant. Hence, assuming no loss by friction, 

FiY^FVz or 


But, from similar triangles. 


Hence, 


F x B To 


or 


x—F 1 


Vi 

T 2 


x=F. 


For the sake of accuracy the crank circle is to be drawn as large as 
possible—one-half, three-quarters, or full size. Locate the center of the 
crank circle in the upper left corner 3§" below the top border line and 3" 
from the left border line. Since the pump cylinders are to be vertical 
the velocity space diagram, plotted on the line of travel of the cross-head 
pin center, will fall in the lower left corner and is to be plotted to the 
left of the vertical line through the crank shaft center. The line repre¬ 
senting the pressure difference per square inch between the atmospheric 
pressure and the absolute pressure in the cylinder on the up, or suction, 
stroke is also to be drawn to the left of the vertical center line, the dis¬ 
charge pressure line to the right. 

The ratio of the connecting-rod length to the crank length = (5 to 1) to 
(6 to 1). For the velocity scale assume that the crank length represents 
the constant linear velocity of the crank pin center. Since the R.P.M. 
is low the effect of the inertia of the moving parts on the forces at the 
cross-head and crank pins will be neglected in obtaining the tangential 
effort diagrams. 

Pressure scale 1"=40 pounds per square inch. 

On a horizontal line, equal in length to the circumference of the crank 
circle and 10" below the top border line, is to be plotted the rectified tan¬ 
gential effort diagrams for the three cranks and the resultant effort curve 
determined. Before starting the rectified tangential effort diagram draw 
to the left of the horizontal reference line a small crank circle of convenient 
size showing the three cranks, a, 6, and c, 120 degrees apart. The individ¬ 
ual curves should be correspondingly marked. 

Immediately above the rectified tangential effort diagram on a hori¬ 
zontal reference line of the same length, 5" below the top border line, draw 
the individual and resultant capacity, or discharge, curves. 
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In the lower middle portion of the sheet tabulate the following items 
and their values and also enter the same in the computations: 

Diameter of plunger in inches; 

Length of stroke in inches; 

R.P.M.; 

Maximum rate of discharge in cubic inches per minute; 

Mean turning moment in pound-inches; 

Maximum turning moment in pound-inches; 

Length of connecting-rod in inches. 


10. Stuffing Box and Gland. —In Fig. 10 is shown a stuffing box in 
common use for plungers over 1|" in diameter. Occasionally, the gland 
and box are bushed with bronze at D' and 
D. If the gland is small it may be made 
entirely of bronze. For ordinary service 
and fresh water it is not found necessary 
to use bronze bushings or to make any 
part of the box or gland of bronze. 

If square packing is used the edges 
E are made flat as shown. If round pack¬ 
ing is used these edges are sometimes 
beveled. 

Where d is the diameter of the plunger 
A is sometimes given as AL = 1.2d+0.5". Fig. 10. 

For pumps of about the size being con¬ 
sidered A should not be made greater than (d+ If") or 

Dimension B is made sufficient to accommodate about four strands of 
packing. 

Dimension C should be made such that the packing may be reduced 
about one-half. 

11. Thickness of Cylinder, or Barrel. —The internal diameter of the 
cylinder may be taken equal to A as given above. The thickness of the 
cylinder must be such as to guarantee a good casting besides providing 
strength against the internal pressure due to the normal water pressure 
and the possible augmentation of pressure due to water hammer. Water 
hammer may be allowed for by modifying the internal pressure or by modi¬ 
fying the allowable stress. In the expression below a very low stress has 
been taken, thus allowing for a considerable variation of pressure. (See 
Table 1, Chapter 26.) 
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t = thickness of the cylinder in inches; 

P — internal pressure in pounds per square inch; 
d = internal diameter in inches = A; 

.$ = allowable stress in pounds per square inch 
= 1500 to 2000 for cast iron. 

The above expression is for cylinders where reboring will not be required. 
Some empirical expressions are, 

t = Q.Q2d+QA and £ = 0.10d+0.28". 

By the use of the first expression given above determine and enter in 
the computations the thickness t. 

12. Valves.—To prevent noise and shock the lift of the valves should 
be kept as small as possible. To reduce the lift makes for quiet running 
and durability. For this reason practice favors, where considerable area 
is to be provided, a number of small valves instead of one large one. 
The lift of a single beat valve should not exceed one-quarter of its diameter 
and, wherever possible, should be limited to a value less than this amount. 

For ordinary service the mean velocity of the water through the 
valves and passages should not exceed 350 feet per minute. Very often 
larger areas are provided than this velocity w T ould dictate. For plunger 
speeds of 100 feet per minute or less the area is sometimes made 40 per cent 
of the plunger area. 

In Fig. 11 is illustrated a type of valve more used in America than 
any other type of automatic valve. For cold water the disks are usually 

made of vulcanized India rubber pliable 
enough to stand bending at right angles 
without cracking; for hot water a hard 
composition of India rubber and graphite 
is used. Disk valves are made from 2 " 
to 6" in diameter. The four sizes most 
commonly used are 3", 3|", 4", and 
4Of these more than one-half are 
3". Sizes under 3" or over 4§" are not 
very much used. 

The area of the seat or the grating 
in contact with the rubber disk should 
be at least 20 per cent of the area of 
the disk. The valve disk usually over¬ 
laps the seat by about 

The helical spring to hasten the 
seating of the valve is usually given about 5 effective coils of a mean 
diameter equal to about one-half the diameter of the disk. 
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Rubber valve disks are made in the following sizes: 


Diameter of disk in inches. 

2 i 

2A 

3 

31 

4 

41 

5 



' 






Thickness of disk in inches. 

i 

-j j 

7 

i 

5 

5 

3 

3 



16 

2 


8 

4 

4 

Diameter of hole in inches. 


i 

9 

1 1 

li 

it 

tt 










For the present problem the net area through the valve seat is to be 
determined on the basis of a maximum velocity range of from 250 to 300 
feet per minute. 

The bridging in the seat is usually from 30 to 50 per cent of the gross 
area. An average of about 40 per cent is to be used in determining the 
internal diameter of the seat. Allow an overlap of about £" in deter¬ 
mining the diameter of the disk. 

To determine the maximum lift it will be assumed that the area for 
radial flow from under the valve is equal to the net area through the seat, 
the stop on the valve stem to be arranged accordingly. 

From the above information and the maximum rate of discharge in 
cubic inches per minute per cylinder determine the following: 

Net area through the valve seat in square inches; 

Internal diameter of the valve seat in inches; 

Diameter of the valve disk in inches; 

Maximum lift of the valve in inches. 

13. Valve Springs.—In determining the size of the valve springs it will 
be assumed that the free length of the spring is greater than its length 
when the valve is at its maximum lift by an amount equal to 1| times the 
maximum lift. When the valve is in its position of maximum lift it is to 
be assumed that the downward thrust of the spring on the discharge valve 
is equal to 0.40 of a pound per square inch of area of the disk, and 0.20 of a 
pound per square inch of area of the disk for the suction valve. The springs 
are to be made of hard bronze wire and are to have five effective coils 
and 1| dead coils and are to have a mean diameter equal to one-half the 
diameter of the valve disk. 

Considering the conditions under which the springs w r ork the induced 
stress should not exceed from 15,000 to 20,000 pounds per square inch. 

For formulae, see Table 1, and for wire gauge sizes, see Table 25, 
Chapter 26. For information on hard bronze wire see Article 12, 
Chapter 18. 

Determine the following: 

Maximum load on the discharge springs in pounds; 

Maximum load on the suction springs in pounds; 
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Maximum deflection, or compression, of springs; 

Diameter of wire for discharge springs; 

Diameter of wire for suction springs; 

Maximum induced stress for discharge springs; 

Maximum induced stress for suction springs; 

Free length of discharge springs. 

To get the free length of the spring it is to be assumed that the spring 
could be compressed beyond the maximum lift position before it would 
completely close. The suction and discharge springs should be of the 
same free length. 

14. Gear and Pinion. —For high velocities and varying torque helical 
spur gears are often used to secure smooth action and quiet running. 
In the present case plain spur gears will answer the purpose, since the 
velocity at the pitch line is low and the torque quite uniform. 

The design and limiting diameter of the main gear depend upon the 
arrangement of the cylinders and upon where and how the gear is mounted 
on the crank shaft. Fig. 12 illustrates the crank shaft and gear for the 
three cylinders located between the uprights as shown in Fig. 1, and Fig. 13 
illustrates the crank shaft for two cylinders between the uprights as shown 
in Fig. 2. In neither of these arrangements is the outside diameter of the 
gear limited by the length of the cross-head and the length of the connect¬ 
ing-rod. If, for the pump shown in Fig. 2, the gear w r ere mounted on the 
overhanging crank web, the outside diameter of the gear would be limited 
by the length of the cross-head and the length of the connecting-rod. This 
limitation also applies where just one cylinder is located between the 
uprights as shown in Figs. 3 and 14. If the arrangement chosen locates 
the gear above a cross-head guide the outside radius of the gear should not 
be greater than the length of the connecting-rod minus the sum of one-half 
the stroke, one-half the length of the cross-head, and suitable clearance. 
The length of the cross-head may be taken from 0.75 to 1.00 times the 
stroke. 

The gear is almost always of cast iron. The pinion may be made of 
cast iron or cast steel. If made of cast iron the teeth of the pinion will be 
weaker than those of the gear, in which case the design of the gear and 
pinion wmuld be based upon the number of teeth on the pinion. If the 
pinion is to be a steel casting the number of teeth on the gear becomes 
the basis of the design. 

In order to secure the smallest combination of gear and pinion for any 
given ratio, the number of teeth on the pinion should be as small as is 
consistent with the revolutions of the drive shaft. The number of teeth 
on the pinion may be taken from 15 to 20. The ratio of the diameter of 
the gear to the diameter of the pinion may be taken from (5 to 1) to (6 to 1). 
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A reasonable value for the total mechanical efficiency of a single acting 
triplex plunger pump is 75 per cent. It is sufficiently safe and accurate to 
assume 20 per cent as the loss between the pinion and the water in the 
cylinders. 

By use of the above information and the information under Articles 1 
and 2, Chapter 20, determine the following: 

The maximum turning moment on the gear in pound inches; 

Number of teeth on the pinion and on the gear; 

Diametral pitch and width of face of pinion and gear. 

Tabulate for the gear and pinion the pitch diameters, width of face, 
diametral pitch, and number of teeth. See Articles 18, 19, and 20, 
Chapter 16, for thickness of rim, etc. 

15. Diameter of Pulleys.—The water works pump is to be belt driven 
from an electric motor. It is very common to have the operation of the 
motor and pump controlled by the level of the w T ater in the reservoir, 
the motor being automatically stopped when the level of the water in the 
reservoir reaches the overflow and automatically started again when the 
water has dropped to a certain level fixed upon as a desirable minimum. 

A 60 cycle induction motor to drive the pump is to be selected from 
the following commercial sizes; 1, 2 3 3 , 5, 7f, 10, 12§, and 15 horsepower. 
These and larger powers are available to run under no load at 1800, 1200, 
or 900 revolutions per minute. The larger the motor the less the speed 
falls off as the motor is loaded. For this problem the rated speed is to be 
taken as 900 R.P.M. and the full load speed as 5 per cent less. Such 
motors may be assumed to stand an overload of 50 per cent for one hour 
or 100 per cent for one-half hour without overheating. A motor of a 
certain rated power may be safely used if the power required of the motor 
does not exceed its rated pow r er by more than 5 per cent. 

In determining the diameter of the tight and loose pulleys it is to be 
assumed that the pulley on the motor shaft is from 6" to 8" in diameter— 
the diameter of the pulley on the motor shaft being permitted to run in 
fractions, the diameter of the tight and loose pulleys to be in a whole 
number of inches. 

A common rule in fixing on the minimum distance between pulley shaft 
centers is to make the distance not less than 3.5 times the diameter of the 
largest pulley. 

For the water works pump determine the following: 

R.P.M. of pinion, or drive shaft, and horsepower of motor; 

Diameter of tight and loose pulleys and of motor shaft pulley. 

For the feed pump a tentative diameter for the pulleys is to be deter¬ 
mined on the basis of an allowable belt velocity of from 1000 to 1500 feet 
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per minute. Determine, for the feed pump, the R.P.M. of the pinion 
shaft and the diameter of the tight and loose pulleys. 

16. Width of Belt.—For single-ply belts the pull in the tight side is 
often taken as TO pounds per inch of width. Since, in the present case, an 
extra strong and reliable belt is desired the pull in the tight side may be 
taken at 60 pounds per inch of width. (See Table 1, Chapter 26, for 
formula.) 

Determine the following: 

Net belt pull per inch of width; 

Maximum torque on drive shaft in pound-inches; 

Total net belt pull; 

Width of belt. 

17. Crank S ha ft.—The crank shaft shown in Fig. 14 would be a very 
difficult shaft to forge because of the large circular disk for attaching the 

gear. The shafts shown in 
Figs. 12, 13, and 15 may be 
forged and all of the shafts 
shown may be cast of steel. 
If cast, annealed, open-hearth 
cast steel of about 0.30 per 
cent carbon would be suitable 
(Article 5, Chapter 18); if 
forged, S.A.E. 1035 or 1045 
carbon steel may be used 
(Article 6, Chapter 18). 

The shaft is subject to 
both bending and twisting. 
The maximum twisting moment, frictional loss neglected, is known from 
the diagram sheet. To be on the safe side, it will be assumed, in determin¬ 
ing the actual twisting 
moment, that there is a 
20 per cent loss from 
the water to the shaft. 

The maximum bend¬ 
ing moment can not be 
approximated until the Fig. 13. 

spacing of the loads and 

bearings has been determined. A tentative design of the crank shaft must 
therefore be found. This will be done by finding a tentative diameter and 
basing the design of the shaft on the following empirical proportions, which 
are expressed in terms of the shaft diameter d: 




Fig. 12. 
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Diameter and length of crank pin = d; 

Thickness of crank webs =0.75c? to 0.85<i; 

Width of crank webs = about 1.5c?; 

Length of main bearings = 1.5c? to 2.0c?. 

The same method is to be used in finally checking the tentative 
diameter as in computing the tentative diameter for the shaft. To allow 
for surface finish and abrupt changes in section, a fatigue stress concen¬ 
tration factor of 1.8 is to be used and a factor of safety of 2, and the 
method of Article 10 or 11 of Chapter 19 is to be applied. The ratio of 




Fig. 14. 


the minimum to the maximum bending stress or of the minimum to the 
maximum torsional stress will depend on the number of cranks between 
the uprights. 

(a) One Crank between the 
Uprights .—For the middle crank 
between the uprights, as shown 
in Figs. 14 and 15, the maxi¬ 
mum bending moment may be 
assumed to be equal to the 
maximum thrust P along the 
connecting-rod on the discharge 
stroke times the distance from 
the middle of the overhanging 
crank pin to the middle of the 
supporting bearing. The dis¬ 
tance l in terms of the diameter 
D of the plunger may be taken 
as follows: 

l=H+^D for the boiler-feed pump 
and Z = f+D for the water works pump. 



Fig. 15. 
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To allow for the angularity of the connecting-rod and the frictional losses in 
the stuffing box and elsewhere, the maximum thrust P along a rod may be 
taken equal to the discharge pressure on the plunger divided by 0.93. 

With the gear placed on the web of one of the overhanging cranks, the 
most severe variation of stress will occur in the shaft section in the bearing 
next to the overhanging crank which does not carry the gear. In this 
section the bending moment varies in magnitude and direction during the 
revolution while the torque varies from zero to a maximum and back to 
zero. The ma xim um stress due to bending is reversed each revolution, 
while the maximum stress due to torsion varies from zero to its maximum 
value. Hence, in determining the diameter of the shaft by the method of 
Article 11, Chapter 19, e x = — 1 and e r = 0. In the absence of a test value, 
the endurance limit s r of the material for reversed bending may be taken 
as 0.5u t for cast and for wrought steel. 

While the section of the middle crank pin is subject to a greater maxi¬ 
mum bending moment than the section of the crank shaft next to the over¬ 
hanging crank which does not carry the gear, the range of variation of 
stress is not so great, and consideration of the middle crank pin would not, 
as will be found, dictate any larger diameter of pin and shaft than is dic¬ 
tated by the bending action on the overhanging crank. 

The section of the crank shaft in the bearing next to the overhanging 
crank which carries the gear is subject to combined bending and twisting. 
While the simultaneous action of the bending and twisting would cause a 
greater variation of stress than either the bending or twisting alone, the 
variation is not as great as for the overhanging crank which does not carry 
the gear and would not, as will be found, dictate any larger diameter. 

(6) Two Cranks between the Uprights .—With two cranks between the 
uprights and the gear placed on the opposite end of the shaft from the 
overhanging crank, the most severe variation of stress will occur in the 
shaft section in the bearing next to the overhanging crank. In this section 
the bending moment varies in magnitude and direction during the revolu¬ 
tion while the torque varies from zero to a maximum and back to zero. 
The ma x im u m stress due to bending is reversed each revolution, while 
the maximum stress due to torsion varies from zero to its maximum value. 
Hence, in determining the diameter of the shaft by the method of Article 11, 
Chapter 19, e x ~ — 1 and e T =0. In the absence of a test value, the endur¬ 
ance limit s r of the material for reversed bending may be taken as 0.5 u t 
for cast and for wrought steel. 

The conditions of variation of the bending and of the stress in the two 
crank pins between the uprights will not, as will be found, dictate any 
larger diameter of pin and shaft than the conditions outlined immediately 
above. 
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The section of the shaft in the bearing next to the gear is subject to 
combined bending and twisting. While the simultaneous action of the 
bending and twisting would cause a greater variation of stress than either 
the bending or twisting alone, the variation is not as great as for the over¬ 
hanging crank and would not, as will be found, dictate any larger diam¬ 
eter. 

(c) Three Cranks between the Uprights .—With three cranks between the 
uprights and the gear outside one of the uprights, the most severe variation 
of stress will occur in the middle crank pin and will be due entirely to the 
variation of the bending action. The ratio of minimum to the maximum 
stress due to bending may be taken as —0.60. In terms of P and l as given 
above in (a), the maximum value of the bending moment may be taken as 

M — 1.55PZ for the boiler feed pump ; 

and M = IA0PI for the water works pump. 

Determine the diameter of the shaft by the method of Article 10, Chap¬ 
ter 19. In the absence of a test value, the endurance limit s r of the mate¬ 
rial for reversed bending may be taken as 0.5 u t for cast and for wrought 
steel. 

While the range of variation of stress is greater in the other tw T o than 
in the middle crank pin, the bending is less, and, in consequence, the con¬ 
ditions would dictate no larger diameter of crank pin and shaft. 

The section of the shaft in the bearing next to the gear is subject to 
combined bending and twisting. While the simultaneous action of the 
bending and twisting w^ould cause a greater variation of stress than either 
the bending or twisting alone, the variation is not as great as for the middle 
crank pin and w r ould not, as will be found, dictate any larger diameter. 

For the material and type of crank shaft to be used determine the 
following: 

Maximum moment or moments on winch the tentative diameter 
of the crank pin or shaft is to be based; 

Tentative diameter of shaft; 

Tentative thickness of crank webs; 

Tentative width of crank webs; 

Tentative length of main supporting bearings. 

The above tentative dimensions and center line distances are based 
upon a trial value for the maximum bending moment. It remains to 
check the value of this moment and the tentative dimensions of the shaft. 
It will be assumed that the crank webs are so strong and rigid that the 
maximum induced stresses in the actual shaft will be fairly well approxi¬ 
mated by treating the shaft as a round, straight shaft similarly loaded and 
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supported. In making this check it is to be assumed that the thrust or 
pull along the connecting-rods is vertically up or down since the rods in 
any position make such a small angle with the vertical. Account is to be 
taken of the driving force on the gear teeth. In the absence of a definite 
layout the line joining the centers of the crank and pinion shafts may be 
assumed to be at an angle of 45 degrees with the vertical. 

A freehand sketch of the crank shaft about a horizontal center line 
should be drawn together with an end view showing the sequence of the 
cranks. The sketch should show all the elements of the shaft, including 
bosses. The tentative dimensions found above should be entered on the 
sketch, together with the allowances for the bosses and the distances 
between the center lines of the cylinders, uprights, and the mid plane of 
the gear. Where cylinders are located side by side the distance between 
the center lines is determined by the internal diameter of the cylinders and 
the thickness of the division wall. 

By conceiving the shaft rotated through a revolution by 60 degree 
increments, determine the various combinations of loading possible and 
which combination would give the most severe bending action. For each 
combination of loading a sketch of the shaft as a round, straight shaft 
should be drawn with the forces, supports, and dimensions indicated 
thereon. The bending moment and shear diagrams are to be drawn for 
each combination of loading. If this analysis should indicate that the 
shaft as proportioned is not sufficiently strong, suitable changes and 
revisions must be made. 

18. Drive Shaft and Bearings.—To determine the diameter of the drive 
shaft, d, from the diameter of the crank shaft, D, assume that M e for the 
drive shaft bears the same relation to its turning moment as M e for the 
crank shaft bears to its turning moment. Deduce the relation between 
d and D and the ratio of gear to pinion n. 

If the drive shaft bearings are cast integral with the uprights it will be 
found best to make them of the same length as the main bearings. If the 
bearings are cast separately and bolted to the uprights this length may not 
be desirable. In any event the bearings should not be less in length than 
2 to 2§ times the diameter of the shaft. 

19. Air Chamber.—Since the discharge is quite uniform the air chamber 
volume can be made quite small—-about equal to the displacement volume 
of the three cylinders. The air chamber should be placed on the highest 
portion of the pump. The total height of the air chamber may be made 
about three times its diameter. The neck needs to be no larger than 
necessary for strength and attachment. The area of the neck opening 
may be made about one-third or less of the area of the body of the chamber. 
The thickness may be determined in the same way the thickness of the 
cylinder was determined. 
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20. Design of Details.—If the assembly drawing were started, it would 
be discovered that to develop the design it would be necessary to design 
the details discussed in Articles 21, 22, 23, and 24 below in very much 
the same order as given. Since the machine to be designed is of a well 
established type it is not necessary to start with the assembly drawing 
to establish this order of procedure. The important details, so far as the 
development of the design is concerned, will be taken up and worked out 
over the drawing board on 12"X1S" paper in the order given below. 
Work with the title in the lower right-hand corner or turn the sheet so 
that the title is in the lower left-hand corner and place the details on the 
sheet in the position they would normally occupy in the assembled machine. 

21. Connecting-rod (Second Drawing).—The cross-head is to be 
designed to receive the lower end of the connecting-rod. The design of 
the rod is, therefore, taken up first. 

The connecting-rod may be a malleable casting, a steel casting, or a 
forging. Fig. 16 illustrates a type of rod used by the Buffalo Steam Pump 
Company on the smaller sizes of their general service triplex pumps. 
Fig. 17 illustrates a type of rod used to a considerable extent by the Deming 
Company. Fig. 18 illustrates a type of rod common with the Goulds 
Manufacturing Company, and Fig. 19 illustrates a type of rod used by the 
Deane Steam Pump Plant on their triplex pumps. For the rod in Fig. 16 
adjustment for wear is by means of shims and is provided on the crank 
pin end only. For the rod in Fig. 17 shim adjustment is provided on the 
crank pin end and a wedge adjustment on the cross-head pin end. The 
adjustments provided for the rod in Fig. 18 are the reverse of this. Each 
end of the rod in Fig. 19 is provided with a wedge adjustment. 

The cross-head pin should have from one-half to two-thirds the pro¬ 
jected area of the crank pin. This is in accordance with locomotive, 
stationary, and marine engine practice where the pressure per square 
inch of projected area on cross-head pins is taken from 1| to 2 times that 
allowed on the crank pins. The length of the cross-head pin may be 
taken about 1.5 times its diameter. The length should not exceed the 
length of the crank pin. 

Article 13 of Chapter 25 should be read in preparation for determining 
the size of bolts for the rod. Since the bolts are exposed to external load 
only on the suction stroke, the external load will be small and may be 
ignored. The size of the bolts is therefore to be based on the initial load 
due to setting-up. In view of the class of work, a range of 8000 to 10,000 
for k would appear reasonable. 

In determining the thickness of the cap on the crank pin end of the rods 
shown in Figs. 16 and 17 the load on the cap may be taken equal to the 
discharge thrust along the rod. The practical result of this assumption 
is to get a head for the upper part of the rod whose cap and lower half 
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will be of satisfactory proportions not only for a single acting pump, but 
for a double acting pump for the same diameter of s ha ft and crank pin. 
The bending moment for the cap is to be taken as the mean between two 
limiting moments. Regarding the cap as point supported at the bolts 
and as carrying a concentrated load in the middle gives one limiting 
moment, and regarding the cap as fixed at the ends and carrying a dis¬ 
tributed load over a distance equal to the diameter outside the babbitt 
gives the other limiting moment (Table 4, Chapter 26). Fix upon a 
reasonable range for the allowable stress and determine the thic kn ess of 
the cap. 

After the above computations have been made the connecting-rod 
should be detailed. By working from the inside outward design the 
upper and lower ends of the rod, the design of the body of the rod being 
left to the last. The weight, cross-section, and outlines of the body of 
the rod should, in appearance, be in keeping with the upper and lower 
ends of the rod. The mid cross-section of the body of the rod should 
then be checked, treating the rod as a column. Be careful to draw the rod 
in its correct position and to make a proper selection of views. 

22. Plunger and Cross-head and Stuffing-box Gland (Third Drawing). 
—The plunger and the cross-head are frequently made of cast iron, the 
plunger being turned and ground. For small pumps the plunger and 
cross-head are sometimes made in one piece. The combination is often 
made in two pieces in order that the plunger, when it is desirable, may be 
made of brass or bronze instead of cast iron. 

For small pumps the plunger and cross-head are sometimes cast in one 
piece as shown in Fig. 20, the cross-head being made cylindrical without 
adjustment for wear. Pumps with this type of cross-head and plunger 
are shown in Figs. 2 and 8. The pumps shown in Figs. 3 and 5 are fitted 
with cross-heads of the type shown in Fig. 21. The cross-head shoes are 
without taper and are cut from an internally flanged cylinder that has 
been turned and bored. Adjustment is made, when required, by placing a 
thin shim of paper, or other suitable material, between the shoe and the 
cross-head. The cross-heads shown in Figs. 22 and 23 are fitted with 
adjustable, tapering shoes. In Fig. 22 the faces of the shoes are finished to 
operate in guides that have been bored. In Fig. 23 the faces of the shoes 
are flat. 

The bearing length of the cross-head or cross-head shoes is usually 
made from 0.75 to 1.00 times the stroke. Permissible pressures per square 
inch of projected area for engine cross-heads run from 10 to 30 pounds 
for high-speed to 30 to 50 pounds for slow-speed engines. The length 
of the cross-head guides is determined by allowing the cross-heads to over¬ 
travel the guides by about an inch at each end. Having the size of the 
cross-head pin and the design of the lower end of the connecting-rod, 
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which in to bo housed by the cross-head, the design of the cross-head is 
easily developed by working from the inside outward. The plunger and 
cross-head should be detailed in the correct position and a proper selection 
of views should be made. 

So far as apparent at this time there is nothing except the requirements 
of the gland itself to dictate the location of the adjusting studs. The 
smaller the distance from the edge of the stuffing box to the center of the 
tapped holes the less the bending action on the wings or flange of the 
gland. In fixing on this distance be guided by the general rule for the 
distance from the edge of a casting to the center of a tapped hole. 

23. Main Bearing Caps and. Drive Shaft Bearing Caps (Fourth Draw¬ 
ing).—These details are taken up since the form of the top of the uprights 
and the suspension of the drive shaft depend to quite a degree upon their 
design. The size of the studs for the main bearing caps is to be determined 
by the method outlined in Article 13 of Chapter 25, using a range of 8000 
to 10,000 for the value of k. It is to be assumed that each stud takes its 
share of the external load and that the resultant load per stud is equal to 
the initial load plus the external load. The bending moment on the cap 
can be determined only approximately and will depend upon how the 
main bearing is parted and how the shims are used. In computing the 
thickness of the cap proceed as in the case of the connecting-rod cap. 

The drive shaft bearing cap is to be of the same style as the main 
bearing cap, and the thickness of metal outside the babbitt can be worked 
out on the drawing board by assuming that the thickness of the cap bears 
the same relation to the size of the shaft that the thickness of the main 
bearing cap bears to the diameter of the crank shaft. 

24. Valve and Seat (Fifth Drawing).—The design of these details is 
necessary to determine the size of the valve chamber compartments 
required for satisfactory operation of the valves and for the removal and 
replacement of any part. Each part of the valve should be detailed sep¬ 
arately and the aim should be to get a valve that is sure to remain assembled 
in operation, that can easily be taken apart for the renewal of worn parts, 
and one that will require the least head room for the renewal of a spring 
or disk. Since seat, stem, and retaining nut are usually made of brass 
or bronze, the aim should be to form these parts in such a manner as to 
meet the above requirements and be at the same time as light as possible. 
Since a value has been computed for the lift, the valve is to be designed to 
limit the lift as a maximum to the computed value. 

25. Assembly (Sixth Drawing, 18 // X24 / ' Paper)—After laying in the 
title turn the drawing board until the title is in the lower left-hand comer 
and locate the various views as follows: 

The end elevation is to be in section with the vertical center line 
through the crank shaft center 4J" from the right-hand border line and 
the shaft center 12" above the bottom border line. 



ASSEMBLY (SIXTH DRAWING) 
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The front elevation, no part of which is to be in section, is to be drawn 
to the left of the side elevation. 

The plan view is to be located directly above the front elevation, the 
center line passing through the centers of the cylinders to be 4" below r the 
top border line. The plan is to show the section obtained by passing a 
plane perpendicular to the axes of the cylinders through the cylinders and 
valve chambers to the axis of the middle cylinder and then up and across 
the uprights and cross-head guides. 

Do not draw' oil or grease cups in place nor the valves. The connect¬ 
ing-rods may be drawn as though they stood in a vertical position. Do 
not attempt to wholly develop one view at a time. The development 
of the three view's should proceed more or less at the same time. A 
pleasing appearance is very important. The various castings should 
assemble into a pleasing, harmonious whole and the same style and char¬ 
acteristics of design should be evident throughout. 

Note. —The following close estimate of the time required to complete the work 
outlined above is based on actual class-room performance in three-hour periods, a mem¬ 
ber of the teaching staff being present throughout each period. The number of hours 
opposite each drawing includes the time spent on the necessary notes and computations. 


First drawing —Tangential Effort Diagram, etc. 18 hours 

Second drawing—Connecting-rod. 24 " 

Third drawing —Plunger, Cross-head, etc. 9 “ 

Fourth drawing—Main Bearing Caps, etc. 9 “ 

Fifth drawing —Valve and Seat, etc. 6 “ 

Sixth drawing —Assembly. 24 “ 


Total... 90 hours 











CHAPTER 15 


MECHANICAL FEATURES OF A JIB CRANE 


1. Introduction. —In many inside and outside situations some form of 
jib crane is found to be the most suitable kind of hoist. With such cranes 
a load can be lifted from and placed in any position within a given mini¬ 
mum and maximum radius. For occasional and not too frequent or con¬ 
tinuous use and for light and moderate loads of from one to six or seven 
tons, hand instead of power operated jib cranes are often used. 

The location and the requirements of the work will fix the ma xim u m 
lift and the minimum and the maximum radius. The head room available 
and the maximum lift, together with the minimum radius desired, will 



Fig. 1. —Under Braced Jib Crane. 


determine whether an under braced jib crane as shown in Fig. 1 or an over 
braced crane as shown in Fig. 2 should be used. If the head room per¬ 
mits, an over braced instead of an under braced crane would be used for a 
given lift as it would, in general, be somewhat lighter and cheaper and 
gives the same maximum lift for any position of the trolley on the jib. 
But whether or not the jib is over or under braced, the same kinematic 
scheme may be used for raising and lowering the load and for moving the 
load inward or outward from the mast. 

169 
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The usual scheme for hoisting and racking is shown in Fig. 3. The 
hoisting rope or chain may be single or double as shown in the plans above 
the elevation. The double arrangement is used for the higher lifting 
capacities to keep down the size of the hoisting rope or chain. For the 
usual capacities of hand-operated cranes the single arrangement is gen¬ 
erally used. However, where the capacity load warrants the use of two 
hoisting ropes or chains, the design of the trolley and the racking mechan¬ 
ism may be somewhat simplified. In racking the trolley in and out, the 
resultant pull should be along the center line of the trolley if undue rubbing 
and binding of the trolley wheel flanges on the jib are to be avoided. 
This can be more easily secured by using a single racking chain than by 



Fig. 2.—Over Braced Jib Crane. 


using two. To use a single racking chain and a single hoisting rope or 
chain requires that the hoisting sheaves on the trolley be placed on axles 
below the trolley wheel axles to avoid the racking chain fouling the hoist¬ 
ing rope or chain. The elevation in Fig. 3 shows this arrangement. 
Obviously, two racking chains would be necessary if the hoisting sheaves 
were mounted on the trolley wheel axles. When two hoisting ropes or 
chains are used, the trolley sheaves may be mounted on the trolley wheel 
axles and one racking chain used without interference. Other considera¬ 
tions in the design of the trolley may, however, be against this arrange¬ 
ment. 

The under braced jib crane of Fig. 1 shows the hoisting winch attached 
to the front of the mast. For cranes so braced the hoisting winch is often 
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placed on the back side of the mast. Fig. 2 shows the usual location of the 
hoisting winch for over braced jib cranes. 

The present problem will consist of the design of the hoisting hook and 
block, hoisting winch, trolley, and racking mechanism for a jib crane of a 
capacity to be selected from Table 1. The table lists six capacities with 
the maximum lift, the approximate weight of the hoisting hook and block, 
and the approximate weight of the trolley for each capacity. 




TABLE 1 

Under Braced and Over Braced Jib Cranes 


Lifting capacity in pounds. 

2000 

4000 

6000 

8000 

10,000 

12,000 

Maximum lift, floor to hook in feet. 

15 

15 

15 

15 

15 

15 

Approximate weight of hoisting 







hook and block in pounds. 

75 

85 

100 

115 

125 

140 

Approximate weight of trolley in' 







pounds. 

225 

265 

300 

315 

375 

410 


Structural channels, properly stiffened laterally, are commonly used 
for the jib and mast. The channels of the mast may easily be stiffened 
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TABLE 2 

Channels for Jib Cranes 



Lifting capacity of under 


braced jib cranes in pounds 

at radius of 30 feet. 2000 4000 6000 8000 10,000 12,000 

Weight in pounds per foot 

of channels for jib. 15.3 20.7 20.7 30.0 33.9 33.9 

A ininches. 10.0 12.0 12.0 12.0 15.0 15.0 

B in inches. 2.60 2.94 2.94 3.17 3.40 3.40 

C in inches. .24 .28 .28 .51 .40 .40 

D in inches.24 .28 .28 .28 .40 .40 

E in inches.633 .723 .723 .723 .900 .900 

Weight in pounds per foot 

of channels for mast. 13.4 15.3 20.7 25.0 33.9 33.9 

A in inches. 9.0 10.0 12.0 12.0 15.0 15.0 

B in inches. 2.43 2.60 2.94 3.05 3.40 3.40 

C in inches. .23 . 24 . 28 . 39 . 40 . 40 

Din inches.23 .24 .28 .28 .40 .40 

E in inches.597 .633 .723 .723 .900 .900 

Lifting capacity of over 

braced jib cranes in pounds 

at radius of 30 feet. 2000 4000 6000 8000 10,000 12,000 

Weight in pounds per foot 

of channels for jib. 15.3 15.3 20.7 25.0 33.9 33.9 

A in inches. 10.0 10.0 12.0 12.0 15.0 15.0 

B in inches. 2.60 2.60 2.94 3.05 3.40 3.40 

€ in inches.24 .24 .28 .39 .40 .40 

Din inches.24 . 24 . 28 . 28 . 40 . 40 

E in inches.633 .633 .723 .723 .900 .900 

Weight in pounds per foot 

of channels for mast. 11.5 13.4 15.3 15.3 20.7 20.7 

Aininches. 8.0 9.0 10.0 10.0 12.0 12 0 

B in inches. 2.26 2.43 2.60 2.60 2.94 2 94 

€ in inches.22 .23 .24 .24 28 28 

Din inches.22 . 23 . 24 . 24 28 28 

E m inches.560 . 597 . 633 . 633 . 723 723 
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laterally as there is nothing to interfere with their being suitably tied 
together by the use of tie and batten plates. A common way of stiffening 
the jib channels laterally is illustrated above Table 2. The sizes of the 
channels given in Table 2 for each capacity are suitable for a maximum 
effective radius of 30 feet. As this radius is seldom exceeded, especially 
for hand operated cranes, the sizes given may be regarded as the maxi¬ 
mum required for any given capacity. 

The jib channels make a more suitable runway for the trolley if the 
flanges of the channels are turned outward. The crane frame may be 
readily braced and fabricated if the flanges of the mast channels are turned 
in or out. If they are turned outward as for the jib, the mast ch ann els 
will be the same distance apart as the jib channels, while, if they are turned 
inward, the overall width of the mast will be less than that of the jib. 
The accommodation of the mechanical features would dictate the reverse 
of this since a greater spread of the mast channels is required by the hoist¬ 
ing winch than is required of the jib channels by the hoisting block and 
trolley. As will be seen later, the width of the hoisting winch is fixed 
either by the hoisting drum or by the automatic sustaining brake and 
change gears. Hence, to get the spread of the mast and the jib channels, 
the design of the mechanical features of the jib crane will be taken up in 
the following order: 

Hoisting hook and block; 

Hoisting drum; 

Automatic sustaining brake; 

Brake for release and control of the load in lowering; 

Hoisting winch; 

Trolley; 

Racking mechanism. 

It is common practice in the design of the mechanical features of jib 
cranes simply to bore the bearings to receive the journals and use oil or 
grease as a lubricant. This means regular attention if an adequate supply 
of lubricant is to be assured. It is to be noted that only the bearings of the 
hoisting winch and hoisting hook and block can be reached from the floor. 
The remaining bearings are not conveniently located for frequent inspec¬ 
tion. Ball and roller bearings would recommend themselves for these 
bearings if for no other reason than that they require very infrequent 
attention. They would, however, be more expensive than plain bearings 
and their proper employment would require more information and discus¬ 
sion than the space here available permits. With the exception of a ball 
thrust bearing for the hoisting hook, ball and roller bearings will, therefore, 
not be considered. In view of this, very careful consideration should be 
given to the design of all bearings with respect to an adequate supply of 
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lubricant and its proper introduction and distribution. Attention is 
called to the bearing illustrated in connection with Fig. 13. It is simple 
in form, but the cored cavity, acting as a reservoir for the lubricant, makes 
extra precaution necessary if the bearing is to be bored true to form and 
size. The cavity may be filled with felt and oil used as a lubricant, or the 
cavity may be filled with a suitable grease. 

Since the winch is to be hand operated, the acceleration of the load in 
hoisting will be very small Hence the rope pull and the turning moment 
required at the crank shaft to hoist the load will be very little affected by 
the linear acceleration of the load and the consequent angular acceleration 
of the rotating masses. With hand operation it is possible for the maximum 
rope pull and torque to occur in lowering the load. This w’ould occur if 
the load, when being lowered at an appreciable speed under the action of 
gravity, w'ere quite suddenly brought to rest. In view of the conditions 
of operation and of the usual range of the factor of safety used, experience 
show’s that it is not necessary in the design of hand operated cranes to 
consider the effects of starting and stopping the load. 

In taking up the design of the various elements outlined in the sections 
to follow’, it is left to the student to select a suitable material for each part. 
In the design of the frames and mechanical features of hand-operated 
cranes, it is common to use allowable stresses from u t /b to u t /6. This 
range is in fair agreement with the treatment presented in Chapter 19, and 
is satisfactory w’herever the analysis of the conditions of support and load¬ 
ing is known to be reasonably accurate or on the safe side. 

2. Rope and Chain Pulls.—In approaching the design of the mechani¬ 
cal features of a crane, it will be found necessary to determine the rope 



and chain pulls. In Fig. 4, P represents the neces¬ 
sary pull in the rope or chain to hoist the load W. 
In effect the bending of the rope as it goes on and 
off the sheave may be regarded as increasing the 
lever arm of the load W and of decreasing the 
lever arm of the pull P by an amount e. Due to 
the journal friction there is a moment fi(P+W)r re¬ 
sisting the rotation of the sheave. Hence (P+W) 
may be considered to act at a distance fir to the 
right of the center of the journal. Summation of 


Fig. 4. moments about a point in the line of (P+W) gives 



(1) 
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Since P acts through the same distance that the load is hoisted, 


Efficiency =E= 


W 


1 

k 


Results from experimental work are about as follows: 


k = 1.15 for manila rope; 
k = 1.07 for wire rope; 
k = 1.10 for dry chain; 
k = 1.04 for greased chain. 

The pull in the racking chain will be a maximum when racking the 
trolley away from the mast while hoisting the load or with the load sus¬ 
pended, or, when racking the trolley away from the mast faster than lower¬ 
ing. In Fig. 3 let: 

W =the capacity load plus the weight of the hoisting hook and 
block in pounds; 

■pFi==the weight on the four trolley wheels in pounds 
= W plus the weight of the trolley; 

Pi and P2 = racking chain pulls in pounds. 


The remaining notation is clearly indicated in the figure. 

Neglecting differences due to the angle of wrap w T e may, in accordance 
with equation (1), write 


But 
Hence 
To — 


To^kTi, Tz = kT 2 , and 
Ts J rT2 — W 


W 


TV 


W 


Tz-kTo—z 


Wk 


and T±^kT 


Wk 2 


Assuming that the trolley is being racked away from the mast w r hile 
hoisting the load, the pull P 1 in the racking chain must be equal to the 
difference (T4— T\) of the rope pulls plus the pull necessary to overcome 
the rolling resistance of the trolley and the frictional resistance of the 
trolley journals. Neglecting the effects of the weight and sag of the rack- 


4 +/iF 4 =F (l+i) +TFi (l + 4) ■ 

The coefficient of rolling/for iron on iron varies from about 0.002 to 0.005 
depending upon the perfection of form and surface of the wffieels and the 
track. A conservative value of ]i would be 0.03 with a value of about 0.20 

T 

for the ratio of — • Taking k as 1.07 for wire rope or hoisting chain imper¬ 
il 

fectly lubricated and taking R as 5" as a minimum give 
P 1 = F^==^V)+Fi(^+0.03X0.20)=0.10TF+0.007PF 1 . 
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Some allowance should be made for the rubbing and binding of the trolley 
wheel flanges on the track. If this resistance is approximated as 100 per 
cent of 0.007JUi then 

p 1= 0.10ir+0.014Fi. (2) 

Assuming dry racking chain 

P 2 -I.IOP 1 . (3) 

Determine for the capacity load chosen the following: 

Hoisting rope or chain pulls T\, To, Tz, T±, and Tz) 

Racking chain pulls Pi and P 2 . 

3. Rope Hoisting Sheaves and Drums.—The minimum pitch diam¬ 
eters of wire rope hoisting sheaves and drums are generally given in terms 
of the diameter of the rope or in terms of the diameter of the wire in the 
rope. When given in terms of the diameter of the rope, the pitch diam¬ 
eter is varied with the flexibility or number of strands and wires per strand 
of the rope. The minimum pitch diameter is usually taken about one- 
third larger for power than for hand driven hoists. The following are 
usual proportions for the minimum pitch diameter A of sheaves and 
drums in terms of the diameter d of the rope or the diameter 8 of the wire 
of the rope, or the circumference c of the rope. 


Hand 

Power 


Driven 

Driven 


27 d 

3 Sd 

for wire rope of 6 strands of 19 wires each 

22 d 

33 d 

for wire rope of 8 strands of 19 wires each 

19 d 

24 d 

for wire rope of 6 strands of 37 wires each 

4005 

5005 


6.5c 

7.5c 

for 180° wrap 

8.5c 

9.5c 

for 90° wrap 



Fig. 5. 
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With reference to Fig. 5 the following empirical proportions apply to 
cast iron sheaves for diameters of wire rope d from §" to If" inclusive 
and for values of Ajd up to 36: 

to nearest 32nd G—l.lQi 

D=0.80d H=^d 

E = 1.25d to 2.0 dj depending on service 7 = |F 

Sheave grooves should be machined to form to reduce the wear on the 
rope to a minimum. Circular holes are used in the web of the smaller 
sheaves and triangular holes in the larger sheaves. For sheaves up to 
about 10" in diameter 4 arms are used, 5 arms for diameters from 10" to 
16", and 6 arms for diameters over 16". 

For capacity loads of 40 tons or more, pressures as high as 3000 pounds 
per square inch of projected area of sheave bearings are used. If possible 
the pressure per square inch of projected area should be held to 800 to 
1200 pounds. 

To reduce the wear of the rope to a. minimum the surface of hoisting 
drums should be machined. Plain cylindrical drums are sometimes used. 
Scored drums are better and further prolong the life of the rope by elimi¬ 
nating the rubbing together of the rope as it winds on the drum. Also to 
prolong the life of the rope, the drum should be of sufficient length as not 
to require the rope to wind upon itself. 

The following empirical proportions, Fig. 6(a), apply to cast iron hoist¬ 
ing drums: 

and 


E =about 

to t— 

A semi-rational expression for t, based on the maximum rope pull T and 
pitch B } giving more consistent results than the empirical expressions 
above, is 


where s c =the allowable compressive stress for cast iron 
= 9000 to 10,000 pounds per square inch. 

The method illustrated in Fig. 6 of fastening the end of the rope to the 
hoisting drum necessitates dismounting the drum or having access to the 
end of the drum when it is in place. The methods shown in Fig. 7 (a) and 
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(h> may be applied when the drum is in place and do not require access to 
the end of the drum. The method of Fig. 7(a) yields a somewhat shorter 
drum than Fig. 7*6} and does not require as deep a flange to cover the 
fastenings. 

in the method of fastening shown in Fig. S the end of the rope is 




properly served a distance from the end equal to the depth of the socket 
in the thimble T, the hemp core is cut out, the strands opened out, and 
the wires of each strand are separated, straightened, and thoroughly 
cleansed with kerosene and acid. The wires are then compressed and 
served, the thimble passed over the rope, the wires opened out, and molten 
zinc poured into the socket. The thimble can then be passed through 
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the hole in the drum, the rope pushed into its slot, and the hole closed by 
inserting a countersunk pipe plug or other threaded plug. 

4. Chain Sprockets, Sheaves, and Drums—When the links of coil 
chain (see Tables 4 and 5) are made sufficiently accurate in size and form 



H 



to work satisfactorily in sprocket wheels, the chain is called pitch chain. 
The minimum pitch diameter of chain sheaves and drums is usually given 
in terms of the diameter d of the rod material of which the chain links are 
made, the minimum pitch diameter being taken as about 20 d for hand 
operated and 30 d for power operated hoists. For sprocket wheels the 
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minimum pitch diameter is usually taken at about half these figures or 
the minimum number of pockets is taken as low as 4 but more usually 6. 

In the chain sprocket in Pig. 9, a and b are known dimensions of the 
links of the chain to be used. Assuming the number of pockets n known, 
the angle a in degrees is 

360 


a b 

sin («—j8)=— and sinj8=-- 


(4) 


Hence 


a 


sin (a—fi) sin a cos cos a sin 


sin a 
tan 


—cos a . 


From which 


tan p=~ 


sm a 
a , 

-+COS a 
0 


(5) 


Hence, having found £ by use of equation (5), the pitch diameter A can 
be found by use of equation (4). 

In connection with Fig. 9 the following empirical proportions in terms 
of the overall width W of the chain link and diameter d of the link material 
may be used for cast iron sprocket wheels: 

B = W+0.20d F=d 

C=0.75d G=0.50W+0.10d=0.50H 


D J—1.20d~D 

Chain sheaves are plain grooved wheels without pockets. The empiri¬ 
cal proportions just given may be used to proportion the rims and webs of 
sheaves. The same limits of bearing pressure may be used as for rope 
sheaves. 

As for rope, the length of the hoisting drum for a chain should be suffi¬ 
cient to prevent the chain from wrapping on itself. Likewise, drums should 
be grooved to prevent the chain from rubbing on itself as it winds on the 
drum. Suitable empirical proportions are given in Fig. 10. The mini¬ 
mum thickness of cast iron chain drums is sometimes given as d but had 
best be determined as above for rope drums. The thickness of the metal 
is sometimes made more uniform by coring a groove on the inside midway 
between the outside chain grooves. It is easier, however, to core a groove 
in the outside of the drum midway between the chain grooves as indicated 
by the dotted lines in Fig. 10. 

Where hoisting chain instead of rope is used, the use of a chain drum is 
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sometimes avoided by employing a hoisting sprocket and by passing the 
chain half-way around the sprocket and then over an idling sheave into a 
receiver for the chain. It is seldom that chain made of stock over one 
inch in diameter is used for hoists and cranes. 

5. Wire Hoisting Rope—For hoisting purposes, wire rope has, to a 
very considerable degree, displaced chain. For the same strength it 
weighs less, costs less, and takes up less room than chain, therefore lending 
itself to more compact design. Where the working conditions permit cf a 
choice, wire rope is generally used even though chain has the advantage 
of requiring less care and attention and of being less affected by wear. 
Under certain conditions, however, chain may be preferred to wire rope, 
Where hoists are exposed to the corrosive action of the elements and get 
very infrequent attention, chain is to be preferred to wire rope. Chain 



is also often preferred to w r ire rope where the hoisting block and tackle 
may be exposed to intense heat, as above foundry ladles, since there is a 
possibility of the heat ruining the hemp core of the rope. 

Wire hoisting rope is made flexible by the use of a hemp core and by 
making the strands of the rope of a large number of small wires rather than 
a smaller number of large wires. A rope very commonly used for hoisting 
purposes is made of six strands of 37 wires each, laid about a hemp com 
as shown in the illustration above Table 3. A larger number of smaller 
wires would result in a more flexible rope but one more quickly affected 
by wear. Six strand 37 wire hoisting rope is usually made in four grades, 
crucible cast steel, extra strong crucible cast steel, plow steel, and monitor 
or improved plow steel, each name in progression referring to a higher 
grade of crucible open-hearth steel. The strength of a drawn wire of any 
given grade of steel will depend upon the size and finish of the wire. The 
tensile strength of “ crucible cast steel ” wires will range from 150,000 to 
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200,000 pounds per square inch, from 180,000 to 220,000 for “ extra strong 
crucible steel," from 200,000 to 260,000 for plow steel/" and from 220,000 
to 280,000 for u monitor steel" The strength of a wire rope will range 
from 80 to 95 per cent of the aggregate strength of the wires. The cost 
of the first three grades of Table 3 increases almost directly with the 
strength, with a somewhat higher increase in cost for the last grade. 

TABLE 3 

Special Flexible Wire Hoisting Rope 6 Strands, 37 Wires to the Strand 
American Steel and Wire Co. 









Approximate Ultimate Strength 







of Rope, in Tons of 2000 Pounds. 


Circum- 

Approx. 

Diam- 

Diam- 

Sec- 





Diameter 

ference 

Weight 

eter of 

eter 

tional 





of Rope, 

of 

per 

Core 

Largest 

Area of 


Extra 



in 

Rope 

Foot, 

Wire 

Wire 

Rope in 

Cru- 

Strong 


Moni- 

Inches. 

in 

in 

of 

in 

Square 

cible 

Cm- 

Plow 

tor 


Inches. 

Pounds. 

Strand. 

Strand. 

Inches. 

Cast 

cible 

Steel. 

Plow 







Steel. 

Cast 


Steel. 








Steel. 



i 

ii 

.22 

.0150 

.022 

.0551 

4.20 

4.65 

5.10 

5.30 

& 

1 i 

.30 

.0180 

.026 

.0771 

5.50 

6.35 

7.20 

7.50 

h 

U 

.39 

.0200 

.030 

.0975 

7.25 

8.25 

9.25 

9.75 

TS 

1! 

| .50 

.0230 

.034 

.1267 

9.50 

10.50 

11.50 

12.50 

f 

2 

.62 

.0255 

.038 

.1575 

11.20 

12.60 

14.00 

16.00 

3. 

4 

21 

.89 

.0300 

.045 

.2244 

17.50 

19.00 

21.00 

23.00 

7 

I 

21 

1.20 

.0355 

.053 

.3117 

23.00 

25.00 

27.00 

29.00 

1 

3 

1.58 

.0400 

.060 

.3977 

29.00 

32.00 

35.00 

37.00 

1| 

31 

2.00 

.0460 

.068 

.5130 

34.00 

39.00 

44.00 

46.00 

n 

4 

2.45 

.0510 

.075 

.6123 

45.00 

50.00 

55.00 

58.00 

if 

41 

3.00 

.0560 

.082 

.7528 

55.00 

61.00 

68.00 

71.00 

n 

4| 

3.55 

.0610 

.090 

.9061 

63.00 

71.00 

80.00 

84.00 


The factor of safety to be used in determining a reasonable size of 
rope will depend upon the kind of service and the operating conditions. 
Besides the direct pull in the rope such factors as the augmentation of 
stress due to bending the rope over sheaves and drums must be considered, 
as well as such factors as sudden starting and stopping, weight of rope in 
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the case of long ropes, undue wear, and whether or not failure would 
endanger life. Factors of safety based on the direct pull alone range from 
3 to 5 for derricks to 8 to 12 for elevator sendee. For hand driven cranes 
the bending of the rope over the sheaves should be considered, also the 
efficiency of the hoist. In view of the fact that the load hoisted is seldom 
the capacity load, a factor of safety as low as 3 may be used where the 
efficiency of the hoist and the bending of the rope over the sheaves are 
considered together with the direct pull. 

When a straight wire without initial stress is wrapped around a drum 
or sheave, the bending stress induced is 


m 



Where 6=the diameter of the wire in inches; 

I£=the modulus of elasticity of the material; 

D = the diameter of the drum or sheave in inches. 

It is to be noted that for any given material the induced stress varies 
directly with the diameter of the wire and inversely with the diameter of 
the sheave or, more correctly, with the change of curvature of the wire. 
The straightest wires in a wire rope are the core wires of the strands. 
With the rope straight these wires are in the form of a regular helix. 
When the rope is wrapped around a sheave or drum all the wires in the 
rope suffer a change of curvature, or bending. The core wires suffer the 
greatest change of curvature since they were initially the straightest, but, 
even so, are bent less than a wire initially straight would be. Hence the 
bending stress induced in the core wires of the strands will be less than that 
in a wire initially straight and greater than that in any other wires in the 
rope provided all the wires in the rope are of the same diameter. It is 
quite usual to take the bending stress in the wires of a wire rope as f that 
of a straight wire wrapped around the same sheave or drum, or, 

3 5E 


This equation does not take account of the fact that while the other wires 
are bent less than the core wires they may be sufficiently larger to cause 
the induced bending stress to be higher than in the core wires. In the 
absence of a satisfactory analysis of the relative bending of the core and 
other wires and also in view of the very meager experimental work that 
has been done, it will be assumed that the above equation applies to the 
core wires since indications are that a factor of f is quite on the safe side. 

In determining a suitable diameter of rope, the most satisfactory way 
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to proceed is to assume a diameter, to determine therefrom a suitable 
sheave diameter, and then to get the equivalent direct pull in the rope 
corresponding to the bending stress in the core wires by multiplying the 
said stress by the cross-sectional area of the rope. The ultimate strength 
of the assumed rope when divided by the sum of this equivalent pull and 
the maximum direct pull previously found should yield a factor of not less 
than three. Determine the following: 

Grade and diameter of rope; 

Pitch diameter and proportions of sheaves; 

Projected area of sheave bearings; 

Pitch diameter, proportions of scoring, and thickness of hoisting 
drum. 

6. Chain.—The considerations determining whether chain or wire 
rope is to be used for hoisting are given at the beginning of the preceding 
section. 

The general form of the links of hoisting chain is shown at the head of 
Table 4. When the links are sufficiently uniform as to size and form to 
use with sheaves and scored drums, the chain is generally referred to as 
coil chain. If the links are sufficiently uniform as to size and form to 
work well in sprockets, or pocket 'wheels, it is generally called pitch chain. 
In Europe pitch chain made up of pins and flat links is quite frequently 
used for hoisting purposes. The sprockets for such chain are simple in 
form and admit of being accurately machined. For certain uses this type 
of pitch chain often has other advantages. 

Table 4 lists the link sizes and strength of BBB Coil chain made by 
the American Chain Company. This chain is made of wrought iron or 
open-hearth basic steel. Steel chain is furnished unless otherwise specified. 
The finish of the chain is either bright, blacked, or self-colored, self-colored 
or black being the usual finishes. The links of this chain are sufficiently 
uniform to use with chain sheaves and scored drums. For hand operated 
hoists the safe load for this chain is usually taken from 0.25 to 0.30 the 
average breaking load. 

Table 5 lists the link sizes and approximate strengths of a high grade 
steel pitch chain made by the Yale & Towme Manufacturing Company. 
The links of this chain are very uniform in size and form and will work 
well in sprockets, or pocket wheels. It is extensively used for racking 
chains and for hoisting purposes generally where sprockets are used 
instead of drums. A factor of safety of 4 is suitable with the ultimate 
strengths given. 

As a result of hundreds of tests reported by the U.S. Test Board, 1881, Yol. 1, 
the average failure load for coil chain may be taken as 0.80 the strength of the 
transverse section of a link, or P=1.26 d 2 u t: where d is the diameter of the link bar 
in inches and u t the ultimate tensile strength of the material. 
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TABLE 4 


BBB Coil Chain - 
American Chain Company- 



Dimensions in Inches 


d, Lin 
Dian 

Nominal. 

k Bar 
leter. 

Actual. 

P. 

L. 

B. 

w. 

Links 

per 

Foot. 

Weight 

per 

Foot, 

in 

Pounds. 

Average 

Breaking 

Strength, 

in 

Pounds. 

TS | 

A 

a 

1A 

a 

8 

a 

15| 

.43 

2,600 

i 

A 

u 

1H 

TS 

1 

14 

.78 

4,500 

TS 

a 

1 

Iff 

i 

1A 

12 

1.15 

6,800 

1 

a 

1A 

lit 

s 

8 

1A 

11 

1.66 

9,300 

TS 

a 

1A 

2A 

ft 

if 

91 

2.20 

12,500 

i 

n 

Hi 

2H 

f 

lit 

9 

2.95 

16,500 

TS 

a 

l* 

2f 

3 

4 

Ut 

7i 

3.50 

20,500 

I 

a 

1H 

3 

7 

8 

2A 

71 

4.30 

25,000 

16 

a 

if 

3& 

if 

2f 

6f 

5.20 

29,800 

3 

4 

if 

U 

3A 

1 

2& 

6f 

6.15 

35,400 

1 

» 

2f 

4A 

li 

3A 

SI 

8.20 

48,000 

1 

1A 

2A 

41 

if 

i 

3A 

4| 

10.45 

62,000 


If using chain instead of rope for hoisting the load, determine the fol¬ 
lowing: 

Kind and size of chain; 

Pitch diameter and proportions of sheaves; 

Projected area of sheave bearings; 

Pitch diameter and proportions of sprockets if hoisting drum is not 
to be used; 

Pitch diameter, proportions of scoring, and thickness of hoisting 
drum if drum is to be used. 

7. Crane Hooks. —More or less satisfactory empirical proportions for 
crane hooks of low capacity existed before reasonably accurate rational 
methods were developed for checking the strength of such members. 
Before the theory of curved bars became generally known, the bending 
stress in curved members, such as crane hooks, was found by applying the 
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TABLE 5 
Steel Pitch Chain 
Yale & Towne Manufacturing Company 

_ i ___ 




1 / 

FI 

— 1 _ - 



Dimensions in Inches 


d, 

Link 

Bar 

Diam¬ 

eter. 

p. 

L. 

B. 

ir. 

Links 

per 

Foot. 

Weight 

per 

Foot, 

in 

Pounds. 

Approx. 

Breaking 

Strength, 

in 

Pounds. 

Approx. 

Elastic 

Strength, 

in 

Pounds. 

i 

1.046 

1.546 

.37 

.89 

11.47 

.563 

5,125 

3,375 

i 

.726 

1.226 

.26 

.76 

16.52 

.584 

5,125 

3,375 

A 

.792 

1.354 

.30 

.86 

15.15 

.750 

6,500 

4,270 

A 

.729 

1.291 

.31 

.87 

16.46 

.780 

6,500 

4,270 

A 

.852 

1.477 

.34 

.96 

14.08 

.920 

8,000 

5,275 

f 

1.010 

1.760 

.42 

1.17 

11.88 

1.350 

11,500 

7,600 

f 

.945 

1.695 

.41 

1.16 

12.69 

1.390 

11,500 

7,600 

A 

1.167 

! 2.047 

.50 

1.3S 

10.28 

1.840 

15,700 

10,330 

i ; 

1.437 

| 2.437 

.58 

1.58 

8.35 

2.310 

20,500 

13,500 

A i 

1.706 

2.831 

.68 

1.80 

7.03 

2.860 

26,000 

17,050 

f 

1.875 

3.125 

.75 

2.00 

6.40 

3.530 

32,100 

21,050 


same formulae as had been developed for bars initially straight. This 
gave very erroneous results. In 1903 Professor E. S. Andrews set out to 
demonstrate experimentally the accuracy of the Winkler theory applying 
to bars initially curved. As a result of these experiments the Andrews- 
Pearson theory 7 - was developed which takes account of the transverse 
strains neglected in the Winkler theory. Later experiments in England 
and America have confirmed the sufficient accuracy of the Winkler theory 
and the more refined accuracy of the Andrews-Pearson treatment. The 
most recent contribution to this subject was made by J. J. Guest in 1918. 
On the grounds of simplicity and sufficient accuracy, the Winkler theory 
will be here applied to the design of crane hooks. 

The empirical proportions given below are the result of a close analysis 
of proportions gathered from handbooks, periodicals, and standard works 
on design. They will be found to give satisfactory results for loads up to 
and including 60 tons. The internal radius r and the width of throat E , 
Fig. 11, must be sufficient to accommodate the necessary slings but should 
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not be in excess of requirements since the larger r the larger and clumsier 
will be the hook for a given capacity. Reasonable proportions for r and 
E have evolved from practice in the use and manner of using various kinds 
of slings. Likewise the depth of the throat and the height H must be 
practical and convenient. 



The following empirical proportions in inches are expressed in terms 
of the capacity load P in pounds, 

r=0.275+0.0158VP E-l.br 

D = 0.100+0.023VP F = 0.025Vp, approximately 

Pi = 0.024+0.020VP (?=r+|P 

P 2 = 0.023+0.0192 Vp H —r+0.65P+0.70P 


Crane hooks are usually forged from high grade wrought iron or from 
low carbon open-hearth steel. The allowable stress is often varied with 
the capacity of the hook, being taken higher for large than for small hooks 
on the basis that the larger the hook the more seldom is it used to capacity. 
In terms of the capacity load P in pounds, the maximum permissible 
stress may be taken 

s= 15,000+ -JP for wrought iron, but not to exceed 20,000; 


$=18,000+^P for open-hearth steel, but not to exceed 24,000. 


and 
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In designing the hook the line of action of the capacity load may be 
taken along the center line of the hook. With the proportions given, only 
the horizontal section B needs to be checked for strength. If a section, 
proportioned as shown to the left in Fig. 11 is adopted, the design of the 
hook is greatly simplified. In checking this section the following equation 
quoted from Article 17, Chapter 16, will be used: 

A' 


For the proportions of the horizontal section shown in Fig. 11, 

23 p 23, , B , 

e t =—. B=~kr for — — k 3 

oo oo r 

A 49^ 4r ’ 

B\ 


-p—=27.72-7.30FM =27.72—7.30&, 


, ,23. 

a = r+e t = r+~kr. 


At the horizontal section it is sufficiently accurate to take the radius of 
curvature of the curve passing through the centers of gravity of the hook 
sections as 


R = a = r+et = r+~kr. 

oo 


Substituting these values in equation (6) gives the maximum induced 
tensile stress as 

T> /07 Q>7A \ 

(7) 


Substituting e c —§%kr as a negative quantity gives the maximum induced 
compressive stress as, 

" '10.4061;—38.088\ 


Having P, r, and the maximum allowable tensile stress s, the value of k 
may be obtained from equation (7) from which B = kr becomes known. 
Having fixed upon a shop dimension for B the maximum induced com¬ 
pressive stress may be found by equation (8). 

Determine the proportions for the hook, the horizontal section, and 
the maximum induced compressive stress. 

8. Hoisting Block (18"X24" Paper).—In Fig. 12 is shown a hoisting 
block for a single hoisting rope. A double rope would of course require 
two sheaves between the housings. 
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The proportions of the hook are known from the preceding section. 
To design the trunnion a ball thrust bearing must be selected for the hook. 
Considering the conditions of service, 3000c/ 2 would be a conservative 
value and 4200c/ 2 the maximum value for the allowable load per ball, d 
being the diameter of the ball in inches. A suitable type of self adjusting 
ball thrust bearing is illustrated above Table 6 from which table a suitable 
bearing is to be selected. The ball bearing should be protected from dust 
and grit, and provision should be made in the design of the trunnion to 
properly lubricate the ball bearing and shank of the hook. By reference 
to Table 7, Chapter 24, it is evident that about 7000 pounds per square inch 
of projected area may be regarded as the maximum allowable pressure for 
the trunnion bearings in the housing. The pressure should of course be 
kept as much below this as possible. A suitable steel should be selected 
for the trunnion forging and the same thoroughly checked for ^strength. 
In checking the mid-section, the load may be assumed concentrated at 
the middle. 

TABLE 6 


Ball Thrust Bearings 
Auburn Ball Bearing Co., Rochester, New York 


f 

1 



Dimensions in Inches 


Bearing number 
(Type T-171) .... 

2 

4 

11 

15 

20 

19 

25 

26 

52 

37 

36 

53 

38 

4 . 

B .. 

C . 

R . 

Diameter of balls ... 
Number of balls .... 

5 

8 

1ft 

3 

4 

1-5_ 

-*■16 

1 

4 

12 

7 

I 

U 

i 

11 

1 

4 

14 

li 

m 

ire 

2§i 

3 

S 

14 

1§ 

1ft 

3 

S 

17 

U 

3| 

i* 

31 

5 

15 

lii 

015 

" re 

1ft 

2H 

3 

8 

19 

in 

3-re 

li 

3* 

i 

15 

2 

3* 

li 

3 A 

7 

16 

18 

21 

31 

H 

31 

1 

2 

19 

2& 

31 

If 

31 

Ts 

16 

2ft 

3ft 

If 

3ft 

9 

16 

17 

2 A 
3H 
li 
3M 

5 

8 

16 

2H 

4i 

li 

41 

5 

8 

18 


The proportions of the sheave or sheaves are known from Section 3 or 
4. Since the sheave journal does not turn, the limiting pressure in the 
housing may be taken as high as for fitted bolts in structural work, say 
16,000 pounds per square inch of projected area. Suitable spacing thimbles 
for the housing may be made from standard or extra strong pipe. 
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Make the necessary calculations and a drawing of the hoisting block, 
using a scale of = or 4" ==12". As the hoisting block is drawn as 
an assembled unit, only the principal dimensions need to be entered on the 
drawing. 

9. Hoisting Winch.—In Fig. 13 is shown an assembly of a hoisting 
winch fitted with two operating cranks at 90 degrees. Handle A and 



Fig. 12. 

pinions B and C are shown in their neutral positions. By lifting handle A 
slightly and pushing it to the left, pinion B is brought into mesh with gear 
D, giving the lowest speed of hoisting. For the highest speed of hoisting, 
handle A is raised and pulled to the right bringing pinion C in mesh with 
gear E.. Gears D and E and ratchet wheel F are parts of the automatic 
mechanical brake for sustaining the load at any time hoisting or lowering 
is stopped. Since the overall mechanical efficiency of the hoist is well 
over 50 per cent some such automatic device is necessary to keep the hoist 
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from overhauling upon releasing the operating cranks. Pinion G and 
attached easing II and handwheel J are parts of a friction brake for releas¬ 
ing the load and controlling its descent. This hand controlled brake 
permits of lowering the load without turning the operating cranks. A 
substitute for the automatic and hand brakes in the form of a differential 
band brake and ratchet will be described later. 

It is the design of the hoisting winch that determines how far apart the 
mast channels should be placed. The winch shown was designed to be 
attached to the back side of the mast of an underbraced jib crane. The 
flanges of the mast channels were assumed to be turned outward and it is 
to be noted that the side members of the winch frame were made of the 
same width as the channel flanges to which they are to be attached. The 
spread of the winch frame and therefore of the mast channels may be 
determined by the necessary length of the hoisting drum or, as in Fig. 13, 
by the change gear pinions and automatic mechanical brake. It is to be 
noted that pinions B and C slide on the splined crank shaft. Although 
this requires larger pinions than if they were made an integral part of the 
shaft, two advantages are gained by making the pinions slide on the shaft. 
To make the pinions an integral part of the shaft or to fasten them to the 
shaft would make it necessary to shift the crank shaft to the right or left. 
This would require a still greater overhang of the cranks than is shown and 
would alternately expose lubricated portions of the crank shaft to dust 
and grit. An objection to the use of the combination of brakes shown in 
Fig. 13 is that the hand controlled brake falls on the outside of the 
frame and results in a considerable overhang of the principal operating 
crank. 

Before taking up the assembly of the winch, it is quite necessary to 
design some of its principal parts such as the hoisting drum, the automatic 
sustaining brake, and the lowering device. Before this can be done, 
however, the operation and kinematics of the winch must be considered. 

Hand operated hoisting winches are almost alw r ays provided with two 
operating cranks. For uniformity of turning moment these should be 
placed at 90 degrees. Since the general run of loads hoisted are well 
below the capacity load, the winch is operated by only one man quite a 
considerable portion of the time. In consideration of this, one of the 
cranks is regarded as the principal crank. When standing back of the 
mast facing toward the load, this crank is to the right and is to turn clock¬ 
wise when hoisting the load. All operating features should be conven¬ 
iently located with respect to this crank. Cranks are made from 12 to 
15 inches long, usually about 14 inches. Where each crank is made for 
one man, the length of the crank handle is made about 12 inches. The 
center of the crank shaft is placed from 39 to 44 inches above the 
floor. 
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In getting the speed reduction from the crank to the drum, the effi¬ 
ciencies of the gears and bearings should be considered. It will be suffi¬ 
ciently accurate to take the efficiency of each pair of bearings as 95 and the 
efficiency of each pair of mating gears as 98 per cent. From the maximum 
pull in the hoisting rope or chain and the pitch diameter of the drum the 
turning moment required at the drum to hoist the load is known. The 
total reduction from the crank to the drum will depend upon the turning 
moment on the crank and the efficiencies of the gears and bearings. The 
winch is to be designed on the basis that the capacity load can be hoisted 
at the lowest speed by one man exerting a pull of 45 pounds on the crank 



handle, and that two men can hoist the capacity load at the highest speed 
by each exerting a pull of 35 pounds on each crank handle, or designed on 
the basis of pulls of 40 and 30 pounds instead of 45 and 35. Whether to 
use 3 , 4, or 5 shafts will have to be determined by trial. In general, the 
higher the capacity load the greater the reduction from crank to drum 
and, therefore, the greater the number of shafts. 

The shafts may be numbered 1, 2, 3, etc., the angular velocity ratio of 
each pair of gears may be designated as a, 6 , c, etc., and the turning 
moment applied to each shaft designated as Ti, T 2 , T 3 , etc. Adopting 
some such notation and using the efficiencies and information given above, 
determine the following in terms of the turning moment on the drum, the 
efficiencies of gears and bearings, and the gear ratios: 
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Turning moment* Ti, T?, Tz, etc. ; 

Tiie product of the gear ratio* for the lowest hoisting speed; 

The product of the gear ratios for the highest hoisting speed; 

Tentative values for the ratio and number of teeth of each pair of gears. 

No pinion having less than 12 teeth should be assumed. 

10. Hoisting Drum (12"X18" Paper).—Make a drawing of the hoist¬ 
ing drum to a scale of 6" = 12" or 4" = 12". The length of the drum should 
be such as to provide from 2 to 4 turns more than is required by the maxi¬ 
mum lift. If hoisting chain instead of rope has been selected the fastening 
of the chain to the drum should be such as to stand a radial pull equal to 
the maximum chain pull. 

Since the supporting bearings are next to the hoisting drum and the 
gear is next to one of the bearings, the drum shaft is subjected to very 
little bending action. Hence, the shaft will have more than sufficient 
strength if designed to have sufficient torsional stiffness. The usual limit 
of one degree twist in a length of 20 or 25 diameters may be used in fixing 
upon the diameter of the drum shaft. 

Tentative diameters for the remaining shafts may also be determined 
on the basis of torsional stiffness. They should, however, be checked for 
strength against torsion combined with bending wherever the bending is 
appreciable. For this purpose the approximate distance between the 
center lines of the bearings is useful. Although the automatic sustaining 
brake may require more room than the hoisting drum, this distance may 
be approximated by using the length of the drum and taking the length of 
the bearings about greater than the width of the mast channels. 

Determine tentative diameters for the shafts. 

11. Automatic Mechanical Brake and Frictional Release (18"X24" 
Paper). —The combination of automatic brake and frictional release 
illustrated in Fig. 15 is the one shown incorporated in the assembled winch, 
Fig. 13. This combination, in one form or another, is quite commonly 
used in this country for the purpose. The automatic sustaining brake is 
shown at (a) while the frictional release and control for lowering is shown 
at (6). In Fig. 15(a) the collar A is keyed to the shaft B . Friction disks 
2 and 4 are formed as shown at (c) and are prevented from turning with 
respect to A by feathers. Disks 1 and 3 are formed as shown at (d) and 
are prevented from turning with respect to ratchet wheel D by feathers. 
The ratchet wheel D is free to turn on the shaft in the direction shown by 
the arrow around the shaft, but is prevented from turning in the opposite 
direction by a pawl. Compound gear E is bored and threaded to fit the 
threads on the shaft. 

To hoist the load the compound gear E is turned in the direction shown 
by the arrow. The rotation of E causes it to move axially to the right and 
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to press disks 1, 2, 3, and 4 together against D. Since disks 1 and 3 are 
feathered to D , the only torque E can transmit to the shaft is that required 
to overcome the friction between E and the left face of disk 1 and that 
required to overcome the axial thrust and friction between the threads in E 
and the threads on the shaft. In other words, only the left face of disk 1, 
or one pair of contact surfaces, is effective in hoisting the load. 

If at any time hoisting is stopped and the hoisting cranks released, the 
suspended load will tend to turn the shaft backwards. The axial pressure 
on the disks and ratchet wheel D on release of the hoisting cranks is that 



Fig. 15. 


due to hoisting. Since D is held from turning backward by the ratchet 
pawl, the shaft is held from turning backward by the frictional resistance 
on the right and left faces of disks 2 and 4. 

All that is necessary to lower the load by means of the cranks is to turn 
the crank shaft in the opposite direction to that required for hoisting. 
Since the pawl holds D } the backward rotation of E wall cause it to move 
axially to the left, thus relieving the pressure on the disks and leaving the 
shaft free to be turned backward by the descending load. The moment 
lowering is stopped, gear E stops and the shaft, under the action of the load, 
is screwed into the gear, thus pressing the disks together and stopping the 
load from descending. 








196 


MECHANICAL FEATURES OF A JIB CRANE 


If disks I and 3 were feathered to E instead of D, four disk faces instead 
of one would be effective in hoisting, but only one instead of four faces would 
be effective in holding the load suspended. However, four effective faces 
for hoisting would reduce the normal pressure to such a low value that one 
effective face would not hold the load suspended. 

Sometimes, in place of cutting screw threads on the shaft, the end of 
the hub of the double gear E is formed to mate with a collar of the form 
shown at (e). Occasionally both screw threads and a collar with helical 
jaws are used. 

It is possible by means of the friction disk brake Fig. 15(6) to release 
the load and to control its descent without turning the operating cranks. 
Pinion C is free on the shaft and, in this case, is made integral with the 
casing which carries friction disks 2, 4, and 6. Friction disks 1, 3, and 5 
are fitted to the collar F, which is keyed to the shaft. By setting up on the 
handwheel G the friction disks are pressed together and the pinion locked 
to the shaft. To release the load, the handwheel is backed off leaving 
the pinion C free to rotate on the shaft. By means of the handwheel the 
descent of the load may be controlled or stopped at any time. The hand- 
wheel should be designed to set up when turned clockwise. 

Setting-up on the double gear E or handwheel G is essentially the same 
as setting-up a nut on a bolt. In setting-up on a nut a certain turning 
moment is required to overcome the axial thrust on the nut and the 
frictional resistance between the threads of the nut and bolt and between 
the face of the nut and the surface upon which it turns. Similarly a 
turning moment applied to the double gear E is resisted by the normal 
pressure on the disks and the friction between E and the first disk and 
between E and the threads on the shaft. Hence the turning moment on 
E or G may be expressed in the same form as for a nut turning on a holt 
while in contact with one of the connected members. From “Elements of 
Machine Design,” by Kimball and Barr, page 265, this turning moment is 


and 

T nird A-71 

-p,iWr c for 

Where T=turning moment on E or G in pound-inches; 

IF=the axial load or normal pressure in pounds between the annular 
surface of E or G and the surface upon which it turns; 

r m =the frictional radius of the threads in inches, usually taken as 
the mean radius; 

<2™= the frictional diameter of the threads in inches, usually taken 
as the mean diameter; 
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l —the lead of the screw threads, or axial travel of the nut per 
turn in inches; 

<£=the angle made by the side of the thread with a line normal to 
the axis of the screw. For a square thread this angle is zero 
for which sec <p equals unity; for the American National 
thread, which would be used for the handwheel, this angle is 
30 degrees for which sec <£ = 1.15; 

f c =the frictional radius in inches of the annular contact surface 
of jF or (7 in a plane normal to the axis of the shaft or screw. 
Assuming the coefficient of friction constant and the pressure 

2 /ft3__ r 3\ 

uniformly distributed r g = |( g2h r 2 / w * lere # is the outside 

and t the inside radius of the annular contact surface; 
ju=the coefficient between the threads of E or G and the shaft. 

(ii = the coefficient for the annular contact surface of E or G and 
the surface upon which it turns. 

The coefficient of friction found by Professor A. Kingsbury* in his 
experimental w r ork on screws and nuts under load ranged from 0.11 to 0.19. 
Jack and hoisting screws of cast iron, steel, and bronze with nuts of cast- 
iron, steel, and brass were run together at slow’ and medium speeds under 
pressures ranging from 3000 to 10,000 pounds per square inch of projected 
area of threads, various lubricants being used. Limiting pressures for 
the design of slow speed steel screw’s with cast iron nuts are usually taken 
from 1800 to 2600 pounds per square inch of projected area of the threads, 
and as 500 to 1000 pounds for steel screw’s at medium speeds with cast 
iron nuts and as 800 to 1400 pounds for steel screws with brass or bronze 
nuts. The coefficient to be used with these pressures may range from 
0.12 to 0.15. In designing the automatic brake and frictional release it 
will not be found necessary to exceed pressures of 500 to 800 pounds per 
square inch of projected area of the threads or of the helical jaws, for which 
coefficients from 0.10 to 0.12 w’ould be suitable. In order that E may be 
readily backed off, the tangent of the lead angle of the threads or of the 
helical jaws should be at least equal to the coefficient of friction. The 
coefficient of collar friction m may be taken from 0.08 to 0.10. 

The automatic brake and frictional release should be made as small as 
possible. This means that they should be placed where the torque to be 
sustained is the least possible. Since they can not be placed on the crank 
shaft they would therefore be placed on the next shaft. Having the torque 
to be sustained, the axial thrust and normal pressure W on the friction 
disks can be obtained by applying equation (9). By working from the 
inside outward, tentative values for r m , d m} l, r c may be obtained from the 
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tentative diameter of the shaft. In obtaining r c for the automatic brake 
the outside radius of the annular surface or collar may be taken from 1.50 
to 1.75 times the inside radius. 

An analysis of twelve automatic brakes of various capacities made by 
Professor O. A. Leutwiler showed a variation of pressure per square inch 
of disk area of 17 to 270 pounds. In the present problem, an allowable 
pressure range of 50 to 200 pounds will be used for the disks of the automatic 
brake. Conservative values of the coefficient of friction for the disks are 
as follows: 

0.06 to 0.07 for steel on steel; 

0.08 to 0.10 for cast iron on cast iron; 

0.0S to 0.09 for cast iron or steel on bronze; 

0.10 to 0.12 for cast iron or steel on fiber. 

In the case of the frictional release, the normal pressure on the disks is 
created by the operator setting-up on the handwheel. Hence the number 
of disks will be determined by the turning moment that can be con¬ 
veniently applied to the handwheel by the operator. In the design of 
the frictional release a maximum force of 25 pounds for each hand of the 
operator is to be assumed at the mean radius of the handwheel rim. It 
will be found that this will limit considerably the normal pressure that 
can be applied to resist the torque necessary to hoist or to sustain the 
load and thus will lower the pressure per square inch of disk area and 
yield a greater number of disks than for the automatic brake. In design¬ 
ing the brake for releasing the load and controlling its descent, the informa¬ 
tion and coefficients given above are to be used. 

Computations are to be made for the automatic sustaining brake and 
frictional release shown in Fig. 15 and also for the differential band brake 
and ratchet shown in Fig. 17, Article 12, and a selection made of the solu¬ 
tion to be used after the computations mentioned have been finished. 
Having made a selection, a drawing is to be made on an 18X24 sheet of 
drawing paper to a scale of 6 7 ' = 12" or 4" = 12". 

According to the above discussion, the number of disks will not depend 
on the hoisting torque, but on the maximum torque exerted by the sus¬ 
tained load. This torque will be a maximum for the load sustained and 
being racked aw-ay from the mast. The number of disks is to be deter¬ 
mined on the basis of the maximum torque just mentioned, using a pres¬ 
sure not exceeding 50 pounds per square inch of disk area. This basis of 
design will secure a more durable sustaining brake, if, as is generally true, 
the load is lowered by turning the operating cranks backward. Determine 
the following: 

Tentative values for r m} . d m , l , and r c for the automatic sustaining 
brake; 
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Turning moment on compound gear E for hoisting the capacity- 
load; 

Axial thrust and pressure per square inch of disk area when hoisting; 

Pressure per square inch of projected area of screw threads; 

Turning moment on brake shaft for the load sustained and racked 
away from the mast; 

Number of disks. 

Having the above tentative values makes it possible to fix on tentative 
minimum pitch diameters for the double gear E. Having these diameters 
and the gear ratios and tentative shaft diameters from Article 10, the 
diametral pitch for each pair of mating gears should be found. Since the 
pitch diameters of the gears are not known, tooth sizes for strength should 
be based on the torque and number of teeth (Articles 1 and 2, Chapter 20). 
It is common practice where shafts are well supported in rigid frames to 
assume the width of face of gears about 3 to 4 times the circular pitch. 
Considering the winch frame and its support, 2.5 times the circular pitch 
would be a better assumption so far as strength is concerned even though 
for other considerations a greater width may actually be used later. 
Consult the index for information relating to the design of gear rims, 
minimum thickness over keys, etc. 

For the friction brake for releasing the load and controlling its descent 
determine the following: 

Tentative values of r m , d m , l, and r c ; 

The maximum torque to be transmitted by the pinion; 

The maximum turning moment on the handwheel; 

The normal pressure on the disks due to the turning moment on the 
handwheel; 

The number of friction disks; 

The pressure per square inch of area of disks; 

The pressure per square inch of projected area of the screw threads. 



In order that the force on the contact face of the pawl in Fig. 16(a) 
may tend to keep it in engagement with the ratchet, the line of action of 
the force must pass above the center about which the pawl turns. For 
full engagement as shown this condition is seen to be fulfilled. When the 
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pawl is just coming into engagement the line of action of the force on the 
pawl is either normal to the face of the ratchet tooth at the tip or normal 
to the face of the pawl at its tip. This latter condition requires that center 
0 be located below line cd. From similar reasoning the center P in 
Fig. 16(6) must be above the position of the line ef corresponding to the 
position of the ratchet wheel at the moment engagement with the pawl is 
beginning. 

The width of face b of ratchet wheels may be from one to two times 
the pitch $ of the teeth. Some approximate proportions for the teeth, 
Fig. 16(6), are g = h = §$, and f = The strength of the teeth may 
be checked in the same manner as the clutch teeth, Article 21, Chapter 16, 
and also checked for bending action by assuming the load at the tip of the 
tooth and taking the bottom section as b wide and 0.5s long. 

12. Differential Band Brake and Ratchet (18 // X24' / Paper). In place 
of the combination just described, the combination shown in Fig. 17 
may be used for automatically sustaining the load and for releasing the 
load and controlling its descent. Double gear E, which is keyed to the 
shaft, carries two pawls F, which act upon the internal ratchet wheel G. 
This ratchet wheel is free on the shaft and is held from turning in either 
direction by the differential band brake H which is pivoted at I. To 
hoist the load, gear E is turned in the direction shown. At any time 
hoisting is stopped, the pawls engage with the ratchet wheel and sustain 
the load. All that is necessary to release the load is to press downward 
on lever J, which extends to the left in easy reach of the operator. This 
releases ratchet wheel G, which is carried around wffth gear E by the 
descending load. Obviously the descent of the load may be controlled by 
manipulating lever J. 

At (6) in Fig. 17, is shown a view, somewdiat enlarged, of one of the 
pawls and a few of the teeth of the internal ratchet. In an extension of 
the hub of the pawl is shown a small helical spring. The compression of 
this spring and consequently the force with w T hich it holds the small 
friction slipper K against the stationary inner surface of the brake drum 
are adjustable. When properly adjusted, the friction on the slipper holds 
the pawl out of contact with the ratchet teeth w 7 hen hoisting and throws 
the pawl into action when hoisting ceases. This eliminates the click and 
noise of the pawi w T hen hoisting. If this automatic provision is dispensed 
with, light leaf springs must be added to make certain that the pawls will 
function properly at all times. By using an internal ratchet wheel any 
centrifugal force, slight or otherwise, acts to keep the pawls in contact 
with the ratchet teeth. 

The combination just described is somewhat crowded and difficult to 
assemble since it w~as designed to fit into the winch of Fig. 13 in place of 
the automatic sustaining brake. It is to be noted that if the substitution 
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were made, the frictional release could be eliminated and the overhang of 
the right-hand crank greatly reduced. However, the advantage of lower¬ 
ing the load by turning the crank backwards would be lost as well as the 
advantage of being able to lower the load without having the cranks turn. 
If in using the combination of Fig. 17 this later advantage is desired, the 
cranks could be ratcheted. 

The relation of the pull in the tight side of the brake band to that in 




Fig. 17. 


the slack side is given in Table 1, Chapter 26. The relation of these pulls 
is seen to depend on the arc of contact and the coefficient of friction betw T een 
the band and the drum. A coefficient of friction of 0.12 to 0.15 may be 
assumed for a steel band in contact with a cast iron drum. If the band is 
lined with wood or leather a coefficient of about 0.30 may be assumed and 
values of 0.30 to 0.35 if the band has an asbestos fiber lining. The pulls on 
the brake band can be found from the torque necessary at the brake drum 
to sustain the load while it is being racked away from the mast. In 
working out the end fastenings of the band an allowable shearing stress of 
9000 pounds per square inch may be used with a bearing stress of 18,000 
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pounds per square inch of projected area of bearing. From the necessary 
leverages, the size of the counter-weight and the dimensions of the levers 
can be found. 

Determine the following: 

Turning moment on the double gear E to hoist the capacity load; 

Tentative diameters and tooth sizes for the gears in accordance with 
the latter part of the preceding article; 

Tentative diameter of the brake drum; 

Total pull in the tight side and in the slack side of the brake band; 

Net section of the lined or unlined steel band; 

Lever arm and size of counter-weight. 

13. Hoisting Winch (18"X24" Paper).—In accordance with the infor¬ 
mation given in Articles 9, 10, 11, and 12 and the w T ork already done, 
make a drawing of the hoisting winch to a scale of 3" = 12" or 2" = 12". 

14. Trolley (18"X24" Paper).—A trolley for a single hoisting rope is 
shown in Fig. 18. In order that a single racking chain might be used, the 
hoisting rope sheaves are mounted on axles below r the trolley wheel axles 
to avoid interference between the racking chain and hoisting rope. If 
the trolley wheels and hoisting sheaves are mounted on the same axles, 
tw T o racking chains are necessary to avoid fouling of the rope and chain. 
Where a double hoisting rope or chain is used, the trolley wheels and 
sheaves may be mounted on the same axles and one racking chain used 
without interference. 



The design of the sheaves and sheave bearings have been covered in 
Articles 3 and 4. It is usual to keep the pressure per square inch of 
projected area of the trolley wheel bearings below that of the sheave 
bearings. The allowable pressures used are sometimes related to the 
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size of the axle, pressures of 400 to 700 pounds per square inch of projected 
area being used for journals up to 2" in diameter, 550 to 850 pounds for 
journals from 2" to 4" in diameter, and 700 to 1100 pounds for journals 
over 4" in diameter. The trolley wheels may be fixed to the axles and 
the axles turn in stationary bearings, or the axles may be fixed and the 
wheels turn on the axles. 

For heavy capacities the size of trolley wheels is based on the allowable 
load per inch of tread for the wheel and rail materials. Trolley wheel 

W 

diameters are sometimes given as D= ——• —— for steel wheels on 

(oOO to 900)5 

W 

steel rails and D ~ —~—— for cast iron wheels on steel rails. 

(160 to 200)5 

Where D = the diameter of the wheel in inches; 

IF = the load per wheel in pounds; 

5 = the width of tread in inches. 

For light and moderate loads, larger wheels are used if possible than 
would be dictated by the above expressions. The larger the w+eels the 
easier the trolley will roll. Suitable trolley w T heel diameters are to be 
determined by use of the following expression: 

D = 1.10+0.17 VF. 

To make binding less likely the distance between trolley wheel axles 
should be made greater than the distance between the jib channels by 
about 50 per cent. Even more than this is usually assured by the required 
distance between the hoisting sheaves. For the trolley wheel, Fig. 18, 
A and B may be made about (0.02D+0.375) and C made about 0.75A. 

Having the maximum pull from Article 2, a suitable size of rac kin g 
chain may be selected. A suitable size of sprocket wheel and sheave may 
then be determined in accordance with Article 4. In attaching the rack¬ 
ing chain to the trolley, provision should be made for taking up the slack 
in the chain when necessary. In addition to this provision, the trolley 
in Fig. 18 carries a guide sheave to reduce the sag of the racking chain 
and to keep it clear of the hoisting rope. Lubrication of all moving parts 
should be given very careful consideration. 

Determine the following and make a drawing of the trolley to a scale 
of 4" = 12" or 3" = 12". 

Diameter and proportions of trolley wheels; 

Diameter of trolley wheel axles and projected area of bearings; 

Size of racking chain for trolley; 

Pitch diameter of racking chain sprocket wheel and sheaves. 
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15. Racking Mechanism (18"X24 // Paper).—Yale & Towne f" 
[itch chain, Table 5, is very commonly used as a hand chain. The gear 
train of the racking mechanism should be such that only a small pull is 
required on the hand chain to rack the trolley. It is better to have the 
required pull to rack the capacity load too small than too large. The 
required pull, as on the handle of the winch crank, should not exceed 40 
to 45 pounds and if possible should be made as low as 20 to 25 pounds. 
The pitch diameters of hand chain sprocket wheels run from 9 to 18 inches, 
12 to 15 inches being common. 

Make the necessary calculations and then make a drawing of the rack* 
ing mechanism to a scale of 6" = 12" or 4" = 12". 



CHAPTER 16 * 


COMBINATION PUNCH AND SHEAR 

1. Introduction. —This problem is to consist of the design of a belt- 
driven combination punching and shearing machine. This type of 
machine is shown in Figs. 1, 2, 3, and 4. In rating the safe capacity of 
such machines the diameter of the hole and corresponding thickness of 
plate is given for each machine together with the maximum size of round 



Fig. 1.—Rock River Machine. 


and rectangular bars that may be sheared and the maximum thickness 
of plate that may be split, or sheared. In Table 1 is given some com- 
mercial data from the catalogs of the Williams, White & Company of 
Moline, Illinois, and the Thomas Spacing Machine Company of Pittsburgh. 

In Fig. 1 is shown a machine made by the Rock River Machine Com¬ 
pany of Janesville, Wisconsin; in Fig. 2 a machine made by the New Doty 
Manufacturing Company of Janesville, Wisconsin; in Fig. 3 a machine 

*An estimate of the time required to cover the work of this Chapter is given at the 
close of the Chapter. 
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made by the Williams, White & Company of Moline, Illinois; and in Fig. 
4 a machine made by the Cleveland Punch & Shear Works Company of 
Cleveland, Ohio. For the machines shown in Figs. 1, 3, and 4 the sliding 
clutch which engages with the main gear is located on the main shaft 
between the gear and the machine frame. In Fig. 2 the gear is mounted 
on the main shaft next to the supporting bearing in the frame, and the 
clutch is mounted on the outer end of the main shaft. The overhang of 
the gear is thus reduced but an opening in the frame is made necessary 



N-J43 


Fig. 2.—New Doty Machine. 

to accommodate the sliding collar that operates the clutch through a 
spindle located at the center of the shaft. 

The clutch-operating mechanisms of the machines shown in Figs. 1, 
3, and 4 are such that the operator may remove his foot from the foot 
lever after the clutch has engaged with the main gear and the clutch will 
not be thrown out of engagement until the punch has risen to a predeter¬ 
mined position at or near the top of its stroke. For the clutch-operating 
mechanism shown in Fig. 2, disengagement is not automatic; the operator 
on starting the machine must by means of his hand or foot hold the clutch 
in engagement until disengagement is desired. 
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Pig. 4. —Cleveland Machine. 


Fig. 3. —Williams, White Machine. 
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The frames of the machines shown in Figs. 1, 2, and 3 are of the hollow 
or box section type; the machine shown in Fig. 4 has an unsynimet- 
rieal I section. Fig. 5 shows the front view of a Long & Afistatter 
machine with the front cover plate removed. The pitman, or internal 
connecting-rod, which actuates the ram, or traveling head, is clearly 
shown, together with other details of construction. The Hilles & Jones 
machine shown in Fig. 6 is fitted wfith a sliding block instead of a pitman. 
The sliding block, with other details of construction, is clearly shown. 



Fig. 5. Fig. 6. 


The machines in Figs. 1, 2, and 4, are shown fitted with the ordinary 
type of die block, or holder; the machine in Fig. 3 is shown fitted with a 
special die block, or holder, for punching structural shapes such as chan¬ 
nels, I and H sections, and unsymmetrical angles. The machine is said 
to be fitted with an architectural jaw. The outline of the front portion 
of the frame that has been removed to attach the special die block shown 
in Fig. 4 is clearly shown in Figs. 7, 8, 9, and 10. Fig. 7 shows the punch 
and die in place for punching flat work; Fig. 8 shows the shears in place 
for splitting or shearing plate; Fig. 9 shows the tools in place for shearing 
angles; and Fig. 10 shows the tools in place for shearing round bars. 
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The tools for shearing rectangular bars are similar to those shown in Fig. 10 
except that the shear knives have plain edges. 

2. Specifications.—A belt-driven combination punching and shearing 
machine is to be designed to meet the following requirements: 

Maximum diameter of hole to be punched. 

Maximum thickness of plate for §" holes. 

Maximum thickness of plate to be split or sheared is to be 
determined. 

Distance from edge of plate to the center of the punch 36". 

This distance is known as the “depth of throat" or 

“reach". 

Ratio of diameter of main gear to diameter of driving 

pinion. 

Velocity of driving belt in feet per minute, 900 to 1100. 

The machine is to be so designed that, if necessary, holes in f " plate 
may be punched every stroke of the punch at the rate of 25 or 30 per minute. 

The load on the machine during any working period varies from prac¬ 
tically zero to a maximum each energy cycle. The machine and its parts 
are therefore subjected to fatigue loading. 

To proceed in a rational manner with the design of the machine it is 
necessary to know the maximum force required and the energy required 
by the useful work to be done during an energy cycle. Sufficient experi¬ 
mental work has been done to indicate that the maximum force required 
to punch a hole or to shear a bar or plate can not be found by assuming 
simple direct shear of the metal. To approximate the energy required 
to punch a hole or to shear a bar or plate is even more dependent on experi¬ 
mental work. The experimental work that has been done is neither 
adequate nor convincing. Sufficient w r ork has been done, however, to 
furnish a fairly satisfactory basis for the design of machines of ordinary 
size. 

3. Maximum Force at the Punch.—The apparent maximum force at 
the punch is equal to the area sheared in punching the hole times the 
ultimate shearing strength of the material punched. As to the actual 
maximum resistance offered to the punch, authorities differ. Marks' 
Handbook gives, as translated from Hutte, the maximum resistance P 
in pounds as 


u 8 =ultimate shearing strength of the material in pounds per square inch; 
t —thickness of material to be punched in inches; 
d = diameter of hole in inches. 
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In America it is quite common to use a constant of about L25 instead 
of 1.70. The little experimental data available would indicate 1.25 to 
be on the safe side. Prof. G. C. Anthony (Am, Mach., May 22, 1913) 
conducted some experimental work to determine the maximum force 
required and the work done in punching a hole. Flat, bevel, and spiral¬ 
faced punches ¥' to f" in diameter were used in punching ductile steel 
plates having an ultimate tensile strength of 59,000 and ranging in thick¬ 
ness from £" to f". For each size of punch three different clearances 
were used, —0.015", 0.029", and 0.060". The maximum force at the punch 
was found to vary with the clearance and kind of punch used. An analysis 
of Prof. Anthony's experimental work yields the following expressions 
for the maximum force P in pounds for flat-faced punches: 

P=l.lo7rd^B for a clearance c=0.0l5"; 

P—lAOirdtUs for a clearance c = 0.029"; 

i s for a clearance c = 0.060". 

For thicknesses of plate exceeding about two-thirds the diameter of 
the punch the maximum resistance was found to be greater for spiral 
than for flat-faced punches. 

The difference in the diameter of the hole in the die and the diameter 
of the punch is called the clearance. The proper clearance to be used 
depends on the kind and grade of work desired. For blanking punches 
and dies the clearance runs from 5 to 12 per cent of the thickness of the 
plate depending upon the thickness of the plate and the grade of work. 
For rivet work the hole in the die is made about ^" larger than the diam¬ 
eter of the punch. The diameter of the punch is usually made about 
jj" larger than the diameter of the rivet for rivets up to in diameter 
and about j^ f/ larger for rivets above in diameter. The hole in the 
die is usually tapered about 1" in 12" for diameters up to 1J" and about 

in 12" for diameters oVer 1J". 

In getting the maximum force at the punch the expressions resulting 
from Prof. Anthony's w r ork are to be used. To be on the safe side a 
clearance of 0.015" between the die and punch is to be assumed. The 
tensile strength of the steel to be punched or sheared may be taken to 
vary from 48,000 for cold pressing plate to 68,000 for ship construction 
purposes. The ultimate shearing strength is to be taken 0.75 the ulti¬ 
mate tensile strength. 

Determine the maximum force required to punch a f" hole in £" plate. 

4. Work Done in Punching a Hole.—In order to determine the size 
of the belt and the size of the flywheel it is necessary to know the work 
done and the energy to be supplied during an energy cycle. The resist¬ 
ance to the passage of the punch through the plate varies somewhat as 
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shown in Fig. 11. The maximum resistance P is encountered at a pene¬ 
tration of from 0.25 to 0.40 the thickness of the plate. The work done 
in punching the hole is often taken as (§ Pt). The experimental work 
above referred to yields the following 
expressions for the work done in inch- 
pounds in punching a hole, 

#=0.68 P(f+ 0.030) for 0.015"; 

#=0.68 P<7-0.003) for i :=0.029"; 

#=0.68 P(t- 0.075) for c= 0.060" 

Determine the work in inch-pounds 
done in punching the hole. 

5. Work Done at the Drive Shaft.—A fair value for the work done at 
the drive shaft may be obtained from the mechanical efficiency of the 
machine and the work done at the punch as determined under Article 4. 
A fair value for the mechanical efficiency of such a machine is 80 per cent. 

Determine the work done at the drive shaft. 

6. Stroke of the Punch.—A length of stroke suitable for punching is 
suitable for purposes of shearing bars and plate. The punch should rise 
above the plate a sufficient distance to enable the operator to see what 
he is doing and should pass through the plate a short distance to be cer¬ 
tain that the punching is below the top of the die and will not interfere 
with moving the plate along for the next operation. The stroke, or 
travel, of the punch may, therefore, be considered as equal to the thick¬ 
ness of the plate plus a suitable clearance above the plate plus an entrance 
of about |" into the die. Data on commercial machines yield the follow¬ 
ing limits for the clearance above the plate plus the entrance into the die. 

to 

Determine the stroke, or travel, of the punch. 

7. Splitting, or Shearing, Plate.—The shearing of plate and rectangular 
bars has been experimentally investigated by Mr. H. Y. Loss. The results 
of his exper im ents were reported in the American Engineer and Railroad 
Journal for 1893 and in the Journal of the Franklin Institute for December, 
1899. A fair value for the maximum resistance encountered in splitting, 
or shearing, steel plate, using an upper knife slope of 8 degrees, is given by 
the following expression: 




I 

1 


i 

i. 


Fig. 11. 


If it be assumed in shearing plate that the resistance increases directly 
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from zero to a maximum value P' for a downward movement ( i ) of the 
knife and remains constant for the remainder of the stroke, then the work 
done during the first stroke is E f = Q.bP't+P f (s-t ) and during the second 
and succeeding strokes is, 


As the capacity of the machine is to be based on punching §" holes 
in l" plate the maximum force P f should not exceed P as determined 

under Article 3 and E r should not exceed 
E as determined under Article 4. 

Determine the maximum thickness 
of plate that may be sheared and enter 
the same in your computations as a 
part of the specifications. 

8. Eccentric, or Cam, Shaft.—The 
general appearance of this shaft is shown 
in Fig. 13. The shaft is subjected to 
both torsional and flexural action. It 
must be sufficiently strong for the con¬ 
ditions of support and loading and sufficiently large to insure that the 
bearing pressures will not be excessive. If proportioned in accordance 
with ordinary bearing pressures the shaft would be excessively large 
and excessively strong. Very high bearing pressures are permissible as 
the load action is intermittent, the maximum load existing only for a brief 
interval, and the rubbing velocity is low. 



Bottom Knife 

Fig. 12. 





Fig. 13. 

Before the shaft can be checked for strength tentative diameters and 
distances between supports must be determined or assumed. Permissible 
bearing pressures per square inch of projected area and the usual relations 
between the diameter and length of bearings offer the best means of 
arriving at tentative proportions for the eccentric and forward bearings 
B\ and 

In view of the information set forth in Table 7, Chapter 24, and the notes 
below the table, the tentative size of the eccentric will be based on an 
allowable pressure range of 5000 to 5500 pounds per square inch of pro¬ 
jected area,—the diameter and length being made about equal. The 
diameter of bearing Bi is to be made such as to be included by the eccen- 
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trie and the diameter of bearing B 2 such as to include the eccentric 
diameter. The length of B\ is to be made equal to or slightly greater than 
its diameter, and the length of B 2 is to be made about 1.25 times its 
diameter. Determine the following: 

Diameter and length of the eccentric; 

Diameter and length of bearing B\; 

Diameter and length of bearing Bo. 

9. Strength of Eccentric, or Cam, Shaft.—The shaft is a continuous 
beam. It will be so treated in an approximate manner to show that the 
reaction R 3 is quite small and unimportant as compared to reactions Ri 
and R 2 and to obtain a value for the maximum bending moment in that 
portion subjected to torsion which we may know to be in excess of the 
actual. 

The bending action due to the load on the teeth of the gear be\ r ond 
Rz will be neglected as it is in a plane practically horizontal and is com- 



Fig. 14. 


paratively small and unimportant. The load on the eccentric is dis¬ 
tributed and the shaft is practically built in where supported. To greatly 
simplify the treatment of the shaft as a continuous beam the following 
assumptions will be made: 

That the cross-section is uniform from end to end; 

That the load is concentrated at the middle of the eccentric; 

That the shaft is point supported. 

Of these assumptions the last is especially unfavorable to the shaft 
and will yield bending moments considerably greater than the actual. 
To favor the shaft and thus in a measure to offset this unfavorable assump¬ 
tion the shaft will be considered as point supported one-third the way 
along on B 2 . As h is great as compared to k, its exact value is not essen¬ 
tial. The value of l 2 may be taken about 1.85 times the depth of throat, 
or reach. 

A continuous beam may be defined as a loaded straight member sup- 
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ported at more than two points. For a straight member having only two 
supports the reactions are independent of the form of the elastic curve 

while for three or more supports the 
reactions are not independent of but 
depend upon the form of the elastic curve. 
The Theorem of Three Moments for any 
two consecutive spans of a continuous 
beam of uniform section having all of the 
supports on the same level and carrying 
a single concentrated load in each span is 

M l h+2M 2 (h+l2)+Mzh= -Pih 2 [~~(jJ -P2(Wfe-3a2 2 +^ 



f? 

£ 

- —. 


1 i ~aA 

— 

-4J 

1 


2 

Fig. 15. 


Mi, M 2 , and Mz are the respective bending moments at supports 
1, 2, and 3 due to the loading of the beam to the left and right of each 
support. The bending moment and reaction at each support for any 
number of spans may be found by applying the Theorem to the first two 
spans, then to the second and third spans, and so on to the last two spans. 
The resulting equations together with the summation'of moments make 
it possible to determine the reactions at the supports. Where there are 
only three supports and the beam is merely point-supported at the ends, 
the moments at the end supports will be zero. This makes it possible to 
determine Mo from the Theorem as stated 
above for any values of Pi and P 2 . 

By means of a diagram similar to that 
shown in Fig. 16, it will be found that the 
eccentric is practically horizontal when the 
resistance at the punch is a maximum. The 
maximum torque on the shaft coincident with 
the bending action is therefore readily found. 

Select the material for the shaft (Chapter IS) and deter min e: 

Maximum torsional moment; 

Maximum bending moment in that portion of the shaft subjected 
to torsion (Theorem of Three Moments); 

Reactions R x , R 2 , and P 3 and bending moment M, Fig. 14. 

The method of Article 11, Chapter 19, applies to the shaft at B 2 where 
the bending and torsional stresses vary from zero to a maximum, and the 
method of Article 10 applies to the eccentric and shaft at P x , where there 
is no torsion and the bending stresses vary from zero to a maximum. De¬ 
termine the diameter of the shaft at B 2 and at B x and the diameter of the 
eccentric, using a fatigue stress concentration factor of 1.75 and a factor 
of safety of 2. In the absence of a test value, the endurance limit s r of the 
material in reversed bending may be taken as 0.5 u t . 
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The bending moment M, Fig. 14, is so greatly in excess of the actual 
that the corresponding diameter as determined from M may easily exceed 
the diameter required for safe strength and the tentative diameter as fixed 
under Article 8 . In view of the small value of the reaction P 3 as compared 
to Ri and R 2 , it is reasonable to consider that the shaft is wholly supported 
at Bi and B 2 and that it is practically built in at these supports. Fig. 17 
shows a reasonable distribution of the load on the eccentric for the shaft 
considered as built in at B 2 and prop supported at Bi. To make reason¬ 
able allowances for the abrupt changes in the cross-section of the shaft 
and the manner in which the shaft would bend, Pi and Pi are assumed 
distributed as shown. 




Assuming Pi as sufficient if acting alone to cause the same deflection 
at b as Pi would cause at b if it were acting alone, the value of Pi in terms 
of Pi may be determined as follows: 


z 21—x wx , 

— or and 

w 21 21 




Pi or w= 


4Pi 


X A1+A2 


3 1 • 

(4 l—x){l—x) 


IMxhH)Mx) 


on substituting for z in terms of w, x , and l 


For Pi acting alone, 


EIp 2 =M x =±[z+^)(l-x)x=^Ml s -9Px+GW-tf), 


l dx 2 


- w 


12 r 


E ^-s( 4ft -5 w+ "-r) 


on substituting for z and x . 

+ (Ci = 0), 

Ci =0 since for 0 . 


C 2 —O since y=0 for ;r= 0 . 
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Substituting for x gives the deflection y *at b for the load P 1 acting alone: 


Ely*- 


mp wPii 3 


240 180 

For Pi acting alone: 

EIpl=M=Ri 

dx- 


smce w=- 


4 :Pl 
3 1 ' 


which holds for x=0 to l. 
dy_ 


(i +l ~ x ) 

EI^=Ri(^t+lx-pj + (Ci-0), Ci = 0 since ^ = 0 for *=0. 

EIy=Ri(^+^x 2 -^j + (C 2 =0), C 2 = 0 since y = 0 for ®=0. 

Substituting for x gives the deflection at b for the load Pi acting alone, 

EIy^(h+2l)P=^ 0 Pil 3 , 


if the deflection at b is to be the same for Pi alone as for Pi alone. 
Hence, 

p 19PiZ 
1 30(Zi+2Z)' 

Determine the following: 

Reaction Pi; 

Maximum bending moment in portion Bi of shaft; 

Maximum bending moment in eccentric portion of shaft; 

Determine if diameter of Pi and diameter of eccentric as fixed under 
Article 8 are satisfactory. 



10. Sliding Block and Pitman.—The eccentric may be fitted with a 
sliding block of bronze as shown in Fig. 18, or with a cast iron or steel 
cast pitman fitted with a bronze bushing as shown in Fig. 19. The block 
slides in a horizontal slot in the ram and causes the ram to move verti¬ 
cally up and down, the ram acting as a scotch yoke. The pitman is an 
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internal connecting rod which oscillates as the eccentric revolves and 
causes the ram to move vertically up and down. 

The depth of the sliding block is known from the length of the eccen¬ 
tric. As much the greater pressure comes on the bottom of the block, 
thickness t may be made less than thickness T required for rigidity, 
thus reducing the height h. To make conditions more favorable for 
sliding the length l should exceed the height h. 

For this problem the bronze bushing for the pitman should be made 
not less than f" thick and length l may be made from 10 to 12 times the 
eccentricity. In determining radius a a pressure of from 9000 to 10,000 
pounds per square inch of projected area may be used. 

11. Head Cover Plate. —The cover plate is held in place by studs or 
tap bolts. As these tap bolts or studs cannot be put in shear large dowel 
pins or projecting tongues are used to take the upward thrust on the 
cover plate. 

If dowel pins are used it is to be assumed that each pin takes its share 
of the upward thrust Ri as determined in the latter part of Article 9 above. 
In determining the diameter of the dowel pins the frictional holding power 
of the studs or tap bolts may be neglected. 



Fig. 21. 


Fig. 22. 


Fig. 23. 


12. Punching Tools. —Information concerning the standard punches 
and dies of the Pratt & Whitney Company is given in Tables 2 and 3, 
and information concerning their standard couplings in Table 4. 

In Fig. 20 the punch stock, or stem, and the coupling, punch, and die 
are shown assembled. The shank of the punch stock may be made 
round as in Fig. 23 or may be made square as shown in Fig. 21. The shank 
of the stock may be inserted in a hole in the bottom of the ram, or sliding 
head, as shown in Fig. 7, or it may be inserted in a separate piece to be 
bolted to the bottom of the ram as shown in Figs. 22 and 23, 
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TABLE 2 
Standard Punches 



From Catalog of Pratt & Whitney Co. 


Punch 

Number. 

Range of Sizes 
! of d in Inches. 

! ! 

1 D 

1 Inches. 

Z Inches. 

di 

Inches 

(Approx). 

Flat, 

Spiral. 

2 

8 *0 | 

17 

32 

1^- 


ti 

3 

8 tO & 

a 

i§i 


n 

4 

Ito f 

a 

ft 

if 

ft 

5 

1 to 1 

l-h 

itf 

2f 

1ft 

6 

§ to lj% 

1! 

2| 

2f 

•*ft 

7 

f to H 

1ft i 

2ft 

3 

iff 

8 

1 to If 

2* 


3f 

iff 

9 

1§ to 2| 

2r 


31 

2ft 

10 

2 to 2f 

2fi 


3| 

2ft 

11 

2 h to 31 

3ff 


3f 

3ft 

12 

31 to 4| 

4i 


4 

4ft 


TABLE 3 
Standard Dies 


From Catalog of Pratt & Whitney Co. 


Die 

Number. 

Hole in Die 
Made Correct 
for Following 
Punch Sizes. 

D 

Inches. 

T 

Inches. 

2 

| to 

i 

5 

8 

3 

ito ye 

1 

i 

4 

ito f 

H 

1 

5 

Ito 1 

2 

1 

6 

§ to li 

2f 

ft 

7 

ito 1* 

2| 

ft 
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TABLE 4 

Standard Couplings 



From Catalog of Pratt & Whitney Co. 


Coupling 

Number. 

”1 

In Inches. | 

A. 


D. 

H. 

Approx. 

2 


16 

a 

1 

3 


f 

7 

& 

u 

4 

ut 

if 


ii 

5 

21 

If? 


it 

6 

21 

u 

1* 

u 

7 

m 

i* 

U 

u 

8 

31 


2* 

2 

9 

41 


2f 

21 

10 

41 

2H 

3} 

21 

11 

51 

3* 

31 

2f 

12 

7A 

4& 

41 

3 


Where a separate punch holder is bolted to the bottom of the ram it 
is usually arranged to use the same bolts to attach the shearing tools to 
the ram. In general it requires a greater distance from the bottom of the 
ram to the table of the machine to accommodate the shearing than to 
accommodate the punching tools. The frame gap, or distance from the 
under side of the head to the’ table of the machine, may therefore be 
made equal to the distance required to accommodate the shearing tools. 

13. Shearing Tools.—Fig. 24 illustrates a solution of the shearing 
tools and the method of attachment for the ram assumed to be actuated 
by a pitman, or pintle, and Fig. 25 a solution for the ram assumed to be 
actuated by a sliding block. To determine a suitable dimension for the 
frame gap G to accommodate the shearing tools requires the design of 
the tools. The left-hand corner of the top knife should not rise above 
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the bottom knife edge and the right-hand corner of the top knife should 
dear and not enter the plate to be sheared. The top knife edge usually 
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table of the frame, and the frame gap G may be given outright and the 
drawing of the tools omitted from the layout and assembly drawings. 

14. Preliminary Layout Sheet.—As pointed out in Article 16, Chapter 1, 
the logical thing would be to start with the assembly drawing of the 
complete machine. Being limited to an 18"X24" sheet it will be found 
more satisfactory to make an assembly of only the main portion of the 
machine. This will permit of a somewhat larger scale being used than 
would be possible for the complete machine and will make it possible 



Fig. 26. 


to work out the main features of the machine and the outlines and sections 
of the frame with greater ease and facility. 

Locate the vertical center line VT, Fig. 26, 3§" and the vertical 
center line PL 8J" from the left-hand border line and the center line of 
the eccentric shaft HZ 5" from the top border line. The eccentric and 
ram are to be drawn in the upper position, scale 2" = 12". 

Dimension e, Figs. 24 and 25, is known from the length of the eccentric 
as determined and checked under Articles 8 and 9. From the diameter 
of the eccentric and the sliding of the block or the oscillation of the pintle, 
a reasonable value for a may be determined by working from the inside 
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outward. Reasonable values for b and c follow from a . By working 
downward from the center of the eccentric shaft a satisfactory distance 
to the under side of the head may be determined. The top of the head 
may best be fixed upon after the outlines of the frame have been estab¬ 
lished. To make the conditions favorable for sliding the height of the 
head should at least be equal to the width a. 

It is thus evident that by working from the center of the shaft out¬ 
ward and downward reasonable and satisfactory values may be deter¬ 
mined for dimensions a , b, c, d , and G, as shown in Figs. 24, 25 and 26. As 
will be shown, these dimensions are directly related to satisfactory pro¬ 
portions for the sections and outlines of the main frame. 

15. Proportions and Strength of Frame.—-In Fig. 27 is shown a box 
and in Fig. 28 an I punch frame section. When the machine is used as 
a shear the frame is subjected to more or less torsional action. The box 
is superior to the I section in resisting flexure combined with torsion. 



Fig. 27. Fig. 28. 


In general the use of the box section will yield a frame that is more pleasing 
and more substantial in appearance. Its use also facilitates the mounting 
of brackets and other attachments. 

Where flexure is the predominating load action and there are few 
attachments to be provided for, an I section frame may prove to be both 
lighter and cheaper than a box section frame. 

Having determined a satisfactory width b for the head it is logical to 
adopt b as the width across the heavy flange of the frame sections. The 
width d across the body of the frame sections may be taken about equal 
to the width of the ram a. The pattern making and founding of the frame 
are simplified by keeping b and d the same throughout. An abrupt change 
in thickness from t to /, Figs. 27 and 28, should be avoided. This may be 
accomplished by means of straight sloping lines and fillets as illustrated. 
Dimension g should be made about equal to the minimum value of / just 
back of the head. To simplify the pattern work dimensions h and g are 
made the same throughout. The necessary depth of the horizontal section 
for proper strength usually comes out somewhat greater than the depth of 
the throat. 

The first step in establishing the outlines of the main frame will be to 
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determine a horizontal frame section of proper strength. As is usual the 
inner outline of the throat will be assumed semicircular. The frame will 
therefore be a curved member subjected to direct stress combined with 
flexure. As will be shown the curvature of the frame has a marked effect 
on the maximum stress induced by the load. To bring out this effect the 
horizontal section will be treated, first neglecting and then considering 
the curvature of the frame. It will also be shown how, with no change 
in section, the frame may be made stronger by changing its curvature. 

16. Strength of Frame, Curvature Neglected.—The ordinary equation 
for the maximum stress in a member subjected to direct stress and flexural 
action is: 

s= (Direct stress) =t (Flexural stress) 

A I 


That the neutral axis of the member is initially straight, or sensibly so, 


is one of the assumptions made in deriving the term 



for the stress 


due to flexure. The equation will give approximately correct results 
within the elastic limit for members initial straight or w T here the initial 
radius of curvature of the neutral axis of the member is great as compared 
with the dimensions of the cross-section. The equation, therefore, does 
not apply to such members as crane hooks, curved punch frames, and the 
like. 

As previously stated the above equation will be used in this problem 
to determine a trial horizontal section. It will then be shown that the 
equation indicates maximum tensile stresses considerably below the 
actual. To be certain to obtain a trial section that may be used without 
any undue change in the curvature of the frame, very low r allowable stresses 
will be assumed. 

In accordance with the discussion under Article 15 above, assume a 
trial horizontal section. In order to have a visual check on the propor¬ 
tions assumed, a sketch to scale should be made and dimensioned and 
bound with the computations if found satisfactory. For the assumed 
section determine the following: 


Distance from the inner edge of the heavy flange to the gravity axis 
of the section (Article 11, Chapter 22); 

Moment of inertia of the section about its gravity axis (Article 12, 
Chapter 22); 

Maximum tensile and compressive stresses. 


If the maximum tensile stress does not exceed 2200 to 2400 pounds per 
square inch the section may be considered satisfactory if of good pro** 
portions. 
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17. Strength of Frame, Curvature Considered.—For a bar initially 
curved the stress at any point in a section whose plane passes through 
the center of curvature at right angles to the line of action of the load 
may be considered as equal to the direct stress plus the bending stress as 
given in Article 16 for a straight bar eccentrically loaded. The direct 
stress is the same for a curved bar as for a straight bar eccentrically loaded 
and is equal to the load divided by the area of the section at right angles 
to the load. The bending stress at any point in the section is, however, 
not the same for a curved as for a straight bar. For a straight bar the 
neutral axis is the gravity axis and the bending stress varies directly as 
the distance from the neutral axis, while for a curved bar the neutral axis 
does not coincide with the gravity axis and the stress does not vary 
directly as the distance from the neutral axis since the strain at any point 
is not proportional to the distance from the neutral axis as for a straight 
bar. Considering the curvature of the frame the maximum stress on 
the tension side of the horizontal section, Fig. 26, is, 


PP 

s== j+2 



The tensile stress due to bending is the second term of the right-hand 
member of the equation. 

The maximum stress on the compression side of the horizontal section 
may be found by substituting e c as a negative quantity in place of e tj 
since in deriving the equation measurements from the gravity axis were 
considered positive when taken toward and negative when taken away 
from the center of curvature. The derivation of the equation is to be 
found in Morley’s “Strength of Materials,” page 390. 

P=maximum load in pounds; 

a =distance in inches from the line of action of the load P to the center of 
gravity of the section; 

A =area of the section in square inches; 

Cf=distance in inches from the gravity axis to outermost fiber in tension; 
R =radius of curvature in inches of the curve through the centers of 
gravity of the sections (see Fig. 26) ; 

C dA 

A'=R J - is a derived area that may be found graphically for any 

section and analytically for many forms of section. 


For satisfactory results it is very necessary that A' be determined 
with considerable accuracy. As the punch frame sections may be regarded 
as made up of rectangles and triangles or trapezoids, time may be 
saved and greater accuracy attained by using the analytical method in 
determining A 
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For a rectangle, Fig. 29, 

A' = Rb logeTr. 

Ji.2 : 

r a trapezoid (or triangle), Fig. 30, 

A'=R-^L log, 



Fig. 29. Fig. 30. 


The summations given for a rectangle and a trapezoid (or triangle) 
are expressed in terms of the dimensions of the section and the distances 
Hi and H 2 and L from the center, or axis, 


of curvature. 

To determine A' graphically for any sec¬ 
tion as XEXFj Fig. 31, proceed as follows: 
Draw diagonals from the center of curvature 
0 to any point a in the outline of the section, 
the diagonal, or diagonal produced, cutting 
the gravity axis of the section at b; where a 
horizontal through a and a vertical through 
b intersect determines a point c of the outline 
EcXCFCXcE of the modified area A'. The 
area in square inches may be determined by 
means of a planimeter, or by the application 
of Simpson's Rules. 

Considering a section at any angle 6 with 
the horizontal, Fig. 32, the above equation 



Fig. 31. 


becomes 


T , T 

s= z + i 
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For 0=zero, T—P and a!—a. The horizontal section is at right angles 
to the line of action of the load and therefore is not subjected to shear. 
A section at an angle 6 with the horizontal is subjected to a total shear 
S=P sin 6. Where the tensile and compressive stresses are a maximum 
the shearing stresses are zero. The maximum resulting tensile and com¬ 
pressive stresses are therefore unaffected by the induced shearing stresses. 

To be certain of the value of the radius of curvature at the horizontal 
section of the curve through the centers of gravity of the frame sections, 
it will be assumed that the cross-section of the frame remains the same 
for 15 to 20 degrees each side of the horizontal about the center 0 , Fig. 26. 
The radius of curvature of the frame at the horizontal section will therefore 
be E=r+e t . 

Assume the outline of the throat to be as shown in Fig. 33, and deter¬ 
mine the maximum tensile and compressive stresses for the horizontal 




section for the curvature indicated. Compare the values obtained with 
those obtained under Article 16, where curvature was not considered. 

The frame being of heavy section, an ultimate strength of 20,000, a 
yield strength of 12,000, and an endurance limit in reversed bending of 
9500 pounds per square inch would appear reasonable for good cupola 
cast iron. It can be assumed that there is no shock. By the method of 
Article 10, Chapter 19, determine the allowable stress, using a fatigue stress 
concentration factor of 1.2 and a factor of safety of 2.25. 

If the horizontal section as determined under Article 16 is not safe 
for the throat outline assumed in Fig. 33, determine what inner radius 
of throat r, Fig. 26, will bring the maximum tensile stress within the 
allowable range. 

Assume a gradually tapering outline for the frame composed of circular 
arcs as suggested m Fig. 26, and determine the centers of gravity of the 
45, 67.5, and 90 degree sections as located by lines through the center 0 
Pass a smooth curve through these points and determine by trial the radius 
of curvature R' of the curve at the point g in the 45 degree line. It is 
to be noted that the center of curvature does not lie in the 45 degree line 
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through 0 . Due to the tapering of the frame the treatment of any section 
making an angle of more than 15 to 20 degrees with the horizontal will be 
more or less approximate. There is no section for the radius of curvature 
R' for which the fibers are normal to the plane of the section throughout. 
As a reasonable approximation the section to be checked will be assumed 
to pass through g and to include the center of curvature. Determine 
A, A', R'j T, and a' and check the section for strength. Should the 
maximum stress come out about the same as that for the horizontal sec¬ 
tion, the frame may be assumed sufficiently strong throughout the portion 
forward of g. 

18. Gear and Pinion.—Cut gears are to be used having 14§ degree 
composite or 20 degree involute stub teeth. If pinion and gear are made of 
cast iron, the teeth of the pinion will be weaker than the teeth of the gear. 
If the pinion is made of cast steel and the gear of cast iron, the gear will 
have the weaker teeth. 

The easiest way to determine the smallest combination of pinion and 
gear is to fix upon the minimum number of teeth for the pinion and from 
the desired ratio of gear to pinion to determine the corresponding number 
of teeth for the gear. The diametral pitch for safe strength may be 
determined by trial, thus fixing the pitch diameters of the gear and pinion. 
The gears are to be designed by the method outlined in Articles 1 to 4, 
inclusive, of Chapter 20. 

Since the smallest combination of pinion and gear is sought, the 
smallest number of teeth that is advisable should be assumed for the 
pinion. If a satisfactory solution can not be obtained by using a 15-toothed 
pinion, not less than 12 teeth should be used in revising the design. The 
R. D. Nuttall Company of Pittsburgh limit the thickness of metal from 
the bottom of the keyway to the bottom of the tooth space for unshrouded 
pinions to, 

,_V03M 

t — / 

Vc 

In arriving at a solution by trial, assume values for the diametral pitch 
corresponding to the pitches of available standard cutters. 

The mechanical efficiency of the machine is given under Article 5 as 
80 per cent. In determining the turning moment on the gear, the total 
loss of 20 per cent may be assumed to take place between the pinion and 
the working tools. 

Determine and tabulate the following for the gear and pinion: 

Number of teeth; 

Diametral pitch; 

Width of face; 

Pitch diameters. 
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19. Gear Wheel Arms.—The gear wheel is to have six arms elliptical 
in section. The minor axis of the arm sections is to be one-half the major 
axis. 

It is usual to assume that each arm carries its share of the torque to 
be transmitted and that each arm acts as a cantilever free at the outer, 
or rim, end and fixed at the center of the wheel. Where the rim is com¬ 
paratively thin as in gears and pulleys, the distribution of the load between 
the arms is uncertain. Equal distribution is the most tenable assumption 
where the rim is sufficiently strong and rigid for its purpose. The action 
of the arms is intermediate between cantilevers free at the outer ends and 
cantilevers free but guided at the outer ends. The assumption that they 
are free at the outer ends is on the safe side. 

To allow for possible shrinkage and contraction stresses incident to 
casting and to obtain sufficient rigidity, it is quite usual in the design of 
the arms to take the allowable stress from 0.50 to 0.60, the allowable stress 
used for the teeth of the gear. Another and perhaps superior method 
is to use the same stress as for the teeth but to base the bending moment 
for each arm on the stalling load for the teeth instead of the working load. 
The stalling load corresponds to zero velocity and may be found by sub¬ 
stituting the allowable stress for zero velocity in the Lewis formula, or it 
may be found by multiplying the working load by the ratio of the allow¬ 
able stress for zero velocity and the stress corresponding to the working 
conditions. The dimensions as dictated by the two methods should be 
determined and contrasted. 

Determine the bending moment per arm, the allowable stress, and the 
minor and major axes of the section of the arms at the center of the wheel. 

The diameter of the hub of industrial gears is made about 1.80 times 
the diameter of the shaft, the length of the hub being made about equal 
to the width of face of the gear. The minimum height of the bead of the 
hub between the arms should be about 0.20 the diameter of the shaft. 
On account of the clutch the proportions just stated for the diameter and 
length of the hub can not be followed. 

20, Thickness of Gear Rim.—The thickness of the rim is usually 
made somewhat greater than the tooth thickness at the pitch line. The 
tendency is to make the rims of gears too thin with the result that the rim 
is very often weaker than any other part of the gear. The portion of the 
rim between the arms is subjected to considerable bending action due 
to the tangential and vertical components of the load on the teeth. The 
approximate safe load on a tooth is a function of the pitch, and the bending 
of the rim is a function of the load and the distance between the arms. 
The R. D. Nuttall Company of Pittsburgh express the thickness t of the 
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rim of their industrial gears in terms of the diametral pitch p/, the num¬ 
ber of teeth Nj and the number of arms a , as, 



Another expression based on the approximate bending action is 


* 1/1 

Vc V 4a 


+2.5. 


The depth of the stiffening rib, or bead, for the rim may be taken 
about 1.25 1. 

21. Sliding Clutch.—The clutch is generally made of cast iron with 
two, three, or four teeth. The greater the number of teeth the shorter 
the interval required for engagement but the more difficult it is to secure 
equal distribution of load between the teeth. Also the fewer the number 
of teeth the easier it is to secure maximum strength for a given depth of 
tooth and the easier it is to arrange for drilling the faces of the teeth in 
case the teeth are fitted with hardened steel plates. Such plates not only 
reduce the amount of wear but where well fitted and securely fastened 
increase the strength of the teeth under partial engagement by distribut¬ 
ing the load. 

* The teeth on the sliding clutch usually extend radially inward to the 
surface of the shaft. The portion of the clutch on the hub of the gear is 
counter-bored to admit of the feathers, or splines, for the sliding clutch 
extending along the shaft to the bottom of the clutch teeth on the gear 
hub. By so doing the wrenching action on the feathers is reduced and 
the sliding clutch at all times has a bearing throughout its length on the 
feathers. 

If the gear hub and sliding clutch are of cast iron and designed as above 
described, the clutch teeth on the gear hub will be weaker than the teeth 
on the sliding clutch. To guard against the possibility of having to 
replace the gear because of broken clutch tooth, it is sometimes thought 
desirable not to make the clutch teeth an integral part of the gear hub. 
The separate element carrying the teeth may be cast of iron or steel. 

Assume the loss of energy from the clutch to the working tools to be 
15 per cent and determine the torque on the shaft and the diameter of 
the shaft at the clutch. 

As a feather is subjected to wear and strain that an ordinary key is 
not, it is made larger than an ordinary key. On the basis of the shaft 
diameter just determined fix upon the proportions for the feathers in 
accordance with Table 18, Chapter 26. 
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The diameter of the shaft at the clutch and in the bearing forward of 
the clutch should be made somewhat larger than the diameter just com¬ 
puted to allow for the weakening of the shaft due to the feather ways and 
the bending moment due to the force on the gear which has been neglected. 
Make Dz equal to the diameter as computed plus about one-half the 
thickness of a feather. The diameter of the counter-bore Z> 4 should be 
made slightly greater than Dz plus the thickness of a feather to avoid 
interference with the feathers which extend into the counter-bore. Deter¬ 
mine Dz and D 4 . 

Assume the number of teeth for the clutch and on the basis that each 
tooth takes its share of the load determine the total load F on the face of 



each tooth in terms of Tz , D 4 , and l, and then compute F for some assumed 
value of l. 

It has been observed that cast iron blocks in compression fail by 
shearing along a line making an angle of approximately 35 degrees with 
the vertical. It is safe to assume that the clutch teeth would fail in approx¬ 
imately the same way. At the bottom of Fig. 34 is shown the develop¬ 
ment of the counter-bore. The probable line of failure for full engage¬ 
ment is ab ; the area in shear is, therefore, ( hXl ). For the size of machine 
under consideration a height of tooth e of If" is satisfactory. To allow 
for the possibility of partial engagement and for the uncertainty of the 
portion of the load carried by each tooth, half engagement is to be assumed 
in determining safe proportions for the clutch teeth. Cast iron is about 
1.3 times as strong in shear as in tension. Applying the method of Arti¬ 
cle 10, Chapter 19, and using approximately the same factors as previously 
used for cast iron, determine the following: 
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Allowable shearing stress; 

Area in shear; 

Total shearing force; 

Induced shearing stress. 

If l has been assumed too small or very much too large, a new value 
should be assumed and the computations revised. 

The width of the operating groove in the clutch depends upon the 
part of the operating mechanism which is to work in the groove. The 
proportions of this part will depend to quite a degree upon the size of the 
pins required for adequate wear. 

22. Tight and Loose Pulleys.—Determine the diameter for the tight 
and loose pulleys in accordance with the rotations and the r an ge of the 
belt velocity specified under Article 2. The width of face of the pulleys 
may be taken as the belt width as determined under Article 23 plus 

23. Belt Width.—Since the machine is to be fitted with a flywheel all 
that is necessary is that the belt be capable of delivering at an average 
rate the energy required during an energy cycle. Hence the size of the 
belt will be based on the energy demanded during an energy cycle and not 
on the maximum torque. 

The conditions under which the belt on a punching machine works 
are severe. During the punching of a hole the speed of rotation of the 
drive shaft varies considerably, thus causing an unusual amount of belt 
slip. If the tension in the belt is taken too high the resultant wear will 
be great. For such service the allowable tension per inch of width should 
be low—that is, the belt should be of generous proportions. Using an 
allowable pull on the tight side of 250 to 300 pounds per square inch section 
of belt, determine the following: 

Belt speed from R.P.M. and diameter of pulleys; 

Energy in foot-pounds required during an energy cycle; 

Feet of belt reeled off during an energy cycle; 

Total net belt tension in pounds; 

Net belt tension per square inch of section; 

Area and width of belt section. 

As a matter of interest determine the necessary width of the belt 
assuming that a flywheel is not used and that the maximum torque required 
is to be delivered by the belt. 

24. Diameter and Weight of Flywheel.—During the energy cycle of a 
punching machine, energy is consumed at a highly variable rate and sup¬ 
plied at a comparatively constant rate by the belt. About 85 per cent of 
the energy supplied during an energy cycle is consumed in about 0.20 of 
the cycle. This great excess of the demand over that which can be sup- 
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plied by the belt is supplied by the flywheel and causes the flywheel to 
decrease in speed. 

While some experimental work has been done, it is not known precisely 
how the energy delivered by the belt and by the flywheel varies during each 
energy cycle. However, enough is known for a satisfactory solution of 
the problem. Although the energy lost in friction and the energy supplied 
by the belt vary during the cycle, little inaccuracy is introduced by assum¬ 
ing the friction loss and the net belt pull to be constant during the cycle. 

The energy cycle of a belt driven punching machine is shown in the 
figure below. Area bcdb represents the energy consumed in pushing the 
punch through the plate, area abefa the energy lost in friction and in with¬ 
drawing the punch, and area aghfa the energy supplied by the belt. Obvi¬ 
ously, the energy to be supplied by the flywheel, which causes its speed to 
decrease, is represented by the area gckg. This area is equal to area 


c 



agckdna minus area agkdna , and can be satisfactorily approximated by 
subtracting area aglma from area agckdna . The energy in foot-pounds 
represented by these areas is readily computed. 

The transverse space occupied by the punching machine is fixed by the 
diameter of the gear. This diameter establishes a maximum limit for the 
outside diameter of the flywheel, and the distance from the drive shaft to 
the floor establishes a minimum limit. There is, however, no serious 
objection to having the flywheel extend below the floor. The principal 
thing is to have the hub, arms, rim section, and outside diameter of the 
wheel in good proportion. 

The coefficient of friction between a belt and pulley increases with the 
slip to some maximum value, after which it decreases rapidly and the belt 
tends to slide off the pulley. For a slip in the neighborhood of 20 per cent 
it is difficult to keep a belt on the pulley. Hence the variation of speed of 
a pulley or flywheel should be kept well within 20 per cent, For the 
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problem under consideration a variation of 10 per cent at full capacity is 
to be used. 

In preparation for the design of the flywheel, Article 9 of Chapter 10 
should be read. In obtaining the weight of the wheel rim, the effect of 
the mass of the hub and arms is to be neglected. It is to be noted that the 
maximum speed of rotation is the normal speed of rotation as fixed by the 
specifications. Determine the following: 

Energy in foot-pounds required to force the punch through the 
plate; 

Energy in foot-pounds lost in friction while the punch is forced 
through the plate; 

Energy in foot-pounds delivered by the belt as represented by the 
area aglma of Fig. 35; 

Energy in foot-pounds to be supplied by the flywheel; 

Weight of the flywheel rim for an assumed mean diameter; 

Area of the cross-section of the wheel rim in square inches; 

Make a sketch of the rim section half or full size; 

Approximate weight of the flywheel = 1.2 (weight of the rim). 

25. Flywheel Arms.—The flywheel is to have five arms elliptical in 
section, the minor axis of the arm sections to be f the major axis. The 
total taper of the major axis of the arms from the rim to the center of the 
wheel is to be about f inch per foot. Because of the heavy rigid rim, the 
arms will act as cantilevers fixed at the inner end and free but guided at 
the rim end (Tables 2 and 3, Chapter 26). To make sure that the arms are 
stronger than the teeth of the gears, use an allowable stress equal to 0.5 of 
that given by equation (4) of Chapter 20 for cast iron gear teeth. Assume 
each arm takes its share of the load and determine the section of the arms 
at the rim. 

26. Tentative Diameter of Drive Shaft.—The drive shafts of punching 
machines are frequently made of constant diameter from end to end. 
While this enables a piece of cold rolled shafting to be used and results in 
an allround reduction in cost, it makes it more inconvenient and costly to 
assemble the pinion, pulleys, and flywheel on the shaft. To facilitate 
assembly, turned shafts of varying diameter are used. Assume that the 
shaft is to be made of hot rolled, open-hearth steel of about 0.40 per cent 
carbon (Article 6, Chapter 18). 

To determine a tentative diameter for the shaft, it will be assumed that 
the maximum bending moment in that portion of the shaft subject to the 
maximum torque is If times the maximum torque. Determine the max¬ 
imum torque and the corresponding maximum bending moment. 



236 


COMBINATION PUNCH AND SHEAE 


During each energy cycle of the machine, the bending and torsional 
moments vary from practically zero to maximum values. However, since 
the drive shaft rotates about 8 times as fast as the cam shaft, the maximum 
value of the bending stress is practically reversed during a portion of each 
energy cycle, while the corresponding value of the torsional stress remains 
practically constant. Inspection of Fig. 24 and Table 5 and of Figs. 6 and 
7 of Chapter 19 indicates that 1.8 would be a reasonable value for the 
fatigue stress concentration factor. In the absence of a test value, the 
endurance limit of the material in reversed bending may be taken as 
0.5a*. Using a factor of safety of 2, determine, by the method of Article 11, 
Chapter 19, a tentative diameter for the drive shaft. 

27. Pedestal Bearings and Bearing Caps.—The style of the pedestal 
bearing caps depends upon how the bearings are parted and the caps 
machined to fit the pedestal. The length of the bearings should be from 
2 to 2.25 times the diameter of the shaft. A satisfactory design for the 
bearings may be easily developed from the few empirical proportions given 
in Article 12 of Chapter 24. The pedestal bearing caps should be designed 
before designing the pedestal. 

28. Drive Shaft.—Having the particulars about the pinion, pulleys, 
flywheel, and length of bearings, the tentative diameter of the drive shaft 
may now be checked. Make a sketch similar to Fig. 36 and record thereon 



the spacing of the loads and supports, assuming a distance of about 6 inches 
between the pinion and the tight pulley. Because the coefficient of fric¬ 
tion increases with the slip of the belt, assume that the belt tensions as 
found under Article 23 may be increased, as a maximum, about 25 per cent. 
Determine the following: 
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The horizontal and vertical components of the reactions at the 
bearings; 

Algebraically determine the moments in the horizontal plane and 
draw the bending moment diagram; 

Algebraically determine the moments in the vertical plane and draw 
the bending moment diagram; 

Determine and draw the combined bending moment diagram and 
from it determine the. maximum bending moment on the drive 
shaft; 

Determine the maximum twisting moment; 

Determine, by the method of Article 11, Chapter 19, if the tentative 
diameter as previously determined is satisfactory. 

29. Pedestal.—The design of the pedestal proceeds from the design 
of the bearings and caps and main frame. The pedestal should be of the 
same general style as the main frame and in appearance should look as 
though it belonged to and formed a part of the main frame. 

It is evident that the pedestal is not called upon to sustain any such 
loads as the main frame. The thickness of the metal can therefore be 
made less than the thickness of metal in the main frame and may be 
made about f inch. 

30. Clutch Operating Mechanism.—Considerations of wear and func¬ 
tion and not strength dictate the size and form of the pins, bolts, and 
spindles to be used. The size and form of these elements are first fixed 
upon as a basis for designing the levers, bell cranks, and links of the 
operating mechanism. 

31. Assembly Drawing (18"X24" Sheet).—As for the Preliminary 
Layout Sheet, Article 14, the end elevation is to be drawn to the left of 
the side elevation as in Fig. 26, scale 1|" = 12". Locate the vertical 
center line VT 2\" and center line PL 6" from the left border line, and 
center line HZ 9 \ n above the bottom border line. The plan view is to be 
located above the side elevation. 

Note. —The following close estimate of the time required to complete the work out¬ 
lined above is based on actual class-room performance in three-hour periods, a member 
of the teaching staff being present throughout each period. The number of hours oppo¬ 
site each drawing includes the time spent on the necessary notes and computations. 


First drawing —Preliminary Layout Sheet. 42 hours 

Second drawing—Assembly. 15 

Third drawing —Certain Details. 9 i 1 


Total..... 66 hours 







CHAPTER 17 : 


BALANCING PROBLEMS 

1. Introduction —In this chapter the inertia effects of the moving 
parts of a simple engine will be investigated and the chapter then sup¬ 
plemented in such a manner as to enable a more comprehensive problem 
in the way of a multiple cylinder engine to be dealt with if desired. The 
balancing of engines is one of the most important applications of the 
study of inertia forces, and many fundamental principles of general value 
with respect to masses in motion may be illustrated by such an application. 
A thorough understanding of the inertia forces and moments of a simple 
engine and the possibilities in the way of balancing, or of reducing the 
unbalance, is of considerable value in dealing with moving masses in general 
and in dealing with the general subject of the balancing of engines. 

2. Inertia Forces. —If the linear acceleration of the center of gravity, 
or center of mass, of a moving body is known, the magnitude of the accel¬ 
erating force, which is equal to the product of the mass and the accelera¬ 
tion, becomes known. To determine the linear accelerations and the 
magnitude of the inertia forces of the moving parts of a crank and con¬ 
necting-rod mechanism of a reciprocating engine, the connecting-rod will 



be treated as a generalized problem. For convenience the lengths and 
distances in Fig. 1 may be considered as measured in feet and the angular 

velocity co of the crank as expressed in radians per second. Let n=-- and 

PB b R 

= then, for any point P in the connecting-rod, 

BM=R sin 6=1 sin <j>=nR sin <£. 

*An estimate of the time required to cover the work of this Chapter is given at the 
close of the Chapter. 
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Hence 


sin <p-- 


sin 0 


and 


cos <j> = V 1—sin 2 0 = -v / n 2 —sin 2 6 = ~(n~ 


x=R cos 6+b cos <j) = R 


cos 9+c[n — 


sin 2 0' 
2n 

r>2 a 


nearly. 4 


2n 


y-(l—b) sin <£=P(1—c) sin 

Differentiating £ and y yields the velocity components parallel to 
OX and 07. 


dx ( c 
Vx==: dt = s ^ n 20 


V 


2n 




=^7-=jR(1—c) cos li- 


dd 


v dt ^ v ' wov # 

Differentiating y* and v y yields the acceleration components parallel 
to OX and 07, 


a x 


=^= — pfsin 0+ 


and 


dt 


\ 


2n 


sin 20 


)dt 2 


°»“^= B(1 “ C) cos e S-«d-c) sin 

xi._• .... .. ....! .. d 2 0_ 


P( cos 0H— cos 20 
\ w 

r dd\ 2 


dd\ 2 

dt 


In these expressions for a x and a v , represents the rate of change of 
angular velocity, or the angular acceleration, of the crank at the instant, 


and 


w, 


K dtJ 


is the square of the angular velocity of the crank at the instant. 


In any engine the angular velocity of the crank is maintained practically 
constant either by means of a flywheel, where the driving torque on the 
shaft is not uniform, or by means of multiple cylinders and cranks and 
arranging them to give practically uniform torque and rotation. So far 
as balance is concerned an engine that is in balance for a uniform rate of 
rotation is in balance for a nonuniform rate of rotation. The angular 
dd 

velocity or w, may, therefore, be assumed constant, in which case 

-79 r\ 

becomes zero and the components a x and a y of the acceleration of P 


dt 2 
become 


a x — — u> 2 R 
a y = — co 2 P(l—c) sin 0. 


cos 0H— cos 20 ]. 
n } 


( 1 ) 

( 2 ) 


* The average error throughout a revolution resulting from this approximation is 
less than one-quarter of one per cent for a value of n=4 and rapidly decreases with an 
increase in the value of n. 
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The acceleration component of the point P parallel to OX involves 
two termsj the first term is independent of the length of the rod and the 
location of the point P and varies as 0, the second term is dependent 
upon the location of the point P and the ratio n of the rod length to the 
crank length and varies as 20. For a Scotch yoke, which is equivalent 
to a rod of infinite length, the second term vanishes, resulting in harmonic 
motion of the piston. The first term is conveniently referred to as the 
primary and the second term, which varies as 2d , is conveniently referred 
to as the secondary portion of the acceleration component. The accelera¬ 
tion component a y normal to the axis of the cylinder is only primary 
in its character. 

lib —l the value of c becomes unity and we obtain a £ and a y for the 
cross-head pin center A. Since the reciprocating masses have rectilinear 
motion, the center of mass of the reciprocating parts has the same motion 
as the center A. Hence, for the reciprocating parts, 

, J cos 20 \ , , 

a x — — >lcos04———I and a y =zero. 

For b = zero the value of c becomes zero and we obtain a x and a v for the 
crank pin center B; or, for the rotating parts, 

a" x = cos 0 and a" y = — c* 2 R sin 0. 

It is to be noted that a" x and a" y are merely the horizontal and vertical 
components of the radial acceleration of a point moving in a circular 
path at an angular velocity co at a radius R which makes at the instant 
an angle 0 with the horizontal axis OX, the radial acceleration cf a point 
moving in a circular path of radius R at an angular velocity co being w 2 R. 

If the linear acceleration of the mass center of a body is known, the 
magnitude of the force necessary to cause the acceleration is known 
and equal to the mass times the acceleration. Hence for the rotating 
masses of total weight W2 at a radius R, 

F" x =M 2 a" x = -cos 6, (3) 

F" v =M 2 a" v = - 1 sin 6, (4) 

and for the reciprocating masses of total weight Wi, 

F' x =M ia ' x =-w*R^(cose+ c -^y (5) 

(Distance from the crank pin center 
to the center of mass of the rod) _b 
(Length of the rod) T 


Let 
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Then the acceleration components a x and a y of the center of gravity, 
or center of mass, of the connecting-rod, become, 


a x — — u 2 R ^cos cos 26j , 

a y = —co 2 R(l~c) sin 6, 

and for the connecting-rod of total weight W , 


( 6 ) 

(7) 


F x —Ma x — — (jo 2 R— (cos 6+c 


9 \ 


. cos 26' 
n 




f[ (i - 


•c) cos 0+c( cos 6 -1 


cos 26' 


)]■ (8) 


-W, 


F y = Ma y — -a 2 R~(l-c) sin 9. 


(9) 


Referring to Fig. 2 it is evident that the horizontal component F x 
of the accelerating force required by the rod ultimately reduces the 



horizontal reaction on the engine frame at bearing 0 by an amount F x . 
Due to accelerating the rod the vertical reaction at the bearing 0 is 
increased by an amount equal to N 2 and the vertical reaction at the cross¬ 
head guides is reduced by an amount iVi. F y , Equation (9), represents 
the sum of N 2 and N 1 . In determining what may be done to reduce 
the amount of unbalance, it is not necessary to determine the separate 
values of Ni and N 2 . As will be shown later, Ni is quite small as com¬ 
pared to N 2 - 

By reference to Equations (3), (4), and (5) for the rotating and recipro¬ 
cating parts and to Equations (8) and (9) for the connecting-rod, it is to 
be noted that the effect of the connecting-rod is equivalent to a rotating 


W „ W 

mass —(1 — c) and a reciprocating mass — c. The weight of the connect- 
9 9 

ing-rod may therefore be divided into two parts and all of the masses 
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in motion divided into two groups, rotating masses and reciprocating 
masses. Hence the resulting force along OX due to the reciprocating 
masses is 

F x = -« 2 ^(Fi+cF)^cos 0+° (10) 

and the resulting forces along OX and OY due to the rotating masses are 


F' x - -« 2 ^[Fo+(l-c)TF] cos 9, 

(11) 

F'v = - o> 2 jIW 2 + (1 - c) W] sin 9. 

(12) 


The significance of the negative sign is directional. So long as F x and 
F' x are negative the parts are being accelerated and are absorbing energy, 
and the sum of F x and F' x represents the unbalanced force acting to the 
left along OX due to the steam pressure being in excess of the horizontal 
reactions at the bearings at 0. So long as F\ is negative the unbalanced 
vertical force on the engine is upward from OX. 

3. Data and Type of Engine—The type of single-cylinder engine to 
be investigated is shown in Fig. 3. For the position of the crank shown the 
moving parts are being accelerated. The pressure on the cross-head pin 
is less than the net steam pressure on the piston and cylinder heads by an 
amount equal to the force necessary to accelerate the piston, piston-rod 
and cross-head. Likewise, since the connecting-rod is being accelerated, 
the force exerted by the connecting-rod on the crank pin is less than the 
force exerted by the cross-head pin on the rod. Similarly, due to the centrif¬ 
ugal force of the unbalanced portion of the crank acting radially outward, 
the reactions at the main bearings are less than would correspond to the 
force exerted by the connecting-rod on the crank pin. Hence, for about 
the first half of the stroke, while the parts are being accelerated and energy 
is being stored, the reactions on the engine frame at the main bearings will 
be less than would correspond to the net steam pressure. During the latter 
part of the stroke the parts are being retarded, the energy stored in the 
parts is being given up, and the reactions at the main bearings will be 
greater than would correspond to the net steam pressure. Since the reac¬ 
tions on the engine frame do not correspond from instant to instant to the 
net steam pressure, the engine is said to be unbalanced and the unbalanced 
forces and moments will tend to vibrate and to rock the engine. 
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The Crank End (C.E.) of the cylinder or valve is the end nearest to the 
crank. 

The Head End (. H.E .) of the cylinder or valve is the end farthest from 
the crank. 



Fig. 3. 


The Forward (Fd.) stroke of the piston or of the valve is the stroke 
toward the crank. 

The Back ( Bk .) stroke of the piston or of the valve is the stroke away 
from the crank. 
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Data of Single-cylinder Engine, Fig. 3. 


Diameter of piston. 10" 

Stroke. 12" 

Revolutions per minute. 250 

Length, of connecting-rod... 30" 

Length of eccentric rod. 331" 

Eccentric throw. 1 i " 

Amount eccentric is in advance of crank. 130° 

Weight of piston. 55 lbs. 

Weight of piston-rod. 110 lbs. 

Weight of cross-head. 100 lbs. 

Weight of connecting-rod. 170 lbs. 

Distance from crank pin center to center of mass of connecting-rod. 9" 

Radius of gyration of rod for rotation about center of mass. 11.6" 

Weight of crank pin and unbalanced portion of crank webs. 105 lbs. 

(For convenience the weight given is the equivalent weight at a radius 
equal to the crank radius.) 

Weight of slide valve. 25 lbs. 

Weight of valve stem. 30 lbs. 

Weight of eccentric rod which includes strap. 40 lbs. 

Distance from eccentric center to center of mass of eccentric rod. 9.1" 

Weight of unbalanced portion of eccentric. 40 lbs. 

(For convenience the weight given is the equivalent weight at a radius 
equal to the throw of the eccentric, If".) 


4. Balancing a Single-cylinder Engine (18 // X24 // Paper).—Referring 
to Fig. 3, it is evident that the principal moving parts move in a vertical 
plane containing the axis of the cylinder or are symmetrical with respect 
to it, and that the unbalanced forces are in this plane. 

As before defined let 

Wi =weight in pounds of the reciprocating parts; 

Wz —weight in pounds of the unbalanced rotating parts referred to 
the crank pin center; 

W =■weight in pounds of the connecting-rod; 
c=the distance from the crank pin center to the center of the 
mass of the connecting-rod divided by the length of the rod. 

The unbalanced horizontal and vertical forces due to a rotating weight 
of [W 2 + (1—c)TF] pounds are given by Equations (11) and (12). It 
is evident that an equal weight diametrically opposite the crank pin at 
a radius R will balance the rotating masses. The unbalanced force 
given by Equation (10) for a reciprocating weight of (Wi+cW) pounds 
can only be completely balanced by another reciprocating weight; in 
fact, if an unbalanced couple is to be avoided, two reciprocating, or bob, 
weights are needed as shown in Fig. 4. Such an expedient is not practical 
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and the usual method for simple engines is to reduce the unbalanced 
forces to a minimum either along OX or OF as appears from the intended 
service and the nature of the supports to be desirable. Thus, for massive 
foundations supported by the earth, unbalanced vertical forces would, in 
general, be less objectionable than unbalanced horizontal forces. 



For the horizontal engine shown in Fig. 3, this would require that the 
unbalanced forces along OX be reduced even though the forces along OF 
are somewhat increased. As already pointed out, F' x and F' y , Equations 
(11) and (12), may be eliminated by a rotating counter-weight of 
[TF 2 +( 1 -“c)TF] pounds opposite the crank pin. The unbalanced force 
F XJ Equation (10), can only be completely balanced by reciprocating 
weights, but may be partially balanced by a rotating weight. If a rotating 
weight of (Wi+cW) pounds were placed opposite the crank pin at a radius 
R, it is evident that the primary portion of F x would be balanced, leaving 
only the secondary forces unbalanced. Since a reciprocating weight has 
no OF component while a rotating weight has, the addition of a rotating 
weight to balance the primary portion of F x would add an unbalanced 
force along OF equal to 

F" v =-a 2 j{Wi+cW) sin (0+180). 

As a compromise it is to be assumed, with respect to the principal 
moving parts, that the engine is to be partially balanced by completely 
balancing the rotating masses and by reducing by half the primary portion 
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of F x, Equation (10), by the addition of a rotating mass. In accordance 
with these assumptions determine the following: 

Weight in pounds of the counter-weight if placed opposite the crank 
pin at a radius R; 

Tabulate and plot the variation of the primary and secondary 
unbalanced forces along OX for 15 degree increments of dis¬ 
placement of the crank throughout a revolution, using a force 
scale of 1"= 1000 pounds and a horizontal base line 12" long 
to represent a rotation through 360 degrees, locating the base 
line 8j" from the left and 3" below the top border line. When 
the force acts to the left it is to be plotted below the base line 
and is to be plotted above if acting to the right; 

Tabulate and plot the variation of the unbalanced force along OY 
for 15 degree increments of displacement throughout a revolution 
using a force scale of T' = 1000 pounds and a 12" base line 5" 
below the base line above mentioned. In order to obtain the 
simultaneous values of F„ corresponding to F x it is to be remem¬ 
bered that F y is due to a rotating weight 180 degrees in advance 
of the crank. 


While it is very seldom done in practice, it is to be assumed that 
the moving valve gear parts are to be partially balanced in the same 
manner as the principal parts. Determine the weight in pounds of the 
counter-weight to be placed opposite the eccentric center at a radius of 
If" and tabulate the unbalanced forces parallel to OX and OY. The 
secondary forces are very small and need not be plotted, but should be 
tabulated. For purposes of comparison, the primary forces parallel to 
OX and OY are to be plotted to the same scale and from the same base 
lines as the forces for the principal moving parts. In order to obtain 
simultaneous values parallel to OX and OY corresponding to any dis¬ 
placement 9 of the crank, it should be remembered that the eccentric is 
130 degrees in advance of the crank and the balance weight 180 degrees 
in advance of the eccentric. 6 


The size and form of the crank shaft is shown in Fig. 5. Design the 
cast iron balance weights for the principal moving parts making suitable 
and adequate provisions for fastening the two weights to the crank webs. 
Draw the crank shaft with the crank pin down and with the end view to 
the left of the shaft, using a scale of 3" = 12", the center of the shaft in the 
end view being taken 3" above the bottom border line and 9" from the 
left border line. The shaft center for the layout of the counter-weight is 
to be located 3" from the left border line. g 


For a mass rotating at an angular velocity u, the centrifugal force, 
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W 

F=—Rco 2 , is proportional to the product of the weight W and the distance 

Q i WR 

R from the axis of rotation to the center of mass. Hence a weight W 1 =-— 

(L 

at a radius a is equivalent to a weight Fata radius R . This should be 
kept in mind in determining the size and form of the counter-weights.* 



The size and form of the eccentric are shown in Fig. 6. Design an 
eccentric with the counter-weight cast as an integral part of the eccentric, 
using a scale of 3" = 12". 

In finishing the drawing the curves are to be properly labeled and the 
scale given to which they are drawn; the principal dimensions in com 



Scale : = 12" 

Eig. 6. 


nection with the shaft and counter-weights are to be given and the drawing 
appropriately titled. 

5. Connecting-rod (18"X24" Paper).—In the Article above, as 
pointed out in Article 2, the unbalanced forces parallel to OF, acting 

* It is to be assumed that the depth of the frame limits the maximum radius of the 
counter-weight to 13" or 13i". 
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on the frame at the valve stem guides and at the cross-head guides due 
to the eccentric rod and the connecting-rod, have been referred to the 
crank shaft center line. The unbalanced forces in the vertical plane con¬ 
taining the axis of the shaft are, therefore, less at any instant than deter¬ 
mined above under Article 4 by an amount equal to the unbalanced force 
on the frame at the cross-head guides and at the valve stem guides. The 
unbalanced force at the valve stem guides at any instant may be neglected 
as it is small due to the weight of the eccentric rod being small and due 
to the ratio of eccentric rod length to the eccentric throw being very high. 
The unbalanced force on the cross-head guides due to the inertia of the 
connecting-rod will be shown to be small as compared to that at the crank 
pin bearing. 

In dealing with the connecting-rod we have from Equations (6) and 
(7) the X and Y components of the linear acceleration of the center of 
mass of the rod from which the magnitude and direction of the accelera¬ 
tion become known. Having the acceleration and the mass of the rod, 
the accelerating force becomes known in magnitude and direction. Since 
the rod also has at the instant an angular acceleration, the line of action 
of the accelerating force does not pass through the center of mass of 
the rod. 

Let the mass M, Fig. 7, be acted upon by a force F a distance h from 
the center of mass c, the force F and the center of mass being in the plane 
of the paper. Obviously two opposing forces, each equal and parallel to 



F, may be added at c without disturbing the system. 
A force F acting to the right at a distance h from c 
is, therefore, equivalent to an equal force acting 
through c accelerating the mass to the right and 
to a couple Fh acting simultaneously to produce 
angular acceleration about the mass center c in a 
clockwise direction. 

From 


Fig. 7. 


Fh = Ia=Mp 2 aj ’(13) 


where I is the moment of inertia of the mass, a the angular acceleration, 
and p the radius of gyration of the mass about the mass center c, 


, Mp 2 a Mp 2 a 0 <x 

h= —=-mr =p -a 


(14) 


The force F is known from the mass and linear acceleration of the con¬ 
necting-rod, and M and p are given in the problem data under Article 3; 
it remains to find the angular acceleration a. From Article 2, Fig. 1, 


sm 6 . 

=-, hence 

n 


<£=sin 
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Differentiating <j> with respect to time we obtain the instantaneous value 
of the angular velocity co ; for any displacement 9 and the angular velocity 
a) of the crank; 


r__d>4>_ oj cos 6 
dt Vn 2 —sin 2 $ 3 


(15) 


and the angular acceleration a is, 


du''_ u 2 (l—n 2 ) sin 9 
dt (w 2 —sin 2 9)$- * 


(16)* 


Hence for any angular displacement 6 of the crank, Fig. 8, the accelera¬ 
tion components a x and a y of the center of mass C can be found by Equa¬ 



tions (6) and (7), Article 2. By composition the magnitude and direction 
of the linear acceleration a of C may be found. The accelerating force F 
acts in the direction of a and has a magnitude of F=Ma. Having deter¬ 
mined the angular acceleration by Equation (16) for a displacement 9 
of the crank, the distance h may be computed by Equation (14). The 
force F may be replaced by the parallel forces F\ and F 2 applied at A and 
B. For equilibrium, assuming F reversed, (Fi+F 2 ) must equal F and the 
summation of moments must equal zero. 

Taking moments about E , 


But 


Fidi=F 2 d 2 


F 1 __ d 2 _ EB 
T 2 ~~Ii~EA' 


Hence, 


Fi+F 2 ^F. 


Fi=F 



and 


F 2 =F 



Tabulate the values of cos 6, cos 26, sin 9 , sin 2 6, a x , a y , and o: for values 
of 9 equal to 0, 30, 45, 60, 75, 90, 120, 150, and 180 degrees. 

* Since sin 2 6 varies from zero to unity Equation (16) may be considerably simplified 
with little loss in accuracy for values of n equal to 5 or greater, by writing .50 for sin 2 $ 
in Equation (16). 
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Locate the center of the crank shaft 4" below the top border line and 
13" from the left border line: draw the crank circle to a scale of 4" = 12", 
and determine the positions of the crank and cross-head pin centers corre¬ 
sponding to the values of 0 given above. For each crank position deter¬ 
mine from a z and a y for the mass center the value of the acceleration a, 
using a scale of 1"=100 feet per second per second; also determine for 
each crank position the value of the acceleration component a» normal to 
the connecting-rod. Tabulate for each value of 0 the corresponding 
values of On, a : F, and h, and determine and include in the tabulation the 
values of EB } EA , Fi, and F^. 

For each cross-head position determine the component of F\ normal 
to the path of travel of the cross-head pin and plot the same above the 
path of travel to a scale of 1" = 500 pounds. It is to be noted that the 
values of F\ are very small as compared with F%. 

To the right of the crank circle on a base line 6" long plot the values 
of a n to a scale of 1"=100 feet per second per second for the values of 
6 throughout 180 degrees. If it were not for the angular acceleration of 
the rod, the maximum bending moment on the rod would occur for a 
displacement of the crank corresponding to the maximum value of On. 

To determine the bending moment on the connecting-rod due to its 
inertia, the normal component of the resultant load on the rod and its 
point of application must be known. From the tabulation.already made 
we have the varying values of On from which the corresponding values of 
F n may be found, the point of application being fixed by the corresponding 
values of EB. The inertia load on the rod must be so distributed as to 
yield a resultant acting through the point E. It is evident from the 
location of the center of mass of the rod that the distribution of the inertia 
load will be very light toward the cross-head pin end of the rod. It will 
be sufficiently accurate for present purposes to assume that the distribution 
is in the form of a triangle with its center of gravity directly over E. 
The length of the triangle along AB from B will, therefore, be three times 
the length EB. On the basis of this assumption determine the location 
and magnitude of the maximum bending moment for crank displacements 
of 30, 45, 60, 75, and 90 degrees. The maximum bending moments for 
these crank displacements are to be plotted above the 6" base line to a 
scale of 1" = 1000 pound-inches. The crest of the curve will give the 
approximate crank displacement for the most severe bending action on 
the rod. The simultaneous thrust along the rod at the instant is to be 
found as outlined immediately below and the rod checked as a column 
subjected to cross-bending. 

Using a scale of 4" = 12" locate the center of the crank circle 12" 
below the top border line and 13" from the left border line and draw the 
crank and connecting-rod for the crank displacement just determined. 
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As before determine and locate F, E, F h and F 2) using a force scale of 
1" = 1000 pounds. The total net steam pressure at the instant, the 
difference of the pressures on the two sides of the piston, may be taken 
at 5900 pounds. The net horizontal force at the cross-head pin at the 
instant will be the net steam pressure minus the horizontal component 
of F\ and the inertia force of the piston, piston-rod, and cross-head. 
Determine from the horizontal force at the cross-head pin the thrust along 
the rod. Combine this thrust at the crank pin with F 2 to determine 
the resultant force on the crank pin and from the resultant determine 
the turning force on the crank. 

The body of the connecting-rod is circular in section and tapers from 
2\ ,r diameter at the cross-head pin end to 2J" diameter at the crank pin 
end. The greater portion of the weight of the rod is massed at the ends. 
The bending moment due to the weight of the rod may, therefore, be 
neglected in checking the strength of the rod. Due to the taper of the 
body of the rod the point of maximum deflection as a column, or strut, 
will be nearer the cross-head end than the crank end. The point of maxi¬ 
mum deflection due to the inertia moment will be nearer the crank end 
than the cross-head end. As a compromise, the mid-section, which is 
2§" in diameter, will be checked. The maximum induced stress may 
be taken equal to the maximum stress due to the column action plus 
the maximum stress due to the cross-bending action. State if the rod is 
sufficiently strong, assuming the body of the rod to be of 0.40 carbon steel. 

6. Turning Moment (18 / 'X24 // Paper).—Assuming that the forces and 
moments due to the motion of the moving parts of an engine have been 
balanced, there is still a moment or couple acting on the engine frame 
equal and opposite to the turning moment on the crank shaft. The 
periodic variation of this moment may be sufficient to cause objectionable 
vibratory disturbances of the engine and its supports. Hence, in fixing 
the angular spacing of the cranks in multiple cylinder engines to secure 
better balance of the moving parts, the uniformity of the turning moment 
on the crank shaft is also to be considered. 

It is evident from the preceding drawing that the turning moment is 
not affected by the unbalanced rotating masses. It is affected by the 
reciprocating masses and by that portion of the connecting-rod which 
may be considered to reciprocate. To bring out the effect of the inertia 
of these parts on the turning moment, the turning moment diagrams 
corresponding to the net steam pressure and to the turning moment 
required by the inertia of the parts will be plotted separately. 

Draw the probable indicator cards 4" from the left border line, the 
cards to be 4" long with the zero pressure line 6" below the top border 
line. Assume the head end and the crank end clearance to be 12.5 per cent 
and the initial steam pressure 80 and the back pressure 2.5 pounds per 
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square inch gauge. Use a pressure scale of 1" = 50 pounds per square inch 
and assume that there is a pressure drop of 5 pounds per square inch 
during admission out to cut-off. Round the corners of the cards at cut-off 
and from release to the back pressure line at the end of the stroke. For 
the head end make cut-off, release, and compression 66.5, 92.5, and 84.5 
per cent of the stroke, respectively, and 61.5, 91.0, and 86.5 for the crank 
end. (See Article 4, Chapter 10.) 

Using a scale of 4" = 12", locate the path of the cross-head pin on a 
line 10" below the top border line and directly below the indicator cards: 
divide the crank circle into 24 equal parts and locate the corresponding 
positions of the cross-head. Through the cross-head positions draw 
light vertical lines and determine from the indicator cards the net steam 
pressure curves. (See Article 5, Chapter 10.) In accordance with Arti¬ 
cle 9, Chapter 14, and Article 7, Chapter 10, plot the rectified tangential 
effort diagram from the net steam pressure curves on a line 12" long lo¬ 
cated 1|" above the bottom border line and 2" from the left border line. 
The radial effort diagram is to be omitted. If desired, the ordinates for 
the crank end or return stroke may be corrected in accordance with the 
area of the crank end side of the piston as suggested in Article 7, Chapter 10. 

Having the tangential effort or turning moment diagram from the 
net steam pressure lines, compute the inertia forces by Equation (10) 
and plot the inertia curve and the tangential effort required by the inertia 
of the parts. From the two curves determine the resultant turning 
moment diagram. As a matter of interest compare the turning moment 
as given by this diagram with that determined on the preceding sheet for 
the crank angle there shown. 

7. Vibration of a Machine and Its Supports.—The seriousness of 
unbalanced forces and moments in machines in causing objectionable 
vibratory movements of the machine and its supports depends upon the 
periodicity, magnitude, and direction of the unbalanced forces and moments 
with respect to the supports, and upon the nature of the supports. The 
disturbance caused by even small unbalanced forces and moments may 
be serious if their periodic occurrence happens to be in step or phase 
with some natural period of vibration of the supports. Thus relatively 
small unbalanced forces and moments will cause objectionable vibrations 
of a ship's hull where the natural period of the ship's structure corresponds 
closely with the revolutions of the engine, and the engine is so placed as 
to make vibratory response favorable. The natural period of vibration 
of the supports and the location of the engine may be such that even large 
unbalanced forces and moments would not prove objectionable. The 
same may be true of engines and machines supported by the walls or 
floors of buildings. The oscillations and vibrations of locomotives may 
be quite objectionable if the period of the unbalanced forces and moments 
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should coincide with the natural period of oscillation of the locomotive 
on its springs. Under certain conditions unbalanced forces and moments 
in engines on concrete foundations embedded in the earth may cause 
serious vibrations over a considerable area, while in other cases, even large 
unbalanced forces and moments may not cause any objectionable vibra¬ 
tions. Since the possible effects of unbalanced forces and moments are 
very difficult to predict, engines are usually balanced so far as practicable. 

From the first problem of the first drawing the un balanced inertia 
forces on the engine frame along 0 X and 0 Y are available. From the 
first problem of the second drawing the force on the frame parallel to 
0 Y for any position of the cross-head due to the inertia of the rod is 
available. As already pointed out, this force should be subtracted from 
the force along 0 Y as taken from the first drawing. In addition to these 
forces on the frame there is a force normal to the cross-head guides due 
to the net steam pressure and the inertia of the piston, piston-rod, and cross¬ 
head, and an equal force along 0 Y. 



In the upper right-hand corner of the third drawing make a diagram¬ 
matic drawing of the engine as per Fig. 9 and indicate thereon the forces 
acting on the engine frame along 0 X and 0 Y and normal to the cross¬ 
head guides for the 120-degree position of the crank. Also indicate the 
location of the center of gravity of the engine, the force of gravity repre¬ 
senting the weight of the engine, and the center of gravity of the contact 
area of the engine base with the foundation. The weight of the engine is 
6700 pounds, the contact area of the base is 725 square inches, and the 
moment of inertia, of the contact area is 300,000. Determine the pressure 
per square inch between the engine base and foundation at a and b for 
the crank position chosen and draw a diagram immediately below the 
engine base showing the distribution of the contact pressure between the 
engine base and foundation. 

8. Supplementary, Multiple-cylinder Engines.—The centrifugal force 
of a mass of W pounds, whose center of mass is R feet from the axis of 



254 


BALANCING PROBLEMS 


rotation, is F = Mc» 2 R = Iff?—. 

g 


Thus the centrifugal force of a rotating 


mass is proportional to the product If R and may be represented in magni¬ 
tude and direction by a vector pointed away from the axis of rotation 
parallel to R and proportional to the product WR. If, in Fig. 10, the 
rotating masses W, Wi, and Wo are located in the same plane, then, as 
in Fig. 11 the resultant of the system may be determined in magnitude 
and direction by first finding the resultant Xi of WR and WiRi and then 





finding the resultant X 2 of Xi and W 2 R 2 : or the resultant X 2 may be 
found as in Fig. 12 by means of a force polygon which is nothing more 
than a combination of the force triangles of Fig. 11 . If X 2 is reversed in 
direction from that shown in Fig. 12 , it would represent in magnitude 
and direction the force at 0 in Fig. 10 to establish equilibrium. Hence 
if a system of concurrent forces is in equilibrium the force polygon will 
close. 



If the rotating masses are not in the same plane the closure of the 
force polygon would not mean that the rotating masses are in running 
balance. For running balance the moment polygon must also close. 
Fig. 13 represents a system of masses Tfi, W 2 , If 3 , and If 4 having a com¬ 
mon axis of rotation, each mass rotating in a different plane at radii 
-&ij R 2 , Rz, and R 4 , respectively. If the system is not in balance then, in 
general, at least two rotating masses must be added to establish balance. 
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The location of the planes of rotation of these masses W and W5 may be 
chosen arbitrarily. The force polygon cannot be drawn as two sides, 
WR and W5R5, are unknown in magnitude and direction. If the reference 
plane of moments be taken through one of the unknown mass centers, 
say, through the mass center of W , then there is only one unknown moment 
vector, W 5 .& 5 Z 5 , and the moment polygon may be drawn as in Fig. 14, 
determining W5R5I5 in magnitude and direction. Having WsRsk, the 



MOMENT POLYGON 



Fig. 14. 


Fig. 16. 


side W5R5 of the force polygon, Fig. 15, becomes known and makes it 
possible to determine WR. 

Whether.or not a multiple-cylinder engine is in balance may be readily 
determined by drawing force and moment polygons. It was demon¬ 
strated in Article 2 that the moving parts of a simple engine can, for 
convenience, be divided into reciprocating parts and rotating parts; it 
follows that the moving parts of multiple-cylinder engines may also be so 
divided. It was also pointed out that reciprocating parts can only be 
balanced by reciprocating masses, and rotating parts by rotating masses. 
In determining whether an engine is in balance it is therefore convenient 
to apply force and moment polygons first to the rotating masses and then 
to the reciprocating masses. 

Let Fig. 16 represent the sequence of cranks and the fore and aft 
arrangement of the cylinders of a four-cylinder vertical marine engine. 
The unbalanced rotating masses for each cylinder, including the crank 
pin and the proper portions of the crank webs and the connecting-rod, 
have been referred to the crank pin center, the radius of the crank circle 
being the same for each cylinder. Although usually the same, the unbal¬ 
anced rotating masses have been taken different for each cylinder, being, 
respectively, 620, 750, 800, and 900 pounds, stroke 2.5 feet, revolutions 
per minute 160, ratio of connecting-rod to crank length 5. Applying force 
and moment polygons as in Figs. 13, 14, and 15 yields the polygons shown 
in Figs, 17 and 18. The system of unbalanced rotating masses is seen to 
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be equivalent to a rotating mass of 660 pounds 39.5 degrees in advance 
of crank number 4 and a moment of 14,500 pound-feet 33.5 degrees in 
advance of crank number 4. The components along OX and OY may be 
plotted from Equations (11) and (12), Auricle 2. 



Fig. 16. 


In applying force and moment polygons to the reciprocating mass es, 
760, 1080, 1440, and 1840 pounds, respectively, it is convenient to treat 
the primary and secondary forces and moments separately. Equation 
(10), Article 2, yields: 

7? 

E„=-o> 2 - cos g- a A Wl+5W) : : -A cos 0--cos 20 . 

» y n 


FOR UNBALANCED 
ROTATING HASSES 



FORCE POLYGON NON ENT POLYGON 
Fw. 17. Fig. 18. 


It is clear that the primary portion of F x may be regarded as the OX 
component of a rotating mass of ( Wi+cW ) pounds at a radius R and angle 
6 with OX, and the secondary portion of F x may be regarded as the OX 

component of a rotating mass of ^W.+cW) pounds at a radius R and 


angle 20 . In accordance with Fig. 16, the simultaneous values of 6 for the 
reciprocating masses W 4 , W 3 , W 2 and Wi are zero, 75 ,160 and 280 degrees 

IS® P " mary TS 15 °’ 320 and 560 de ^ for the secondary 

forces. The primary force and moment polygons are shown in Figs. 19 
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and 20 and the secondary polygons in Figs. 21 and 22. The resultant 
primary and secondary forces and moments as given by the polygons may 



Fig. 21. Fig. 22. 


be plotted for one revolution of the cranks with respect to crank number 
4 by applying the following: 

Primary F= -gj 2 |( 1670 ) cos (0+37); 

Secondary F= -co 2 ^(150) cos 2^0+ ^ - — 

Primary M= —+^(29,500) cos (0+28); 

Secondary M= -a> 2 ^(3800) cos 2 ( 0 +^. 

The polygon, Fig. 19, shows that the primary forces due to the recipro¬ 
cating masses are equivalent to a primary force caused by the reciproca- 



258 


BALANCING PROBLEMS 


tion of a mass of 1670 pounds by a balanced crank of radius R, 37 degrees 
in advance of crank number 4. The polygon, Fig. 20, shows that the 
primary moments due to the reciprocating masses are equivalent to a 
primary moment caused by the reciprocation, say, of a mass of 2950 pounds 
by a balanced crank of radius R , 28 degrees in advance of crank number 4 
and 10 feet forward of crank number 1. The polygon, Fig. 21, shows that 
the secondary forces due to the reciprocating masses are equivalent to a 
force caused by the reciprocation of a mass of 150 pounds by a balanced 
crank of radius R, [(20+340.5)-0] = (0+340.5) degrees in advance of and 
rotating at twice the speed of crank number 4. The polygon, Fig. 22, 
may be similarly interpreted. These interpretations are in addition to 
the interpretation of F x given on the two preceding pages. 

It is clear that if the unbalance of a multiple-cylinder engine is to be 
reduced without adding additional rotating and reciprocating masses 
it must be done by securing the most suitable spacing and arrangement of 
the cylinders and the most suitable angular spacing of the cranks. In 
addition it is always possible within limits to change the weight of the 
reciprocating masses if found desirable. As pointed out above, the turning 
moment must be kept in mind in fixing the angular spacing of the cranks. 
The inertia effects of valve gear parts and the like, wilile minor as com¬ 
pared to the principal parts, are often worth investigating. While an 
accurate analysis is often quite impossible, useful and satisfactory approxi¬ 
mations can generally be made. See “ Theoretical and Practical Methods 
of Balancing Marine Engines,” by D. W. Taylor, Transactions Society 
Naval Architects and Marine Engineers, Vol. 9, 1901; also “Balancing of 
Engines,” by W. E. Dalby, F.R.S. 

9. Triple Expansion Marine Engine 16 // X26 // X49 r/ —36" Stroke.— 

The object of this problem is to determine the unbalance of a vertical, 
triple expansion, three crank marine engine and to consider the several 
ways of reducing the unbalance. The spacing of the cranks and the fore 
and aft spacing of the high, intermediate, and low pressure cylinders are 
shown in Fig. 23. 
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Engine Data 


Dimensions in Inches, Weights in Pounds. 

H.P. 

I.P. 

L.P. 

Cylinder diameter. 

16 

26 

49 


Stroke. 

36 

36 

36 


RPM . 

105 

105 

105 


Length of connecting-rod. 

81 

81 

81 


Distance from crank pin center to center of gravity of 
connecting-rod. 

32.4 

32.4 

32.4 


Weight of connecting-rod = W. 

850 

850 

850 


Weight of piston. 

160 

310 

810 


Weight of piston-rod. 

230 

230 

230 


W r eight of cross-head. 

170 

170 

170 


W r eight of unbalanced portion of crank as if located at 
radius equal to crank length. 

940 

940 

940 


Determine the following: 

Weight of reciprocating portion of connecting-rod, 

Weight of rotating portion of connecting-rod, 

Weight of reciprocating mass for each crank, 

Weight of rotating mass for each crank, 

Ratio of connecting-rod length to crank length, 

Value of a ) 2 R/g. 

10. Drawing (18 // X24 // Paper).—The horizontal reference lines about 
which the polygons and curves are to be plotted should be drawn at dis¬ 
tances of 3, 6, 10, 13, 14J, and 15J inches below the top border line and 
may extend well across the sheet if drawn in lightly. The curves repre¬ 
senting the variation of the unbalanced forces and moments should be 
drawn about these lines as bases and should extend between verticals 
1" and 10" from the right-hand border line, making the base lines exactly 
9" long. Each base line is to be divided into 12 equal parts to correspond 
with one revolution of the crank shaft by 30-degree increments of dis¬ 
placement. 

In working up the drawing, the following force and moment scales are 
to be used: 

Primary force polygons 1" = 500 pounds, 

Secondary force polygons 1" — 100 pounds, 

Primary moment polygons 1" = 2,500 pound-feet, 
Secondary moment polygons 1" = 500 pound-feet, 

Force curves 1" = 2,500 pounds, 

Moment curves 1" = 25,000 pound-feet. 
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The drawing is to be developed in the following order: 

(a) Diagrammatic drawing of the shaft and cranks; 

(5) Force polygons for the existing engine; 

(c) Moment polygons for the existing engine; 

(d) Curves showing the variation of the unbalanced forces and 

moments of the existing engine for one revolution of the 
crank shaft; 

0) Determination of the necessary counter-weighting to balance 
the forces and moments due to the rotating parts and the 
proper marking of the curves for the existing engine that are 
thus eliminated; 

(f) Force and moment polygons after partially balancing the forces 

and moments due to the reciprocating parts; 

(g) Curves showing variation of unbalanced forces and moments 

for one revolution after the partial balancing of the engine. 

In the space to the left of the title, record the R.P.M. of the engine, 
the ratio of the connecting-rod length to the crank length, and the value of 
orR/g. All polygons and curves are to be neatly and completely labeled, 

(a) About the bottom reference line, make a diagrammatic drawing 
to a scale of f" = 12", showing the angular and fore and aft spacing of the 
cranks. The center of the crank circle is to be drawn 3" and the center 
line of the L. P. cylinder 5f" from the left border line. 

( b ) The unbalanced forces and moments are to be determined by 
drawing polygons with their starting points on the reference lines. Since 
the unbalanced forces are proportional to the weights, where all weights 
are at the same radius, it is customary to use the values of the weights for 
the forces. The unbalanced forces are to be plotted from the first, or top, 
reference line with the starting point of the polygon for the rotating parts 
3", the starting point of the polygon for the primary reciprocating forces 
6", and the starting point of the polygon for the secondary reciprocating 
forces 9|" from the left border line, taking the cranks in the order 3, 2, 
and 1. 

(c) The unbalanced moments are to be plotted from the third reference 
line with the starting point of the polygon for the rotating moments 2|", 
for the primary reciprocating moments 7" and for the secondary recipro¬ 
cating moments 10", from the left border line. Moments are to be taken 
about the point of intersection of the center lines of the shaft and L. P. 
cylinder. 

(d) Having drawn the polygons showing the balance or unbalance of 
the forces and moments due to the rotating and reciprocating parts, the 
curves showing the variation of the forces and moments for one revolution 
of the crank shaft are to be plotted. This can be done graphically by 
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laying off to scale on the closing line of each polygon, or its extension, the 
value of the closing line as a force or moment and using this line as the 
radius of a circle whose center is on the reference line. It is to be noted 
that, measured in the direction of rotation, the closing lines of the poly¬ 
gons represent the correct angular positions of the unbalanced forces and 
moments with respect to the initial, or zero-degree, position of crank 
No. 3. Hence the cosine for any angular position of a force or moment 
vector for any displacement of crank No. 3, is represented by the pro¬ 
jection of the rotating vector on a vertical line through the center of the 
circle. Therefore, in plotting the curves for a complete revolution of the 
crank shaft, direct projection to the proper ordinate is possible. The 
forces and moments varying as the sine will be represented by the hori¬ 
zontal projections of the vectors. 

In graphically plotting the curves, 30-degree increments of crank¬ 
shaft displacement are to be assumed. The curves of variation of the 
unbalanced forces are to be plotted about the top, or first, reference line; 
the curve of variation of the horizontal component of the unbalanced 
moment about the second reference line; and the curves of variation of the 
vertical components of the unbalanced moments about the third reference line. 

(e) Having plotted the variation of the unbalanced forces and moments 
for the existing engine, it is interesting to determine what can be done to 
reduce the unbalance of the engine. In doing this it should be remembered 
that unbalanced rotating weights can be balanced only by rotating counter¬ 
weights, and that unbalanced reciprocating weights can be completely 
balanced only by reciprocating counter-weights. The unbalanced forces 
and moments due to the rotating parts can be eliminated by counter¬ 
balancing each crank. Determine the total weight, at a radius equal to 
the crank length, required to do this. Also determine the weight and its 
angular position in the plane of crank No. 3 and the weight and its angular 
position in the plane of crank No. 1 to completely balance the forces and 
moments due to the rotating parts. What is the percent saving in weight 
by this method over counter-weighting each crank? 

Assuming that the rotating parts are balanced, mark the curves that 
are thus eliminated and plot the resultant curves for the remaining unbal¬ 
anced forces and moments and properly mark these resultant curves. 

(/) The angular spacing of the cranks shown in Fig. 23 is about the 
best possible for uniformity of turning moment, and the fore and aft 
arrangement of cylinders as given is shown by the polygons to be the best 
possible arrangement of the cylinders. The reciprocating forces may be 
balanced by making all three pistons of the same weight as the L. P. 
piston since it is known that this piston is already as light as it can be 
made. If the forces are balanced in this way, the unbalanced moments 
would be greatly increased. 
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Without changing the weight of the pistons, the only recourse is to 
arrange for balancing either the primary forces or the primary moments 
by means of a reciprocating weight driven by a balanced crank. Although 
not a practical scheme, especially for a marine engine, it will be assumed 
that the unbalance due to the reciprocating parts is to be reduced by a 
reciprocating weight, driven by a balanced crank. The driving crank is to 
be so placed as to eliminate the imbalanced primary force and to greatly 
reduce the unbalanced primary moment; or so placed as to eliminate the 
unbalanced primary moment and to greatly reduce the unbalanced primary 
force. 

After deciding on a scheme of balancing, draw the necessary force 
polygons about the fourth reference line and the necessary moment 
polygon about the fifth reference line for the partially balanced engine. 

(§) The variation curves and the resultant curve of the unbalanced 
forces are to be plotted about the fourth reference line and the variation 
curve of the unbalanced moment about the fifth reference line. 

NoTE.-The following close estimate of the time required to complete the work out¬ 
lined above is based on actual class-room performance in three-hour periods, a member 
of the teaching staff being present throughout each period. The number of hours 
opposite each drawing includes the time spent on the necessary notes and computations. 


First drawing -Balancing, Simple Engine.21 hours 

Second drawing-inertia Forces, Simple Engine. 12 “ 

Third drawing —Tangential Effort, etc., Simple Engine. 9 “ 

Fourth drawing—Balancing, Triple Expansion Engine. 9 “ 


Total 


51 hours 








CHAPTER 18 


ENGINEERING MATERIALS 

1. Introduction. —The selection of suitable materials for the parts of 
machines and structures is discussed in Article 8 of Chapter 1. 

To distinguish between the properties of materials and induced stresses, 
the following notation will be used in this and the succeeding chapters: 

u t = ultimate strength in tension in lbs. per sq. in. ; 
u 0 = ultimate strength in compression in lbs. per sq. in.; 
u, = ultimate strength in shear in lbs. per sq. in.; 
s r = endurance limit in lbs. per sq. in. (for repeated reversed bend¬ 
ing unless otherwise stated); 
y t = yield point strength in tension in lbs. per sq. in.; 
y c = yield point strength in compression in lbs. per sq. in.; 
y s = yield point strength in shear in lbs. per sq. in.; 

E = modulus of elasticity in lbs. per sq. in.; 

G = modulus of rigidity, or shear modulus, in lbs. per sq. in. 

The limit of proportionality for a material is that point on the stress- 
strain curve beyond which stress ceases to be proportional to strain; that 
is, that point at which the stress-strain curve departs from a straight line. 
The elastic limit for a material is that point on the stress-strain curve 
beyond which, on release of load, the material will show permanent set. 
For steel the elastic limit and the limit of proportionality coincide; that 
is, stress is proportional to strain up to the elastic limit. While in general 
this is sensibly true of the important engineering materials, the fact should 
not be overlooked that a material may be elastic without stress being 
strictly proportional to strain anywhere within the elastic range. 

Because the elastic limit is difficult to determine, it is a property of a 
material which is seldom given and therefore seldom available. Under 
test some ductile materials, such as wrought iron and steel and a few of 
the non-ferrous metals, show, at a certain stress, a marked increase of 
strain with no increase of load. The stress at which this takes place is 
readily determined and is called the yield point which, commercially, is 
used as the elastic limit. The stress-strain curves of cast iron and many 
other materials do not show any distinct yield point or commercial elastic 
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limit. What is desired for such materials is the stress up to which, on 
release of load, the material would show no appreciable permanent set. 
The stress corresponding to this point has arbitrarily been called the 
yield strength instead of the yield point. For some materials it has been 
taken as the stress corresponding to a permanent set of 0.20 per cent. 

The principal engineering materials will be treated in groups in the 
following order: ferrous metals, non-ferrous metals, and non-metallic 
materials. The strength properties of each material will be given in the 
article devoted to that material. Physical properties of some engineering 
materials are given in Table 1 immediately below. 

TABLE 1 

Physical Properties of Some Engineering Materials 


Material 

Poisson’s 
Ratio: Ratio 
of ITnit Lat¬ 
eral to Unit 
Axial Defor¬ 
mation 

Weight per 
Cubic Inch 
in Lbs. 

Melt¬ 
ing 
Point 
in F° 

Specific 
Heat in 
B.T.U. 
per lb. 
per F° 

Heat Conduc¬ 
tivity 60 to 
212 Fin B.T.U. 

per Hour per 
Square Foot per 
Inch Thickness 
per F° Differ¬ 
ence in Temp. 

10,000 Times 
Coefficient of 
Linear Expan¬ 
sion per F° be¬ 
tween 32 and 
212 F 

Aluminum. 


0.36 

0.0975 

1218 

0.209 

1516 

0.1320 

Copper. 

■f * 

0.33 

0.321 

1985 

0.095 

2645 

0.0926 

Iron. 

t 

0.2S 

0.284 

2786 

0.110 

458 

0.0660 

Lead. 

£ 

0.43 

0.410 

621 

0.032 

237 

0.1516 

Nickel. 

© 

U 

0.30 

0.320 

2645 

0.109 

400 

0.0733 

Tin. 

£ 

0.33 

0.264 

450 

0.0483 

438 

0.1275 

Zinc. 



0.264 

787 

0.0931 

775 

0.1653 

Cast Iron, Gray. 


0.25 

0.256 

2250 

0.1189 

328 

0.0560 

Bakelite. 



0.0498 




0 1945 

Brass (60/40). 

0.34 

0.304 





Bronze. 

0.31db 

0.314 




U . Iv/^O 

n i nnn 

Glass. 

0.25 

0.098 

2012 

0.1990 


U . J.UUU 

0.0500 

Leather. 


0.035 


Monel Metal.... 


0.32-0.37 

0.318 

2460 

0.127 

561 

0.0780 

Rubber. 



0.036-0.047 


0.47-0.33 

0.97-1.31 


Steel. 


0.29 

0.280 

2550 

0.117 

305 

0.0608 

Steel, Invar. (Ni. 369L) - 


0,30 




0 0022 

Wrought Iron.... 


0.28 

0.278 

2750 

0.110 

409 

0.0630 


2. Cast Iron.—Molten iron taken directly from the blast furnace and 
cast into pigs is called pig iron. Steel is made from iron taken directly 
from the blast furnace or from remelted pig iron. Pig iron mixed with 
scrap iron or scrap steel or with both, when melted and cast in molds, is 
called cast iron. It is a widely used and very important engineering 
material. It is the cheapest of the cast metals. Its physical properties 
can be controlled and varied over a wide range, and sound, reliable castings 
of almost any size and degree of complexity can readily be produced. The 
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improvements in furnaces and their operation, the use of alloying elements, 
and the application of heat treating have added greatly to the possibilities 
of securing better properties and more uniform results. 

In the production of cast iron, the cupola is the cheapest melting unit 
to operate and is, therefore, very extensively used. Where the properties 
desired would justify a higher cost of operation, the air furnace, the electric 
furnace, or the rotary furnace using pulverized fuel is employed. Cast 
irons of higher grade and strength than cupola irons can be produced by 
employing these melting units because they permit of closer control of the 
temperature and composition of the molten metal. 

On the basis of the appearance of the fracture, cast irons may be 
broadly grouped as gray, white, and chilled. A gray iron casting is one 
whose fracture is gray due to the fact that a considerable portion of the 
carbon present is distributed throughout the casting as free, graphitic 
carbon. As a rule, gray irons do not contain more than 0.80 per cent of 
carbon in the combined form. All commercial castings upon which machin¬ 
ing operations are to be performed are gray iron castings. 

A white iron casting is one whose fracture is white due to the fact that 
practically all the carbon present is in the chemically combined form of 
iron carbide (FeC). White iron castings are extremely hard and brittle. 
The best malleable iron castings are made by malleableizing white iron 
castings. White iron castings are also used where resistance to wear is of 
importance, as for plow shares, grinding plates, grinding balls, etc. 

A chilled casting is one in which certain portions or surfaces have been 
cooled so rapidly by means of chills that the carbon is retained in the 
combined form. W T hen fractured, the chilled portions will appear white 
while the portions that have cooled normally will appear gray. Thus the 
treads of cast iron car wheels are chilled by making the portion of the 
mold which forms the tread of cast iron or steel. 

Plain cast iron is an alloy of iron, silicon, and carbon containing an 
appreciable percentage of manganese and some sulphur and phosphorus. 
Most commercial irons contain 2.50 to 3.75 per cent of carbon and 1.00 to 
3.00 per cent of silicon. The bulk of the plain gray irons for general 
engineering purposes are cupola irons having a range of tensile strength of 
20,000 to 30,000 pounds per square inch. 

Alloy cast irons are those to which alloying elements such as nickel, 
chromium, molybdenum, copper, titanium, etc., have purposely been 
added to improve some or all of the physical properties of the metal. The 
economic application of alloying elements to improve the physical proper¬ 
ties of castings demands a careful analysis of requirements and an expert 
knowledge of the influence of alloying elements. Nickel and chromium 
are the alloying elements most frequently used. Nickel is used to improve 
the structure and machinability without sacrifice of hardness and strength 
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or is used to obtain a harder and stronger iron of improved structure without 
impairing machinability. Nickel and chromium are used to refine the 
structure and to increase the hardness or the strength of castings without 
impairing their machinability. Copper is used with nickel and chromium 
to increase the resistance to corrosion. 

The ultimate tensile strength has been adopted as a working basis for 
the classification and purchase of gray iron castings. The A.S.T.M. Speci¬ 
fication A4S-36 lists the following seven classes of gray cast iron: 

Minimum Tensile Strength, 


Class Number 

Lbs. Per Sq. In. 

20 

20,000 

25 

25,000 

30 

30,000 

35 

35,000 

40 

40,000 

50 

. 50,000 

60 

60,000 


The aim of the Specification is to emphasize physical properties instead of 
chemical composition as a basis for the purchase of gray iron castings. 
The properties usually desired are strength, machinability, and soundness. 
Machinability and soundness may be obtained for classes 20 to 30, inclusive, 
without the use of alloying elements; and may be obtained for classes 25 
to 40, inclusive, by employing nickel or nickel and chromium. The cupola 
can not be used to produce machinable, high strength irons of the 50 and 
60 classes. To produce these irons, very careful control of composition is 
required, and the electric furnace is generally used. The electric furnace 
is often used also to produce class 40 irons. 

Dies of certain nickel-chromium cast irons are extensively used in the 
automotive and sheet metal industries for the cold forming and hot proc¬ 
essing of sheet metal parts. They wear from three to ten times as long 
as dies of plain cast iron and are better and considerably cheaper than steel 
dies. They are strong and hard, yet machinable, possess a fine grain, and 
assume a high polish. For medium and heavy work they are usually heat 
treated. 

Very hard nickel-chromium cast irons have been developed for parts 
exposed to abrasive action. The Brinell hardness of these irons when sand 
cast ranges from 500 to 575 and from 575 to 725 when chilled. 

An alloy cast iron containing nickel, chromium, and copper, called 
Ni-Resist, has been developed which is highly resistant to the corrosive 
action of acids, caustics, and the common corrosives. Such alloy cast irons 
contain 12.5 to 15.0 per cent nickel, 1.25 to 4.00 per cent chro mi um, and 
5.5 to 7.0 per cent copper. The Brinell hardness of the alloy ranges from 
140 to 200, and its ultimate strength seldom exceeds 30,000 to 40,000 
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pounds per square inch. Under the continuous application of heat up to 
800 F the alloy retains its strength and is highly resistant to growth. 

When it is a matter of importance that castings retain their exact form 
while and after being machined, they are annealed to relieve the initial 
stresses by heating to about 800 F for one hour for each inch of thickness, 
and cooling in air or slowly cooling in the furnace. Sometimes annealing 
is used to soften castings. To harden, some castings are heated and 
quenched. For improvement of properties, some castings are quenched 
and then tempered. 

Cast iron varies in machinability from being the most readily 
machined to the most difficult to machine of the ferrous metals. In 
general the machinability of cast iron is inversely proportonal to its strength 
except as affected by alloying elements, chilling, heat treating, and special 
methods of manufacture. The machinability of the gray cast irons may 
be characterized as “excellent,” “very good,” “good,” or “economic” 
if they can be turned at cutting speeds up to 180, 100, 75, or 20 to 50 feet 
per minute respectively. These speeds correspond respectively to Brinell 
hardnesses of approximately 150, 180, 220, and 260. Cast irons as hard as 
320 Brinell can be machined without employing carboloy tools and as hard 
as 500 Brinell by employing carboloy tools. 

Gray cast iron is especially free from a tendency to gall or seize and 
wears exceptionally well. The wear resistance of the working surfaces of 
gray cast iron may be characterized as “excellent,” “very good,” “good,” 
and “economic” and the same respectively related to Brinell hardnesses of 
approximately 150, 180, 220, and 260. 

For engineering purposes the stress-strain curves of cast irons may be 
regarded as straight up to a stress of at least one-third the ultimate strength. 
Up to this stress, which covers the working stress range of the material, the 
modulus of elasticity is virtually constant and has practically the same 
value in compression as in tension. The values of the moduli given in the 
table below correspond to a stress of one-quarter the ultimate strength. 
Up to one-third the ultimate strength there would be no appreciable change 
of values. 

Cast iron is 3.0 to 4.5 times as strong in compression as in tension and 
1.20 to 1.50 times as strong in shear as in tension. 

A pamphlet published by the American Society for Testing Materials 
and entitled “Impact Testing of Cast Iron” gives the results of a very 
comprehensive series of tests of cast iron. The report gives the results of 
chemical, hardness, tension, transverse, compression, direct shear, endur¬ 
ance, impact, and drop hammer tests of 25 sets of specimens from bars cast 
by reputable foundries. The properties listed in the table below were 
selected from the said report. As is customary, the endurance limits 
were determined by repeated, reversed bending tests. 
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TABLE 2 

Some Properties of Gray Cast Irons 



In Thousands of Pounds per Square Inch 

Brinell 



Ultimate 

Tension 

Strength 

u t 

Ultimate 

Comp. 

Strength 

u c 

Ultimate 

Shear 

Strength 

U a 

Endur¬ 

ance 

Limit * 
S r 

Modulus 

Elast. 

Tension 

E t 

; Modulus 
Elast. 
Comp. 
Ec 

Hard- 

; ness 

Num¬ 

ber 

Machin- 

ability 


18.22 

65.20 

28.90 

8.80 

9 } 100 

8,300 

133 

Excellent 

Cupola 

19.90 

87.20 

27.70 

9.40 

11,100 

10,700 

158 

Excellent 

Plain 

25.44 

95.00 

35.50 

11.80 

13,000 

12,000 

172 

Very good 

Cast 

28.75 

107.20 

38.00 

14.10 

12,500 

14,700 

190 

Very Good 

Irons 

35.34 

123.50 

47.80 

17.00 

17,800 

16,200 

238 

Good 


47.64 

159.00 

60.80 

25.20 

20,900 

21,100 

262 

Economic 

Cupola 

Ni-Cr 

Irons 

38.50 

108.80 

42.30 

13.50 

12,500 

14,500 

199 

Good 

51.20 

156.60 

61.00 

24.00 

18,600 

17,700 

273 

Economic 

Arc- 

Furnace 

Ni-Cr 

Cast 

Irons 

30.75 

134.20 

43.80 

12.80 

9,900 

9,800 

232 

Good 

35.04 

115.90 

44.30 

16.50 

15,000 

14,600 

196 

Very Good 

40.48 

131.20 

44.20 

18.20 

16,700 

15,500 

228 

Good 

56.08 

135.70 

57.10 

25.00 

18,700 

19,500 

236 

Good 

Ni- 

19.55 

86.00 







Pesist 

33.90 

10.6 

12,000 

10,000 

126 

Excellent 


* From repeated, reversed bending tests. 


3. Malleable Iron.—Of the white iron castings malleableized by heat 
treatment, about 75 per cent are made of air furnace irons and about 
15 per cent of irons from duplexing processes using the cupola and the air 
or the electric furnace. The air furnace and the duplexing processes are 
preferred to the cupola because they permit of more precise control of 
composition and therefore produce castings of superior and of more uniform 
quality. 

In malleableizing, the castings are placed in iron pots and surrounded 
by a packing consisting of an oxidizing material mixed with pulverized slag 
or other inert material. The principal purpose of the packing is to furnish 
a supporting bed for the castings and thus to prevent or greatly reduce 
warpage and distortion during the malleableizing process. Fifteen to fifty 
tons of castings are packed in this manner in an annealing oven. The 
oven is then brought to a temperature of about 1600 F as quickly as possi- 
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ble, is maintained at this temperature for 40 to 60 hours, and is then allowed 
to cool slowly to about 1275 F at the rate of 8 to 10 degrees per hour, after 
which the oven is opened and allowed to cool more rapidly. The object of 
the malleableizing process is to convert hard, brittle white iron with a 
structure of peralite and cementite into malleable iron having a structure 
of relatively soft ferrite and temper graphite. During the process, the 
oxidizing atmosphere of the furnace eliminates a certain amount of the 
precipitated graphite from the surface or “skin” of the castings. 

Cupola malleable iron is used to a considerable extent for valve bodies 
and pipe fittings. It is cheaper but inferior in strength and ductility to 
malleable iron made by the air furnace and duplexing processes. 

Malleable iron castings are consideratly cheaper than forgings; and, 
since malleable iron approaches wrought iron and the low carbon steels in 
strength, ductility, and shock resistance, they are often used in place of 
forgings. Being cheaper, malleable iron castings are often used instead of 
steel castings where their limitations will permit. They are limited in size 
to a maximum thickness of about 3 inches and to a length of about 60 
inches. The skin of malleable iron castings may be machined away with 
very little if any loss in proportionate strength. Malleable iron machines 
more readily than other metals of equal strength, it retains its strength at 
temperatures up to 800 F, and it is highly resistant to ordinary corrosive 
action. 

For design purposes, the average properties of normal malleable iron, 
not cupola malleable iron, may be taken, in pounds per square inch, as 
follows: 

u t = 50,000; 

u 3 = 48,000; 

s r = 25,000; 

Vt « 32,500; 

y 9 — 23,000; 

E = 25,000,000; 

G = 10,700,000; 

Average Brinell hardness, about 115; 

Elongation, about 14 per cent in 2 inches. 

4. Wrought Iron.—Wrought iron, as an engineering material, has occu¬ 
pied a place of secondary importance since the development of the Bessemer 
and open-hearth processes of refining and converting pig and blast furnace 
iron into steel. It is manufactured by the old puddling process or by the 
quite recent Aston, or Byers, process. The principal difference between 
it and low carbon steel is that wrought iron contains 1 to 2 per cent of slag 
mechanically disseminated throughout the iron as a result of the process 
by which it is made. It is the presence of the slag which makes wrought 
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iron very much more resistant to corrosion than steel. Wrought iron is 
rolled into bars and plate of different grades and is available in blooms for 
forgings. 

Wrought iron is still extensively used for general smith and forge work 
as it is more easily welded than steel It also lends itself readily to oxy- 
acetylene and arc welding. Protective coatings adhere more firmly to 
wrought iron than to steel Wrought iron pipes and tubes are used to a 
considerable extent in preference to steel pipes and tubes because they are 
much more resistant to corrosion. 

For design purposes, the average properties of good wrought iron may 
be taken, in pounds per square inch, as follows: 

u t = 50,000; 

u a = 40,000; 

s r = 25,000; 

yt = 33,000; 

V> - 18,000; 

E - 28,000,000; 

6 = 11 , 000 , 000 ; 

Average Brinell hardness, about 105. 

5. Cast Steel.—In 1933, 63 per cent of the steel for castings was melted 
in open-hearth furnaces and 36 per cent in electric furnaces. Alloy steel 
castings constituted about 18.5 per cent of the total tonnage produced. Of 
the total tonnage, about 35 per cent was used in the field of transportation, 
about 48 per cent in the tool and machinery field, about 7 per cent for 
valves and fittings, and about 10 per cent for miscellaneous purposes. The 
electric furnace is no longer confined to the production of castings to meet 
exacting requirements but is being used more and more in the production 
of miscellaneous small castings. 

Although it is a more difficult foundry problem to produce sound reliable 
castings of steel than of iron, sound reliable steel castings having a wide 
range of properties are being regularly produced of almost any size and 
state of intricacy. Steel castings have a wide field of application and vary 
from a few ounces in weight to over 200 tons. 

Steel castings cost more than iron and malleable castings. They are, 
however, stronger and tougher and weigh less for the same strength or 
stiffness and are specified and used wherever their superior qualities and 
the service requirements would justify the increase in cost. Except for 
forgings produced by the drop forging process, steel castings are cheaper 
than forgings and are, therefore, frequently used instead of forgings. Steel 
castings are also used for the more intricate parts of welded structures. 

Plain cast steel is carbon steel containing normal percentages of carbon, 
manganese, silicon, sulphur, and phosphorus, which has been poured into a 
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mold and has solidified to the form desired. Castings containing less than 
0.20 per cent carbon are classed as low, as medium if containing 0.20 to 
0.40 per cent carbon, and as high carbon cast steel if containing over 0.40 
per cent carbon. Castings of medium carbon steel constitute the bulk of 
the production of the steel foundries. 

Alloy cast steel is steel containing more than the normal percentage of 
silicon or of manganese or steel to which an alloying element or elements 
have purposely been added to improve or to impart special properties to 
the cast metal. Cast steels are called low or high alloy steels depending 
on whether they contain a total of less or more than 8 per cent of the 
alloying element or elements. Alloying elements are used to improve 
machinability without sacrifice of strength and ductility, or vice versa, 
and are used to increase the resistance to corrosion or to abrasion or to high 
temperatures or to impart a combination of desirable properties. The 
principal alloying elements are nickel, chromium, molybdenum, vanadium, 
and manganese. The limitations of the text do not permit of any adequate 
discussion of the compositions, properties, and uses of the many valuable 
alloy steels that have been developed to meet special requirements. Some 
idea of alloy cast steels may be had by reference to the wrought alloy steels. 

Steel castings are seldom used “ as cast.” Before being put into service 
they are generally heat treated either by full annealing, by normalizing, by 
liquid quenching, or by normalizing or liquid quenching and then tempering. 

Castings are fully annealed by heating to above the critical temperature 
(1600 F to 1700 F), holding at that temperature for a proper length of time, 
and then slowly cooling, usually in the furnace. If allowed to cool in the 
air, the castings are said to be normalized. For liquid quenching, the 
castings are heated as for annealing and quenched in water or oil. Liquid 
quenching is almost always followed by tempering, which consists of 
reheating to the desired temperature and air cooling. 

Full annealing effects removal of the cooling stresses and improves 
machinability, ductility, and other mechanical properties. Normalizing 
increases the yield point and tensile strength as compared to full annealing, 
particularly in alloy steels. In high carbon and alloy steel castings of cer¬ 
tain designs, objectionable cooling stresses may be induced by the normaliz¬ 
ing treatment, in which case it should be followed by tempering, or drawing. 
The properties of many steels are improved more by normalizing and tem¬ 
pering than by full annealing. Liquid quenching imparts maximum 
strength and hardness. It should be followed by tempering or drawing to 
remove cooling stresses, possible brittleness, and to secure a desirable com¬ 
bination of mechanical properties. 

The properties of one low, seven medium, and three high carbon steels 
are given in Table 3. The data given are from actual tests and were taken 
from the 1935 Cast Metals Handbook of the American Foundrymen’s 
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Association. As before stated, castings of medium carbon steel constitute 
the bulk of the production of the steel foundries. The effects of different 
heat treatments on strength, ductility, and hardness are well illustrated by 
the data on the medium carbon steel containing 0.30 per cent carbon and 
0.79 per cent manganese. 

TABLE 3 

Properties of Some Carbon Cast Steels 


Per Cent 

Ultimate 
Strength 
Lbs. per 
Sq. In. 

Yield 
Point 
Lbs. per 
Sq. In. 

Per Cent 
Elong. 

in 2 
Inches 

Brinell 

Heat Treatment. 
(Numbers in parentheses 
correspond to the number 
of hours at temperature) 

Car¬ 

bon 

Man¬ 

ganese 

Hardness 

Number 

0.13 

0.96 

62,000 

33,000 

13.1 

143 

As cast 

0.13 

0.96 

68,000 

38,000 

25.0 

141 

1690 F (6), furnace cooled 

0.20 

0.73 

69,000 

43,000 

27.2 


1650 F, furnace cooled 

0.24 

0.78 

71,000 

42,000 

28.6 


1650 F, furnace cooled 

0.25 

0.71 

56,000 


22.6 


As cast 

0.25 

0.71 

68,000 


27.8 


Annealed, slowly cooled 

0.30 

0.79 

75,000 

36,000 

19.5 

156 

As cast 

0.30 

0.79 

76,000 

42,000 

25.5 

143 

Annealed 

0.30 

0.79 

84,000 

57,000 

30.0 

, 

160 

1650 F, water quenched, 
drawn 1300 F, air cooled 

0.30 

0.79 

119,000 

90,000 

14.0 

238 

1650 F, water quenched, 
drawn 700 F, air cooled 

0.30 

0.62 

79,000 

46,000 

, 18.3 

156 

1650 F (2), furnace cooled 

0.34 

0.96 

87,000 

51,000 

18.0 


As cast 

0.34 

0.96 

86,000 

1 55,000 

25.0 


1560 F (3), slowly cooled 

0.40 

0.72 

83,000 

45,000 

22.6 


1650 F, furnace cooled 

0.46 

0.92 

79,000 

40,000 

3.0 


As cast 

0.46 

0.92 

89,000 

46,000 

7.1 


1650 F (6), furnace cooled 

0.53 

0.79 

87,000 

35,000 

6.5 

213 

As cast 

0.53 

0.79 

100,000 

45,000 

15.8 

211 

1670 F (6), furnace cooled 

0.69 

1.03 

89,000 

53,000 

3.8 

245 

As cast 

0.69 

1.03 

110,000 

47,000 

8.1 

235 

1510 F (6), furnace cooled 


For design purposes the following relations and properties may be assumed: 
E — 30,000,000 and G — 11,600,000 lbs. per sq. in.; y c = vt', 

For ductile steels y 8 — 0.55yt; u 8 — about 0.80ttf. 


6. Wrought Steel.—(a) Manufacture and Statistics .—Steel is made by 
the basic Bessemer, acid Bessemer, basic open-hearth, and acid open-hearth 
processes, by the cementation, crucible, and electric furnace processes, and 
by certain duplex and triplex processes. The most suitable process of manu¬ 
facture in any case is largely determined by the amounts of the three non- 
essential elements, silicon, sulphur, and phosphorus, remaining in the pig 
iron as reduced from the ores in the blast furnace. Sulphur and phos- 
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phorus are particularly undesirable in steel and are the most troublesome 
impurities to eliminate. Wrought steel is made by mechanically working 
hot steel ingots by rolling, forging, or pressing. 

“ Carbon steel is steel which owes its distinctive properties chiefly to the 
carbon and not to the manganese, silicon, sulphur, and phosphorus it 
contains.” 

“Alloy steel is steel which ow r es its distinctive properties chiefly to some 
element or elements other than carbon or jointly to such other elements 
and carbon.” 

In 1937 the production of steel ingots and castings in the United States 
was 50,568,701 gross tons, of which 94 per cent was carbon steel and 6 per 
cent alloy steel. Of this tonnage 90.5 per cent was produced by the basic 
open-hearth process, 1.0 per cent by the acid open-hearth process, 6.8 per 
cent by the Bessemer processes, 1.7 per cent by the electric furnace process, 
and 934 gross tons, or less than 0.002 per cent, by the crucible process. Of 
the steel produced in electric furnaces, 71 per cent was alloy steel. Of the 
3,032,626 gross tons of alloy steel ingots and castings produced in 1937, 
75 per cent was produced by the basic open-hearth process, 5 per cent by 
the acid open-hearth process, 20 per cent by the electric furnace process, 
and 241 gross tons, or less than 0.008 per cent, by the crucible process. 

(6) Heat Treatment .—“Heat treatment is an operation or combination 
of operations involving the heating and cooling of a metal or of an alloy in 
the solid state for the purpose of obtaining certain desirable conditions or 
properties.” The following terms relating to heat treatment are as defined 
and adopted by the Society of Automotive Engineers, the American Society 
for Metals, and the American Society for Testing Materials. 

Quenching means a rapid cooling by immersion in a liquid, a gas, or a 
solid. 

Hardening means heating and quenching certain iron base alloys from a 
temperature either within or above the critical temperature range. 

Annealing is a heating and cooling operation of a material in the solid 
state. The purpose of such a heat treatment may be to remove initial 
stresses, to induce softness, to alter one or more of the physical properties, 
to refine the crystalline structure, to produce a definite microstructure, or 
to remove gases. In annealing, the temperature of the operation and the 
rate of cooling depend on the material being heat treated and on the pur¬ 
pose of the treatment. Annealing is a comprehensive term which includes, 
among others, the following specific heat treatments: 

Full Annealing is heating an iron base alloy above the critical 
temperature range, holding above that range for a proper length 
of time, and then slowly cooling through the range. The anneal¬ 
ing temperature is generally about 100 F above the critical tern- 
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perature range, and the time of holding is usually not less than 
one hour for each inch of section of the heaviest object being 
treated. The objects being treated are ordinarily allowed to cool 
slowly in the furnace. They may, however, be removed from 
the furnace and cooled in some medium that will prolong the 
time of cooling as compared to unrestricted cooling in the air. 

Normalizing means heating iron base alloys to approximately 100 F 
above the critical temperature range and then cooling to below 
that range in still air at ordinary temperature. Normalizing is 
rarely practiced with hypereutectoid steels (steels containing over 
0.90 per cent carbon) because of the coarsening of the grain and 
the tendency to crystallize cementite (FeaC) at grain boundaries 
or in needles. 

Tempering, also termed drawing , means reheating iron base alloys 
after hardening to some temperature below the critical tempera¬ 
ture range and then cooling at any desired rate. 

Carburizing (Cementation) means adding carbon to iron base alloys by 
heating the metal below its melting point in contact with carbonaceous 
solids, liquids, or gases. 

Case Hardening means carburizing and subsequently hardening by a 
suitable heat treatment of all or a part of the surface portions of a piece of 
iron base alloy. The case of a carburized, nitrided, or cyanided iron base 
alloy article is that portion in which the carbon or nitrogen content has 
been substantially increased. The core is that portion of a carburized iron 
base alloy article in which the carbon content has not been substantially 
increased. 

Cyaniding is the surface hardening of an iron base alloy article, or a 
portion of it, by heating at a suitable temperature in contact with a cyanide 
salt and then quenching. 

Nitriding is the surface hardening of an iron base alloy article by causing 
nitrogen to be absorbed by heating the metal in contact with ammonia gas 
or other suitable nitrogeneous material. 

(c) Carbon Steels. —The carbon steels are cheaper than the alloy steels 
and constitute about 94 per cent of the production of the steel mills. They 
serve well to make generally available the useful properties of iron. While 
they appear to best advantage when heat treated, the bulk of the carbon 
steels is used in the untreated, or as rolled, condition, principally in the form 
of rolled shapes. Where better materials are necessary or desirable, alloy 
steels are used. It should, however, be borne in mind that while, for the 
same carbon content, alloy steels may be superior to carbon steels in 
strength, ductility, toughness, etc., they are no stiffer. 

The properties of a steel are by no means wholly determined by its 
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chemical composition. The physical properties also are affected by hot 
working, by cold working, and very much by heat treatment, especially 
the medium and high carbon steels and the alloy steels. Hot working by 
means of rolling, pressing, and forging refines the structure and raises the 
strength and elastic limit. Cold working refines the structure but produces 
distortions that set up internal stresses. These stresses will cause cold 
rolled or cold drawn material to distort or warp if relieved locally by cut¬ 
ting or drilling. Cold working decreases the ductility and shock resist¬ 
ance, increases the hardness, and raises the strength and elastic limit. 

The effect of the carbon content on the physical properties of the carbon 
steels is shown in Table 4. 

TABLE 4 

S.A.E. Carbon Steels 

For composition and suggested uses see Table 5, and for change of properties with heat treatment see 
Table 7. The values given for cold worked steel refer to cold rolled or cold drawn steel not over %, inch in 
diameter or over ]4 inch thick. The natural state refers to the state of the steel after being ma nufactured 
by hot rolling. 


S.A.E. 

Specification 
Number and 
Percentage 
Range of 
Carbon 


Tensile 
; Strength, 
Thousands 
of Lbs. per 
Sq. In. 

Yield 
Point, 
Thou¬ 
sands of 
Lbs. per 
Sq. In. 

Per Cent 

Per Cent 

Hardness 

Condition 

Reduc¬ 
tion in 
Area 

Elonga¬ 
tion in 

2 in. 

Brinell 

Number 

Scleroscope 

No. 1010 

Natural state 

58- 62 

43- 45 

75-63 

40-35 

110 

18.5 

0.05-0.15 

Annealed 

Cold worked 

52- 56 
55- 80 

28- 36 
40- 60 

75-63 

55-45 

45-37 

100 

17.0 

No. 1020 

Natural state 

62- 70 

45- 47 

63-58 

35-32 

120 

19.5 

0.15-0.25 

Annealed 

Cold worked 

56- 65 
60- 90 

36- 40 
40- 80 

65-60 

55-45 

37-35 

115 

19.0 

No. 1025 

Natural state 

70- 75 

46- 48 

58-50 

32-30 

120-135 

19.5-21.5 

0.20-0.30 

Annealed 

65- 68 

40- 42 

60-55 

35-32 

115-125 

19.0-20.0 

No. 1035 

Natural state 

75- 85 

48- 50 

50-42 

30-27 

135-165 

21.0-25.5 

0.30-0.40 

Annealed 

68- 75 

42- 45 

55-47 

32-30 

125-140 

20.0-21.5 

No. 1045 

Natural state 

85- 95 

50- 54 

42-35 

27-22 

165-190 

25.5-29.0 

0.40-0.50 

Annealed 

75- 86 

45- 47 

47-45 

30-27 

140-165 

21.5-25.5 

No. 1095 

Natural state 

145-155 

75- 82 

15-10 

10- 7 

185-300 

28.5-44.5 

0.90-1.05 

Annealed 

Heat treated 

115-105 

52- 51 
90-180 

22-32 

17-22 

215-190 

32.5-29.0 


For design purposes the following relations and properties maybe assumed: B = 30,000,000; (7= 11,600,000 
lbs. per sq. in.; Vc — Vt] for ductile steels y s — 0.55yt) = about 0.80uj 


The information contained in Tables 5, 6, and 7 was taken from the 
1939 S.A.E. Handbook and from “ Nickel Alloy Steels/' published by the 
International Nickel Company, Incorporated. 

The compositions and applications of some S.A.E. carbon steels are 
given in Table 5 and of some S.A.E. free cutting steels in Table 6. 

The effects of heat treatment on the physical properties of some S.A.E. 
carbon steels are displayed in Table 7. Steels containing over 0.50 per cent 
carbon are annealed to render them machinable and then are appropriately 
heat treated after being machined. It should be noted that the properties 
given in Table 7 relate to small sections 0.5 to 1.5 inches in diameter or 
thickness. Because of the effects of mass, the hardness and strength 
properties decrease and the elongation and reduction in area increase as 
the size of section is increased. 
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Specification 
Number and 
Composition 

S.A.E. 1010 
C 0.05-0.15 
S.A.E. 1015 
C 0.10-0.15 
Mn 0.30-0.60 


S.A.E. 1020 
C 0.15-0.25 
Mn 0.30-0.60 


S.A.E. 1025 
C 0.20-0.30 
Mn 0.30-0.601 


S.A.E. 1030 
C 0.25-0.35 
Mn 0.60-0.90 


S.A.E. 1035 
C 0.30-0.40 
Mn 0.60-0.90 

S.A.E. 1040 
C 0.35-0.45 
Mn 0.60-0.90 


S.A.E. 1045 
C 0.40-0.50 
Mn 0.60-0.90! 


S.A.E. 1050 
C 0.45-0.55 
Mn 0.60-0.90 


TABLE 5 

S.A.E. Carbon Steels 
Compositions and Applications 
(Phosphorus 0.045 max. and Sulph ur 0.55 max.) 

Suggested Uses from 1939 S.A.E. Handbook 


Represent the lowest carbon steels of the plain carbon type. Two grades, 
rimmed and killed steel, are produced by two methods of manufacture. 
Rimmed steel is a low silicon, low carbon type. Killed steel is made by the 
standard open hearth process. . . , ,, , , 

Rimmed steel is used for sheet, strip, rod, and wire where excellent surface 
finish is required, such as for body and fender stock, panels, deep drawing 
strip, steel for lamps, hoods, covers, oil pans, and a multitude of deep drawn 
and formed parts. Killed steel should be used in preference to rimmed steel 
for carburized parts. , . „ . , , 

The hardness and strength of these steels can not be materially increased by 
heat treatment. They do not machine freely and should be avoided for nuts, 
cut screws, and operations requiring broaching or smooth finish in turning. 
(See S.A.E. 1115, Table 6.) 


This is a standard carburizing grade of carbon steel. It may be brazed, 
butt welded, and drawn into various shapes but is not as desirable for deep 
drawing as S.A.E. 1010. It machines better than S.A.E. 1010 but is not 
recommended for smooth threading, turning, or broaching. It does not 
respond materially to heat treating unless carburized or cyanided. 

It is used for wrist pins, cam-shafts, drag links, clutch fingers, fan blades, 
welded tubing, sheet and strip, and numerous forged and automatic parts 
where high strength is not essential. . _ . _ 

S.A.E. XI020 (Mn 0.70-1.00) is a high manganese variant of S.A.E. 1020 to 
provide improved machinability and hardening properties. It carburizes and 
hardens freer from soft spots than S.A.E. 1020. (See S.A.E. X1314, Table 6.) 


This steel has fair machining properties for threading, broaching, and turn¬ 
ing. Forgings machine better without annealing, or by simply normalizing. 

S.A.E. X1025 (Mn 0.70-1.00) is a high manganese variant of S.A.E. 1025 
to provide improved machinability and physical properties. It is used for 
studs, hub and rim bolts, and similar purposes. 


This steel wifi respond to heat treatment better than any of the foregoing 
compositions. It machines, threads, and broaches satisfactorily and is usually 
satisfactory for machining purposes either without annealing or by simply 
normalizing. 

It is used for forged, machined, or cold worked parts requiring higher physi¬ 
cal properties than are obtainable with lower carbon steels. It is used for 
seamless tubing, key stock, shift and brake levers, shift forks, brackets, and 
similar parts. 

It is suitable for case hardening where core hardness is desired, or for large 
sections, but does not come within the carburizing classification. 

This is a fair machining steel suitable for small and medium sized forgings 
where moderate physical properties are desired. A major application is wire 
and rod used for cold upsetting. (See S.A.E. XX330, Table 6.) 


This steel possesses fair machining properties and deep hardening character¬ 
istics and is suitable for small and medium sized forgings. It is used for tubing, 
crank shafts, connecting rods, tubular and solid front axles, rear axles, spring 
clips, brake levers, anchor bolts, studs, and similar parts. (See S.A.E. 1330, 
Table 6.) 

Intended for larger sizes of forgings for automotive construction such as 
crank shafts, starter ring gears, axles, and splined shafts. 

S.A.E. X1045 (Mn 0.40-0.70) is a lower manganese variant of S.A.E. 1045, 
where deep hardening properties are not required. (See S.A.E. X1335 and 
X1340, Table 6.) 


Intended for larger sections than indicated for S.A.E. 1045. S.A.E. X1050 
(Mn 0.40-0.70) is a lower manganese variant of S.A.E. 1050 for larger forgings. 
(See S.A.E. X133 5 and 1340, Table 6.) ~ ~ 
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TABLE 6 

S.A.E. Fbee Cutting Steels 
Compositions and Applications 

(Phosphorus 0.045 max.) 


Specification 

Number and Suggested Uses from 1939 S.A.E. Handbook 

Composition 


S.A.E. 1115 
C 0.10-0.20 
Mn 0.70-1.00 
S 0.075-0.15 


Known as “open hearth screw stock.” It is somewhat inferior to 
S.A.E. 1112 and S.A.E. XI112 in machining properties but possesses a 
decidedly better combination of strength and toughness and is more 
dependable for case hardened parts and for such operations as bending, 
swaging, riveting, and forming. 


S.A.E. X1314 This steel is extensively used for case hardened parts where superior 
C 0.10-0.20 machining properties are desired. 

Mn 1.00-1.30 
S 0.075-0.15 


S.A.E. X1330 This is a free cutting manganese steel and for many purposes may be 
C 0.25-0.35 substituted for S.A.E. 1035 and S.A.E. 1040, where improved machin- 
Mn 1.35-1.65 ing, deeper hardening, and higher physical properties are desired. 

S 0.075-0.15 


S.A.E. X1335 
C 0.30-0.40 
S.A.E. XI340 
C 0.35-0.45 
Mn 1.35-1.46 
S 0.075-0.15 


These are free cutting manganese steels and for many purposes may 
be substituted for S.A.E. 1045 and S.A.E. 1050, where improved 
machining, deeper hardening, and higher physical properties are 
desired. These are primarily oil hardening steels, and great care 
should be exercised in water quenching. 


(d) Alloy Steels .—Alloy steels, except for heavy forgings and for pres¬ 
sure vessel and bridge and structural work, are mostly used in the heat 
treated condition. For the same carbon content, heat treated alloy steels 
are superior to heat treated carbon steels in strength, toughness, reliability, 
and uniformity but not in stiffness. Alloy carburizing steels are superior 
to the carburizing carbon steels in improved depth of hardening, toughness 
of core, and freedom from distortion and respond to milder quenching. 
Alloy steels are also less susceptible to the effects of mass. For a variation 
in diameter from 1 to 4 inches, a heat treated carbon steel may show a loss 
in ultimate strength of three times that of a nickel alloy steel of the same 
carbon content and about two times the loss in yield point strength. They 
also show greater resistance to grain growth during soaking at high tempera¬ 
tures. Frequently, because of size or intricacy of section, liquid quenching 
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TABLE 7 

Properties of Some S.A.E. Carbox Steels 
(In small sizes 0.50 to 1.5 inches in diameter or thickness) 


Tempering 

Tempera¬ 

ture 

Degrees F 


Ultimate 
Tensile 
Strength 
Lbs. per 
Sq. In. 


Yield 
Point- 
Lbs. per 
Sq. In. 


Per Cent 
Elongation 
in 2 Inches 


Per Cent 
Reduction 
in Area 


Izod 

Impact 

Ft.-Lbs. 


Brinell 

Hardness 


S.A.E. 1020: Quenched from 1575 to 1625 F in Water 


200 

104,000 

80,500 

6 

20 

46.5 

204 

400 

103,000 

79,000 

10 

33 

48 

203 

600 

100,000 

76,500 

13.5 

46 

53 

198 

800 

96,500 

71,000 

18 

56.5 

61 

189 

1000 

90,000 

62,500 

22 

63.5 

75 

175 

1200 

79,500 

47,500 

29 

69 

94 

152 


Quenched from 1600 to 1650 F in Oil 


200 

80,000 

56,000 

20 

50 


160 

400 

80,000 

58,500 

23 

52.5 


160 

600 

79,500 

59,000 

25.5 

55 


156 

800 

77,500 

57,000 

27.5 

57.5 


147 

1000 

73,000 

52,500 

30 

60 


137 

1200 

67,000 

44,000 

32 

63 

• * 

128 


S.A.E. 1035: Quenchec 

from 1525 to 1575 F in 

Water 


600 

117,500 

87,500 

10 

40 

40 

240 

800 

110,000 

80,000 

17 

51 

45 

220 

1000 

102,000 

72,000 

22.5 

60 

57 

200 

1200 

92,000 

62,000 

27 

66.5 

78 

180 

1300 

85,000 

53,000 

28.5 

68 

93 

170 


Quenched from 1525 to 1575 F in Oil 


600 

107,000 

75,000 

15 

45 


220 

800 

101,000 

69,500 

18 

48.5 


205 

1000 

94,000 

64,000 

22 

53 


190 

1200 

87,000 

57,000 

24 

58 


173 

1300 

84,000 

52,000 

24 

61 


166 


S.A.E. 1045: Quenched from 1475 to 1525 F in Water 


600 

150,000 

114,000 

8 

33 

15 

318 

800 

140,000 

105,000 

13.5 

42.5 

24 

280 

1000 

120,000 

90,000 

18 

52.5 

38 

240 

1200 

103,000 

72,000 

24 

60 

60 

208 

1300 

97,000 

65,500 

26.5 

61.5 

70 

196 


Quenched from 1475 to 1525 F in Oil 


600 

140,000 

95,000 

11 

34 

800 

127,500 

90,000 

15 

39 

1000 

115,000 

80,500 

18 

45 

1200 

103,000 

70,000 

23 

51 

1300 

97,000 

65,500 

25 

55 


279 

256 

229 

203 

197 


For design purposes the following relations and properties may be assumed: 
E = 30,000,000 and G = 11,600,000 lbs. per sq. in.; y c ~ y^ 

For ductile steels y 8 — 0 .55yt; u$ = about 0.80^. 
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TABLE 8 

Some Nickel and Nickel-Chromium Allot Steels 
Compositions and Applications 

(Percentage limits of impurities are not given) 


Specification 
Number and 
Composition 

Description and Applications 

S.A.E. 2330 

C 0.25-0-35 

Ni 3.25-3.75 

Strong tough steel of simple composition with good machining prop¬ 
erties. Used for keys and heat treated bolts, screws, studs, nuts, 
levers, and similar parts. 

S.A.E. 2345 

C 0.40-0.50 

Ni 3.25-3.75 

High strength and hardness with good ductility, toughness, and wear 
resistance. Used for shafts, axles, and similar parts and, at low draws, 
for gears. 

S.A.E. 2515 

C 0.10-0.20 

Ni 4.75-5.25 

One of the most dependable of the steels. It is used for carburized 
parts requiring an exceptionally tough core after heat treatment. It 
has good wear resistance and gives minimum distortion. It is used 
for transmission gears. 

C0.19 

Ni 2.25 

High strength and age resisting steel plate used for boilers and 
pressure vessels. 

C 0.20-0.27 

Ni 2.50-3.00 

For heavy forgings either liquid quenched or normalized. Used for 
locomotive axles, heavy shafts, etc. 

C 0.35-0.45 

Ni 3.25-3.75 

High strength structural shapes used as rolled in bridges and struc¬ 
tures. 

S.A.E. 3115 

C 0.10-0.20 

Ni 1.00-1.50 
Cr 0.45-0.75 

Moderately priced case-hardening steel giving hard wear-resistant 
surface and tough core. It is otherwise heat treated and used. It is 
used for ring gears and pinions, transmission gears, splined shafts, pis¬ 
ton pins, and similar parts. 

S.A.E. 3130 

C 0.25-0.35 

Ni 1.00-1.50 
Cr 0.45-0.75 

Moderately priced dependable steel for sections up to 2 inches. 
Used for water quenched parts where greater strength and toughness 
are required than is possible with the plain carbon steels. Used for 
keys, nuts, cylinder studs, steering arm bolts, connecting-rod bolts, etc. 

S.A.E. 3140 

C 0.35-0.45 

Ni 1.00-1.50 
Cr 0.45-0.75 

Used for a multitude of heat treated parts where good physical 
properties are required such as axles, shafts, crank shafts, chain links, 
studs, screws, and other small parts. 

.- . . 

S.A.E. 3245 

C 0.40-0.50 

Ni 1.50-2.,00 

Cr 0.90-1.25 

Intended for oil hardened parts, machined or forged, that require 
very high physical properties such as axles, shafts, gears, and similar 
parts for heavy duty service. It is normalized and annealed to obtain 
the desired machinability and structure. 

S.A.E. 3340 

C 0.35-0.45 

Ni 3.25-3.75 
Cr 1.25-1.75 

For parts requiring exceptionally high physical properties and resis¬ 
tance to fatigue and dynamic stresses. It is deep hardening and suita¬ 
ble for heavy sections. It is used for gears, shafts, etc., under severe 
service conditions. It is normalized and annealed to obtain the 
desired machinability and structure. 
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TABLE 9 

Some Miscellaneous Alloy Steels 
Compositions and Applications 

(Percentage limits of impurities are not given) 


Specification 
Number and 
Composition 


S.A.E. 4615 
C 0.10-0.20 
Ni 1.65-2.00 
Mo 0.20-0.30 

S.A.E. 6150 
C 0.45-0.55 
Cr 0.80-1.10 
V 0.15-0.20 


S.A.E. 6160 
C 0.55-0.65 
Cr 0.80-1.10 
V 0.15-0.20 


S.A.E. 30905 
C 0.08- 
S.A.E. 30915 
C 0.09-0.20 
Cr 17.0-20.0 
Ni 8-10 


Description and Applications 


Extensively used for carburized parts where minimum distortion is a 
prerequisite. It has good machining qualities, high fatigue resistance 
and tensile properties, and is oil quenching. It is used for gears, cams, 
shafts, etc. 

Used for small and medium size springs made from fiat bars or from 
round, fiat, or square wire. Wire is used in the annealed condition for 
full heat treatment after forming, or hard drawn wire, or cold drawn 
wire quenched and tempered is used. Springs formed or coiled of wire 
in the last two conditions require only a stress-relieving heat treatment 
(450 to 650 F) prior to use. The bars used should not exceed f inch 
in diameter or thickness. 

Used for heavy coil springs and for full elliptic, semi-elliptic, disc, 
ring, and other forms of springs for heavy machinery, automobiles 
locomotives, etc. Springs made of this steel are hot formed and heat 
treated for service. A tempering temperature range of 850 to 1050 F 
is usually used for a Brinell hardness of 360 to 460. 

These are the standard so-called 18-8 chromium-nickel stainless 
steels and are suitable for heat resistance up to 1500 F. They do not 
rust or tarnish on outdoor exposure, are generally resistant to oxidizing 
acid conditions and to caustic and neutral aqueous solutions, have 
substantial resistance to nitric acid, and are strongly attacked by 
sulphuric and hydrochloric acid. They do not respond to hardening 
treatment. They may be forged, riveted, and welded and are suitable 
for cold working and deep drawing. 


is impracticable and air quenching (normalizing) is the most severe treat¬ 
ment that can be tolerated. For the same carbon content, a normalized 
alloy steel will have a higher yield point strength than a normalized carbon 
steel, the difference decreasing as the carbon content is increased. Also 
alloy steels are better than carbon steels at sub-zero temperatures. 

Practically all the information contained in Tables 8, 9, 10, 11, and 12 
was taken from the 1939 S.A.E. Handbook, “Nickel Alloy Steels” and 
“Nickel and Its Alloys,” published by the International Nickel Company 
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TABLE 10 

Properties of Some Nickel Alloy Steels 
(Properties of S.A.E. steels for small sizes § to 1| inches in diameter or thickness) 


_ Ultimate 

Tempering Tensile 

Temperature Strength 

Degrees F Lbs. per 

Sq. In. 


Yield 
Point 
Lbs. per 
Sq. In. 


Per Cent 
Elongation 
in 2 Inches 


Per Cent 
Reduction 
in Area 


Izod 

Impact 

Ft.-Lbs. 


Brinell 

Hardness 


S.A.E. 2330: Quenched from 1425 to 1475 F in Water 


400 

240,000 

203,000 

11.5 

48 


445 

600 

211,000 

182,000 

13 

52.5 


415 

800 

171,000 

150,000 

15.5 

57.5 


350 

1000 

133,000 

114,000 

20 

62 


285 

1200 

106,000 

84,000 

24 

65 


225 


Quenched from 1425 to 1475 F in Oil 


400 

220,000 

195,000 

11.5 

40 

9 

425 

600 

195,000 

172,000 

14 

48.5 

10 

380 

800 

160,000 

128,000 

18 

55 

24 

325 

1000 

127,000 

90,000 

22 

60 

55 

270 

1200 

106,000 | 

70,000 

25 

64 

85 

225 


S.A.E. 2345: Quenched from 1400 to 1450 F in Oil 


400 

267,000 

238,000 

9 

33 

9 

520 

600 

236,000 

216,000 

12.5 

42 

10 

470 

800 

185,000 

175,000 

16 

52 

20 

385 

1000 

140,000 

130,000 

20 

59 

40 

305 

1200 

115,000 | 

100,000 

24 

62 

58 

250 


S.A.E. 2515: Quenched from 1425 to 1475 F in Water 


200 

202,000 

163,000 

13 

50 

29 

370 

400 

198,000 

158,000 

13.5 

57 

30 

345 

600 

180,000 

143,000 

15 

62 

35 

320 

800 

152,000 

121,000 

18 

67 

55 

280 

1000 

127,000 

100,000 

25 

70 

82.5 

240 

1200 

110,000 

85,000 

28 

71 

101 

210 


Quenched from 1450 to 1500 F in Oil 


200 

191,000 

156,000 

13 

48 

33 

360 

400 

183,000 

148,000 

15 

55 

33.5 

340 

600 

165,000 

133,000 

16 

61 

40 

310 

800 

140,000 

116,000 

IS 

65 

60 

270 

1000 

115,000 

95,000 

24 

68 

85 

235 

1200 

105,000 

79,000 

29 

70 

95 

200 


Engine Bolt Steel: C 0.10-0.20; Ni 1.25-1.75 


Engine Bolt Steel: C 0.10-0.20; Ni 1.25-1.75 

As Rolled. T 63,000 45,000" “35“ 62.6 

Quenched and 

Tempered. . . 81,000 59,000 30 71.0 

Boiler Plate Steel: C 0.10-0.20; Ni 1.25-1.75 
As Rolled.“ 77,000 46,600 [ 28 61.0 j 05 


Steel for Heavy Forgings: C 0.20-0.27; Ni 2.50-3.00 


Normalized and 
Tempered. . . 

85,400 

64,900 

33 

69.5 

75 

175 

Normalized and 
Tempered. . . 

92,000 

70,500 

29 

64.0 




Steel for Structural Shapes: C 0.35-0.45; Ni 3.25-3.75 


As Rolled...._97,000_ 62,700 _ 18 min. 40 min. 30-60 | 


For design purposes the following relations and properties may be assumed: 
E = 30,000,000 and G = 11,600,000 lbs. per sq. in.; y c — yt\ 

For ductile steels y s = 0 .55yt; % = about 0.80w*. 







282 


ENGINEERING MATERIALS 


TABLE 11 

Properties op Some Nickel-Chromium Alloy Steels 
(Properties for small sizes J to If inches in diameter or thickness) 


Ultimate v . 

Tempering Tensile -p • + Per Cent Per Cent Izod -p . 

Temperature Strength T T omt Elongation Reduction Impact -orinell 

Degrees F Lbs. per -Lbs. per in 2 Inches in Area Ft.-Lbs. Hardness 

Sq. In. ln ‘ 


S.A.E. 3115: Quenched from 1525 to 1575 F in Water 


200 

180,000 

157,000 

9 

30 


1 360 

400 

176,000 

153,000 

10 

35 


350 

600 

164,000 

145,000 

11 

45 


320 

800 

143,000 

125,000 

15 

58 


268 

1000 

110,000 

92,000 

22 

68 


220 

1200 

90,000 

72,000 

28.5 

79 


200 


Quenched from 1525 to 1575 F in Oil 


200 

400 

600 

800 

1000 

1200 

157,000 

153,000 

147,000 

132,000 

lOS.OOO 

S8,000 

123,000 

120,000 

113,000 

100,000 

80,000 

66,000 

13 

14 

15 

17.5 

24 

30 

43.5 

50.5 

57 

63 

68 

71 


300 

290 

270 

240 

205 

185 


S.A.E. 313C 

: Quenched from 1500 to 

1550 F in W 

~ater 


400 

232,000 

196,000 

8 

27.5 

10 

425 

600 

210,000 

178,000 

10 

37.5 

6.5 

400 

800 

175,000 

150,000 

14 

51 

25 

345 

1000 

137,000 

120,000 

20 

62 

68 

275 

1200 

112,000 

93,000 

26 

68 

92.5 

220 

1300 

106,000 

83,000 

27.5 

70 

99 

210 


Quenched from 1500 to 1550 F in Oil 


400 

225,000 

182,000 

10 

32 

10 

420 

600 

200,000 

168,000 

12 

40 

6 

395 

800 

166,000 

137,000 

•15 

55 

36 

33 5 

1000 

130,000 

130,000 

20 

62 

77.5 

265 

1200 

105,000 

105,000 

25 | 

65 

98 I 

210 

1300 

97,000 | 

96,500 

27 | 

67 

103 | 

200 


S.A.E. 3140: Quenched from 1475 to 1525 F in Oil 


400 

246,000 

218,000 

8 

25 

9 

475 

600 

225,000 

197,000 

10 

36 

6 

440 

800 

187,000 

157,000 

13 

48 

25 

370 

1000 

143,000 

119,000 

17.5 

57 

55 

290 

1200 

113,000 

93,000 

21.5 

62 

80 

235 

1300 

104,000 

86,000 

23 

63 

90 

220 


S.A.E. 3245: Quenched from 1450 to 1500 F in Oil 


400 

273,000 

231,000 

8 

34 

12 

•^15 

600 

239,000 

211,000 

10 

39 

9.5 

470 

800 

202,000 

180,000 

13 

45.5 

16.5 

405 

1000 

163,000 

143,000 

17 

53.5 

37 

335 

1200 

128,000 

106,000 

21.5 

60 

60 

265 

1300 

115,000 

90,000 

23.5 

65 

84 

240 


S.A.E. 3340: Quenched from 1400 to 1450 F in Oil 


400 

271,000 

247,000 

10.5 

I 40 

15 

500 

600 

247,000 

220,000 

11 

42.5 

11 

460 

800 

211,000 

183,000 

13.5 

! 47.5 

13 

395 

1000 

170,000 

145,000 

18 

! 54 

31 

325 

1200 

133,000 

115,000 

23 1 

58.5 

70 

270 


For design purposes the following relations and properties may be assumed: 
E = 30,000,000 and G = 11,600,000 lbs. per sq. in.; y e = y t . 

For ductile steels y s - 0.55^; u s = about O.SOuf. 
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TABLE 12 

Properties of Some Miscellaneous Alloy Steels 
(S.A.E. 4615 for \ to 1| and S.A.E. 6150 and 6160 for 0.55 inch in diameter or thickness) 


Tempering 

Tempera¬ 

ture 

Degrees F 


Ultimate 
Tensile 
Strength 
Lbs. per 
Sq. In. 


Yield 
Point 
Lbs. per 
Sq. In. 


Per Cent 


Per Cent 


Izod 

Impact 

Ft.-Lbs. 


Brinell 

Hardness 


Elongation Reduction 
in 2 Inches in Area 


S.A.E. 4615: Quenched from 1550 to 1600 F in Oil 


200 

150,000- 

106,000 

16.5 

52 

33 

290 

400 

146,000 

104,000 

18 

55 

31 

285 

600 

141,000 

99,000 

20 

60 

19 

273 

800 

130,000 

92,000 

24 

65 

45 

252 

1000 

115,000 

85,000 

27.5 

70 

78 

230 

1200 

100,000 

76,000 

30 

74 

105 

210 


S.A.E. 6150: Quenched from 1575 F in Oil 


500 

300,000 

262,000 

4 

12 

4 

570 

700 

255,000 

233,000 

10 

37 

5 

505 

900 

202,000 

196,000 

12 

45 

12 

420 

1100 

168,000 

159,000 

16 

47 

21 

350 

1300 

119,000 

116,000 

25 

61 

80 

240 


S.A.E. 6160: Quenched from 1550 F in Oil 


500 

311,000 

275,000 

2 

15 

2 

585 

700 

270,000 

240,000 

9 

33 

6 

520 

900 

217,000 

205,000 

11.5 

42 

11 

440 

1100 

166,000 

158,000 

15 

50 

34 

350 

1300 

120,000 

117,000 

23 

59 

72 

245 


S.A.E. 30905 and 30915: Corrosion and Heat Resisting Steels 


Annealed 88,000 48,000 58.5 73 150-175 


For design purposes the following relations and properties may be assumed: 
E = 30,000,000 and G = 11,600,000 lbs. per sq. in.; y c = yt; 

For ductile steels y s = 0.55yt\ u 8 - about 



284 


ENGINEERING MATERIALS 


and “ Steels and Irons,” published by the Vanadium Corporation of 
America. 

The compositions and applications of some important nickel and nickel- 
chromium alloy steels are given in Table 8 and of some miscellaneous alloy 
steels in Table 9. 

The effects of heat treatment on the physical properties of some impor¬ 
tant nickel, nickel-chromium, and miscellaneous alloy steels are displayed 
in Tables 10, 11, and 12. It is to be noted that alloy steels of high carbon 
content and some of medium carbon content are annealed to render- 
machinable and then are appropriately heat treated after being machined. 
It should be noted also that the properties given in the tables relate to small 
sections 1.5 inches or less in diameter or thickness. Because of the effect 
of mass, the hardness and strength properties decrease and the elongation 
and reduction in area increase as the size of section is increased. 

7. Aluminum and Al umin um Alloys.—Pure aluminum is a silvery white 
metal of considerable ductility and malleability and of low specific gravity. 
Commercially pure aluminum weighs 0.098 lb. per cu. in., a little more 
than one-third the weight of iron. 

Next to oxygen and silicon, aluminum is the most abundant element 
in nature. All clayey earths contain a high percentage of aluminum. How¬ 
ever, at the present time, the principal ore used commercially is bauxite, 
which is composed primarily of hydrated aluminum oxide. The workable 
deposits of bauxite used by the aluminum industry in this country are 
located in Arkansas and in Surinam in South America. 

Aluminum takes a high polish, does not oxidize or tarnish on exposure 
to the atmosphere, is highly resistant to the attack of nitric acid, is slowly 
dissolved by sulphuric acid, is soluble in hydrochloric acid, is attacked by 
organic acids and by boiling water, and, unlike magnesium, is readily cor¬ 
roded by organic acids and caustic alkalies. At ordinary temperatures, 
sulphur, carbolic acid, salt water, vinegar, sea water, carbonic acid, and 
sulphurated hydrogen do not attack it. Its heat and electrical conduc¬ 
tivity are high. A bar of aluminum has twice the electrical conductivity 
of a bar of copper of the same length and weight. Copper, however, is 
often preferred because of its lower coefficient of expansion and superior 
resistance to variations of stress. 

Pure aluminum is used in metallurgical processes and, in a finely divided 
state, is used in the thermit welding process, in explosives, and as a paint 
pigment. Because it is highly ductile and malleable, it can be rolled into 
very thin sheets and drawn into very fine wire. On being cold worked, it 
hardens and loses its ductility and must be annealed. In the soft state, it can 
be spun, stamped, pressed, or extruded into almost any shape. The effects 
of rates of cooling and of cold working and annealing are shown in Table 13. 

Pure aluminum is only moderately strong, is difficult to machine, and 
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TABLE 13 

Properties op Pure Aluminum (Over 99.5 Per Cent Pure) 
(Alloys Research Commission) 



Tensile 

Yield 

Per Cent 

Condition 

Strength, 

Point, 

Elongation 

Lbs. per 

Lbs. per 

in 


Sq. In. 

Sq. In. 

2 Inches 

Cast (cooled slowly) 

10,270 

4,260 

1.9 

Cast (cooled quickly) 

11,310 

5,380 

22.0 

Cast in chills 

11,700 

5,150 

37.0 

Rolled bars 1| in. diameter 

14,560 

9,850 

35.5 

Rolled bars H in. diameter 

16,130 

14,570 

j 30.5 

Cold drawn bars ff in. diameter 

19,500 

19,050 

| 19.5 

Cold' drawn bars tt in. diameter, annealed 

16,620 

15,690 

23.0 

Rolled sheets 0.25 in. thick 

18,750 

17,700 

10.6 

Rolled sheets 0.05 in. thick 

20,450 

18,820 

3.7 

Roiled sheets 0.25 in. thick, annealed 

13,240 

6,050 

41.0 

Rolled sheets 0.05 in. thick, annealed 

13,060 

7,170 

36.3 


Modulus of elasticity # = 9,800,000 lbs. per sq. in.; modulus of rigidity G~ 3,870,000 lbs. per sq. in.; 
Brinell hardness of cast aluminum varies from 23 to 28. 


does not cast well because of its high contraction (about ^ in. per ft.) and 
hot shortness. To improve the strength, machinability, and casting char¬ 
acteristics, aluminum is generally alloyed with copper, silicon, or mag¬ 
nesium. By the addition of controlled amounts of iron, zinc, and other 
elements, these alloys are made suitable for cast and wrought products. 
Aluminum and its alloys can be v r elded by the commercial methods and can 
be economically finished in a wide range of colors. Generally aluminum and 
its alloys will smudge the hands or any material coming in repeated contact. 

The composition of seven representative alloys is given in Table 14, 
which is followed by some general remarks concerning each alloy and a 
tabulation of properties in Table 15. 

Alloy S.A.E. 38 is one of the most widely used alloys for sand castings. 
It has good resistance to corrosion and is used extensively in the manufac¬ 
ture of outboard motors and for castings for use on shipboard. Because of 
its superior physical properties, it is used for engine crank cases and many 
other parts of motor vehicles and aircraft. It is improved in strength and 
hardness, with loss in ductility, by heat treatment and aging. 

Alloy S.A.E, 35 has excellent foundry and casting characteristics and 
good resistance to corrosion. For severe corrosive conditions a maximum 
copper content of 0.1 instead of 0.6 per cent is preferred. It is used for 
general casting purposes, particularly for large and intricate castings hav¬ 
ing both thin and heavy sections and for castings that must be leak proof 
under pressure. It is used for sand and permanent mold castings where 
higher mechanical properties are not required. 
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Alloy S.A.E. 380 is a modification of S.A.E. 38 by an increase in the 
silicon content to permit casting in permanent molds. It is used for much 
the same purposes as S.A.E. 38. It is improved in strength and hardness, 
with a loss in ductility, by heat treatment and aging. 

Alloy S.A.E. 306 has good foundry characteristics, good physical 
properties, and a reasonably satisfactory resistance to corrosion. It is 
used to a considerable extent for die castings. 

Alloy S.A.E. 24 is used for all forms of rolled, drawn, and extruded 
products where high strength is required. Its formability immediately 
after quenching is very good. This improved formability can be retained 
for a considerable period of time by storing the material at about 0 F imme¬ 
diately after quenching and forming soon after removal from the cold 
storage. Difficult forming can be accomplished with the material in the 
annealed condition. The formed parts should be heat treated before being 
used. 

Alloy S.A.E. 260 is very similar to S.A.E. 26 and 27 but develops con¬ 
siderably higher strengths. It has been used principally for the produc¬ 
tion of high strength forgings and recently for rolled and extruded products 
of high strength. Its strength is considerably affected by heat treatment 
and aging. 

Alloy S.A.E. 280, because of the readiness with which it can be formed 
when hot, is used in the manufacture of complicated forgings. 

8. Magnesium and Magnesium Alloys.—Magnesium is the third most 
abundant element in the earth’s crust. The raw r materials from which it 
can be obtained commercially are widely distributed and may be con¬ 
sidered inexhaustible. Its outstanding characteristic is its lightness. A 
few properties of pure magnesium are given immediately below: 


Weight per cubic inch in pounds 0.0629 

Melting point in degrees E 1204 

Boiling point in degrees F 2007 

Thermal conductivity in B.T.U. per square foot per degree F 
per hour 1090 


Coefficient of linear expansion in inches per degree F from 


68 to 212 F 0.0000143 


Tensile strength and Brinell hardness 



Tensile 

Brinell 


Srength 

Hardness 

As cast 

13,000 

30 

As extruded 

28,000 

35 

As rolled sheet 

25,000 

40 

As annealed sheet 

25,000 

33 


Modulus of elasticity in pounds per square inch 6,400,000 

Modulus of rigidity in pounds per square inch 2,500,000 

Poisson’s ratio 0.33 



TABLE 15 

Some Properties of Some Aluminum Alloys 
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Aluminum and its alloys are about 1.5 and iron over 4 times as heavy 
as magnesium and its alloys. The range of the melting temperature of the 
magnesium alloys is about the same as that of the aluminum alloys. Mag" 
nesium, like aluminum, has high thermal conductivity and a high coeffi.- 
cient of linear expansion, and its electrical conductivity is relatively high. 

Generally speaking, the endurance limit of the magnesium alloys is a 
higher percentage of the ultimate strength than is that of the aluminum 
alloys. However, the magnesium alloys are more notch sensitive than the 
aluminum alloys, and therefore greater care must be used in the design of 
magnesium alloy castings and forgings. Generous fillets, beaded holes, 
and gradual section changes must be used; pattern numbers should be 
placed on raised, reinforced sections; and sharp corners, tool marks, and 
notches should be avoided. In general, comparable magnesium and 
aluminum alloys are of about the same strength, but the modulus of elas" 
ticity of the aluminum alloys is about 60 per cent higher than that of the 
magnesium alloys. Hence, for the same strength, a part made of an 
aluminum alloy will be much stiffer than the same part made of a magne¬ 
sium alloy. 

Protective coatings may not be required in rural and most industrial 
atmospheres, but paint coatings are recommended to prevent tarnishing 
and roughening of the surface in humid industrial and marine atmospheres. 
Magnesium is resistant to many oils and, unlike aluminum, is resistant to 
most alkalies. Magnesium is not recommended for constant contact with 
water or water solutions. However, protective measures have been de¬ 
veloped to protect the metal against intermittent contact with water. 

For all practical purposes most of the magnesium alloys are free from 
permanent growth, especially at temperatures below 200 F. The tensile 
strength falls off gradually from 200 to 300 F and sharply declines for 
temperatures above 300 F. Most of the magnesium alloys are satisfactory 
with respect to smudging except at elevated temperatures. 

Magnesium and its alloys have excellent machinability. The metal 
can be readily worked by the methods of drawing, pressing, extruding, 
spinning, and forging. In applying these methods, the workability is 
greatly improved and springback eliminated by working the metal at a 
temperature of 450 to 750 F. Gas, arc, and resistance welding can be 
applied as well as bolting and riveting. Forgings have marked directional 
properties. The shrinkage allowance for castings is about inch per foot. 

To improve its strength and its casting and forming characteristics, 
magnesium is generally alloyed with aluminum, zinc, and manganese. 
The alloys are heat treated to improve their ductility or heat treated and 
aged to secure maximum strength and hardness and to minim ize growth. 
The composition of six representative alloys is given in Table 16, which is 
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followed by some general remarks concerning each alloy and a tabulation 
of properties in Table 17. 


TABLE 16 

Composition op Some S.A.E. Magnesium Alloys 

(For properties, see Table 17. First three are casting alloys, and last three are wrought 

alloys.) 

(From S.A.E. 1947 Handbook) 


Other elements total 0.3 max. Magnesium is remainder. 


S.A.E. 

No. 

A1 

Mn 

Min. 

Zn 

Si 

Max. 

Cu 

Max. 

Ni 

Max. 

Fe 

Max. 

Ca 

50 

5.3-6.7 

0.15 

2.5-3.5 

0.3 

0.05 

0.03 



500 

8.3-9.7 

0.10 

1.7-2.3 

0.3 

•0.05 

0.03 



501 

8.3-9.7 

0.10 

0.4^1.0 

0.5 

0.05 

0.03 



51 


1.2 


0.3 

0.05 

0.03 


0.3 

52 

2.5-3.5 

0.2 

0.6-1.4 

0.3 

0.05 

0.005 

0.005 


533 


1.2 


0.3 

0.05 

0.03 


j 0.3 


AUoysS.A.E. 50 and S.A.E. 500 are for sand castings. The former is 
used for most commercial applications, and the latter is used particularly 
where pressure tightness is required. For applications where the tempera¬ 
ture is above 150-200 F, the heat treated and aged condition is used to 
minimize growth. S.A.E. 500 is most commonly used in the heat treated 
and aged condition because of its high strength and hardness. 

Alloy S.A.E. 501 is used for die castings in the aircraft, automobile, and 
other industries. 

Alloy S.A.E. 51 is used for rolled sheet and plate. When forming is 
required, it is used in the annealed temper. It can be readily welded. 

Alloy S.A.E. 52 is an extrusion alloy and is used when a good combina¬ 
tion of physical properties and formability are required. 

Alloy S.A.E. 538 is a forging alloy which is readily welded. It can be 
hammer or press forged. While hammer forgings are normally more eco¬ 
nomical than press forgings, they should be used only for applications 
involving moderate stresses. 

9. Antimony, Lead, Tin, and Zinc.— Antimony is a lustrous, bluish- 
white metal, highly crystalline in structure and exceedingly brittle. It 
expands as it solidifies, the surface acquiring a peculiar fern-like appear¬ 
ance. While one of the minor metals, it serves a very useful purpose in the 
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S.A.E. 500 or AM260 for Sand Castings 
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The modulus of elasticity E and the modulus of rigidity <? may be taken as 6,500,000 and 2,400,000 lbs. per sq. in. respectively. Poisson’s ratio, 0.33. 
* Stress for permanent set of 0.2 per cent, 
f For 500 million cycles in reverse bending. 
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preparation of alloys. It is used in babbitt and the soft metal alloys to 
harden them and to reduce shrinkage. If the proportion is high, it may 
cause the alloy to expand on cooling. 

Lead has a blue-gray color and is the softest and heaviest of the common 
metals. The most common ores are galena, or lead sulphide (PbS) and 
cerusite, or lead carbonate (PbC0 3 ). The softness and specific gravity 
of lead are reduced by its common impurities, antimony, arsenic, zinc, 
and copper. Magnesium has a powerful hardening effect, the addition of 
2 per cent being sufficient to raise the hardness, as measured by the Brinell 
method, from 6 to 20. The best commercial lead should be about 99.5 per 
cent pure. It is very malleable and ductile but non-elastic. Its tensile 
strength is so low as to prevent its being drawn into wire. Lead is a poor 
conductor of heat and electricity. It is dissolved to some extent by soft or 
distilled water and, as all lead solutions are highly poisonous, the use of 
lead pipe to conduct pure water is attended with danger. With river or 
spring water containing carbonates or sulphates, a thin film of insoluble 
salts is soon formed which prevents further action. Because of its power 
to resist the corrosive action of air and many dilute acids, sheet lead is 
used to line tanks and basins and to some extent for flashing, sheathing, 
and roofing. As lead flows readily under pressure, especially in a semi- 
molten state, the method of extrusion is used to form wire, rods, and pipe, 
and to cover cables. Red lead, or lead oxide (Pb 3 04 ), and white lead, or 
lead carbonate (PbC0 3 ), are extensively used in mixing paint. Unalloyed 
lead is not adapted for castings as it shrinks about ^ inch per foot on 
cooling. Lead is used to a considerable extent in solder and the soft alloys. 
Of the lead produced, about 40 per cent is used in red lead and white lead, 
15 per cent in pipe, 7 per cent in sheet lead, 12 per cent in shot, and about 
26 per cent in solder and the soft alloys, or white metals. 

Tin is a white, lustrous metal, extremely malleable and harder, more 
ductile, and somewhat stronger than lead. It is a poor conductor of heat 
and electricity. It melts at 442 F and a temperature of over 1200 F is 
required to volatilize it. Too high or too low a pouring temperature 
makes castings of tin brittle and affects the color. The best grades are 99.9 
per cent pure; the poorer grades may contain 1 to 5 per cent of impurities, 
chiefly lead, antimony, and copper. Iron, copper, or lead makes tin harder 
and more brittle. It is not affected by dry or moist air, by animal or vege¬ 
table acids, by alkalies, or by weak inorganic acids, and it is therefore used 
to plate thin sheets of iron and soft steel for roofing and for the manufacture 
of cans and “tin-ware.” As tin is rather expensive, it is usually alloyed 
with lead for making foil. It is used to some extent for pipes and is also 
used in the production of bronzes and the soft alloys. 

Zinc is a bluish-white metal and, next to iron, is the cheapest of all 
metals. Zinc may contain, as impurities, iron, lead, copper, arsenic, sul- 
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phur, and cadmium. Iron and cadmium harden the material and make it 
brittle. Good zinc should not contain more than 0.05 per cent of iron and 
1.5 per cent of lead. Zinc is not malleable at ordinary temperatures; it is 
rolled into sheets at about 240 F, as it is much less malleable at either a 
higher or lower temperature. At 400 F it may be granulated or powdered. 
Zinc is inflammable and burns with a bluish-white flame. It is the most 
electronegative of the common metals and is used to protect other metals 
from galvanic corrosion. Unlike tin, it is soon destroyed by acids and 
alkalies. It is only slightly affected by air, and as a protective coating for 
iron it is preferred to tin. On exposure to air and water, it becomes coated 
with a thin film of insoluble carbonate which protects it from further 
oxidation. Articles to be zinc coated, or galvanized, are first pickled in 
dilute acid, washed and dried, and then dipped in molten zinc, which is 
covered by a layer of salammoniac as a flux. Galvanized iron is rapidly 
attacked by sea air and by sulphurous vapors that may be in the atmos¬ 
phere. Zinc contracts little on solidifying and therefore casts well. It is 
used for ornamental castings, which are usually coated with brass or bronze 
by electro-deposition. Zinc white, or oxide of zinc, is much used as a base 
for oil paints. It is preferred to white lead as it is not poisonous and does 
not yellow with age. As a metal, about 11 per cent is used as sheet zinc, 
about 60 per cent for galvanizing, about 20 per cent in maldng brass, and 
about 9 per cent in the soft alloys and for other purposes. 


TABLE 18 


Ultimate tension strength, cast, Ut ... 
Ultimate tension strength, rolled, ut.. 
Ultimate tension strength, soft wire, ut 
Ultimate tension strength, hard 

wire, ut . 

Modulus of elasticity, cast, E . 

Modulus of elasticity, rolled, E . 

Modulus of rigidity, G . 

Per cent elong. in 2 inches, cast. 

Rrinellhardness (500kg. 10mm. ball). 


Lead 

Tin 

Zinc 

1750 

4000 

5000 

1750 

5000 

24,000 

2400 



3100 

10,000 


2,100,000 

4,000,000 

11,000,000 

2,450,000 

5,700,000 

7,800,000 

12,000,000 

780,000 

2,400,000 

5,000,000 


35 

15 to 35 

4.2 

14 

39 


10. Copper.—Copper is the only red metal and, when pure, is remarkable 
for its extreme toughness, malleability, and ductility. It is an excellent 
conductor of heat and electricity. It is found in the native state and as 
ore in the form of copper sulphide and copper-iron sulphide, being reduced 
from the sulphide ores by roasting, smelting, converting, and refining. 
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The native copper is concentrated from its ores and refined. If very pure 
copper is desired, as for electric conductors, the refining is done by the 
electrolytic process. Copper is marketed as “pigs” of about 50 pounds 
for melting and making alloys, as slabs for rolling into sheets, and as ingots 
for wire and tube drawing. Commercial copper is required to be 99.50 to 
99.88 per cent pure. 

The impurities present in ordinary copper are arsenic, antimony, bis¬ 
muth, lead, nickel, tin, and oxygen in the form of cuprous oxide. For 
most purposes, impurities, if present in small quantities, appear to have a 
beneficial effect rather than otherwise. This is not true if the metal is to 
be used for electrical purposes, as the electrical conductivity is greatly 
reduced by the impurities, even though small in amount. Arsenic hardens 
copper and increases its tensile strength and may run from 0.20 to 0.30 per 
cent with advantage. Antimony has practically the same effect as arsenic, 
but no more than a trace is ever present in the best grades of copper. Bis¬ 
muth is exceedingly detrimental, about 0.05 per cent making the copper so 
brittle as to be quite unworkable, hot or cold. Lead is also detrimental. 
An excessive amount of cuprous oxide will produce extreme brittleness, but, 
if it is entirely removed, the metal is left dry and brittle. 

Of the engineering metals, copper is next in importance to iron. Almost 
one-half of the copper produced is used for electrical purposes, over one- 
quarter in brass mills, about one-fifth in copper-alloy castings, and about 
6 per cent in rolled copper products and sheets. It is used for electrical 
purposes because its electrical conductivity is very high, being only 
slightly less than that of silver. Because of its high resistance to corrosion 
it is used for stills, vats, pans, pipes, condenser tubes, and for roofing and 
sheathing. It remains unaltered on exposure to air free from carbon dioxide 
or other acid vapors. When such vapors are present, the surface of the 
metal becomes coated with basic salts of a beautiful green color which ren¬ 
der the metal almost indestructible. The application of copper in the pro¬ 
duction of the useful alloys is of great engineering importance. 

Copper can be forged at red heat, but the only practical way of welding 
copper is by the fusion-welding processes. It rapidly loses strength at 
moderate temperatures and is therefore not suitable for use with high- 
pressure steam. Castings of copper are very likely to be blown and to 
contain cavities unless a flux is added to the molten metal to reduce the 
cuprous oxide that may be present. Cold rolling increases the tensile 
strength but makes copper more brittle and springy. The allowance for 
the shrinkage of castings is inch per foot. Copper is annealed by 
heating to a red heat and quenching in water or allowing it to cool in air. 
It should not be heated in a reducing atmosphere as the metal may be 
“burnt” and rendered very brittle. Prolonged heating at high tempera¬ 
tures will also cause brittleness. 
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The properties of copper exhibit great variability under heat and 
mechanical treatment. This is quite evident upon contrasting the prop¬ 
erties of cast, rolled, and drawn copper given in Table 19. 

TABLE 19 


Mechanical Properties of Copper 



In Thousands of Lbs. per Sq. In. 




Ultimate 

Tension 

Strength 

u t 

Elastic 

Limit 

Vt 

Endur¬ 

ance 

Limit, 

Reversed 

Bending 

Sr 

Modulus 

Elas¬ 

ticity 

E * 

Min. Per 
Cent Elon¬ 
gation 

Brinell 

Hardness 

Number 

Cast. 

25.0 

10.0 


15,350 

20 in 2" 

80 

Rolled sheet, annealed.. 







0.005 in. thick. 

37.0 max. 



14,950 

20 in 2" 


0.032 in. thick. 

36.0 max. 

.... 


14,950 

25 in 2" 


Rolled sheet, hard. 







0.072 to 0.375 in. thick 

40.0 max. 




8 in 2" 


over 0.375 in. thick_ 

37.5 max. 




15 in 2" 


Cold drawn rod, annealed 







f in. dia. 

Cold drawn rod, hard 

32.4 

8.5 

10 

14,950 


47 

J in. dia.. 

56.2 

38.4 

10 

17,250 


104 

Soft or annealed wire.... 







0.460 in. dia. 

36.0 max. 



14,950 

35 in 10" 


0.204 in. dia. 

37.0 max. 

1 .'. ” 


14,950 

30 in 10" 

.... 

0.081 in. dia. 

38.5 max. 

i 

* 


14,950 

25 in 10" 

.... 

Hard drawn wire 







0.460 in. dia. 

49.0 max. 



17,250 

3.75 in 10" 


0.204 in. dia. 

60.1 max. 



17,250 

1.24 in 60" 


0.128 in. dia. 

63.7 max. 



17,250 

1.06 in 60" 


0.081 in. dia. 

65.7 max. 



17,250 

0.95 in 60" 


0.040 in. dia. 

67.0 max. 



17,250 

0.85 in 60" 



* Modulus of Rigidity = (? - 0.3752?. 


11. Nickel.—In appearance, nickel resembles silver and takes a high 
polish. It is more malleable and almost as hard as soft steel and somewhat 
stronger and almost as ductile when rolled and annealed. By completely 
excluding the air from the contact surfaces it can be welded to itself, also 
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to iron, and to certain alloys. It can be forged, rolled into very thin 
sheets (0.0008 in. thick) and drawn into very fine wire (0.0004 in. dia). 
It is difficult to cast because of the gases evolved in cooling. The forma¬ 
tion of these gases can be prevented to a considerable extent and the 
ductility of the metal increased by the addition of a very small quantity of 
magnesium. About J inch per foot is allowed for the shrinkage of castings. 
Nickel is magnetic, like iron. It does not tarnish in dry air at ordinary 
temperatures and is acted upon very slightly by cold hydrochloric or sul¬ 
phuric acid, but is readily dissolved by nitric acid and aqua regia. 

Nickel is used chiefly in alloy steels and non-ferrous alloys. It is also 
used for coins, plating, and resistance vires. Commercial nickel is impure, 
and some of its valuable properties are seriously affected by mere traces of 
some of the impurities. The most harmful impurities are arsenic, sulphur, 
oxide of nickel, and chlorine. So long as oxides are not present, carbon 
does not seem to affect its good qualities. Its tenacity and malleability are 
decreased by the absorption of its own monoxide. Iron makes nickel 
harder, while magnesium makes it more ductile. Nickel retains its strength 
up to 800 F, and its strength and impact resistance increase as the tem¬ 
perature is lowered to —300 F. 

Nickel clad steel consists of mild steel plate with 10 to 20 per cent 
nickel bonded to one side. The bond is permanent under pressure, vacuum, 
temperature change, deformation, and forming. Nickel clad steel is used 
for corrosion resisting tanks and pressure vessels. 

12. Brass.—Brass is an alloy of copper and zinc. Two classes are 
usually recognized: simple brasses and complex brasses. The simple 
brasses contain copper and zinc, the usual impurities of commercial copper 
and zinc, and impurities such as iron, from the iron stirring tools incident 
to the founding of the alloy. A complex brass is one in which some of the 
zinc of a simple brass has been replaced by an added metal. The added 
metal may correspond to one of the impurities already present or may be 
a metal almost never present in commercial copper or zinc, such as alumi¬ 
num. 

Commercial copper may carry, as impurities, bismuth, antimony, 
arsenic, copper, lead, and cadmium. With good materials these impuri¬ 
ties occur as mere traces and in such small amounts as to have little effect 
upon the properties of the resulting brasses. Bismuth, which may be 
present from the copper, is the most harmful. It produces hot shortness 
and causes fire cracks which are developed on rolling. Brasses which are 
to be mechanically worked should contain less than 0.10 per cent. Anti¬ 
mony is the next most objectionable impurity, with sulphur next. Anti¬ 
mony hardens brass, lowers its ductility, makes it cold short, and causes it 
to crack on being rolled. To be on the safe side, no more than 0.005 per 
cent should be present. Only a trace of sulphur is present in good copper 
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TABLE 20 

Mechanical Properties of Nickel 

In Thousands of Lbs. 
per Square Inch 


Per Cent 



Ultimate 

Yield 

Endurance 

Limit, 

Elon¬ 

gation 

Brinell 

Hardness 

Cast.'. 

Hot rolled. 

Tension 

Strength 

u t 

50 

71 

Point in 
Tension 

{y c = yi) 

Vt 

20 

24 

Repeated 

Reversed 

Bending 

s r 

33 

in 2 
Inches 

25 

44.5 

107 

Cold drawn and stress 

relief annealed. 

87 

62 


33 

177 

Cold drawn and annealed 

3 hrs. at 1350 F. 

73 

27 


46 

109 

Cold drawn rods 

Dead soft. 

70 

22 

30 

50 

56- 

Soft. 

71 

27 


48 . 

56-64 

Skin hard. 

75 

35 


45 

65-70 

i hard. 

80 

45 


40 

71-79 

\ hard. 

83 

57 


36 

80-85 

\ hard. 

90 

66 


30 

86-91 

Hard. 

95 

75 


26 

92-95 

Full hard. 

100 

83 

50 

23 

over 95 


Modulus of Elasticity E — 28,900,000 lbs. per sq. in.; 
Modulus of Rigidity G — 11,100,000 lbs. per sq. in. 


and zinc, and its presence in objectionable quantities can be due only to 
the use of poor materials, or of scrap materials containing sulphur, such as 
old boiler or condenser tubes. The remaining impurities—arsenic, tin, 
cadmium, iron, and lead—are generally present in such small quantities as 
to have little or no effect on the properties of the brasses. The quantity 
of iron or of lead present is sometimes increased to produce a complex 
brass of improved properties. Of the metals not carried as impurities, it is 
found desirable to add aluminum or manganese. 

Commercial brasses range from 95 per cent copper and 5 per cent zinc 
to about 40 per cent copper and 60 per cent zinc. The most important are 
those containing 70 per cent to 50 per cent copper. A brass containing 
less than 40 per cent copper is so lacking in strength and ductility as to be 
of little value. The commercial brasses can be cast or wrought. Resis¬ 
tance to corrosion, with considerable strength and ductility, recommends 
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them for a variety of uses. They are cheaper than the bronzes and for 
many purposes just as good. They are poor conductors of electricity, a 
brass of 70 per cent copper having a conductivity of about 0.20 that of pure 
copper. Brasses containing over 65 per cent copper may be worked cold 
into sheets, tubes, and shapes. Brasses containing 55 to 65 per cent 
copper are so lacking in ductility and malleability that they cannot 
be worked, hot or cold. As these brasses cast well they are used for 
castings where great resistance to shock is not required and where they 
will not be subjected to high temperatures. 

The best-wearing bearing brasses are those of highest ductility, the 
wearing qualities increasing with the tensile strength and fineness of 
structure for any given ductility. Brass is cheaper and is therefore used 
instead of bronze, especially for light and medium service. For best wear, 
only enough lead to secure good machining qualities should be used in a 
bearing brass. 

The physical properties and structure of a brass are affected by the 
methods of founding and by the subsequent heat or mechanical treatment 
applied. The ductility and ultimate strength of castings are increased by 
pouring at as low a temperature as is consistent with proper fluidity. 
Green-sand molds are used for common castings and dried molds for more 
particular castings. Annealing greatly reduces the liability of castings to 
develop cracks, and annealing is necessary at certain stages in the rolling, 
drawing, or spinning of the cold working brasses. The properties of the hot 
forgeable brasses vary considerably with the working and annealing 
temperatures used and the amount of the mechanical working which may 
be done cold. Mechanical working decreases the ductility, raises the yield 
point, and increases the strength and hardness of the commercial brasses. 

Some properties of a few simple and complex brasses are given below in 
Table 21. The composition and properties of brasses for castings and for 
spring wire, as specified by the Society of Automotive Engineers (S.A.E.), 
are given in Table 22. In addition to the specifications given in the table, 
there are the following S.A.E. Specifications of brass for wire, rods, tubing, 
and sheets: 

S.A.E. 82, Brass Wire, Soft Annealed 
S.A.E. 72, Free Cutting Brass Rod 
S.A.E. 73, Naval Brass (Tobin Bronze) Rod 
S.A.E. 88, Brass Rod (readily forged while hot) 

S.A.E. 74, Annealed Seamless Brass Tubing 
S.A.E. 76, Naval Brass (Tobin Bronze) Tubing 
S.A.E. 70, Commercial Brass Sheet 
S.A.E. 79, Red Brass Sheet 
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TABLE 21 

Some Properties of a Few Brasses 
(Circular No. 101, U. S. Bureau of Standards) 


In Thousands of 



Lbs. per Sq. In. 

Per Cent 





Elon- 

Brinell 


Ultimate 


gation 

Hardness 


Tension 

Aield 

in 2 

Number 


Strength 

Point 

Inches 



u t 

Vt 



Low Brass: Cu 80, Zn 20 





Cast, sand. 

35 


31 


Rolled, hard. 

75 


5 

75 

Rolled, soft. 

42 


50 

46 

Common Brass: Cu 70, Zn 30 





Cast, sand. 

37.4 

14.6 

58 

57 

Forged, annealed. 

48.2 

17.9 

68 

65 

Common Brass: Cu 66, Zn 34 





Rolled, hard. 

60 


5 

75 

Rolled, soft. 

48 


50 

45 

*Muntz Metal (Yellow Brass): Cu 60, Zn 40 





Cast, sand. 

45.8 

21.8 

15 


Rolled, hard. 

70.0 

45.0 

30 


Complex Brass, with Aluminum: Cu 69.79, 





Zn 26.67, A1 3.54 





Cast. 

65.6 

30.45 

26 

104 

Forged. 

83.0 

52.40 

34 

143 

Complex Brass, with Iron: Cu 59.12, Zn 





38.36, and Fe 2.52 





Cast. 

59.3 

22.4 

49.7 

92 

Forged. 

63.4 

35.4 

54.6 

110 

* Corresponding test values of moduli, E = 13,100,000, G — 

4,820,000. 




Carnegie Steel Co., Pocketbook, 1913, E * 14,000,000 annealed brass. 

Landolt-Bornstein, Phys.-Chem' Tabellen, Berlin, 1912, E — 11,400,000-14,200,000 cast brass. 
Proc. Inst. Mech. Eng., 1912, p. 1155, E ~ 13,700,000 cast brass. 

Smithsonian Physical Tables, 1918, E =* 13,350,000 drawn brass. 


13. Bronze.—The alloys known as bronzes are next in importance to 
the brasses. The bronzes may be roughly divided into three classes: 
the simple bronzes composed of copper and tin with incidental impurities, 
the complex bronzes where some of the tin of the simple bronzes is dis¬ 
placed by an added element, and those so-called bronzes where such metals 
as aluminum and nickel are substituted for the tin. 

In general, the commercial bronzes can be cast into shape, drawn into 
wire, and rolled into rods and sheets. They are used for very much the 
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TABLE 22 

Composition and Properties of Brasses for Castings and for Spring Wire 


(Specifications of Society of Automotive Engineers) 


In the tabulation below, Pb 0.50- means a maxi- 

In Thousands of 
Lbs. per Sq. In. 

Min. per 

mum of 0.50 per cent of lead; Imp. 0.50- means a 
maximum of 0.50 per cent of impurities, and Zn 
Rem. means remainder of zinc. Approximate 
values in the second, third, and fourth columns are 
written with a as a subscript. 

Min. 

Ultimate 

Tension 

Strength 

u t 

Min. 

Yield 

Point 

Vt 

Cent Elon¬ 
gation 
in 2 
Inches 

S.A.E. 40, Red Brass. Free cutting and good cast¬ 
ing and finishing properties. Cu 83-86; Zn, Pb, 
and Sn 4.5-S.5. 

27 

12 

16 

S.A.E. 41, Yellow Brass for Castings. For cheap¬ 
ness and machinability. Cu 62-65, Zn 31-36, 
Pb 2-4, and Sn 1.0-. 

25 

12 

20 

S.A.E. 42, White Brass for Castings. For fittings 
with white metallic finish. Cu 55-64, Zn 18-27, 
and Ni 18. 

30 


20 

S.A.E. 43, Manganese Bronze (Brass). For strong, 
tough castings. Cu53-62,Zn 38-47, and Pb 0.15- 

60 

30 

15 

S.A.E. 44, Cast Brass to be Brazed. Melts at 
1830 F-1870 F. Cu 83-86, Zn 14-17, Pb 0.50-, 
and Fe 0.15-. 

36 a 


42 a 

S.A.E. 80, Brass Spring Wire. (Must stand bend¬ 
ing 180° around bar of same diameter as wire 
without breaking.) 

Grade A: Cu 70-74, Pb 0.10-, Fe 0.06-, and Zn 
Rem. 

100 



Grade B: Cu 64^68, Pb 0.10-, Fe 0.07-, and Zn 
Rem. 

100 




For approximate values of the moduli of elasticity and rigidity, consult the values given below 
Table 21. 


same purposes as the brasses. They resist corrosion even better than the 
brasses, but are more expensive. The structure may be due to mixing the 
constituents in incorrect proportions or to pouring too rapidly or at too 
high a temperature. Tin in excess, or any deoxidizing agent in excess, will 
cause coarseness of structure. As with the brasses, the structure may be 
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refined by proper heat treatment and mechanical working. In general, 
cold working will refine the structure, decrease the ductility, and raise the 
ultimate strength and yield point. Quenching has little effect on the 
strength and ductility of the simple bronzes containing over 92 per cent of 
copper; it has a decided effect on bronzes containing less than 92 per cent 
of copper for quenching temperatures above 930 F. For any simple bronze, 
the quenching temperature for maximum strength is about 1110 F, and the 
quenching temperature for maximum ductility is 1470 F for 91 per cent 
copper and is lower as the percentage of copper is reduced. 

The important simple bronzes contain either over 80 per cent of copper 
or about 65 per cent or less of copper. These latter alloys, called speculum 
metals, are very deficient in strength and ductility. They are used for 
metal mirrors. Only the simple bronzes containing 80 per cent or more of 
copper possess sufficient strength and ductility to make them of engi¬ 
neering importance. 

The complex bronzes are more widely used in engineering than the simple 
bronzes but have not been as thoroughly investigated. Compositions that 
have been used for various purposes vary widely and few data concerning 
their properties are available. 

One great difficulty in the casting and working of bronzes is the ten¬ 
dency of the alloy to retain oxide. This very seriously interferes with the 
useful properties of the alloy. To overcome this difficulty a reducing 
substance, such as phosphorus, silicon, manganese, zinc, aluminum, or 
arsenic, is added to the alloy. All these agents promote soundness and 
homogeneity. Hence, zinc is frequently added in small amounts for the 
production of bronze castings for machine parts. Phosphorus has a 
remarkable effect upon the properties of bronzes. It acts mainly as a 
deoxidizing agent and is added in the form of phosphor-copper or phosphor- 
tin, with usually not more than 0.10 per cent retained in the alloy, although 
for hardness it may run as high as 1.0 per cent. Four per cent renders the 
alloy useless. The use of phosphorus increases the tensile strength and 
enormously raises the yield point, thereby greatly increasing the ability of 
the alloy to resist shock and repeated stress. Phosphor-bronze is noted 
for its fluidity, fineness of structure, strength, and durability. For wire, 
shapes, sheets, and strong castings it usually contains 80 per cent or more' 
of copper. Silicon, manganese, and aluminum act in very much the 
same way as phosphorus. Silicon bronze is a much better conductor of 
heat and electricity than either phosphor or manganese bronze. 

For bronze bearing metals, lead is generally added; it increases plas¬ 
ticity and decreases wear. Where considerable lead is added, say over 
15 per cent, the casting should be rapidly cooled to prevent segregation. 
A small amount of nickel up to 1.0 per cent, is very beneficial. For 30 per 
cent lead the wearing qualities are better and the friction less than for less 
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TABLE 23 

Some Properties of a Few Bronzes 
(Circular No. 101, U. S. Bureau of Standards) 



In Thousands of Pounds 
per Square Inch 

Per Cent 



Ultimate 

Tension 

Strength 

U t 

Limit of 
Propor¬ 
tionality 
in Ten¬ 
sion 

Modulus 

of 

Elasticity 

E 

Elon¬ 
gation 
in 2 
Inches 

Brinell 

Hardness 

Number 

Gun Bronze or Bell Metal 1 Cast.. 
Cu 90, Sn 10 

Phosphor-bronze, Cast. 

Cu 89, Sn 10.5, P 0.5 

33 

31-35 

10.3 

15,070 

10 

10-6 

72-77 

Aluminum Bronza^ Oast. 

74 

19.8 


19.5 

100 

Cu 90, A1 10 Quenched... 

105 

40.5 


1.0 

262 

Heat treated 

91-97 

39-56 


14-5.5 

140-158 

Aluminum Bronze, Cast. 

Cu 90.4, A18.9, Sn 0.4, Fe 0.2, 
Pb 0.1 

61.9 

12.7 

17,500 

27 


Aluminum-iron Bronze, 3 Cast.. 
Cu 87, A1 9.8, Fe 3.14 

74.8 



21 


Iron-aluminum Bronze, Cast_ 

Cu 89.01, Fe 7.23, A1 3.76 

78.3 

20 

15,250 

28 

207 

Lead-tin-nickel Bronze, Cast... 
Cu 62.5. Pb 31.9, Sn 4.6, Ni 0.9, 
Fe 0.03 

19.2 

4.7 

8000 

9.7 

40 

Lead-tin-zine Bronze, Cast. 

Cu 81, Pb 9, Sn 7, Zn 3 

Nickel Bronze (Constantan) 4 

30-35 

19-20 


18-15 

50-55 

Cu 55, Ni 45, Hot rolled rod.... 

65-85 


23,600 

40-25 


Annealed wire... 

60-65 




Hard drawn wire. 

110-140 





Nickel-aluminum Bronze, Forged 
Cu82.1, Ni 14.6, A12.5, Zn 0.7. 

128 

68.4 

21,150 

10 ' * 


Tin-nickel-zinc Bronze, Cast_ 

Cu 88, Sn 5, Ni 5, Zn 2 

40.7 

13 

17,300 

31.8 


Tin-Nickel-zinc Bronze, Cast_ 

Cu 89, Sn 4, Ni 4, Zn 3 

39.7 

11.5 

14,900 

31.2 


Tin-zinc Bronze, Cast, sand. 

Cu 80, Sn 10, Zn 10 

31.4 

16 


13.6 

63 

Cast, chilled. 

35.0 

20 


4.5 

30.5 

85 

58 

Tin-zinc Bronze, 5 Cast. 

Cu 88, Sn 8. Zn 4 

39.2 

11 


Tin-zinc-lead Bronze, Cast. 

Cu 90, Sn 6.5, Zn 2, Pb 1.5 

34-40 

18-22 


33-25 

50-60 

Tin-zinc-lead Bronze, Cast. 

Cu 85, Sn 5, Zn 5, Pb 5 

27-33 

15-19 


20-16 

50-63 


1 Modulus of rigidity, G = 5,770,000 lbs. per sq. in. 

2 High fatigue resistance. 

3 Highly resistant to corrosion. 

4 Modulus of rigidity, G - 8,820,000 lbs. per sq. in. 
6 Average of 26 tests. 










































BRONZE 


305 


TABLE 24 

Composition and Properties of Bronzes for Castings and for Spring Wire 


(Specifications of Society of Automotive Engineers) 


In the tabulation below, Pb 0.50- means maximum of 0.50 per cent 
of lead and Imp. 0.50- means a maximum of 0.50 per cent of impurities 

In Thousands of 
Lbs. per Sq. In. 

Min. per 
Cent 
Elon¬ 
gation in 2 
Inches 

Min. 

Ultimate 

Tension 

Strength 

ut 

Min. 

Yield 

Point 

Vt 

S.A.E. 62, Hard Cast Bronze. Strong, general utility bronze for severe 
working conditions where heavy pressures obtain as in gears and 

30 

15 

14 

Cu 86-89, Sn 9-11, Pb 0.20-, Fe 0.06-, Zn 1-3 

S.A.E. 63, Leaded Gun Metal, general utility bronze with fair machin¬ 
ing qualities. Especially good for bushings subjected to severe 
working conditions. 

30 

12 

10 

Cu 86-89^ 9-11, P 0.25-, Pb 1.0-2.5, Zn and Imp. 0.50- 

S.A.E. 64, Phosphor-bronze. Excellent anti-friction properties; 
stands up well under heavy loads and severe usage. 

25 

12 

8 

Cu 78.5-81.5, Sn 9-11, Pb 9-11, P 0.05-0.25, Zn 0.75- * 

S.A.E. 65, Phosphor Gear Bronze. Very hard bronze suitable for 
gears and worm wheels... 

35 

20 

10 

Cu 88-90, Sn 10-12, P 0.10- 0.30, Pb and Zn and Imp. 0.50- 

S.A.E. 66, Bronze Backing for Lined Bearings. Inexpensive but suita¬ 
ble alloy for bronze-backed bearings... 

25 

12 

8 

Cu 83-86, Sn 4.5-6.0, Pb 8-10, Zn 2.0-, Imp. 0.25- 

S.A.E. 67, Semi-plastic Bronze. Soft bronze with good anti-friction 
properties.. 

20 


10 

Cu 76.5-79.5, Sn 5-7, Pb 14.5-17.5, Zn 4.0-, Fe 0.40-, Sb 0.40-, 
A1 None, Imp. 1.0- 

S.A.E. 68, Cast Aluminum Bronze. Corrosion resistant bronze of 
great strength with hardness of manganese bronze (brass) and good 
anti-friction qualities under certain conditions. It is used for gears, 
worm wheels, and similar parts. 

Grade A: Cu 87-89, A1 7-9, Fe 2.5-4.0, Sn 0.5-, Imp. 1.0. As Cast... 

Grade B: Cu 89.5-90.5, A19.5-10.5, Fe 1.0-, Sn0.2-, Imp. 0.5. As Cast 
Heat treated, quench, and drawn. 

65 

65 

80 

25 

25 

50 

20 

15 

4 


S.A.E. 81, Phosphor-bronze Wire. 

Giamfitftr nf Wire, 0.0000—0.0625 in. 

130 

120 

110 

100 



0.0625-0.1250 in. 

0.1250-0.2500 in. 

0.2500-0.3750 in. 

Sn 4-6 P 0.03-0.40, Zn 0.20-, Fe 0.10-, Pb 0.10-, Cu Hem. 

1 


For approximate values of the moduli of elasticity and rigidity, consult Table 23 and the notes belo\y 
the table. 
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lead, provided the excess lead is uniformly distributed in a finely divided 
state throughout the alloy. Where lead is used, zinc or arsenic should not 
be added, as either tends to increase the amount of wear. 

There are quite a few so-called bronzes in which another metal has been 
substituted for tin, those of greatest engineering importance being produced 
by the use of aluminum and nickel. The German silvers are, in the main, 
alloys of copper, zinc, and nickel. They are sometimes called white 
brasses and classed as complex brasses. The principal alloy of copper and 
nickel, called Monel metal, is treated later under that head. Benedict 
nickel is an alloy of 85 per cent copper and about 15 per cent nickel and is 
suitable for distiller and feed water heater tubes. Constantan, 50 to 60 
per cent copper and 50 to 40 per cent nickel, has a very low temperature 
coefficient of electrical conductivity and is used for electrical resistance 
purposes. 

Aluminum bronze is a very important alloy and is very much used in 
the automobile industry. It is used for gears and worm wheels and other 
machine parts. Because of its high resistance to corrosion, it is used for 
propellers. As the aluminum content is increased the tensile strength 
rises, reaching a maximum for about 10 per cent of aluminum. Beyond 
8 to 9 per cent, the ductility decreases rapidly. The hardness increases 
with the aluminum content, also with mechanical working. The alloy is 
rolled and worked at full redness, cold working producing brittleness. The 
loss of strength with rise of temperature is at first slow and then very rapid. 
This alloy should not be used at a temperature above 660 F. It is a good 
anti-friction alloy and resists shock and repeated stress about as well as 
a 0.40 per cent carbon steel. The addition of a small amount of iron results 
in an improvement, and it is claimed that by the addition of silicon the 
strongest alloy known can be produced. 

Some properties of a few simple and complex bronzes are given in 
Table 23. The composition and properties of bronzes for castings and 
for spring wire, as specified by the Society of Automotive Engineers 
(S.A.E.), are given in Table 24. In addition to the specifications given in 
the table, there are the following: 

S.A.E. 701, Wrought Aluminum Bronze; 

S.A.E. 77, Phosphor-bronze Strip. 

14. Monel Metal.—Monel metal is a natural alloy refined from Cana¬ 
dian copper-nickel ores. The nominal compositions of rolled and cast 
Monel metal are given in Table 25. 

Monel metal is silver white, takes a high polish, and is satisfactorily 
machinable. It has a higher strength than mild steel and greater ductility 
than steel of equal strength. It can be cast, forged, rolled, and drawn, 
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TABLE 25 



Ni 

Cu 

Fe 

i 

Mn 

Si 

C 

Rolled Monel. 

67 

30 

1.4 

1.0 

0.1 

0.15 

Cast Products 







Monel. 

67 

29.0 

1.5 

0.9 

1.25 

0.3 

“H” Monel *. 

65 

29.5 

1.5 

0.9 

3.00 

0.1 

“S” Monel *. 

: 

63 

30.0 

2.0 

0.9 

4.00 

0.1 


* Trade marks of the International Nickel Company, Inc. 


and it can be brazed, soldered, and fusion welded. Casting shrinkage is 
about 0.25 inch per foot. Monel metal has about 0.20 the heat and 0.05 
the electric conductivity of copper, and it has a relatively low coefficient of 
expansion. At 800 F it has about 82 per cent and at 1000 F about 65 per 
cent of its strength at room temperatures. It can be said to maintain its 
strength and creep resistance up to a temperature of 800 F. 

Monel metal is highly resistant to the action of air, water, steam, foods, 
organic acids, and saline and caustic solutions. For this reason it is used 
for vats, tanks, sinks, roofing, valve seats, turbine blades, pump rods, ship 
propellers, and other parts exposed to corrosive action. Monel metal is 
corroded by highly oxidizing acids such as nitric or nitrous and is limited 
in usefulness with sulphurous acid except with cold dilute solutions. 
Ferric, stannic, and mercuric salts in acid solutions, sulphur bearing gases 
above 700 F, and molten tin, lead, zinc, and aluminum are strongly corro¬ 
sive. 

Monel metal costs about ten times as much as steel. Some properties 
of Monel metal are given in Table 26. 

Inconel is a nickel-chromium-iron alloy (Ni 79.5, Cr 13, Fe 6.5) origi¬ 
nally developed to resist corrosion and tarnishing by foods, fruit juices, 
and dairy products. It is highly resistant to many strongly oxidizing acid 
solutions. 

15. Soft Alloys, or White Metals.—Tin alloys with lead in all propor¬ 
tions. In general, the higher the proportion of tin, the harder the alloy. 
Pewter contains about 80 per cent tin and 20 per cent lead. The soft 
solders used by tinners and plumbers are alloys of tin and lead. 

Neither tin nor lead alloys well with zinc, and such alloys are not 
found commercially useful. Either tin or lead alloys readily with anti¬ 
mony. The alloys of tin and antimony are of no commercial importance. 

The alloys of lead and antimony are used to some extent in bearings. 
Such alloys are cheap and the best contain 8 to 12 per cent antimony. 
Type metal usually contains about 80 per cent lead and 20 per cent anti¬ 
mony. A small quantity of bismuth is sometimes added to lower the 
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TABLE 26 

Properties of Monel Metal 



In Thousands of Pounds 
per Square Inch 

Per Cent 
Elon¬ 
gation 
in 2 
Inches 

Izod 

Impact 

Value 

Ft.-lbs. 

Brinell 

Hard¬ 

ness 

Number 

Tensile 

Strength 

Yield 

Strength 

Propor¬ 

tional 

Elastic 

Limit 

Castings, Monel. 

65-80 

32.5-40 


45-25 

80-65 

125-150 

“H” Monel . 

70-90 

45-65 


20-10 

45-35 

175-250 

“S” Monel. 

90-115 

70-90 


3-1 

5-1 

275-350 

Rod and Bar 







Cold drawn. 

80-125 

60-95 

45-74 

35-15 

115-75 

160-220 

Cold drawn, annealed. 

70-85 

30-40 

20-30 

50-35 

120-90 

120-160 

Hot rolled. 

80-95 

40-65 

25-40 ; 

45-30 

120-100 

130-170 

Forged. 

80-110 

40-85 

25-65 

40-20 

115-75 

130-220 

Wire, Cold Drawn 







Cold drawn, annealed 

70-85 

30-40 

20-30 

50-35 



No. 1 Temper. 

95-110 

65-85 


10-5 

< 


Regular . 

110-140 



8-4 



Spring. 

140-170 



10-2 










Plate, Hot Rolled 







As rolled. 

80-110 

40-90 


45-20 


150-220 

Annealed. 

70-85 

30-45 


50-30 


120-160 








Sheet and Strip 







Cold rolled sheet and plate 

65-80 

25-35 

20-30 

40-20 


100-116 

Special cold rolled 







Annealed. 

65-80 

25-35 

20-30 

40-20 


100-116 

Full-hard sheet. 

100-120 

90-110 


8-2 


230 min. 

Full-hard strip. 

110-130 

90-115 


15-2 


230 min. 

Tubing, Cold Drawn 







As drawn. 

90-105 

60-75 


20-10 



Annealed. 

65-85 

25-35 

20-30 

35-20 











Modulus of Elasticity, E = 26,000,000, lbs. per sq. in.; 

Modulus of Rigidity, G = 9,500,000 lbs. per sq. in.; 

Yield point in shear, hot rolled, = 25,000-40,000 lbs. per sq. in.; 

Endurance limit in repeated reversed bending, annealed, = 37,000 lbs. per sq. in.; 
Monel metal has a higher endurance limit in corrosion fatigue than steel. 
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melting point End to increase the expansion of the alloy on solidification. 
The fusible alloys are combinations of lead, antimony, and bismuth. 

The ternary alloys of lead, tin, and antimony, often called babbitts, 
are better for bearings than the binary alloys of lead and antimony. 
The antimony increases the compressive strength of the tin and the lead. 
For compressive strength without brittleness, the tin and antimony should 
each exceed 10 per cent, but the tin need not, and the antimony should not, 
exceed 20 per cent. 

The babbitts are alloys of tin, copper, and antimony, and the alloys 
of lead, tin, and antimony, with zinc or copper added, are quite generally 

TABLE 27 

Uses and Dbsieed Composition of S.A.E. Babbitts 


(90+ means min. of 90 per cent and 0.35- means max. of 0.35 per cent) 



Sn 

Cu 

Sb 

Pb 

Ee 

As 

Bi 

S.A.E. No. 10, Babbitt_ 

Very fluid. Suitable for 
bronzedbacked bearings, 
particularly for thin lin¬ 
ings of aircraft engine 
bearings. Suitable for 
die castings. 

90 + 

4.5 

4.5 

0.35- 

0.08- 

0.10- 

0.08- 

S.A.E. No. 11, Babbitt.... 
Rather hard babbitt. 
Suitable for lining shaft 
and connecting-rod bear¬ 
ings subjected to heavy 
pressures. Suitable for 
die castings. 

86+ 

5.75 

! 

6.75 

0.35- 

0.08- 

0.10- 

0.08- 

S.A.E. No. 12, Babbitt_ 

Relatively cheap babbitt. 
Intended for bearings 
subjected to moderate 
pressures. Suitable for 
die castings. 

59.5- 

3 

10.5 

26 

0.08- 


0.08- 

S.A.E. No. 13, Babbitt.... 

5 

0.50 

10 

86- 


0.20- 


S.A.E. No. 14, Babbitt.... 
Cheap babbitts. Serve 
where bearings are large 
and service light. Suit¬ 
able for die castings. 

10 

0.50 

15 

76- 


0.20- 
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called babbitts. These alleys possess better anti-friction properties than 
the brasses and bronzes, and their use is practically confined to bearings. 
The antimony prevents shrinkage and may, if sufficient in amount, cause 
expansion on cooling. It has a hardening effect and, in excess, will cause 
brittleness. The general effect of tin is to contribute hardness and com¬ 
pressive strength, while the effect of copper is to toughen the alloy. Lead 
contributes plasticity and is beneficial, while zinc is detrimental to good 
wearing qualities. 

TABLE 28 

Properties op Four Out of Five S.A.E. Babbitts 


(See Table 27 for Uses and Composition) 


Note: Valuesof properties are approx¬ 
imate, especially for babbitt No. 12. 
Strength properties are in pounds per 
square inch 

S.A.E. 
No. 10 
Babbitt 

S.A.E. 
No. 11 
Babbitt 

S.A.E. 
No. 12 
Babbitt 

S.A.E. 
No. 14 
Babbitt 

Compressive Strength at 212 F. 

6950 

9900 

6750 

6150 

(Corresponds to 25 per cent reduction 
of gauge length.) 

Yield Point in Compression at 212 F.... 

2650 

3150 

2150 

1600 

(Corresponds to 0.125 per cent reduc¬ 
tion of gauge length.) 

Apparent Elastic Limit at 212 F. 

1050 

1300 

1500 

1350 

(Corresponds to unit stress where 
slope of tangent to stress-strain curve 
is 1.5 times slope at the origin.) 
Brinell Hardness Number. 

8 

14.5 

10 

10.5 

(10-mm. ball, 500-kg. load for 30 sec.) 
Weight per Cubic Inch in Pounds. 

0.256 

0.270 

0.280 

0.352 

Temperature of Complete Liquefaction 
in F°. 

695 

792 

565 

514 

Proper Pouring Temperature in F°.... 

825 

915 

690 

640 


The genuine and the so-called babbitts are made up of hard grains 
embedded in a soft matrix. The load is carried by the hard grains, which 
have a comparatively low coefficient of friction and show little tendency to 
cut or to adhere to the journal. Such alloys can be melted in an ordinary 
ladle, are easily poured and anchored in the bearing shell, and, as used, 
furnish the easiest and cheapest process known for obtaining well-fitting, 
well-aligned bearings. Babbitt and the process of babbitting a bearing 
were invented by Isaac Babbitt in 1839. The bearing alloys invented by 
him contained 83.4 to 89.3 per cent tin, 8.3 to 3.6 per cent copper, and 
8.3 to 7.1 per cent antimony. 
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The uses and the desired composition of four out of five S.A.E. Babbitts 
are given in Table 27 and their properties in Table 28. 

16. Leather.—The preparation of leather involves three steps. The 
hides or skins are first prepared for tanning by the removal of all dirt, 
surplus fat, and hair and are then tanned and finished. They may be 
tanned with oak bark or a combination of vegetable tanning materials; 
chemically tanned by the use of mineral salts, as in the production of white 
and chrome leathers; or chamois-dressed, as in the manufacture of glove 
kid, wash leathers, etc. The production of leather by oak-bark tanning 
requires about six months, the other methods requiring much less time. 
The principal uses of leather in engineering are for belts and hydraulic 
packings. For these purposes the best oak-tanned leather from the center 
back portions of the hides is used. In judging quality, permanent elas¬ 
ticity is of first importance, tensile strength next, and weight and thickness 
next. Belting is built up by cementing or riveting together strips of 
leather, cementing being preferred to merely riveting or sewing. 

The standard widths of belt are \ inch to 72 inches, increasing by | 
inch up to 3 inches, by \ inch up to 6 inches, by 1 inch up to 10 inches, and 
by 2 inches above 10 inches. The thicknesses of the different grades of 
single- and double-ply belts are given in Table 29. 

The strength of ordinary oak-tanned leather runs from about 3200 
to 4800 pounds per square inch. Strength and stretch requirements are 
among those detailed in the United States Standard Specification, No. 37, 
for Leather Belts. A minimum tensile strength of 3000 pounds per square 
inch is specified for all leather, and an average tensile strength of 3750 for 
single-ply and 3500 pounds per square inch for double-ply belts is specified, 


TABLE 29 


Grades 

Average Thicknesses in Inches 

Single Ply 

Double Ply 

Light. 

8/64 to 10/64 

15/64 to 17/64 

Medium. 

10/64 to 12/64 

19/64 to 21/64 

Heavy. 

12/64 to 14/64 

23/64 to 25/64 


the average in each case being obtained from tests of 5 specimens. It is 
also specified that, in a length of 10 feet, a belt must not elongate more 
than 6 per cent when stressed to 750 pounds per square inch for 15 minutes, 
and, when relieved of stress for 17 hours, must not show an elongation 
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greater than If per cent. The weight of belt leather varies from about 
0.031 to 0.037 pound per cubic inch, the average being about 0.035. 

Rawhide is prepared by rubbing oil or fats into a strip of hide and 
twisting and stretching the hide until the moisture is expelled and the 
hide thoroughly filled with oil. It is very strong, tough, and waterproof, 
and is chiefly used for belt-lacing and toothed gears. 

17. Rubber—Raw rubber is the coagulated fluid, or latex, derived 
from several species of tropical trees and shrubs, and is essentially a mix¬ 
ture of several hydrocarbons of the turpentine oil series. Raw rubber will 
absorb considerable w r ater, is hard when cold, and becomes soft and sticky 
when heated. Very little rubber is used in the pure raw state. To trans¬ 
form it into a widely useful material, it is vulcanized, or mixed with sulphur 
and heat treated, a process discovered by Goodyear in 1842. Raw rubber 
is soluble in ether, turpentine, petroleum, and carbon bisulphide. The 
degree to which these solvents act on vulcanized rubber depends upon the 
amount of sulphur used and the thoroughness of the vulcanizing process. 
Vulcanized rubber is readily “rotted,” rendered brittle, by oil or grease but 
is very resistant to alkalies and acids. Modern, high grade rubber products 
are quite resistant to the action of air and sunlight. 

About 92.5 per cent raw rubber and 7.5 per cent sulphur would con¬ 
stitute a high grade of soft rubber. Many commercial products do not 
contain more than 40 per cent raw rubber. Besides the sulphur necessary 
for vulcanization, waxes, mineral matter, rubber substitutes, and reclaimed 
rubber are added. 

Rubber is used in # great quantities in the production of solid and pneu¬ 
matic tires. It is also used in the manufacture of electric insulating mate¬ 
rials and is used in air, gas, and water hose and in rubber belts. Rubber is 
used for lining bearings where the loads are light and where water only is 
available as a lubricant. Rubber can be bonded to metals with an ultimate 
bonding strength of 400 to 500 pounds per square inch. It is used for lining 
pipes and tanks for conveying or storing acid or corrosive liquids. It is 
also used for bumpers and springs, for the absorption of vibrations, and for 
machinery mountings. When rubber is used for machinery mountings it 
should be of the highest grade and should not be subjected to a compression 
greater than 10 to 20 per cent nor to a higher temperature than 120 F. 

Volume for volume, rubber will absorb, in tension, about 10 times as 
much energy or shock as spring steel, and, volume for volume, about 4 
times as much in compression. Soft rubber will stretch from 3 to 8 times 
its original length without breaking and in compression may be repeatedly 
reduced to § to § its thickness without serious damage. It shows marked 
mechanical hysteresis but comparatively little permanent set. The ulti¬ 
mate tensile strength of good soft rubber varies from 800 to 1200 pounds 
per square inch. The stress-strain curve in compression is slightly concave 
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with, the stress increasing more rapidly than the strain. In tension the 
stress-strain diagram is a reverse curve which departs considerably from a 
straight line. 

Some properties of rubber are given in Table 30. Rubber of 30 Shore 
durometer hardness may be regarded as soft stock and as hard stock if of 80 
Shore durometer hardness. 


TABLE 30 

Some Properties of Rubber * 
Rubber Temperature 80 F 


Stock Numbers 


6230 

Hardness (Shore durometer, Type A)| 30 

Modulus of elasticity in compression 


in lb. per sq. in. 185 

Modulus of elasticity in tension in 

lb. per sq. in... 135 

Modulus of elasticity in shear in lb. 
per sq. in. 50 


6240 

6250 

6260 

6270 

6280 

40 

50 

60 

70 


270 

375 

550 

750 

1200 

190 

260 

340 

520 

850 

70 

95 

140 

195 



* From “Some Physical Properties of Rubber,” issued by the United States Rubber Company, 
Detroit, Mich. 


Neoprene is a synthetic rubber manufactured by the E. I. du Pont ae 
Nemours Company, Inc., of Wilmington, Del. Some comparative data on 
rubber and Neoprene are given in Table 31. 

TABLE 31 

Some Properties of Rubber and Neoprene 


Original height of specimen in inches. 

Height under compressive load of 400 lb. per sq. in. 

Height after 22 hrs. under load of 400 lb. per sq. in. at 158 F. 

Height immediately after release of load. 

Height 30 min. after release of load. 

Height 24 hrs. after release of load. 

Per cent compression set 24 hrs. after release of load. 


Rub ber 

Neoprene 

0.494 

0.494 

0.305 

0.280 

0.286 

0.250 

0.453 

0.412 

0.455 

0.432 

0.457 

0.442 

7.5 

10.5 
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“Hard rubber,” know also as “ebonite” and “vulcanite,” is made by 
vulcanizing r.ubber with a large quantity of sulphur and for a greater 
length of time. It is black in appearance, takes a high polish, and can be 
shaped and molded when softened by heat. Except for discoloration, it is 
unaffected by air and sunlight and by the solvents of raw rubber and offers 
great resistance to acids and alkalies. It is used for fountain pens, linings 
of acid vats, switch handles, and for a variety of electrical and other 
purposes. 

18. Plastics.— Plastics may be divided into two general classes: ther¬ 
moplastics and thermosetting plastics. In working plastics, heat is applied 
to soften them, after which they are molded under pressure to the form 
desired. In molding thermoplastics, no chemical change is produced by 
the heat applied to soften them, and the product is hardened by cooling or 
chilling before being removed from the mold. In molding rubber com¬ 
pounds, heat must be applied for a sufficient length of time to complete 
vulcanization, after which it is not necessary to cool or chill before remov¬ 
ing the product from the mold. In molding thermosetting plastics, the 
heat must be applied not only to soften but also to produce a chemical 
change which, when complete, causes the product to harden without being 
cooled or chilled. 

Shellac is a natural resin and probably the oldest binder to be used 
in making plastic compounds. Rubber is the next oldest plastic and the 
most important to man because its valuable properties are not possessed 
by any other plastic. Many plastics as used are composed of a binder and 
a filler. Fillers are used to obtain suitable compounds at reduced cost or 
are used to impart toughness, heat resistance, or some other desired 
property to the product. Talc clay, wood flour, ground paper, fabric, 
common rosin, mica, and asbestos are some of the materials used as fillers. 
Pigments are added to impart color. Thermoplastic and thermosetting 
plastics under some 150 trade names are produced in the United States. 

Probably the most important strength characteristic of plastics is their 
toughness and resistance to fracture under blows and rough usage. Plastics 
are used for novelties and ornaments and for a variety of small parts and 
fittings of radios, automobiles, apparatus, machinery, and household 
appliances. Some grades of pyroxalin and bakelite are used in photo¬ 
elastic work. 

Some information about and some properties of plastics are given in 
Tables 32 and 33. 
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TABLE 32 

Raw Materials, Compositions, and Molding Temperatures and 
Pressures of Plastics 


(From “ Materials of Engineering,” by H. F. Moore) 


Rubber 

Thermoplastic 

Soft rubber molded at 285 F and under pressure of 
350 to 1000 lb. per sq. in. Hard rubber molded at 285 to 
350 F and under pressure of 1200 to 1800 lb. per sq. in. 

Shellac 

Thermoplastic 

A natural resin. Fillers: talc clay, wood flour, mica, 
rosin, wax, pigments. Shellac and filler are mixed at 
room temperature and then on warm mixing rolls. 
Molded at 240 F and under pressure of 1000 to 1200 lb. 
per sq. in. 

Pyroxalin 

Thermoplastic 

Trade names: 
celluloid, pyralin, 
xylonite, etc. 

Cellulose is the base and cotton the commonest raw 
material. Cellulose nitrated in bath of sulphuric and 
nitric acids and then dried by centrifugal wringing and 
absorption of water by alcohol. Camphor is added and 
ingredients are mixed and then worked on heated rolls. 
Molded at 240 F and under pressure of 1000 to 4000 lb. 
per sq. in. 

Casein 

Thermoplastic 

Trade names: 
erinoid, galalith, 
karolith, etc. 

Raw material is curd from cow’s milk. Curd dried, 
ground, and redried. Molded at 200 to 225 F and under 
pressure of 2000 to 2500 lb. per sq. in. 

Cellulose acetate 
Thermoplastic 

Trade names: 
lumarith, plastine, 
celastine, etc. 

Made from cellulose. Cellulose treated with acetic 
acid, acetic anhydride, and sulphuric acid which acts as a 
catalyst. Molded at 275 to 300 F and under pressure of 
2000 lb. per sq. in. 

Phenol-formaldehyde resins 
Thermosetting 

Trade names: 
bakelite, redmanol, 
micarta, etc. 

Synthetic resin produced by the reaction of phenol 
(carbolic acid) and formaldehyde in the presence of a 
catalyst. Fillers: wood flour, asbestos, and fabric. 
Resin worked with filler on warm mixing rolls. Molded 
at 300 to 350 F and under pressure of 2000 to 3500 lb. per 
sq. in. 

Urea-formaldehyde resins 
Thermosetting 

Trade names: 

Plaskon, aldur, 
beetle, etc. 

Synthetic resin made from urea and thiourea and 
formaldehyde. Filler commonly used is ground paper. 
Molded at 275 to 300 F and under pressure of 2500 to 
3000 lb. per sq. in. 
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TABLE 33 

Some Properties of Plastics 


(Prom “Materials of Engineering, by H. F. Moore) 


Material 

W eight 
Lbs. per 
Cu. In. 

Tensile 
Strength 
Lbs. per 
Sq. In. 

Compressive 
Strength 
Lbs. per 
Sq. In. 

Notched 

Bar 

Impact 

Value 

(relative) 

Modulus 
Elasticity 
Lbs. per 
Sq. In. 

Max. 
Tempera¬ 
ture for 
Service 
F° 

Machin- 

ability 

Rubber: 








Soft. 

0.035 

200-2000 




150 

Very 








poor 

Hard. 

0.04-0.05 

1500-10,000 

2000-5000 

0.5 

330,000 

150 

Good 

Shellac Compound... 

0.04-0.10 

900-2000 




150-190 

Poor 

Pyroxalin. 

0.05-0.06 

4000-10,000 


10.0-11.0 

300,000 

160-195 

Good 

Casein. 

0.05 

7600 


1.0 

530,000 

* 

Good 

Cellulose Acetate: 








Transparent. 

0.05 

2800-3600 

4000 

3.2 

147,000 

140-150 

Good 

Pigmented. 

0.055 

3000-4000 

11,000 

2.2 

261,000 

160-180 

Good 

Phenol-formaldehyde 








Resins: 








Woodfibre filler.... 

0.05 

9000 

32,000 

2.3 

1,300,000 

300 

Fair 

Asbestos filler. 

0.07 

6000 

32,000 

1.8 

4,300,000 

500 

Fair 

Fabric filler. 

0.05 

8000 

32,000 

21.0 

1,100,000 

300 

Fair 

Urea-formaldehyde 








Resins. 

0.055 

5000-7000 

24,000-26,000 

2.1 


* 

Fair 


* Swells under moist beat. 






















CHAPTER 19 


ALLOWABLE STRESSES 
STATIC AND FLUCTUATING LOADS 

1. Introduction. —Some relatively slender members in which compres¬ 
sive stresses are induced by the loads may be elastically unstable. Thus 
long, slender columns are elastically unstable and fail by buckling. The 
critical load is called the buckling load. Thin tubes of circular cross-sec¬ 
tion under increasing external pressure will remain circular in cross-section 
only up to some critical value of the pressure, called the collapsing pres¬ 
sure, at which time the shape of the cross-section will radically and quite 
suddenly change. Members which fail by buckling or collapsing are said 
to be unstable. The induced stress at failure may be equal to or even less 
than the elastic limit of the material, and a member that has failed because 
of instability may regain stability in a new configuration. There is a clear 
distinction to be drawn between the small deformations which progres¬ 
sively take place in stable members under increase of load and the rela¬ 
tively large distortions of shape which take place more or less suddenly in 
unstable members when the critical loads are reached. One of the terms in 
the equations applying to unstable members is the buckling or collapsing 
load. In the design of such members, the factor of safety is not used to 
determine an allowable stress but is applied to the load, the collapsing or 
buckling load being taken as the product of the working load and a suit¬ 
able factor of safety. 

In aeroplane design the factor of safety is applied to the loads and is not 
used to determine an allowable stress. The component parts of an aero¬ 
plane must be strong enough to withstand the loads imposed in executing 
the various maneuvers required in flight and landing. The most severe 
maneuver for each component part of the aeroplane is determined and the 
corresponding maximum load computed. The component part is then 
designed to be free or relatively free from permanent distortion or to be 
safe against buckling under an ultimate load equal to the maximum load 
multiplied by a factor of safety. Factors of safety from 1.5 to 2.0 are 
generally used. 

Elastically stable members fail by breaking, by being permanently 
deformed, or by suffering so much elastic deformation that they will not 
function properly. For a machine or structural member to break under 
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a static load, the maximum induced stress must greatly exceed the elastic 
limit of the material. Under a fluctuating load, a member may break 
even though the maximum induced stress be below the elastic limit. To 
prevent permanent distortion, the maximum induced stress must not exceed 
the elastic limit, and to prevent too much elastic deformation requires that 
the maximum induced stress be well within the elastic limit. A shaft sup¬ 
ported by two rigid bearings may be sufficiently strong to give a safe 
margin against permanent distortion, but the elastic deflection may be so 
great that the shaft will not operate satisfactorily in its bearings. 

Generally speaking, most machine and structural members are elas¬ 
tically stable. In the design of such members an allowable stress is used in 
the determination of which a factor of safety is employed. What is to 
follow will be devoted, therefore, to a treatment of allowable stresses for 
elastically stable members at ordinary temperatures under static or fluc¬ 
tuating loads. 

# 2. Strength and Stiffness and Allowable Stress. —When a structural or 

machine part is loaded, distortion of the part is resisted by the internal 
stresses induced by the applied loads. If the proportioning of the part is 
based on the induced stresses, the part is said to be designed on the basis 
of strength; if the proportioning of the part is based on the elastic deforma¬ 
tion, the part is said to be designed on the basis of rigidity, or stiffness. 

In designing a part to be sufficiently strong, the maximum induced 
stress, nominal or actual, is limited to some allowable stress or range of 
stress. Hence the allowable stress, sometimes called the working or per¬ 
missible stress, is the limiting value of the maximum induced stress, nom¬ 
inal or actual, fixed by the designer and used by him in computing the 
proportions of a part for safe strength in service. Since, to function prop¬ 
erly, machine and structural parts must have a margin of safety against 
permanent distortion as well as fracture, the allowable stress must be well 
within the elastic limit or yield point. 

In designing a part to be sufficiently stiff, the maximum elastic deforma¬ 
tion must be limited to some allowable value or range of values. The value 
or range fixed upon must be such that the resulting elastic distortion will 
not prevent the proper functioning of the part and, in addition, such that 
the corresponding induced stresses will give a safe margin of strength. 

Springs are designed for both strength and stiffness, and the control 
of the vibrations of certain parts may require that they be so designed. 
The design of most machine parts is, however, based on strength and not 
on stiffness. As explained in Article 10 of Chapter 1, there are several 
reasons for this practice. 

3. Stress Concentration, Static Loading. —In deriving the familiar 
formulae applying to simple tension, compression, shear, bending, and 
torsion, and to combinations of these actions, it was assumed: 
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(a) that stress was proportional to strain; 

(b) that the modulus of elasticity in tension was the same as that in 

compression; 

(c) that there were no pressures of high intensity at the regions of 

contact of support and loading; 

(d) that there were no abrupt changes in section. 

When the above assumptions apply with reasonable accuracy and the 
proportions of the member are known, the maximum stress induced by 
the load can be reliably computed by the particular formula which applies. 
If the member is to be designed—that is, its proportions determined—the 
particular formula which applies can be used by substituting an allowable 
stress as the limiting value of the maximum induced stress. 

If there are abrupt changes in section of a member, and therefore stress 
concentration, the distribution of stress and the maximum value of the 
localized stress cannot be determined by application of the familiar formulae 
from the mechanics of materials. Such stresses must 
be determined analytically or experimentally and are 
of importance in the rational design of members. 

While the analytical method is very valuable, it is 
generally a complex and difficult method to apply. 

Experimental methods are therefore of great import¬ 
ance, and such methods as the photoelastic method, 
the strain-gauge method, the brittle materials method, 
and the elastic membrane method are being applied 
more and more frequently in the design of members so 
complex in form that the ordinary methods and form¬ 
ulae from the mechanics of materials will not apply to 
all sections of the members. An illustrative example 
of stress concentration will be discussed. 

In Fig. 1 is shown a perforated flat bar in tension. 

Because of the circular hole in the middle of the bar 
there is an abrupt change in section of the bar and 
therefore stress concentration. Hence, within the elas¬ 
tic limit, the distribution of stress over section CD would be far from uni¬ 
form. It can be shown analytically and photoelastically that the induced 
stress would be a maximum at the edge of the hole and would fall off rapidly 
to the right and left of the hole as shown in the figure. 

The nominal uniform stress over section CD is 

P P 
S ~A~(B-d)t’ 


LLLUJ 


s, S, 



r 

Fig. L 


(1) 
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where P =total pull in pounds; 

B= breadth of bar in inches; 
t = thickness of bar in inches; 
d=diameter of hole in inches. 

Within the elastic limit and for a ratio of d/B= 0.2, the maximum value 
of the localized stress s x would be 2.4 times as great as the nominal stress $. 
Assuming P=24,000 lbs., P = 5 in., £=0.5 in., and d=l in., the nominal 
stress s over section CD would be 12,000 lbs. per sq. in., and the magnitude 
of Si would be 2.4(12,000) or 28,800 lbs. per sq. in., 2.4 being the value of 
the static stress concentration factor for the proportions chosen. 

For static loads within the elastic limit, the static stress concentration 
factor K may be defined as the ratio of the maximum elastic localized stress 
to the nominal elastic stress, the nominal stress being computed for the 
minimum section by the ordinary methods of the mechanics of ma¬ 
terials. 

maximum elastic localized stress 

--- ( 2 ) 

nominal elastic stress 

If the bar in Fig. 1 were of ductile material, any load that would tend 
to induce a stress s x greater than the yield point would cause localized 
flow and a change in the distribution of the stress from that shown, and thus 
would lower the ratio of $ x to 5. It is for this reason that the breaking 
load for the bar would not be less than the area of section CD times the 
ultimate strength of the material. In fact, the breaking load would be 
greater than this product because the necking of the bar would be so local¬ 
ized by the abrupt change in section at the hole that there would not be as 
great a reduction of area as for an unperforated bar. Furthermore, since 
only a very small part of the total volume of the bar is affected by the 
stress concentration, there would be no appreciable permanent deforma¬ 
tion of the bar as a whole for loads that would cause a redistribution of 
stress. 

For a perforated bar of brittle material, any tendency to induce a 
stress greater than the elastic limit or yield strength of the material 
would cause a change in the distribution of the stress from that shown and 
thus would lower the ratio of $ x to s. The change in the distribution of 
stress would not, however, be as pronounced as for a ductile material. As 
for ductile materials, only a small part of the total volume of the bar 
would be affected by the localized deformations. Since the ultimate 
strength and the real breaking stress are practically identical for brittle 
materials, the breaking load would be in good agreement with the product 
of the area of section CD and the ultimate strength of the material. 
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Stress concentration due to abrupt changes in section is found at the 
roots of screw threads, at the roots of gear teeth, at the corners of key- 
ways, at sharp shoulders, at perforations, etc. Often the designer can 
greatly reduce the localized stress at concentrations by properly forming 
the part, by employing fillets of sufficient radius, and by avoiding perfora¬ 
tions that would result in abrupt changes in section. Stress concentra¬ 
tions due to pressures of high intensity are found at the contacts between 
gear teeth, between balls or rollers and their races, between pins or rivets 
and the members they connect, etc. 



d/B 


Fig. 2.—'Tension or Compression, References 15 and 17. 


The results of static tests of geometrically similar specimens are not 
affected by size. 

Some values of K for abrupt changes in section are shown in Figs. 2 
to 8 inclusive. Fig. 6 applies approximately to the bending of shafts with 
filleted shoulders as well as to flat bars with filleted shoulders, and Fig. 5 
applies approximately to such shafts in tension or compression. 

For the bending of a shaft with a transverse hole, Fig. 8, the values of 
K are roughly the same as for a perforated flat bar in tension; see (1), 
Fig. 2. For the same shaft in torsion, the value of K , where a/d is very 
small, is approximately 4. 
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Fig. 4.—Bending, Reference 17. 
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0 0.1 0.2 0.3 0 .¥ 0.3 0.6 0.7 0.8 0.7 

r A 

Fig. 6.—Bending, References 17 and 19. 
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Fig. 8.—Bending, Reference 19. 
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For the bending of a perforated flat bar, Fig. 9, the values of K are 
about the same as for the same bar in tension; 1 see (1), Fig. 2. 




Fig. 11. 


O 


Fig. 12. 


For the bending of a shaft with a semicircular groove, Fig. 10, the 
values of K are about the same as for the bending of a flat bar with semi- 

21 ) 

circular notches; see Fig. 4. For the same shaft in torsion, i£=— 
approximately. 1 

For Fig. 11 the approximate value of K for a small hole is 2, and for 
Fig. 12 is 4. 1 

For the twisting of a shaft with a keyway, the approximate value of K 
is about 1.5 for a sled-runner keyway and about 1.75 for a profiled keyway. 

Dolan and Broghamer 21 made a photoelastic study of the stresses in 
the fillets of gear teeth. Eleven bakelite models having a diametral pitch 
of 2 were used. Eight of the models were for a pressure angle of 14.5 de- 




Fig. 13. 


Fig. 14. 


grees, and three for a pressure angle of 20 degrees. The gear-tooth models 
were varied in shape by varying the number of teeth, the fillet radius, and 
the length of the addendum and the dedendum; and the concentrated load 
was applied to the tooth face at different positions. In the photoelastic 
models, the ratio t/r, Fig. 13, ranged from 1.9 to 12.6, and ratio t/h from 
0.94 to 3.24. The distribution of stress in the fillets, as determined photo- 
elastically, is shown in Fig. 14. Because of the radial component W r 
of the loadj the stresses are higher on the compression than on the tension 
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side of the tooth. Since, when gear teeth fail, they fail on the tension side, 
the higher compressive stresses may be ignored. 

The empirical equations for the stress concentration factor, which fit 
the test data within an accuracy of 3 per cent, are, 

/ t\°' 2 /t \ 0A 

K — 0.22+^-) (-I for 14J- degree pressure angle, (3) 

/t\ 0A5 /t \ 0A5 

K = 0.18+^-J ( - 1 for 20 degree pressure angle; (4) 

where t =thickness of the tooth at nominally the weakest section AB as 
determined by the Lewis method; 
h — distance from section AB to the point of intersection C; 
r = fillet radius at root of tooth; 

K —static stress concentration factor; 

maximum tensile stress in fillet determined photoelastically 

maximum nominal tensile stress in section AB 


If P is the normal load per unit width of face, the maximum nominal tensile 
stress is 


§Wh W r ( 6 h tan <j> 

-=TF( —- 


4. General Case of Two-dimensional Stress. 3 —The general case of 
two-dimensional stress is represented in Fig. 15 by the stress components 
s x , s y , and r xy . In Fig. 16 is shown a free body diagram for any angle 6 
with the x axis. A summation normal to the plane DBB'D' gives, 


s n du dz — s x dy dz sin 0+s y dx dz cos 6+r xy dx dz sin 6+r xy dy dz cos 8. (6) 



Fig. 15. 


Fig. 16. 


Dividing through by du dz and replacing the trigonometric functions of 
with functions of 2 8 gives, 
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$n — 


V 

-+ 


cos 2 0+7*2, sin 2 6. 


(7) 


The function of the angle in terms of the component stresses for which 
the normal stress s n will be a maximum or minimum is obtained by dif¬ 
ferentiating equation (7) and equating to zero. Performing this operation 
and solving gives, 


tan 26?,=- 


2t x > 


( 8 ) 


From equation (8) the values of sin 2 6 P and cos 2 6 P in terms of the com¬ 
ponent stresses are most easily obtained graphically. Two values of the 
sine and of the cosine will be found which, when substituted in equation 



(7), will give the following maximum and minimum values of the normal 
stress, respectively, 



l/S X — Sy\ 2 


51 2 

\ 2 ) 

(9) 


■'V 

5° 

1 

I 9 

to 


s >- 2 -A 

\ 2 ) 

(10) 


The orientation of Si and $2 with respect to the applied component stresses 
is shown in Fig. 17. Since Si and s 2 are normal stresses and the only 
stresses acting on their respective planes, they are called the principal 

There is also some value of 6 for which the shear stress r is a maximum. 
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Making a summation parallel to the plane DBB'D' and proceeding as in 
the derivation of equation (7) from equation (6) gives, 

(S x 

t = (—-—) sin 2 d+r xy cos 20. (11) 

Differentiating equation (11) and equating to zero and solving gives, 

S x Sji 

tan 2 d q = - (12) 

% T xy 

Obtaining from equation (12) the values of sin 2 8 q and cos 2 6 q and substi¬ 
tuting in equation (11) gives the value of the maximum shear stress r as 

r- ±% /(^)V,, (13) 

The orientation of r with respect to the applied component stresses is 
shown in Fig. 17. 

In the derivation of equations (9), (10), and (13) the applied stresses 
s x and s y were assumed to be tensile stresses and of positive sign. If either 
or both are compressive, a change of sign is necessary. If either s x or s y 
is zero, it is so substituted. 

5. Theories of Failure.—For a complex state of stress, the question 
arises as to whether elastic breakdown occurs when the greatest principal 
stress reaches the proportional limit as determined in simple tension or 
whether the magnitude of the maximum principal stress at which elastic 
breakdown occurs is affected by the other principal stresses. Attempts 
to answer this question have led to the enunciation of a number of theories 
of elastic failure and to many attempts to verify them experimentally. 
The correctness of any one of the theories is yet to be established, and the 
criterion of elastic breakdown is still an open question. A complete theory 
must be equally true whatever the nature and sign of the stresses and 
must include all materials. The principal theories of failure are: 

(a) The maximum stress theory; 

(b) The maximum shear theory; 

(c) The maximum shear-strain energy theory; 

(d) The maximum strain theory; 

(e) The strain energy theory. 

(a) The maximum stress theory is usually attributed to Lam6 and 
Rankine. This theory assumes that in a complex state of stress elastic 
breakdown begins when the maximum principal stress corresponds to the 
proportional limit in simple tension. Experiments show that this theory 
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is approximately true for brittle materials—that is, for materials, such as 
cast iron, whose proportional limit in shear is greater than that in tension. 
This theory will therefore be adopted for brittle materials. 

(i b ) The maximum shear theory is usually attributed to Coulomb and to 
Guest in modern times. This theory assumes that in a complex state of 
stress elastic breakdown begins when the maximum shear stress reaches 
the value of the maximum shear stress in simple tension—that is, reaches 
a value equal to one-half the proportional limit in simple tension. Although 
this theory does not agree as well with recent experiments on ductile mate¬ 
rials as the maximum shear-strain energy theory , it is simpler to apply, is 
safer, and has been widely adopted. This theory will therefore be adopted 
for ductile materials. 

(c) The maximum shear-strain energy theory, also called the maximum 
distortion-energy theory , is usually attributed to Huber and Von Mises. 
This theory assumes that in a complex state of stress elastic breakdown 
begins when the shear-strain energy equals the shear-strain energy at 
elastic breakdown in simple tension. This theory seems to be in somewhat 
better agreement with the more recent experiments on ductile materials 
than the maximum shear theory. 

(d) The maximum strain theory is usually attributed to St. Venant. 
This theory assumes that elastic breakdown depends on the maximum 
elastic strain and not on the maximum elastic stress. 

(e) The strain energy theory was suggested by Beltrami and restated by 
Haigh. This theory assumes that in a complex state of stress the work 
done per unit of volume in straining a material to the point of elastic break¬ 
down will be the same as the work done in simple tension in straining the 
material to the point of elastic breakdown. 

6. Allowable Stresses, Static Loading.—A static load may be very 
definitely defined as any load that induces stresses that do not vary in 
magnitude and, therefore, do not and cannot vary in direction. However, 
loads that may cause only an occasional and quite limited variation in the 
magnitude of the induced stresses are often treated as static loads. 

As before stated, the allowable stress is the limiting value of the max¬ 
imum induced stress fixed by the designer and used by him in computing 
the proportions of a part for safe strength in service. Since, to function 
properly, machine and structural parts must have a margin of safety 
against permanent distortion as well as fracture, the allowable stress must 
be well within the yield point or yield strength of the material. For static 
loads the allowable stress will depend on the kind of material, on the condi¬ 
tions of service, on the theory of failure which applies, and on whether or 
not stress concentration is present. The maximum stress theory applies 
to ductile and brittle materials in simple tension, compression, or bending 
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and to brittle materials in simple torsion or in a complex state of stress; 
and the allowable stress may be expressed as 


= yt 
K'n 


(14) 


The maximum shear theory applies to ductile materials in simple shear or 
torsion or in a complex state of stress; and the allowable shear stress may 
be expressed as 


yt 

’2 K'n 


(15) 


where $=the allowable tensile or compressive stress to be used as the 
limiting value of the maximum tensile or compressive stress 
indicated by the familiar formulae from the mechanics of 
materials; 

r=the allowable shear stress to be used as the limiting value of the 
maximum shear stress indicated by the familiar formulae 
from the mechanics of materials; 

y t =the yield point in tension for ductile materials or the yield 
strength in tension for brittle materials. For brittle mate¬ 
rials it is frequently recommended that the yield strength be 
taken as the stress corresponding to a permanent set of 0.001 
or 0.002 inch per inch. For cast iron the yield strength is 
quite often assumed to be 0.6 the ultimate strength. (The 
maximum shear theory assumes that elastic breakdown begins 
in a complex state of stress when the maximum shear stress 
reaches the value of the maximum shear stress (y t / 2) in simple 
tension.); 

K' = a factor to allow for stress concentration. If stress concentration 
is not present, K f would be unity; if stress concentration is 
present, the value of K! would be greater than unity, but, for 
reasons given below, would generally be considerably less than 
the value of the static stress concentration factor K ; 
n=the factor of safety to assure a margin of safety against permanent 
distortion. 

To fix upon a reasonable value for n calls for experience and judgment 
on the part of the designer and a knowledge of past practice and the field 
of design in which he is working. The value of n is affected by the follow¬ 
ing considerations and uncertainties: 

1. Degree of reliability of the material; 

2. Effect of initial stresses due to casting, cold working, welding, 

heat treating, or assembly; 
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3. Degree of certainty about the magnitude and line action of the 

applied forces; 

4. Whether or not the assumptions made in the stress analysis 

were reasonable and on the side of safety; 

5. Whether or not the design has sufficient elastic rigidity as well 

as strength; 

6. Whether failure would or would not endanger life or seriously 

endanger the machine as a whole. 

The considerations and uncertainties listed above are not allowed for 
separately. The value of n is modified to cover as few or as many as may 
apply. Allowable stresses are not modified to cover the effects of wear, 
corrosion, or workmanship. Inspection is relied upon to assure acceptable 
workmanship. Wear and corrosion are provided for, when necessary, by 
making specific allowances after the dimensions for safe strength have 
been determined. 

Usually, as pointed out in Article 3, only a small part of the total 
volume of a member is affected by stress concentration. Hence, if the 
load were such as to cause a redistribution of stress, the localized permanent 
deformations would have no appreciable effect on the deformation of the 
member as a whole. Because of this and the fact that the ultimate strength 
of the member would be unaffected, it is often stated that stress concen¬ 
tration may be ignored in the design of members subjected to static loads. 
However, it is usually possible and desirable in design to limit the maximum 
localized stress to a value equal to or appreciably under the yield point or 
yield strength of the material. This enables Fig. 2 to 8 inclusive of Article 
3 above to be used for checking purposes. 

It is to be noted that, if the product K'n in equations (14) and (15) 
were equal to the static stress concentration factor K, the maximum 
localized tensile or compressive stress would be equal to y t , and the max¬ 
imum localized shear stress would be equal to y t / 2. If K' were taken equal 
to K, then the maximum localized tensile or compressive stress would be 
equal to y t /n, and the maximum localized shear stress would be equal to 
y t /2n. The value chosen for K' depends on how much less than y t it is 
desired to have the maximum value of the localized tensile or compressive 
stress or how much less than y t /2 it is desired to have the maximum value 
of the localized shear stress. It is also to be noted that too high a value 
of K r may result in a lower allowable stress for a static load than for a 
fluctuating load, which would not be reasonable. As will be seen in Arti¬ 
cle 8, values of the fatigue stress concentration factor k are always less, 
often considerably less, than the corresponding values of K, and the 
endurance limit of a material may not be much less than y t . Hence, if K f 
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is assumed too high, y t divided by K'n might be lower than the endurance 
limit divided by kn for the same value of n in each case. 

A few problems will illustrate the application of equations (14) and 
(15). 

Problem 1 .—Determine the width of a flat bar of steel which is to be 
0.5 in. thick and is to have a hole 1.0 in. in diameter in the middle of the 
bar (Fig. 1). The static pull on the bar is 21,000 lbs., and for the steel 
u t = 70,000 and ?/* = 42,000 lbs. per sq. in. A factor of safety of n = 2 is to 
be used. Since the proportions of the bar are unknown and to be deter¬ 
mined, the value of K f must be assumed and will be taken as 1.5. By 
equation (14) the allowable stress is 

Vt 42,000 

s=-=-=14,000 lbs. per sq. in. 

K'n 1.5(2) 1 


By equation (1) the width of the bar is 


P 

B=~+d= 

st 


21,000 

-j. 

14,000(0.5) 


1 = 4 in. 


Hence d/£ = 0.25, for which, from curve (1), Fig. 2, i£ = 2.33. The max¬ 
imum value of the localized stress is therefore 2.33(14,000) =32,600 or 
0.777 y t lbs. per sq. in., giving a margin of about 29 per cent against per¬ 
manent distortion at the hole. 

Problem 2 .—Determine the small diameter of a steel spindle with a 
filleted shoulder which is subjected at the shoulder to a static bending 
moment of 5000 lb-in. The spindle is to be made of normalized 0.45 C 
steel for which u t =88,000 and y t =48,000 lbs. per sq. in. A factor of safety 
of n = 2 is to be used. Since the proportions of the spindle are unknown 
and to be determined, the value of K! must be assumed and will be taken 
as 1.5. By equation (14) the allowable stress is 


From 



48,000 

L5(2) 


= 16,000 lbs. per sq. in. 


M=s- 


7T d S 


32 


^ sjS2M_ 3i/j 

' TTS * 


'32(5000) 

7rl6,000 


= 1.48. sav li in. 


Having small diameter d, it is possible, without knowing where the spindle 
is to be used, to assume reasonable values for large diameter D and fillet 
radius r at the shoulder. For r = ^ in. and Z) = 2 in., r/d = 0.0625 and 
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D/d= 1.33, for which, by Fig. 6, the value of K would be about 2.04. 

[32(5000) n 


Hence the maximum localized stress at the fillet would be 2.04 


L tt(i.5) 3 J 


30,800 lbs. per sq. in., or 0.64 y t . 

Problem 8 —Determine the small diameter of a steel spindle with a 
filleted shoulder which is subjected at the shoulder to a static bending 
moment il/ = 10,000 and a static twisting moment TIL; = 8000 lb-in. The 
spindle is to be of normalized 0.45 C steel, for which u t = 88,000 and y t = 
48,000 lbs. per sq. in. A factor of safety n=2 is to be used. Since the 
proportions of the spindle are unknown and to be determined, the value 
of K' must be assumed and wall be taken as 1.5. 

The material being ductile, equation (15) applies, and the allowable 
stress becomes, 

y t 48,000 

t= -=-=8000 lbs. per sq. m. 

2 K'n 2(1.5)2 


Equation (13) applies, in which s x =Z2M/icd s , s y =0, and T xy =l&M t /ird z . 
Hence 


or 


s* I (r xy \ 2 16 M I /M t \ 2 16 M I / 8 

r "2'V 1+4 t) “rfV 1+ (jf) 

s/l6i¥L28 3/16(10,000)1.28 

d=\l —-— \l -= 2.01, say 2 in. 


16¥1.28 


TCP 


Having small diameter d, it is possible, without knowing where the 
spindle is to be used, to assume reasonable values for large diameter D 
and fillet radius r at the shoulder. For r=J in. and D = 2J in., r/d == 0.0625 
and D/d= 1.25, for which, from Fig. 6, K = 2 for bending alone; and, from 
Fig. 7, FT = 1.5 for torsion alone. Hence the maximum localized stress in 


the fillet due to bending alone is 2 


"32(10,000)" 

- x(2) 3 


=25,500, and the maximum 


localized stress in the fillet due to torsion alone is 1.5 


16(8000/ 

*(2 ) 3 


=7650 lbs. 


per sq. in. Assuming these stresses to act at right angles to each other, the 
maximum localized shear stress in the fillet becomes 


25,500 


i I /2X7650N 2 

'^ 1+ Vl^o') = 14)900 lbs - persq - ix 


which is 0.62 (y t /2). For d =2 in. and no shoulder, r=8150. Hence, for 
the combined stress, K= 14,900/8150 = 1.83 at the fillet. 
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Problem 4. —Determine the small diameter of a east-iron spindle with 
a filleted shoulder which is subjected at the shoulder to a static bending 
moment M = 10,000 and a static twisting moment M t ~ 8000 lb-in. For 
the cast iron u t = 31,600 and ?/* = 17,000 lbs. per sq. in. A factor of safety 
of n = 2 is to be used. Since the proportions of the spindle are unknown 
and to be determined, the value of K' must be assumed and will be taken 
as 1.4. 

The material being brittle, equation (14) applies, and the allowable 
stress becomes, 

Vt 17,000 

s — -=-=6080 lbs. per sq. in. 

K'n 1.4(2) F 4 


Equation (9) applies, in which s x = S2M/Td 3 , s y = 0, and r xy = 16M t /irrd 3 . 
Hence, 



3/16M2.28 3/16(10,000)2.28 

d= \—:— = V—^— =2 - 67 > sa y in. 

its 7r6080 


Having small diameter d, it is possible, without knowing where the spindle 
is to be used, to assume reasonable values for large diameter D and fillet 
radius r at the shoulder. For r=^ in- and 3-^ in., r/d = 0.058 and 
D/d = 1.255, for which, from Fig. 6, K= 2.05 for bending alone; and, from 
Fig. 7, i£ = 1.55 for torsion alone. Hence, the maximum localized stress 

in the fillet due to bending alone is 2.05 


= 10,750, and the 

16(8000)" _ 
v ; 1 =3260 


'L t(2H) 3 

maximum localized stress due to torsion alone is 1.55. f . 3 

L 7r(2j6-) 

lbs. per sq. in. Assuming the stresses to act at right angles to each other, 
the maximum localized normal stress in the fillet becomes 


10,750 


/ 3260 \ 2 

I+aM+4- 

V V 10,750/ 


= 11,650 lbs. per sq. in., 


which is 0.685^. For d=2j% in. and no shoulder, s=6000. Hence, for 
combined stress, K = 11,650/6000 = 1.94 at the fillet. 

7. Fatigue of Metals and Endurance Limit.—It is a matter of common 
knowledge and experience that a structural or machine part, when sub¬ 
jected to a fluctuating load, will break under a lower .maximum value of 
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the induced stress than when broken by a single application of a static 
load. At the time this phenomenon was observed it was also observed that 
the fracture in all cases had a crystalline appearance. Since this was true 
of parts made of ductile as well as of brittle materials, the conclusion was 
drawn that the metal had undergone a change in crystalline structure. 
However, when metals that had so failed were subjected to microscopic 
examination and physical test, it "was found that there had been no change 
in structure and properties, and the “ crystallization ” theory of fatigue 
failure had to be discarded. It is now known that fatigue failure is a 
progressive development of areas of slip and spreading cracks, and that 
“ progressive fracture ” would be a better characterization than “ fatigue 
failure.” 

Steel and other metals and alloys are ordinarily regarded as structure¬ 
less, homogeneous, and isotropic, and they may be thus regarded so far as 
concerns their behavior under static loads. It is because metals are not 
homogeneous and structureless that they behave quite differently under 
the action of continuously fluctuating loads. Internal imperfections in 
the form of minute cracks and inclusions are always present. Because of 
these minute discontinuities, localized stresses are induced which are 
much higher than the stresses indicated by the ordinary formulae from 
mechanics. Under repeated action the localized stresses continue to in¬ 
crease as the discontinuities are extended in area until fracture takes 
place. A fatigue failure is therefore a progressive fracture. 

During 1860 and 1861 Sir William Fairbairn conducted some repeated 
stress tests on a built-up girder of wrought iron. These tests are associated 
with the earliest experiments on the fatigue of metals. From 1860 to 1870 
A. Wohler, a German engineer, conducted his classical experiments on 
iron and steel subjected to repeated axial, torsional, and bending stresses. 
They constitute the first experiments on the fatigue of metals in which 
strict attention was paid to the magnitude of the induced stresses. After 
a period of about fifteen years of comparative inactivity, research in the 
field of fatigue w r as resumed and has continued unabated. 

Materials have been subjected in fatigue tests to fluctuating axial 
loads, fluctuating bending, and fluctuating torsion. By far the most com¬ 
mon and convenient test is to subject specimens to repeated, completely 
reversed bending. To be certain that a test is only of the material itself, 
each specimen must be highly finished and have no abrupt changes in 
section. Number 0 and 00 emery cloth has been found to give a sufficiently 
high polish to eliminate effects due to surface finish. The minimum sec¬ 
tion of specimens is usually about 0.30 inch in diameter, and the ends are 
from 0.4 to 0.5 inch in diameter. Where the changes in section occur, a 
fillet radius of 1.0 inch has been found sufficiently large to el imin ate effects 
due to the change of section. 
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A fatigue test should be accompanied by a chemical analysis and by 
the usual static tests to determine the physical properties of the material. 
Test specimens of proper form are then made for the fatigue tests. The 
first specimen is subjected to such a high maximum stress that it will break 
after some thousands of cycles of stress variation. For each succeeding 
specimen, the load and corresponding maximum induced stress are reduced 
until the magnitude of the maximum stress is such that the specimen will 
withstand many millions of cycles of stress variation. 



/o* 10 s 10 s I0 7 10 Q /0 9 

CYCLES OF REVERSED BENDING STRESS N 

Fig. 18.—Endurance Curves, Reference 2. 


The most serviceable way of plotting the test data is to plot the max¬ 
imum induced stress s, or the logarithm of $, against the logarithm of the 
number of cycles of stress variation N . The first method is known as a 
semi-logarithmic plot, and the second as a logarithmic plot. Such plots 
greatly facilitate the interpretation of the test data. 

In Fig. 18 is shown a semi-logarithmic plot of the test data for specimens 
of a K-20 steel and for specimens of an aluminum alloy subjected to re¬ 
peated, completely reversed bending. It is to be noted that the curve for 
the steel flattens out and becomes horizontal for a maximum stress of about 
35,300 lbs. per sq. in. and that two of the specimens at about this stress 
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remained unbroken after more than 50 million reversals. The stress indi¬ 
cated by the horizontal line is known as the eudwrciuce limit. The endur¬ 
ance limit may be defined as the maximum induced stress up to which the 
material will withstand an unlimited number of cycles of stress variation 
without fracture. The term “endurance limit/' when used without 
qualification, relates to the value obtained in completely reversed bending. 
It is worth noting for the K-20 steel that to increase the maximum stress 
to 15 per cent above the endurance limit would lower the number of cycles 
for failure from 50 million or more to 0.5 million cycles. 

It is found that ferrous metals and alloys have a definite endurance 
limit but that non-ferrous metals and alloys do not. The curve in Fig. 18 
for the aluminum alloy is characteristic of the s-N curves for practically 
all the non-ferrous metals and alloys. As the maximum stress is reduced, 
the slope of the curve decreases but never becomes horizontal. In other 
words, there is no endurance limit as defined above. When, for such 
metals and alloys, an endurance limit is mentioned, it is usually related to 
500 milli on cycles and given thus; 12,000 lbs. per sq. in. at 500 million 
cycles. To design for an expected life of a certain number of cycles, it is 
necessary to have the s-N curve of the material for the stress variation 
which applies. 

There is little on record about the endurance limit of plastic materials. 

There is no reliable short-time endurance test. About the only way 
to reduce the time required is to increase the number of stress cycles per 
minute, which number of cycles can be increased to 30,000 per minute 
without affecting the endurance limit. 2 

The endurance limit of a given material appears to be quite independent 
of size where the specimens are geometrically similar and free of stress 
concentration, although some effect of size is claimed for steels of very low 
or very high carbon content. 2 ’ 12 

The endurance limit for reversed axial stress is usually lower but may 
be the same as for reversed bending or higher. Where there is a difference, 
it would appear to be due more to the material than to the type of test. 
Irwin 6 found the endurance limit of Monel metal in reversed axial stress 
to be the same as in reversed bending but the endurance limit of copper and 
nickel to be higher. France 9 made tests of an open-hearth iron, three 
wrought irons, three carbon steels annealed and also quenched and tem¬ 
pered, and four carbon steels as rolled. For five out of the fourteen tests 
the endurance limit for reversed axial stress was from 0.4 to 9.0 per cent 
lower and for nine out of the fourteen tests from 14 to 26 per cent lower 
than for reversed bending. 

The endurance limit of metals and alloys correlates better with the 
ultimate strength than with any other property from static tests. For the 
carbon steels, the ratio of the endurance limit in repeated reversed bend- 
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ing to the ultimate strength varies from about 0.45 to 0.55. This ratio 
for some of the low-alloy steels which have an unusually high ratio of yield 
to ultimate strength may run as high as 0.60 to 0.75. For non-ferrous 
metals and alloys, the ratio of the endurance limit to the ultimate strength 
is lower than for ferrous metals and alloys and usually varies from 0.15 or 
0.20 to 0.30 and rarely is as high as 0.40. For ductile steels the ratio of 
the endurance limit in reversed torsion to that in reversed bending varies 
from 0.50 to 0.60. 

When the endurance limit of a ferrous 
metal or alloy is listed with its other prop¬ 
erties, it is almost invariably the endur¬ 
ance limit s r for cycles of completely re¬ 
versed bending. Having s r , it is desirable 
to be able to approximate what the endur¬ 
ance limit $ e would be for any other manner 
of variation of stress. A stress varying from 
a minimum value s m i n> to a maximum value 
Smax. may be represented diagrammatically 
as shown in Fig. 19. Obviously the varia¬ 
tion of stress may be thought of as an alter¬ 
nating, completely reversed stress s a superimposed on a steady or mean 
stress s m . 

In proceeding the following notation will be used: 

s r =the endurance limit of ferrous metals and alloys for cycles of 
completely reversed stress; 

s e =the endurance limit for any manner of variation of stress; 

Smin.=the minimum value of the stress in a cyclic variation of stress; 

Smax. = the maximum value of the stress in a cyclic variation of stress; 

Sa^ifenax.— s mm.) “the value of the alternating, completely re¬ 
versed stress which may be considered as superimposed on 
the steady or mean stress; 

Sm = K s max.+Smin.) =the value of the steady or mean stress; 

2 /^=the yield point for ductile materials and the yield strength for' 
brittle materials; 

e = the ratio of the minimum stress to the maximum stress, which, 
in elastic action, corresponds to the ratio of the minimum 
load to the maximum load. 

In Fig. 20 it is assumed that s m is not to exceed y t , the yield point or 
yield strength of the material, which eliminates the possibility of per¬ 
manent, plastic deformation on the first application of load. Line AB is 
drawn from a point on the s a axis where s a =s r to a point on the s m axis 
where s m =y t . Experimental values of the endurance limit for variations 
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of stress other than complete reversal fall in the field outside AB. Hence 
endurance limits obtained from AB will be on the safe side. By similar 
triangles for any point C on AB 


<0 

>< 



or 


5(3. 

S r 


Ut ^ s m 
yt y t ' 


Hence 



5e 5max. S a 5r' 



(16) 

(17) 


In fatigue problems the values of the minimum and maximum loads are 
usually known. Hence, it is convenient to express the endurance limit s e 
in terms of the ratio of the minimum to the maximum stress, which, in 
elastic action, corresponds to the ratio of the minimum to the maximum 
load: 



Substituting the value of s m from equation (18) in equation (17) and solv- 
ing for $ e gives, 



(1 —e)d—(1+e) 
Vt 


( 19 ) 
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For complete reversal, the minimum load or stress is of the same numerical 
value as the maximum load or stress but of opposite sign; hence, e= — 1. 
For e— — 1, equation (19) gives s e =s T . If there is no variation of load, 
S min and s max . would be numerically equal and of the same sign, and e 
would be equal to +1. For e=+l, equation (19) gives s e =y t . If the 
load varies from zero to a maximum, e would be equal to zero. For 6 = 0 , 
equation (19) gives s e =2s r y t /(y t +s r ). 

For ductile ferrous metals and alloys, the endurance limit r e for cyclic 
variations of shear stress may be taken as, 



Vs 

The average endurance limit r r for complete reversal is equal to about 0.55s r , 
and y s is equal to about 0.55 y t . Hence the ratio r r /y s is equal to the ratio 
of s r /y t and, in the absence of a value for r r , 0.55s r may be substituted. 

Cold working by rolling, drawing, or shot peening generally increases 
the tensile strength and endurance limit of metals unless the cold working 
is carried so far as to produce tiny surface cracks. In general, ferrous 
metals and alloys respond more favorably to cold working than non-ferrous 
metals and alloys. 

The endurance limit of a metal can be raised by understressing. By a 
method of understressing, called “ coaxing,” Lea 4 raised the endurance 
limit of a 0.32 C steel from 32,000 to 40,000 lbs. per sq. in. After first re¬ 
peatedly stressing to a value below 32,000 and repeatedly increasing the 
load by small increments with repeated stressing, the specimen was so 
strengthened that it withstood a maximum stress of 40,000 for 42 million 
reversals. A virgin specimen at a maximum stress of 40,000 broke after 
12,500 reversals. Hence, by coaxing, the life of the specimen at a max¬ 
imum stress of 40,000 was increased 3360 times. 

The endurance limit of certain metals can be improved by overstress¬ 
ing if the applied stress is not too high nor repeated too many times. How¬ 
ever, tests have shown that there are some metals that are damaged and 
the endurance limit of which is lowered by even a few cycles of a small 
overstress. 

The endurance limit of carbon steels decreases about 10 per cent 
between 32 F and 300 F and then rises to a maximum at about 600 F. It 
is unsafe to predict what the endurance limit of a metal will be at an ele¬ 
vated temperature without specific tests at that temperature. The endur¬ 
ance limit of ferrous metals and alloys at —40 F to —85 F is the same as 
at room temperatures. However, the impact resistance at low tempera¬ 
tures may fall to extremely low values. 
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8. Stress Concentration, Fatigue Loading.—The function of many 
machine parts is such that abrupt changes in section or contour in the 
form of notches, grooves, oil holes, keyways, screw threads, filleted shoul¬ 
ders, etc., are unavoidable. As a result, stress concentrations are present 
which lower the fatigue resistance of the parts. The effect of such 
u stress raisers ” may be expressed in the form of a fatigue stress concentra¬ 
tion factor k as follows: 

s e endur ance limit without stress concentration effect 
~~s' e ~ endurance limit with stress concentration effect 


The value of k is almost invariably less, sometimes considerably less, than 
the value of the static stress concentration factor K. 

As pointed out in the preceding article, the endurance limit, when 
stress concentration is not present, depends only on the material and is 
practically independent of the size of the specimen. As will be shown, the 
endurance limit, when stress concentration is present, is not independent 
of size. For geometrically similar specimens of a given material, the larger 
the size, the lower the endurance limit and the higher the value of k , as 
shown in Figs. 23 and 24. Fig. 23 shows also that for similar specimens of 
•the same size but of different materials, the value of k is not the same. 
Thus for d=2 inches and a/d = 0.25, the value of k is 1.99 for the Ni-Mo 
steel and 1.49 for the 0.45 C steel. Hence the Ni-Mo steel is more “ notch ” 
sensitive than the 0.45 C steel. Peterson 13 has suggested the following as 
a sensitivity index: 


5 


k — 1 
K -1 


( 22 ) 


For k— 1.0, as for some reported tests of soft cast iron (see next to last line 
of Table 6), q w r ould equal zero, and for k=K, as has seldom been reported, 
q would equal unity. Hence, the lower the value of k, the lower the value 
of q and the less sensitive is the material to the effects of stress concentra¬ 
tion, cast iron probably being the least sensitive of metals. Attempts 
have been made to correlate q with grain size, brittleness, ultimate strength, 
hardness, damping qualities, etc. However, for any given material and 
stress raiser, no way has been found of eliminating the fatigue test in the 
determination of sensitivity. 

It will be evident from examination of the tables and figures given 
below that considerable experimental work remains to be done to enable 
the designer, for any given material and stress raiser, to fix upon a value 
of k with any degree of precision. However, the information given in the 
tables and figures, together with the values of K given in Article 3, should 
enable a reasonable estimate to be made. 

The effect of scratches and various workshop finishes upon fatigue 
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strength is shown in Table 1. The results given agree well with tests made 
in this country and Germany. The value of k for a rolling-mill finish is 
about the same as for a coarse-file finish. 


TABLE 1 

Effect of Scratches and of Various Workshop Finishes upon the Fatigue 
Strength of a 0.33 C Steel in Repeated Reversed Bending 

(W. N. Thomas, Reference 5) 


Finish of Specimen 

Endurance Limit 
Reversed Bend¬ 
ing, s r 

Fatigue Stress 
Concentration 
Factor, k 

High longitudinal polish 

41,500 

1.00 

Fine emery, 0 or FF 

40,500 

1.03 

Fine carborundum 

40,500 

1.03 

Emery No. 1 

40,000 

1.04 

Coarse emery No. 3 

39,000 

1.06 

Fine ground finish 

39,900 

1.04 

Turned 

36,500 

1.14 

Smooth file 

38,500 

1.08 

Bastard file 

35,500 

1.18 

Coarse file" 

34,000 to 33,000 

1.22 to 1.26 

Accidental scratches 

35,000 

! 

1.19 max. 


The data of Table 2 show that a single circumferential groove of thread 
form reduces the fatigue strength considerably more than a continuous 
thread. In the stud bolts the termination of the thread was subjected to 
the maximum stress, and, as would be expected, the value of k approaches 
that of K more nearly than if the specimens were threaded throughout 
their length. This is shown, even though the effect of cold working is also 
involved, by the value of k for the stud bolt which had rolled threads 
throughout its length. 



Fig. 21. Fig. 22. 


Grooving the bottom of a nut as shown in Fig. 21 improves the distribu¬ 
tion of the load between the threads of the nut and bolt, decreases the 
magnitude of the maximum stresses, and improves the fatigue resistance 
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TABLE 2 


The Effect of Screw Threads and of a Single Circumferential Groove of 
Thread Form on Fatigue Strength 


Specimen 

. 

Outside 

Diameter 

Root 

Diameter 

Endur¬ 

ance 

Limit 

Fatigue 

Stress 

Concen¬ 

tration 

Factor, 

k 

Static 

Stress 

Concen¬ 

tration 

Factor,* 

K 

Tie-rod Steel, 0.43 C, ut = 

140,600, y t 

=58,850, Reference 7 


Plain, in reversed bending 


i 

51,000 

1.00 


Threaded, Amer. Std.f 

0.25 

0.203 

43,000 

1.18 


Single circumferential groove 

0.25 

0.203 

12,000 

4.25 


Threaded, f "-24 Amer. Std. 

0.376 

0.321 

37,000 

1.38 


Single circumferential groove 

0.375 

0.321 

21,000 

2.43 


0.30 C steel, as received, u t = 57,400, Reference 14 


Plain, repeated tension, 0 to 






max. 



37,000 

1.00 


f"-16 stud bolt, t Amer. Std. 

0.375 

0.287 

13,000 

2.84 

5.62 

f"-16 stud bolt, Whitworth 






Std. 

0.375 

0.295 

21,000 

1.76 

3.86 

0.30 C steel, slightly cold worked, = 74,000, Reference 14 


Plain, repeated tension, 0 to 

max. 



43,000 



f M6 Amer. Std. rolled 

thread § 

0.375 

0.287 

20,000 

2.15 

5.62 

S.A.E. 2320 Ni steel, heat treated, ^ = 109,000, Reference 14 


Plain, repeated tension 0 to 

max. 

|M6 stud bolt, Amer. Std. 

0.375 

0.287 

73,000 

19,000 

1.00 

3.85 

5.62 

f"-16 stud bolt, Whitworth 

Std. 

0.375 

0.295 

22,000 

3.32 

3.86 


* Values of K are from Reference 10. 

t Middle but not the ends of threaded portion subjected to mfnnmum stress. 
t For illustration of stud-bolt see Fig. 3, Chapter 25. 

§ Stud bolt threaded throughout its length. 
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of the bolt. Heavy standard nuts can be more effectively grooved than 
regular standard nuts. 

The shock and fatigue resistance of a bolt can be greatly improved by 
reducing the area of cross-section of the shank to somewhat less than that 
at the root of the thread as shown in Fig. 22. Generous fillets should be 
used, and it is especially important to reduce the shank at the terminus of 
the thread as shown. 

The data of Table 3 show that a profiled keyway lowers the fatigue 
strength of a shaft more than a keyway of the sled-runner type and that 
the value of k and the sensitivity increase, in a general way, with the ulti¬ 
mate strength of the material. Experimental work seems to indicate that 
the values of k would be about the same for reversed torsion as for reversed 
bending. The data are insufficient to indicate the effect of size. 

TABLE 3 

Fatigue of Shafts Having Keyways Tested in Repeated Reversed Bending 
(R. E. Peterson, Reference 11) 

•p , T . ., Fatigue Stress 

Endurance Limit ~ ® x 

Concentration Factor 

Using Using Using Using 

Modulus Modulus Modulus Modulus 

Circular Net Circular Net 

Section Section Section Section 


Specimens 1 Inch Diameter 
Keyway f Inch Wide, 

| Inch Deep 


0.45 C steel, normalized, ut —80,000, y t =45,000 


Plain specimen, no keyway 

37,000 




Sled-runner keyway * 

28,000 

33,000 

1.32 

1.11 

Profiled keyway f 

23,000 

27,400 

1.61 

1.35 

transverse hole 

12,100 

21,000 

3.06 

1.76 

Nickel-chromium steel, normalized, = 103,500, yt =70,000 

1 

Plain specimen, no keyway 

58,000 




Sled-runner keyway 

36,000 

42,800 

1.61 

1.35 

Profiled keyway 

28,000 

33,300 

2.07 

1.74 


* Cut with, milling cutter of same width as keyway. 
t Cut with profile milling cutter of same diameter as width of keyway. 
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Fig. 23 for the reversed bending of a shaft with a transverse hole shows 
that the value of k : for any given value of a/d, increases with the diameter 
d of the shaft and, in a general way, with the ultimate strength of the mate¬ 
rial. For a cast-iron shaft in reversed bending (^*=28,000, s r = 10,000, 
<2=0.35, and a/d— 0.157) Moore, Lyons, and Inglis 8 found the value of k 
to be 1.19, which is considerably less than the value of k for the 0.45 C or 
the Ni-Mo steel. 



Table 4 gives some data for shafts with transverse holes tested in re¬ 
versed torsion. The data are insufficient to show the effect of size on the 
value of k for any given value of a/d. However, the data do show that k 
increases in a general way, though not directly, with the ultimate strength 
of the material for any given value of a/d. The maximum value of K for 
a shaft with a transverse hole is about 4. 

The fatigue resistance of a shaft with a transverse hole can be con¬ 
siderably improved by rounding and polishing the rims of the hole. 

Fig. 24 for the reversed bending of a shaft with a filleted shoulder shows 
that the value of k, for any given value of r/d, increases with the minimum 
diameter d of the shaft. The plotted data are not sufficient to indicate 
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0.95 C STEEL NORM. UfVSOOO, y t ~32500 } S r =3300Q 
N/-MQ STEEL H.T. U t =?7000, y t ~9JSOO, S r -52QOO I 


KFOR f/d =0.063 J 

~TO 



0.9 OS A2 A 6 2.0 2.9 2.8 

Qf /N INCHES 

Fig. 24. —Reversed Bending, References 12 and 19. 


TABLE 4 



Cylindrical Specimens with Transverse Hole Tested in Repeated Reversed 

Torsion 

(T. J. Dolan, Reference 20) 


Material 

Diameter 

Specimen, 

d, 

Inches 

Ratio Dia. 

Hole to 
Dia. Shaft, 
a/d 

Endurance 
Limit in 
Reversed 
Torsion, 

T r 

Fatigue 

Stress 

Concentra¬ 

tion 

Factor, k 

S.A.E. 1020 steel, hot rolled, 

0.36 


20,100 

1.00 

u t =63,000, y 8 =28,000 

0.40 

0.100 

15,400 

1.31 


0.40 

0.175 

14,100 

1.43 


0.40 

0.250 

12,400 

1.62 

Rail steel, 0.78 C, hot rolled, 

0.32 


37,000 

1.00 

Ut = 133,000 

0.40 

0.10 

22,600 

1.64 


0.40 

0.25 

16,400 

2.26 

S.A.E. 3140 steel, hot rolled, 

0.32 


44,000 

1.00 

0.37 C, 1.33 Ni, 0.65 Cr, 

0.40 

0.10 

22,000 

2.00 

1 ^ = 115,000, y s =43,000 

0.40 

0.25 

19,500 

2.25 

S.A.E. 3140 steel, quenched 

0.28 


56,000 

1.00 

1510 F, drawn 920 F, 
u t ~ 162,000, y s =94,000 

0.38 

0.095 

30,000 

1.87 
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how kj for any given value of r/d, varies with the kind or strength of the 
material. 

Table 5 gives some data for shafts with filleted shoulders tested in 
reversed torsion. The data are insufficient to show how k varies with 
size but do show that k increases, in a general way, with the strength of 
the material for any given value of r/d. 

Where it is objectionable to have the fillet extend beyond the face of 
the shoulder, it is sometimes possible to use an internal fillet as shown in 



Fig. 25. 



Fig. 26. 


Fig. 25 and thus realize a fatigue strength considerably greater than 
that for an unfilleted shoulder. The webs of crank shafts are generally 
wide enough to accommodate internal fillets. Where the function of the 
part permits, the fatigue strength of a shaft with a square shoulder may be 
improved by employing a relieving groove as shown in Fig. 26. 


TABLE 5 



Cylindrical Specimens with Filleted Shoulders Tested in Repeated Reversed 

Torsion 

(T. J. Dolan, Reference 20) 


Material 

Ratio 

D/d 

Small 
Diam¬ 
eter, d, 
Inches 

Ratio 

r/d 

Endur¬ 

ance 

Limit in 
Reversed 
Torsion, 

r r 

Fatigue 

Stress 

Concen¬ 

tration 

Factor, 

k 

S.A.E. 1020 steel, hot rolled, 


0.36 


20,100 

1.00 

u t =63,000, y 8 =28,000 

2.0 

0.375 

0.0053 

17,500 

1.15 

S.A.E. 3140 steel, hot rolled, 


0.32 


44,000 

1.00 

ut = 115,000, y s =43,000 

2.5 

0.30 

0.027 

28,500 

1.54 


2.5 

0.30 

0.067 

28,000 

1.57 

S.A.E. 3140 steel, quenched and 


0.28 


56,000 

1.00 

drawn, % t = 162,000, y s — 94,000 

2.5 

0.30 

0.0087 

37,000 

1.51 
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Some data on the effect of grooves on the fatigue strength of specimens 
in reversed bending are given in Table 6. For any given shape of groove, 
the value of k decreases as r/h increases or as r increases. For the 45-degree 
grooves and the same value of d, the values of r/h versus k will plot in a 
smooth curve. It is to be noted that the value of k for any given groove 
varies with the material and that cast iron is far less sensitive to grooves 
than is Duralumin or steel. 


TABLE 6 

Effect of Grooves on the Fatigue Strength of Specimens Tested in Repeated 

Reversed Bending 


Outside 

Diam¬ 

eter, 

D 


Root 

Diam¬ 

eter, 

d 


Depth 

Groove, 

h 


Radius 

Bottom 

Groove, 


Ratio 
Bottom 
Radius to 
Depth, 
r/h 


Endur¬ 

ance 

Limit, 


Fatigue 

Stress 

Concen¬ 

tration 

Factor, 

k 


S.A.E. 6130 steel, 0.29 C, 1.07 Cr, 0.18 V, quenched 1675 F, drawn 1200 F, u t = 137,600, 2 /* = 127,800, 

Reference 7 


Plain specimen 

0.50 





55,000 

1.00 

45° circumferential 
groove similar to 
buttress thread 

0.48 

0.48 

0.48 

0.591 

0.716 

0.966 

0.434 

0.404 

0.328 

0.404 

0.404 

0.404 

0.023 

0.038 

0.076 

0.094 

0.156 

0.281 

Sharp 

0.0156 

0.0156 

0.0625 

0.1250 

0.250 

0.00 + 

0.410 

0.205 

0.625 

0.800 

0.890 

24,000 

24,000 

22,000 

36,000 

42,000 

45,000 

2.30 

2.30 
2.50 
1.53 

1.31 
1.22 

60° V-groove 

0.48 

0.404 

0.038 

0.010 

0.264 

21,000 

2.61 

Semicircular groove 

0.48 

0.48 

0.449 

0.23 

0.0156 

0.125 

0.0156 

0.125 

1.00 

1.00 

25,000 

40,000 

2.2 

1.38 


25 S Duralumin, A1 95+. Cu4.15, ut — 59,875, yt — 19,370, Reference 7 


Plain specimen 

0.50 





14,000 * 

1.00 

45° circumferential 
groove similar to 
buttress thread 

0.48 

0.48 

0.48 

0.591 

0.716 

0.966 

0.434 

0.404 

0.328 

0.404 

0.404 

0.404 

0.023 

0.038 

0.076 

0.094 

0.156 

0.281 

Sharp 

0.0156 

0.0156 

0.0625 

0.125 

0.250 

0.00 + 
0.410 
0.205 
0.625 
0.800 
0.890 

8,000 

8,000 

6,000 

10,000 

13,000 

1.75 

1.75 

2.32 

1.40 

1.08 

60° V-groove 

0.48 

0.404 

0.038 

0.010 

0.264 

7,750 

1.80 

Semicircular groove 

0.48 

0.449 

0.0156 

0.0156 

1.00 

11,500 

1.22 


Cast iron, ut = 31,600, yt— 17,000 for 0.001 inch, Reference 8 


Plain specimen 

0.35 





10,500 

1.00 

60° V-groove 

0.74 

0.35 

0.195 

0.078 

0.40 

10,500 

1.00 

Semicircular groove 

0.501 

0.342 

0.078 

0.078 

1.00 

9,700 

1.08 


* For 200 million cycles. 


Wheels, gears, and bearing races are press-fitted to axles and shafts, 
crank pins are press-fitted to crank webs and drive wheels, and piston rods 
are taper-fitted to pistons and cross-heads. Such tight fits lower the fatigue 
strength of the shaft or internal member. A press-fitted assembly is quite 
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similar to an axle or shaft with an integral hub for which bending or torsion 
would introduce stress concentration at the fillet between the shaft and 
hub. The fatigue stress concentration factor would be of the same order 
of magnitude as for a press-fitted assembly. In press-fitted assemblies 
the fatigue strength of the axle or shaft is considerably reduced by the pres¬ 
sure of contact of the fit, which rises to a peak at the ends of the fit, and by 
fretting corrosion between the fitted members. The fretting corrosion is due 
to relative motion between the contact surfaces and is a molecular attri¬ 
tion process which occurs with little regard to the magnitude of the pres¬ 
sure of contact and occurs whether the surfaces are lubricated or not. The 
higher the quality of finish of the fitted surfaces, the more pronounced is 
the action and the more oxides are discharged at the ends of the fit. The 
fatigue strength of a press-fitted assembly can be improved by about 25 
per cent as a maximum either by enlarging the shaft at the fit or by cutting 
grooves near the shaft in the faces of the external member. However, by 
rolling the surface of the axle or shaft, the fatigue strength of a press- 
fitted assembly can be increased about 2.3 times, as shown by the data in 
Table 7. Without cold working by surface rolling, the fatigue strength of a 
press-fitted assembly is only about 0.5 to 0.33 the strength of the shaft 
without the press fit. 


TABLE 7 

Increasing the Fatigue Strength of Press-fitted Axle Assemblies by Surface 

Rolling 

(0. J. Horger and J. L. Maulebetch, Reference 18) 

(Hubs, Cr-Ni-Mo steel, case hardened, fit allowance 0.001 inch; axles, S.A.E. 1045 steel, 
normalized 1650 F, drawn 1115 F, =88,000, =48,000.) 




Surface 

Computed 
Radial 
Pressure 
of Fit, 
Pounds 
per Square 
Inch 

Fatigue Strength 

Fatigue 

Assemblies 

Rolling 

Pressure 

per 

Without 

Press- 

With 

Press- 

Stress 

Concen¬ 

tration 



Roller, 

Pounds 

fitted 

Hub 

fitted 

Hub 

Factor, 

k 

FRACTURE 







a_is 


0 

4,400 

34,400 

15,000 

2.3 


1ST - £2 

Hr i t 

600 

4,400 

38,800 

33,000 

1.18 

3X0/A/ L Z30lA. j 

1,200 

4,400 

40,000 

34,000 

1.18 


LOAD 


FRACTURE-?* 

0 






W0 

3,200 

34,400 

12,000 

2.87 


600 


3,200 

38,800 

24,000 

1.62 


LOAD 

1,200 

3,200 

40,000 

28,000 

1.43 
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Corrosion of a specimen before being tested in fatigue does not lower 
the fatigue strength so decisively as corrosion occurring simultaneously 
with fatigue action. The latter action is known as corrosion-fatigue to 
distinguish it from the fatigue of corroded specimens. Moore 7 reports 
that the fatigue resistance of specimens of S.A.E. 1045 steel was lowered 
about 22 per cent by subjecting the specimens to a 20 per cent salt spray 
for 40 days before testing. The effect of corrosion-fatigue is shown in 
Table 8. It is to be noted that the specimens of low carbon steel are very 
little affected by the simultaneous action of corrosion, the fatigue resistance 


TABLE 8 

Corrosion-fatigue of a Carbon and a Ni-Cr Steel in Reversed Torsion for a 
Life of 10 Million Cycles 

(T. J. Dolan, Reference 20) 






Tested in Air 

Tested in Water 


Diam¬ 

eter 

of 

Speci¬ 

men, 

d 

Diam¬ 




Specimen 

eter 

of 

Hole, 

a 

Ratio, 

a/d 

Fatigue 

, Stress 

Endur- ^ 

Concen- 
ance . .. 

T . tration 

Limit t, . 

Factor, 

Fatigue 

•v-i , Stress 

Endur- ^ 

Concen- 
ance , ,. 

T . ., tration 
Limit -r, , 

Factor, 





k 

k 


S.A.E. 1020 steel, hot rolled, w* =63,000, y s =28,000 


Plain specimen 

0.36 



20,100 

1.00 

18,600 

1.08 

Specimen with trans¬ 








verse hole 

0.40 

0.04 

0.10 

: 

15,400 

1.31 

15,000 

1.34 


S.A.E. 3140 Ni-Cr steel, hot rolled, Ut~ 115,000, y s =43,000 


Plain specimen 

0.32 



44,000 

i 

1.00 

32,500 

1.35 

Specimen with trans¬ 








verse hole 

0.40 

0.04 

0.10 

22,000 

2.00 

13,500 

3.26 


S.A.E. 3140 Ni-Cr steel, quenched and drawn, u t — 162,000, 2/5—94,000 


Plain specimen 

0.28 



56,000 

1.00 

32,500 

1.72 

Specimen with trans¬ 








verse hole 

0.38 

0.036 

0.095 

30,000 

1.87 

20,000 

2.80 
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of the plain and “ notched ” specimens when tested in water being only 
7.5 and 2.6 per cent lower respectively than when tested in air. However, 
the fatigue resistance of the specimens of the Ni-Cr steel, both hot rolled 
and heat treated, is considerably reduced by the simultaneous action of 
corrosion. Very little is to be gained by substituting a corrodible steel of 
high strength for a corrodible steel of low strength. For steels in corrosion- 
fatigue there is no endurance limit, since the s-N curve does not flatten out 
and become horizontal. Of the non-ferrous metals and alloys only copper 
is unaffected in corrosion-fatigue, nickel, Monel, brass, aluminum, and 
aluminum alloys being severely affected. Metal coatings to protect parts 
against corrosion and corrosion-fatigue must be adherent and free from 
pores unless of a type to exert electrochemical protection of bare spots. 

Cold working by drawing, rolling, or shot peening generally increases 
the endurance limit of plain polished specimens but for some metals may 
not increase the endurance limit of specimens where stress raisers are 
present. Cold working so increases the “ notch ” sensitivity of some met¬ 
als as to decrease rather than increase the endurance limit. As shown 
above, the endurance limit of press-fitted assemblies is considerably in¬ 
creased by cold rolling. Shot peening has been found very effective in 
increasing the fatigue resistance of springs and is a much cheaper finishing 
operation than grinding and polishing. 

Surface hardening by carburizing, nitriding, cyaniding, flame harden¬ 
ing, or induction hardening increases the fatigue resistance of steels, the 
increase being greater for fluctuating bending than for fluctuating axial 
stress. However, the “ notch ” sensitivity is not the same for all methods 
of surface hardening. The “ notch ” sensitivity is lower for surface harden¬ 
ing by nitriding or by flame or induction hardening than for surface harden¬ 
ing by other methods. Increase of fatigue resistance by flame harde nin g is 
sometimes used as a substitute for fillets or to increase the fatigue resist¬ 
ance of small fillets. 

In general the effect of inclusions as inherent stress raisers is very minor 
indeed as compared with the effect of imposed stress raisers in the form of 
fillets, oil holes, keyways, etc. The harder the steel, the more serious is 
the effect of inclusions; hence, inclusions are detrimental in springs. The 
great danger of inclusions is in their additive effect when unfavorably 
located in the surface of an imposed stress raiser. 

Grain size, which is extremely important with respect to the impact 
resistance of steels, seems of relatively minor importance in fatigue. While 
information is as yet too scanty to appraise the influence on fatigue of 
grain size alone, it is certain that the use of steels of fine grain is no cure-all 
for “ notch ” sensitivity in fatigue. Direction of the fibers in forged or 
rolled steel parts may be very important. The direction of the fibers at 
stress raisers should not be at right angles to the direction of the stress. 
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Initial or residual stresses are introduced by quenching, casting, weld¬ 
ing, or cold working and may be introduced by grinding, machining, or 
assembling. Initial stresses are beneficial in fatigue only when opposed to 
the applied stresses. Usually the effect of initial stresses is detrimental in 
fatigue and detrimental also from the standpoint of warping. Initial 
stresses in cast or welded parts may be relieved and the fatigue resistance 
of the parts improved by annealing, and the fatigue resistance of heat- 
treated parts may be improved by prolonging the time of drawing after 
quenching. 

Under compression, as at the contacts of balls and rollers with their 
races, it is possible for the stress a very little below the surface to be greater 
than at the surface. Hence the nuclei for fatigue failure may occur and 
grow somewhat below the surface. This may occur in carburized or ni- 
trided steel parts where the case is stronger than the core, failure starting 
in the zone of transition of case to core. Such specimens will show 7 a higher 
fatigue strength under fluctuating bending than under fluctuating axial 
stress. 

In parts subjected to fluctuating stress the magnitude of the high 
localized stresses, due to the presence of stress raisers, may be dangerously 
augmented by resonant vibrations at certain critical speeds. Generally 
vibration dampeners are employed to reduce greatly the severity of such 
vibrations and peak stresses. 

It has been pointed out above that, for a given type of stress raiser, the 
fatigue resistance of a part will depend on the size of the part and the mate¬ 
rial of which it is made. In selecting a suitable material for a part it is 
important to keep in mind that some materials are more “ notch ” sensi¬ 
tive than others and that some are more resistant to corrosion-fatigue 
than others. 

The harmful effect of any type of stress raiser increases as the hardness 
of the steel increases, and there is little if anything to be gained by using 
steels having an ultimate strength greater than 125,000 to 150,000, since 
the increased endurance of plain polished specimens is neutralized by the 
increase in “ notch ” sensitivity. The special low alloy steels of high yield 
strength are not as “ notch ” sensitive as the plain carbon steels. 

In corrosion-fatigue, the lack of advantage of the stronger over the 
weaker steels is more marked than for “ notch ” sensitivity. On the aver¬ 
age, no advantage is gained by using steels having an ultimate strength 
greater than 100,000 to 125,000. In fresh and salt water, aluminum bronze 
has a higher resistance in corrosion-fatigue than many of the other copper 
alloys. Beryllium bronze is outstanding in its resistance to corrosion- 
fatigue. 

Cast iron and the austenitic stainless steels of the 18-8 type are deserv¬ 
ing of special mention. The “ notch ” sensitivity of cast iron is low, it 
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shows up well in corrosion-fatigue, and, because it is stronger in shear than 
in tension, it is highly resistant to fatigue in torsion. The austenitic stain¬ 
less steels of the 18-8 type are highly resistant to corrosion-fatigue and are 
low in “ notch ” sensitivity. 

9. Suddenly Applied and Impact Loads.—The discussion in Articles 7 
and 8 dealt with known variations of load without shock or impact effects. 
Machine members under fluctuating loads are sometimes subjected to 
more or less shock. In such cases the stresses induced will depend upon 
the yield of the supporting members and of the members through or by 
which the load is applied, as well as upon the yield of the member itself, 
and it is generally quite impossible to determine with reasonable accuracy 



Fig. 27. 


the augmentation of stress due to the effects of 
shock. However, some insight into the nature 
of the problem can be gained by assuming that 
only the member itself yields. In Fig. 27 let: 

W =weight of the falling body in pounds; 
/&=height of free fall in inches; 

Z=length of rod in inches; 

A = area of cross-section of rod in square 
inches; 

6=elastic elongation of the rod in inches; 

P =maximum resulting load in pounds; 
s=maximum induced stress in pounds per 
square inch = P/A ; 

E =modulus of elasticity in pounds per 
square inch. 


Considering only the yield of the rod and neglecting the yield of the 
other members, the energy given up by the falling weight would be ab¬ 
sorbed wholly by the rod. Assuming also that the rod is not stressed 
beyond the elastic limit, the load on the rod will be directly proportional 
to the elongation, and the energy absorbed by the rod will be equal to the 
area of the shaded triangle, whose base is the maximum load P and whose 
height is the elongation 8. The energy absorbed by the rod is therefore 
equal to the product of P/2 and 5, or to P8/2 in.-lbs. The energy given up 
by the falling weight is W{h+8) in.-lbs. Hence: 

W{h+8)^8- (23) 


But 


P = sA, and <5 =— 
E 
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Substituting these values of P and d in equation (23) and transposing give 

2WEh 

(24) 


-Kr) J 


Al 


Completing the square and taking the square root of both sides give 

6 EAh \ 

1 i~m +i } 


W ( 


A 


(25) 


Equation (25) gives the maximum stress induced by an impulsively applied 
load; that is, by a load applied with an initial velocity. A load applied 
instantaneously but without initial velocity is known as a suddenly applied 
load. For a load so applied h~ 0, and equation (25) reduces to 


(26) 


that is, the maximum induced stress is twice what it would be for a stati¬ 
cally applied load of W. 

To illustrate the application of equation (25) assume the rod shown 
in Fig. 27 to be of steel (E = 30,000,000) and to be impulsively loaded by 
a weight W of 500 lbs. falling through a height h of 0.10 in. For A equal 
to 0.50 sq. in. and l equal to 100 in., the maximum induced stress in the 
rod would be 



= 8800 lbs. per sq. in. 


500/ 2 X 30,000,000 X0.5 X0.1 

0.5\ 1 "' 500X100 


According to the equation the maximum stress induced by the impulsive 
load is 8.8 times as great as for a statically applied load of 500 lbs. Be¬ 
cause the equation considers only the yield of the rod and neglects the 
yield of the other members, the maximum induced stress, for the assumed 
values of W and h, would be considerably less than, and could not be greater 
than, 8800 lbs. per sq. in. 

If for a horizontal rod similar to the one shown in Fig. 27 a weight W 
in free motion impinged with a velocity of V feet per second, the energy 
given up by the moving weight in coming to rest would be i(W/g)V 2 
foot-pounds. The energy in foot-pounds absorbed by the rod would be 
iP(8/ 12). Hence: 


Solving, 



5 = ^ 


12 WE 


gAl 


(27) 

(28) 
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As previously intimated, the principal purpose of the artificial examples 
dealt with above of suddenly and impulsively applied loads was to demon¬ 
strate that where shock loading exists it is quite impossible, except by 
experiment, to determine with reasonable accuracy the augmentation of 
load and stress due to the effects of shock. Sometimes in design the 
maximum load resulting from shock is approximated by assuming a free 
drop which experience has indicated to be reasonable. Thus, in the design 
of aeroplanes, a free drop is sometimes assumed to approximate the maxi¬ 
mum load on the landing gear. 

In fatigue loading the liability to shock may be coincident with the 
cycles of stress variation or may be only occasional with respect to these 
cycles. The former condition of loading would, of course, lower the fatigue 
resistance of the material more than the latter condition. Repeated shock 
may be dealt with by increasing the nominal load or by reducing the allow¬ 
able stress. Shock factors from 1.25 to 2.0 would cover the general run of 
cases, for, as a rule, undue shock conditions are not accepted in structures 
and machines, the effects of shock being reduced wherever possible by 
modifying the design, by balancing, or by the use of dampeners. Design 
for simple stress action in fatigue is treated in Article 10 and for complex 
stress action in Article 11. When there is repeated shock, it will be found 
necessary in connection with complex stress actions to apply shock factors 
to the separate loads or moments. It will therefore be found expedient in 
connection with Article 10, as well as in connection with Article 11, to apply 
shock factors to the loads and not to the allowable stresses. 

10. Allowable Stresses for Simple Stress Action in Fatigue Loading.— 
The endurance limit for cyclic variations of stress in simple tension, com¬ 
pression, or bending, unaccompanied by stress concentration, is given by 
equation (19). If there is stress concentration, then the endurance limit 
for repeated reversed stress becomes s r /k, which, when substituted for s r 
in equation (19), gives the following general expression for s e : 



a-.R^a+o 


2 S r 


k(l ——(1+6) 
yt 


(29) 


If there is no stress concentration, k =1 and equation (29) reduces to equa¬ 
tion (19). 

The allowable tension or compression stress for a factor of safety n 
becomes, 

Se 


n 


(30) 
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Equation (30) also gives the allowable shear stress in torsion for materials, 
such as cast iron, that are stronger in shear than in tension. 

Equation (20) for ductile ferrous metals and alloys in simple shear or 


torsion reduces to, 

Te 



(31) 


(1—c)-——(l+e) fc(l—e)+—(1+e) 
ky s y s 


If 7>, when not known, is assumed to be equal to 0.55s r , and y s is assumed 
to be equal to 0.55 y t , then equation (31) becomes, 


1.10$ r 

T e = - 

k( l-e)+~(l+e) 
yt 


(32) 


The allowable shear stress for ductile ferrous metals and alloys for a factor 
of safety n becomes, 

r—(33) 
n 


Concerning the application of shock factors, consult the last paragraph 
of Article 9. 

A few problems will illustrate the application of the above equations. 
Problem 1 .—Determine the small diameter of a steel axle with a filleted 
shoulder which is subjected to repeated bending,with the bending moment 
varying from zero to a maximum value of 5000 lb-in. at the shoulder. 
The shaft is to be made of normalized 0.45 C steel, for which u t — 88,000, 
y t ~ 48,000, and s r = 35,000 lbs. per sq. in. Fluctuation of load is without 
shock, and a factor of safety of 2 is to be used. 

Without knowledge of the purpose and application of the member, 
Fig. 24 offers about the only guidance in assuming a reasonable value for 
k. A value of 2 will be assumed for k. The ratio e of the minimum to the 
maximum stress or load is zero. Hence, by equation (29), 

2s r 2(35,000) 

s e — ----=25,600 lbs. per sq. in. 

Sy 35 

k( l-e)+-(l+e) 2(1-0)+—(1+0) 
yt 48 

By equation (30) the allowable stress is 
s e 25,600 

-=-- 12,800 lbs. per sq. in. 

n 2 

From Af=s(I/c)=s(-7rd 3 /32) the small diameter becomes 
sl32M 3/32(5000) 

d—\ - = \i- =1.585, say lfk in. 

V *8 y ir 12,800 
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Having small diameter d, it is possible, without knowing where the axle is 
to be used, to assume reasonable values for large diameter D and fillet 
radius r at the shoulder. For r=-^ in. and D = 2 in., rfd =0.06 and D/d — 
1.28, for which, by Fig. 24, the assumed value of k would appear to be on 
the side of safety. » 

Problem 2 .—Using the same material as in Problem 1, determine the 
small diameter of a shaft with a filleted shoulder which is subjected to 
repeated torsion, with the torsional moment varying from 1000 to 5000 
lb-in. at the shoulder. Fluctuation of load is without shock, and a factor 
of safety of 2 is to be used. 

In assuming a value for k, Table 5 offers about the only guidance. A 
value of 1.6 will be assumed for k. The ratio e of the minimum to the max¬ 
imum stress or load is 1000/5000 = 0.2. Since the material is ductile, and 
since the value of r r is unknown, equation (32) applies. Hence: 

1.10s r 1.10X35,000 

r e =---—-= 17,800 lbs. per sq. in. 

k(l—e) +—(1+e) 1.6(1—0.2)H—(1+0.2) 

Vt 48 

By equation (33) the allowable shear stress is 

T e 17,800 

t=—= -= 8900 lbs. per sq. in. 

n 2 

From Mt=T(I/c) =t('tt^ 3 /16) the small diameter becomes 



3/16(5000) 


= 1.42, say 1^ in. 


Having small diameter d , it is possible, without knowing where the shaft 
is to be used, to assume reasonable values for large diameter D and fillet 
radius r at the shoulder. For r=& in. and D = l^f in., r/d=0.065 and 
D/d — 1.35, for which, from Table 5, the assumed value of k would appear 
to be on the side of safety. 

Problem S .—Determine the small diameter of a cast-iron shaft with a 
filleted shoulder which is subjected to repeated torsion, with the torsional 
moment varying from zero to a maximum value of 5000 lb-in. at the 
shoulder. For the cast iron u t =31,600, ^ = 17,000, and = 12,000 lbs. 
per sq. in. Fluctuation is without shock, and a factor of safety of 2.25 is 
to be used. 

Since cast iron is quite insensitive to stress raisers (see Table 6), a 
value of 1.1 will be assumed for k. Being stronger in shear than in ten¬ 
sion, cast iron in torsion fails in tension, and equations (29) and (30) 
would apply. Hence: 
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2s r 2X12,000 

s e = — . - . . = 13,300 lbs. per sq. in. 

s 12 

k(l-e)+-(l+e) 1.1(1—0)4— (1+0) 

Vt 17 


and 


s e 13,300 

s = —=-= 5900 lbs. per sq. in. 

n 2.25 


From Mf = $(7rd 3 /16), the small diameter becomes 




z\im t _ 3/16(5000) 
tts * tt5900 


= 1.63, say If in. 


11. Allowable Stresses for Combined Stress Action in Fatigue Load¬ 
ing. 3 —It is only during recent years that experimental data have been 
available on the failure of materials in fatigue when subjected to combined 
stresses. Considerable experimental work remains to be done. From the 
data available, the maximum stress theory appears to apply with accept¬ 
able accuracy to brittle materials, and the maximum shear theory to ductile 
materials. In applying these theories to members subjected to fluctuat¬ 
ing loads, there are two conditions to be recognized: first, a condition in 
which the directions of the lines of action of the principal stresses at any 
point in the member do not change with the fluctuations of load; and, 
second, a condition in which both the directions of the lines of action and 
the relative magnitudes of the principal stresses vary with time. The two 
theories of failure mentioned above will be applied only to the first condi¬ 
tion, which is satisfied in many applications. 

The assumption that there is, with time, no change in the directions of 
the lines of action of the principal stresses is equivalent to saying that the 
maximum values of the principal stresses are reached at the same instant 
of time, likewise the mean or any other proportionate values of the principal 
stresses. This assumption is justified when, as in so many applications, the 
fluctuating loads are synchronous. 

Equation (17) is an empirical expression for the maximum stress at 
failure for a simple fluctuating stress. If there is stress concentration, the 
endurance limit for repeated reversed stress becomes s T /k, and the general 
form of equation (17) becomes 



If there is no stress concentration, k = 1, and equation (34) reduces to 
equation (17). Representing (1 —s r /ky t ) by a and solving equation (34) for 
s r /k gives, 

Sr 

~ s max as m . 
k 


(35) 
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By the maximum stress theory failure will be assumed to occur when the 
ma.vimnm value of the greatest principal stress reaches the value of the 
maximum stress s max . for failure in the case of a simple fluctuating stress. 
For the general case of two-dimensional stress, the respective values of s 
and s" of the maximum and mean normal stresses for any angle 0 are, by 
equation (7), 



cos 2 d+r'xy sin 20; 


(36) 


s 


// 



cos 26+r" xy sin 29. 


(37) 


It will be assumed that failure occurs for plane DB, Fig. 1C, when the 
maximum and mean values s' and s" of the normal stress respectively 
equal the maximum and mean values s max and s m for a simple fluctuating 
stress. Substituting the respective values of s' and s" from equations (36) 
and (37) for s m&x and s m in equation (35) gives 


fl 

k 



cos 2d+T' xy sin 29 


—a 


*+s"y 




cos 2 8+r n xy sin 20 


(38) 


To determine the critical position of the plane DB, it is convenient to con¬ 
sider s r /k in equation (38) as an equivalent simple stress for failure. This 
stress is equal in magnitude to the right-hand side of equation (38) and is 
maximum in value for some particular value of 0. Applying the condition 



= 0 and solving give, 


tan 20 = 


2(t X y O/r x ^) 

{s y S x) a(s y S x ) 


(39) 


The values of cos 20 and sin 20 may be obtained from equation (39). When 
these values are substituted in equation (38), the relation of the stress 
components for failure becomes, 


7" ~ dXs^+s'i/) — a(s" x +s" y ) 
k 2 

(40) 

When the stress components are normal stresses only (s x = s 1 ,s y = S 2 , and 
Tx y = 0), equation (40) reduces to equation (35). 

In design problems, the ratios of the minimum to the maximum stresses 
or loads are generally known. It is possible to use these ratios and thus 
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avoid dealing with the mean components of stress. In accordance with 
equation (18) 

„ fl+e x \ mm.s x l+e x 

s x = l-Is x ~bs XJ where e x = -and b = -; 

\ 2 / max. s x 2 

„ /l+e»\ , , min. s v l+e y 

\ 2 ) v max.*„ 2 

„ /1+er^ , J , t min. r xy l+e T 

r xy — v- jr xy = dr xy , where e T =-and a= - 

\ 2 / max. t xv 2 

Substituting the above in equation (40) and introducing a factor of safety n, 
the equation becomes, 


s r 1 

—=-[s'a( 1 -ab)+s' y (l-ac) 
kn 2 

±V[s' !/ (l-a C )- s ' ;c (l-a6)] 2 +4(T^) 2 Cl-ad) 2 ]. (41) 

For s^O, equation (41) becomes, 

l-a5)±V( S g 2 (l-afe) 2 +4(r' w ) 2 (l-ad) 2 ]. (42) 


By the maximum shear theory , failure will be assumed to occur when 
the maximum value of the shear stress reaches the value of the maximum 
shear stress corresponding to 6* max . for failure in the case of a simple fluc¬ 
tuating stress. Theoretically r max> = s max ./2 and r w = s m /2, or $ max .= 
2r max . and s m — 2r m . Substituting these values of $ max . and s m in equation 
(35) gives, 

'-w) (43) 

For the general case of two-dimensional stress, the respective values of 
the maximum and mean shear stresses for any angle 6 are, by equation (11), 

sin 2(9 +t' xv cos 26; (44) 

^ sin 2 6+r" xy cos 26. (45) 

Substituting r' for r max . and r" for in equation (43) gives 



Sp 


= 2r n 


-2 aT m , where 


a = ( 



(S' x S y) 


sin 26+2r' xy cos 2 9—a(s" x — s" v ) sin 26—2ar" xy cos 29. 


(46) 
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The right-hand side of equation (46) will be maximum for some particular 
value of 0. Applying the condition ^0^ = 0 and solving give, 


tan 2 6 = 




(47) 


2 (r' X y-aT" xy ) 

from which the values of cos 2 6 and sin 26 may be found. When the values 
of cos 26 and sin 26 are substituted in equation (46), the relation of the 
stress components for failure becomes, 


(48) 


f= ±V[(4-4)-«(sVA)f+4(r / ,r^) 2 

k 

Substituting for the mean stresses, as in equation (40) above, and introduc¬ 
ing a factor of safety n, equation (48) becomes, 


y- = +V [s' x ( 1 - ah) - 5^(1 - ac)] 2 +4(r / a ;y) 2 (l - ad) 2 , 
kn 

For 5^=0, equation (49) becomes 

$r 


kn 


= ±V( 5 ' s ) 2 (l-a&) 2 +4(r' ;cy ) 2 (l-ad) 2 . 


(49) 

(50) 


Concerning the application of shock factors, consult the last paragraph 
of Article 9. 

A couple of problems will illustrate the application of equations (41), 
(42), (49), and (50). 

Problem 1 .—Determine the small diameter of a steel shaft with a filleted 
shoulder which is subjected to combined bending and twisting. The bend¬ 
ing moment M at the shoulder varies from +10,000 to —10,000 lb-in., 
and the twisting moment M t varies from +2000 to +8000 lb-in. The 
shaft is to be made of normalized 0.45 C steel, for which u t = 88,000, y t = 
48,000, and s r = 35,000 lbs. per sq. in. Fluctuation is without shock, and 
a factor of safety of 2 is to be used. 

For geometrically similar parts, fatigue stress concentration factors 
are lower than static stress concentration factors, and fatigue stress con¬ 
centration factors are lower for torsion than for bending. Inspection of 
Figs. 6 and 7 and also of Fig. 24 and Table 5 would indicate that a reason¬ 
able value for k would be about 1.8. 

The material being ductile, equation (49) or (50) would apply, for which, 


kyt 

I+e# 

2 

l+e r 


35 

1.8(48) 


0.595; 


1-1 

—-=0 and (1 — db)-l; 
1+(2000/8000) 

= 0.625 and 


(l-ad)= 0.628; 


2 


2 
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s r 35,000 

Allowable stress=—=-=9720 lbs. per sq. in.: 

kn 1.8X2 

32M 16ikfi 

s'x =— 3T, and t ' xv =——• 


Equation (50) applies 



Having small diameter d, it is possible, without knowing where the shaft 
is to be used, to assume reasonable values for large diameter D and fillet 
radius r at the shoulder. For r = ^ hi. and D = 2§ in., r/d= 0.0695 and 
D/d= 1.22, for which k = 1.8 would appear to have been a safe assumption. 

Problem 2 .—Determine the small diameter of a cast-iron shaft with a 
filleted shoulder which is subjected to combined bending and twisting. 
The bending moment M at the shoulder varies from +10,000 to —10,000 
lb-in., and the twisting moment M t varies from +2000 to +8000 lb-in. 
For the cast iron u t = 31,600, y t = 17,000, and s r =12,000 lbs. per sq. in. 
Fluctuation is without shock, and a factor of safety of 2.25 is to be used. 

Since cast iron is quite insensitive to stress raisers (see Table 6), a value 
of 1.2 will be assumed for k. Cast iron, being stronger in shear than in 
tension, is a brittle material; hence equation (41) or (42) would apply, for 
which, 


Sr d 12 

i-2(i7) 


= 0.411; 



and 


(1—a6) = l; 


14 5= i ± W ! 000)_ 0 626 and 
2 2 

Sr 12,000 

Allowable stress=—=-——=4450 lbs. per sq. in.; 

kn 1.2X2.25 
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32 M , 16 M t 

S X = “T" ; T #2/ ,3“ * 

7Tu 7T^ 


Equation (42) applies 
$ r 1 


or 


=-[s / a;( 1— ab )dh V 7 (s'a;) 2 (l—a&) 2 +4(r a:2/ ) 2 ( 1 — ad) 2 ]; 
kn 2 


4450 = 


. //32M\ 2 /16MA 2 


1 

[32M 

* 

2 

Ixd 3 


16M 


ird 3 L 
16M 




(0.743) 2 


Hence, 


i6ikrr / 8000 \ 2 

—- i±Vi+-) 0.55 

L v \io,ooo/ 


16M2.162 


f3 


3 /16M2.162 3 (16(10,000)2.162 

V wLl KO ~ V 


tt4450 


tt4450 


7rd 


= 2.91, say 2}f in. 


Having small diameter d, it is possible, without knowing where the shaft 
is to be used, to assume reasonable values for large diameter D and fillet 
radius r at the shoulder. For r = f in. and D= 3f in., r/d = 0.0425 and 
D/d = 1.23, for which k — 1.2 would appear to have been a safe assumption. 

12. Effects of Low and of High Temperatures.—The subject of allow¬ 
able stresses for materials at ordinary temperatures has been discussed in 
the preceding articles. It was pointed out that, while the static and 
fatigue strengths of a material are affected very little by low temperatures, 
the impact resistance may be very seriously affected. Thus at — 76 F the 
impact resistance of an 0.18 C steel is only one-sixteenth of its value at 32 F. 

Allowable stresses for metals and alloys at elevated temperatures are 
affected by the phenomenon of creep, which may be defined as a continuous 
deformation that increases with time. Thus, for a 0.32 C steel at a tempera¬ 
ture of 1112 F, there was no creep under a stress of 4480 lbs. per sq. in., but 
a slow creep of 0.00007 in. per hr. was found under a stress of 6720, a creep 
of 0.001 in. per hr. under a stress of 8960, and a creep increasing from 0.013 
to 0.06 in. per hr. up to fracture under a stress of 11,200 lbs. per sq. in. 
The allowable stress for an elevated temperature is called the limiting creep 
stress. 

Where elevated temperatures exist for relatively short periods of time 
or where the creep during the life span of the structure is not definitely 
limited, as in boilers, the allowable or limiting creep stress may be based 
on the yield strength of the material at the operating temperature. How¬ 
ever, this, can not be done where, to function properly, the creep during the 
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life span of the machine must be definitely limited. Thus, to maintain 
working clearances in a turbine, the allowable stress should correspond to 
a permissible creep rate in inches per unit of time that would limit the 
creep in the life span of the machine to a specified amount. A creep of 
0.01 per cent per year over a period of 25 years might be specified. To fix 
upon a corresponding allowable stress for an elevated temperature re¬ 
quires creep tests of the material, about which the A.S.T.M. Standards 
state: “ Test periods of less than one per cent of the expected life are not 
deemed to give significant results. Tests extending to 10 per cent of the 
expected life are preferable where feasible.” 

The method of extrapolating test data and the interpretive theory to 
be applied in determining allowable stresses for elevated temperatures 
are complex and controversial matters. All that can be done here is to 
indicate the two types of design problems. 
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CHAPTER 20 


STRAIGHT AND HELICAL SPUR GEARS 


1. Lewis Equation for Straight Spur Gear Teeth— At the beginning 
of action between a pair of gear teeth, the flank of the tooth of the driver 
makes contact with the tip of the tooth of the driven gear. At the close 
of action, the contact is between the tip of the tooth of the driver and the 
flank of the tooth of the driven gear. Hence, at the beginning and at the 
close of action, gear teeth function as short cantilever beams loaded at the 
outer end as shown in Fig. 1. Neglecting the friction of sliding, the tooth 
load Wi acts normal to the tooth profile. It is the tangential component 
W of Wi which does the driving and which exerts a bending moment 
tending to break the tooth. The load W 
that can safely be transmitted by a tooth 
of any given material and circular pitch 
depends on the form of the tooth and 
therefore on the number of teeth on the 
gear. The effect of tooth form on the 
strength of gear teeth was first recognized 
and evaluated by Wilfred Lewis. 1 

In a beam of uniform strength the 
maximum induced stress is the same in 
every section of the beam. The outline 
of a cantilever of constant width and of 
uniform strength is parabolic. Wilfred Lewis made use of this fact 
in determining form factors for different gear tooth systems. Accurate 
drawings were made to a large scale of gear teeth of the same pitch for 
gears having a different number of teeth. For each tooth form the point 
of intersection of the line of action of the load Wi with the center line of the 
tooth was determined as shown in Fig. 1. Through this point a parabola 
was drawn tangent to the tooth profile. Since the parabola outlines a 
cantilever of uniform strength, the points of tangency a determined the 
weakest section of the tooth. The bending moment is balanced by an 



internal stress couple, 


Wl=s~ 


s 6 »3» 


1 “Investigation of the Strength of Gear Teeth,” Engineers’ Club of Philadelphia, 
Oct. 15, 1892. 
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where 


s=maximum induced stress in lbs. per sq. in.; 

6 = width of face of the gear in inches; 

2h =thickness of the tooth at weakest section in inches; 
p c = circular pitch in inches; 
p' c = diametral pitch = ir/p c . 


Solving (1) for W gives 


W=sbp 


(2W\ 

\3 pd) 


( 2 ) 


For any given system of gearing Lewis found that the term (2h 2 /3p c T) 
could be expressed as a form factor y in terms of the number of teeth N. 
Hence, 


W=sbp c y, 


(3) 


which is the original form of the Lewis equation. 

For the recognized standard systems of interchangeable gears, the 
values of y for different numbers of teeth are given in Table 1. 

The Lewis equation assumes that the maximum induced stress in a 
gear tooth can be found by the ordinary methods of mechanics in the 
manner indicated above. Whether this is true or not depends on the size 
of the fillets at the root of the tooth. If the root fillets are too sharp the 
localized stress at the root may be in excess of that indicated by the Lewis 
equation. Also, if the compression stress at contact is too high, the gear 
tooth may fail by pitting or wearing too rapidly. 

In the continuous transmission of the power by gearing a pair of teeth 
must come into action before the preceding pair goes out of action. This 
means that at times, depending upon the number of teeth in the mating 
gears, two or more pairs may be in action. The Lewis equation assumes 
that, in the transmission of power, the entire load is taken by a single 
pair of teeth. This assumption allows for inaccuracies of form and 
spacing and is on the side of safety. For convenience Lewis took the 
applied load as the torque to be transmitted divided by the pitch radius. 
This gives a value of W somewhat greater than the tangential component 
of the load W\ at the tip of the tooth as shown in Fig. 1. 

Lewis assumed the applied load to be uniformly distributed across the 
width of face b } thus assuming the possible safe load to vary directly as the 
width of face. The uniformity of distribution in service will depend upon 
the nature and magnitude of the deflections of the supports and mountings 
as well as upon the initial accuracy of form and alignment. For ordinary 
conditions the width of face of cut gears is often limited to 3 or 4 times the 
circular pitch. 

Lewis rightfully felt that the dynamic effects would increase with the 
pitch line velocity and that the higher the pitch line velocity the lower 
should be the allowable stress. Since the matter had not been investi- 
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TABLE 1 

Values of Form Factor y 
{a =addendum, p f c = diametral pitch) 



External Gears 

Internal Gears 

Number 
Teeth j 

14| Degree 
Composite 
System 
a — l/p'c 

20 Degree 
Full Depth 
System 

0 = 1 /p'c 

20 Degree 
Stub 
System 
a=0.80/p' c 

20 Degree Full Depth System 

Pinion 
a = l/ p' c 

Internal Gear 

a = l /P'c 

10 

0.055 

0.064 

0.088 

0.103 


11 

0.062 

0.072 

0.093 

0.104 


12 

0.067 

0.078 

0.099 

0.104 


13 

0.071 

0.083 

0.103 

0.104 


14 

0.075 

0.088 

0.108 

0.105 


15 

0.078 

0.092 

0.111 

0.105 


16 

0.081 

0.094 

0.115 

0.106 


17 

0.084 

0.096 

0.117 

0.109 


18 

0.086 

0.098 

0.120 

0.111 


19 

0.088 

0.100 

0.123 

0.114 


20 

0.090 

0.102 

0.125 

0.116 


21 

0.092 

0.104 

0.127 

0.118 


22 

0.093 

0.105 

0.129 

0.119 


24 

0.095 

0.107 

0.132 

0.122 


26 

0.098 

0.110 

0.135 

0.125 


28 

0.1Q0 

0.112 

0.137 

0.127 

0.220 

30 

0.101 

0.114 

0.139 

0.129 

0.216 

34 

0.104 

0.118 

0.142 

0.132 

0.210 

38 

0.106 

0.122 

0.145 

0.135 

0.205 

43 

0.108 

0.126 

0.147 

0.137 

0.200 

50 

0.110 

0.130 

0.151 

0.139 

0.195 

60 

0.113 

0.134 

0.154 

0.142 

0.190 

75 

0.115 

0.138 

0.158 

0.144 

0.185 

100 

0.117 

0.142 

0.161 

0.147 

0.180 

150 

0.119 

0.146 

0.165 

0.149 

0.175 

300 

0.122 

0.150 

0.170 

0.152 

0.170 

Hack 

0.124 

0.154 

0.175 
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gated experimentally, he, after a canvass of the sources of information, 
accepted the recommendations made by E. R. Walker of New Castle- 
under-Lyme in 1868. The recommendations of Walker were expressed in 
the form of an equation by Carl G. Barth: 


( 600 \ 

5 \600+F/’ 

where 

$=the allowable stress in lbs. per sq. in.; 
F=the pitch line velocity in ft. per min.; 
$1 = 8000 for cast iron; 

= 20,000 for steel. 


(4) 


For values of $1 for cast iron and other materials, see Table 2. 


TABLE 2 
Values of si 


Materials 

s h lb./sq. in. 

Wood (beech, or maple)... 

3000 

Rawhide. 

8000 

Fabroil. 

8000 

Bakelite micarta. 

8000 

Oast iron. 

8000 to 10,000 
10,000 

12,000 to 15,000 
20,000 

25,000 

50,000 

100,000 

100,000 

Semi-steel. 

Bronze. 

Steel castings. 

Mild steel, untreated. 

Alloy steels, case-hardened. 

Chrome-nickel steel, hardened throughout. 

Chrome-vanadium steel, hardened throughout. 



2. Design Form of the Lewis Equation for Straight Spur Gear Teeth.— 

Equation (3) is not in the most convenient form for design purposes. 
Solving the equation for the induced stress gives 


Let 


W 

S bPcV' 

T ~torque to be transmitted in lb.-in.; 

D = pitch diameter in inches; 

N =number of teeth in gear; 
j/ c = diametral pitch =N/D—ir/p c ) 

6= width of face in inches = kp c =kir/p f c ; 

^ = 3 to 4 for ordinary conditions of service. 


( 5 ) 
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Substituting for b and p c in equation (5) gives 

hir 2 y ‘ 


( 6 ) 


Equation (6) is the most convenient form of the Lewis equation for the 
solution of problems where the diameters of the mating gears and the 
power to be transmitted are known. Now 


2T 2Tjf c 
D N ’ 


Substituting this value of W in equation (6) gives 

._ 2 Tjp'J 
h**yN * 


(7) 


Equation (7) is the most convenient form of the Lewis equation for the 
solution of problems where the ratio of the gears and the torque to be 
transmitted are known, which is a very common problem in design. For a 
solution the induced stress s by equation (7) should not exceed the allowable 
stress s by equation (4). 

For any given problem judgment is most easily exercised on the number 
of teeth desired on the pinion, which, with the gear ratio, fixes the number 
of teeth on the gear. This enables the value of y to be taken from Table 1. 
Since for a problem the torque must be known, equation (7) enables the 
induced stress $ to be computed and expressed as a numerical constant 
times (p' c ) 3 . Having $ in this form it can be seen almost by inspection 
what value of p' c should be assumed to give an induced stress that will 
not exceed the allowable stress as given by equation (4). 

It is very helpful in solving straight spur gear problems to first obtain 
values of the pitch and width of face by application of equations (6) and 
(4) or (7) and (4) and then to check for dynamic effects and wear. 

3. Dynamic Load and Beam Strength of Straight Spur Gear Teeth.— 
It was about 20 years after the work of Lewis before any extensive or 
systematic tests were undertaken on the wear and strength of gear teeth. 
Some tests were made at Stanford University under the direction of 
Guido H, Marx, 2 The speculation and discussion of the probable nature 
and magnitude of the loads on gear teeth, which had continued for about 
30 years, culminated in the formation in 1921 of a Special Research Com¬ 
mittee of the American Society of Mechanical Engineers. The organiza¬ 
tion and direction of the work of the committee were largely the result of 

2 Marx, G. H., and Cutter, L. E., “The Strength of Gear Teeth,” Trans. A.S.M.E., 
1915, p. 503. 

Franklin, L. J., and Smith, C. H., “The Effect of Inaccuracy of Spacing on the 
Strength of Gear Teeth,” Trans. A.S.M.E., 1924, p. 884. 



372 


STRAIGHT AND HELICAL SPUR GEARS 


the personal efforts of Wilfred Lems. A gear testing machine was designed 
and built and an extensive series of tests was conducted at Massachusetts 
Institute of Technology under the supervision of Earle Buckingham. A 
complete report w r as made in 1931. 3 

The tests were of straight spur gears of different materials. The tests 
threw considerable light not only on the nature of the dynamic loads on 
gear teeth but also on the dynamic loads on other types of mechanical 
elements as well. It was found that the errors of form and spacing of the 
gear teeth, together with the deformation of the teeth, caused changes in 
the velocities of the masses on the driving and driven shafts. The con¬ 
sequent changes in momentum tended to cause the teeth to separate, the 
amount of separation depending on the relation of the changes in momen¬ 
tum to the load to be transmitted. For any given set of conditions, the 
greater the load to be transmitted the less the amount of separation. 
After separation, the surfaces of the gear teeth come together again with 
an impact. The amount the impact load exceeded the load to be trans¬ 
mitted was found to depend primarily on the magnitude of the changes in 
momentum of the revolving masses caused by the effective errors of the 
gear tooth profiles. On analyzing the results of the tests the only safe 
conclusion seemed to be that the maximum load was taken by a single 
pair of teeth. 

For a margin of safety, the load Wb for safe beam strength should 
exceed the total dynamic load Wdi 

For steady loads Wb = 1 .25Wd 
For pulsating loads W & = 1 .35Wd 
For shock loads Wb = 1.50TF d 

The load for safe beam strength is expressed in the form of the Lewis 
equation: 

Wb=Stbp c y, ( 8 ) 

where 

Wb ==safe beam load in lbs.; 
b =width of face in inches; 
p c = circular pitch in inches = 7 r/p' c ; 
y=form factor as per Table 1; 

s t =safe bending stress in lbs. per sq. in. based on the endurance 
limit of the material. See Table 3. 

The total dynamic load depends on the mass of the gear blanks, the mass 
of the connected parts, the elasticity of the connecting shafts or couplings, 
the accuracy of the gears, and the pitch line velocity. When these factors 

3 “Dynamic Loads on Gear Teeth,” A.S.M.E. Research Publication, 1931. 
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TABLE 3 

Values of st in Pounds per Square Inch 

(From “Manual of Gear Design,” Section 2, by Earle Buckingham, published by 
The Industrial Press, New York City) 


Material 

Brinell Hardness 
Number 

St 

Gray iron. 

160 

12,000 

Semi-steel. 

190 

18,000 

Phosphor bronze. 

100 

24,000 

Steel. 

150 

36,000 

Steel. 

200 

50,000 

Steel. 

240 

60,000 

Steel. 

280 

70,000 

Steel. 

320 

80,000 

Steel. 

360 

90,000 

Steel. 

400 

100,000 


are known, or can be approximated with a reasonable degree of accuracy, 
the dynamic load can be determined for the specific conditions at hand by 
the method given on pages 146, 147, and 148 of “Manual of Gear Design,” * 
Section 2, by Earle Buckingham. For average conditions of mass, elasticity, 
accuracy, and pitch line velocity, 


where 


OMV^C+W) 
0.05 V+ViC+W^ 


W, 


(9) 


Wd = total dynamic load in lbs.; 

W = load to be transmitted in lbs. as determined from torque or 
horsepower; 

F = pitch line velocity in ft. per min.; 
b = width of face in inches; 

C =deformation factor, Table 6. 


For cyclic and differentia] gear trains, the velocity of actual tooth 
engagement must be used for V in computing Wd . For materials not 
shown in Table 6, the value of C may be determined as follows: 
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where 

e = error in action in inches; 

Ei and $ 2 =moduli of elasticity of materials; 
k= 0.107 for 141° tooth form; 

=0.111 for 20° full depth tooth form; 
= 0.115 for 20° stub tooth form. 


The noise of operation is usually a very good test of the accuracy of 
gears. The following table gives some measure of the order of accuracy 
required at different pitch line velocities and should serve as a guide for 
the selection of the proper class of gear to meet specified speed conditions 
and thus help in determining the deformation factor C. Where extreme 
quietness of operation is required a higher order of accuracy than shown is 
necessary. The values shown in Table 4 should keep the noise of opera¬ 
tion and the intensity of the dynamic load within reasonable limits. 


TABLE 4 

Maximum Error in Action between Gears 

(From “Manual of Gear Design,” Section 2, by Earle Buckingham, published by 
The Industrial Press, New York City) 


V 

Error 

V 

Error 

V 

Error 

250 

0.0037 

1750 

0.0017 

3250 

0.0008 

500 

0.0032 

2000 

0.0015 

3500 

0.0007 

750 

0.0028 

2250 

0.0013 

4000 

0.0006 

1000 

0.0024 

2500 

0.0012 

4500 

0.0006 

1250 

0.0021 

2750 

0.0010 

5000 and 1 


1500 

0.0019 

3000 

0.0009 

over J 

0.0005 


Spur gears may be divided into three classes: (1) well cut commercial 
gears, (2) gears cut with great care, and (3) ground gears made with 
extreme care and cut gears where every effort is made to secure accuracy. 
Table 5 gives the maximum error in action for various diametral pitches 
for each class of gear. For any given diametral pitch, the class of gear 
chosen (Table 5) should have an error equal to or less than the permissible 
error obtained from Table 4 for the given velocity. 

4. Wear of Straight Spur Gear Teeth.-In the results of the tests 
referred to above, three types of wear were recognized: cutting, abrasion, 
and pitting. Cutting takes place when the entering tips of the driven 
gear make premature contact with the flanks of the teeth of the driving 
gear either because of wear or because of errors in form and spacing of the 
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TABLE 5 

Maximum Error in Action between Gears 

(From “ Manual of Gear Design/ 5 Section 2, by Earle Buckingham, published by 
The Industrial Press, New York City) 


Diametral Pitch p' c 

Class 1 

Class 2 

Class 3 

1 

0.0048 

0.0024 

0.0012 

2 

0.0040 

0.0020 

0.0010 

3 

0.0032 

0.0016 

0.0008 

4 

0.0026 

0.0013 

0.0007 

5 

0.0022 

0.0011 

0.0006 

6 and finer 

0.0020 

0.0010 

0.0005 


TABLE 6 

Values of Deformation Factor C 

(From “Manual of Gear Design/ 5 Section 2, by Earle Buckingham, published by 
The Industrial Press, New York City) 


Materials 

Pinion and Gear 

Tooth 

Form 

Error in Action in Inches 

0.0005 

0.001 

0.002 

0.003 

0.004 

0.005 

Cast iron and cast iron.... 


400 

800 

1600 

2400 

3200 

4000 

Steel and cast iron. 

14J° 

550 

1100 

2200 

3300 

4400 

5500 

Steel and steel. 


800 

1600 

3200 

4800 

6400 

8000 

: 

Cast iron and cast iron.... 

20° 

415 

830 

1660 

2490 

3320 

4150 

Steel and cast iron. 

full 

570 

1140 

2280 

3420 

4560 

5700 

Steel and steel. 

depth 

830 

1660 

3320 

4980 

6640 | 

8300 

Cast iron and cast iron.... 

20° 

430 

860 

1720 

2580 

3440 

4300 

Steel and cast iron. 

stub 

590 

1180 

2360 

3540 

4720 

5900 

Steel and steel. 

tooth 

860 

1720 

3440 

5160 

6880 

8600 


teeth or because of deformation of the teeth under load. Abrasion is 
caused by failure of the oil film to keep the surfaces of the teeth separated 
either because the contact pressure is too high or because of grit in the 
lubricant. Pitting is the result of compressive fatigue of the materials of 
the gears due to excessively high compressive stresses at contact of the 
curved profiles of the loaded teeth. It is usually most pronounced at and 
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near the pitch elements of the teeth. The permissible wear load W w should 
therefore be equal to or greater than the total dynamic load W * 


where 


W w =DbKQ, 


Wv -limiting load for wear in lbs.; 

D = pitch diameter of pinion in inches; 

Ni = number of teeth in pinion; 

7V*2 = number of teeth in gear; 
a =angle of obliquity or pressure angle of gears; 


Q 


=ratio factor = 


2 N 2 

N 1 +N 2 


for external gears; 


2N 2 

"N 1 -N 2 


for internal gears; 


( 10 ) 


( 11 ) 

( 12 ) 


Ei =modulus of elasticity of material of pinion; 

E 2 = modulus of elasticity of material of gear; 
s c =surface endurance limit of material in lbs. per sq. in.; 

&=width of face in inches; 

K =load stress factor=• (13) 

Values of K for various combinations of materials, taking into con¬ 
sideration the cold working received in operation, are given in Table 7. 
Some of the high strength and alloy cast irons have a greater modulus 
of elasticity than the more common cast irons, and the value of K as well 
as the value of C for determining W d should be computed for such 
materials. 

5. Design Form of Lewis Equation for Helical Spur Gear Teeth.— 

If a plane is rolled on a base cylinder, a straight line in the plane parallel 
to the axis of the cylinder will generate the surface of an involute tooth of a 
straight spur gear. A diagonal straight line in the plane would generate 
the surface of an involute tooth of a helical spur gear. Hence, from the 
method of generation, the tooth profiles of helical spur gears are involutes 
in the plane of rotation, the line of contact of mating teeth is a straight 
diagonal line in a plane tangent to the base cylinders of the mating gears, 
and the path of the straight diagonal line of contact is the tangent plane. 

A pitch cylinder and the pitch elements of adjacent teeth of a helical 
spur gear are shown in Fig. 2. The width of face of the gear is 6, <f> is the 
helix angle, and cd is a helix normal to the pitch element ccb at P. In 
Fig. 3 is shown the helix triangle of the gear shown in Fig. 2 with one leg 
of the triangle equal to the pitch circumference of the gear. It is to be 
noted that, if this triangle were wrapped around the pitch cylinder, lines 
parallel to the hypotenuse would form the pitch elements of the adjacent 
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TABLE 7 

Values of Load Stress Factor K 


(From “Manual of Gear Design,” Section 2, by Earle Buckingham, published by 
The Industrial Press, New York City) 


Material 
in Pinion ' 

Brinell 

Number 

Material 
in Gear 

Brinell 

Number 

s c 

Surface Endur¬ 
ance Limit in 
Lbs. per Sq. In. 

K 

14| Degree 
Systems 

K 

20 Degree 
Systems 

Steel 

150 

Steel 

150 

50,000 

30 

! 41 

Steel 

200 

Steel 

150 

60,000 

43 

58 

Steel 

250 

Steel 

150 

70,000 

58 

79 

Steel 

200 

Steel 

200 

70,000 

58 

79 

Steel 

250 

Steel 

200 

80,000 

76 

103 

Steel 

300 

Steel 

200 

90,000 

96 

131 

Steel 

250 

Steel 

250 

90,000 

96 

131 

Steel 

300 

Steel 

250 

100,000 

119 

162 

Steel 

350 

Steel 

250 

110,000 

144 

196 

Steel 

300 

Steel 

300 

110,000 

144 

196 

Steel 

350 

Steel 

300 

120,000 

171 

233 

Steel 

400 

Steel 

300 

125,000 

186 

254 

Steel 

350 

Steel 

350 

130,000 

201 

275 

Steel 

400 

Steel 

350 

140,000 

233 

318 

Steel 

400 

Steel 

400 

150,000 

268 

366 

Steel 

150 

Cast iron 


50,000 

44 

60 

Steel 

200 

Cast iron 


70,000 

87 

119 

Steel 

250 

Cast iron 


90,000 

144 

196 

Steel 

150 

Ph. bronze 


50,000 

46 

62 

Steel 

200 

Ph. bronze 


70,000 

91 

124 

Steel 

250 

Ph. bronze 


85,000 

135 

204 

Cast iron 


Cast iron 


90,000 

193 

284 


teeth, the hypotenuse ae would form a pitch element making one com¬ 
plete turn around the cylinder, and line cd would form a normal helix from 
a point on the pitch element of a tooth around to the same pitch element 
extended. From inspection of Fig. 3 the following relations are obvious: 

Normal circular pitch = p n =pc cos <t >; (14) 

Normal diametral pitch =p' n =—=———- = (15) 

p n Pc cos <j> cos - v 1 
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If the angle of obliquity, or pressure angle, in the plane of rotation is a, 
the tangent of the pressure angle, a in a plane normal to the pitch element 
of a tooth is 

tan a! = tan a cos <f>. (16) 


In the Recommended Practice of the American Gear Manufacturers’ 
Association for Herringbone Gears, it is stated that the diametral pitch 
and tooth proportions shall be known, referred to, and calculated on the 
basis of the diametral pitch in the plane of rotation. The following limits 
are recommended: 

Pressure angle a = 25°— 0' maximum 
= 15°—23' minimum 

Helix angle <£=45°— 0' maximum 
= 20°— O' minimum 



If for an axial advance equal to the width of face the pitch helix has a 
circumferential advance equal to the circular pitch, adjacent teeth will 
come in or go out of action during a rotation corresponding to the pitch 
arc. The minimum width of face recommended by the A.G.M.A. for 
single helical gears corresponds to a twist of 1.15 -rimes the circular pitch, or 


1.157T 
p' c tan 


(17) 


and for a herringbone helical gear, where the teeth are not divided at the 
middle by a groove, 

, 2.37T 
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Since test data are not available on which to base the design of helical 
spur gears, their design will be related to that of straight spur gears as 
previously treated. 

If W in Fig. 4 is, as in the case of straight spur gears, the load tangent 
to the pitch cylinder in the plane of rotation, then IF/cos <£ is the load in 
the same tangent plane normal to the pitch element of the helical tooth. 
The mating teeth of accurate helical spur gears make contact along a 
diagonal straight line when not and when under load. The intensity of 
pressure along the line of contact will therefore vary because of the varying 
flexibility of the tooth sections. It is estimated that the intensity of 
pressure near the middle of the tooth is about 1.33 times the average in¬ 
tensity when the width of face is such that the diagonal line of contact 
extends from the root to the tip of the tooth. Hence, if uniform intensity 
is assumed, the total safe load should be taken about 0.75 that to be trans¬ 
mitted. However, because of diagonal straight line contact, the resultant 
load on a helical spur gear tooth acts considerably closer to the root than 
on a straight spur gear tooth. Hence a helical spur gear tooth is stronger 
than a straight spur gear tooth of the same size, and consequently its shape 
factor is greater. Accepting the above, the safe load for an helical spur 
gear tooth may be expressed in the form of the Lewis equation as follows: 


w 

=0.75 slp n y'; 

cos 4> 

(19) 

or, solving for the induced stress, 


W 

s= - - -- 

0.75 1'Pn'U cos 4> 

But 

(20) 

b 

COS <t> 

(21) 

7r COS <j> 

Vn=Vc cos 4>= ; 

Pc 

(22) 

2T 2Tv'c 

W= = • 

D N 

(23) 

The normal section of a tooth is closely involute in outline and closely 
corresponds in form to an involute tooth for a pitch radius equal to the 
radius of curvature at the end of the minor axis of an ellipse cut from the 
pitch cylinder by a plane normal to the helical pitch element of the tooth, 
or closely corresponds to a number of teeth equal to the actual number 
divided by the cube of the cosine of the helix angle. Hence: 
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where iV = the actual number of teeth; 

N/ = the formative number of teeth on which the value of y' depends. 

Assuming the tooth loaded through the middle, the form factor y' for any 
value of N{ may be taken from Table 8. 


TABLE 8 


p= CIRCULAR PITCH 


U 3 p 

cos 3 <p 



TANGENT TO 
BASE C/RCLE 

■BASE C/RCLE 


Values of Form Factor y' 

(From “Manual of Gear Design/ 5 Section 3, by Earle Buckingham, published by 
The Industrial Press, New York City) 



External Gears 

Internal Gears 

Formative 
Number of 

14 H-degree 

20-degree 

Small 

20-degree 
Stub System 

20-degree Full-depth System 

Teeth, Nj 

Composite 
and Involute 

Full-depth 

Involute 




20-degree, 




System 

System 

Full Depth 

Pinion 

Internal Gear 

5 



0.173 


0.200 


6 



0.163 


0.201 


7 



0.153 


0.202 


8 



0.142 


0.203 


9 



0.142 


0.204 


10 



0.142 


0.205 


11 



0.142 


0.206 


12 

0.113 

0.132 

0.142 

0.158 

0.207 


13 

0.120 

0.141 

0.146 

0.164 

0.208 


14 

0.127 

0.149 

0.149 

0.172 

0.209 


15 

0.132 

0.156 


0.177 

0.210 


16 

0.137 

0.160 


0.184 

0.211 


17 

0.142 

0.163 


0.187 

0.215 


18 

0.146 

0.166 


0.192 

0.218 


19 

0.150 

0.170 


0.196 

0.222 


20 

0.153 

0.173 


0.200 

0.225 


21 

0.156 

0.176 


0.203 

0.228 


22 

0.158 

0.178 


0.206 

0.230 


24 

0.162 

0.182 


0.211 

0.233 


26 

0.166 

0.187 . 


0.216 

0.236 


28 

0.170 

0.190 


0.219 

0.239 

0.400 

30 

0.172 

0.193 


0.222 

0.242 

0.395 

34 

0.176 

0.200 


0.227 

0.246 

0.387 

38 

0.180 

0.207 


0.232 

0.250 

0.380 

43 

0.183 

0.214 


0.235 

0.253 

0.372 

50 

0.187 

0.221 


0.241 

0.256 

0.364 

60 . 

0.192 

0.227 


0.246 

0.260 

0.356 

75 

0.195 

0.234 


0.252 

0.264 

0.348 

100 

0.198 

0.241 


0.257 

0.268 

0.340 

150 

0.202 

0.248 


0.264 

0.272 

0.332 

300 

0.207 

0.255 


0.272 

0.276 

0.325 

Rack 

0.210 

0.262 


0.280 
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Substituting in equation (20) the values of Z, p ni and W from equations 
(21), (22), and (23), the induced stress becomes, 

0.85T(p' c ) 2 


by'N cos <p ’ 


(25) 


where T = torque to be transmitted in pound-inches; 
p' c = diametral pitch in the plane of rotation; 

N =actual number of teeth in the gear; 

6= width of the pitch cylinder in inches (Fig. 4); 
y' =value of form factor from Table 8 for the formative number of 
teeth Nf. 


In designing helical spur gears it is convenient, as for straight spur gears, 
to express the width of the pitch cylinder in terms of the circular or dia¬ 
metral pitch in the plane of rotation. Assuming b = kp c — kTr/p' c equa¬ 
tion (25) becomes, 

ow 

ky'N cost 

where, as for straight spur gears, the value of k may be taken from 3 to 4. 
The corresponding value of b, when obtained, should be checked by equa¬ 
tion (17). 

The value of the induced stress by equation (25) or (26) should not 
exceed the allowable stress. Since helical gear teeth come into action pro¬ 
gressively and not abruptly throughout the width of face, as in straight 
spur gears, and since premature contact due to deflections is less likely, 
the allowable stress for helical spur gears need not be reduced so rapidly 
with increase of pitch-line velocity. The allowable stress in terms of the 
pitch-line velocity 7 for values of s x from Table 2 may be taken as follows: 


$ = 



S=$i 


S = Si 


( 

( 


1200 \ 

1200+7/ 
3000 \ 

3000+ 7/ 
78 \ 

78+V7/ 


when 7 is under 2000 ft. per min.; 
when 7 = 2000 to 4000 ft. per min.; 
when 7 is over 4000 ft. per min. 


(27) 

(28) 
(29) 


Equation (25) or (26) is the most convenient form of the Lewis equa¬ 
tion for the solution of problems where the ratio of the gears and the 
torque to be transmitted are known, which is the most common type of 
design problem. For a solution, the induced stress s by equation (25) or 
(26) must not exceed the allowable stress $ by equation (27), (28), or 
(29). For any given problem, equation (26) enables the induced stress $ 
to be computed and expressed as a numerical constant times (p' c ) 3 . Hav- 
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ing 5 in this form, it can be seen, almost by inspection, what value of p' c 
should be assumed to give an induced stress that will not exceed the allow¬ 
able stress as given by equation (27), (28), or (29). 

It is very helpful in solving helical spur gear problems to first obtain 
values of the pitch and width of face by application of equations (25) or 
(26) and (27), (28), or (29), and then to check for dynamic effects and wear. 

6. Dynamic Load and Beam Strength of Helical Spur Gear Teeth.— 
An expression for the beam strength Wj> may be obtained by solving equa¬ 
tion (20) for W and substituting therein values of l and p n from equations 
(21) and (22). Hence: 

2.35 s t by' cos <j> 

W b = --- (30) 

Vc 


In applying equation (30), values of s t may be obtained from Table 3. 
The beam strength Wb should exceed the total dynamic load W&: 


For steady loads TF& = l.25W d ) 
For pulsating loads Wb = 1 35W d ; 
For shock loads Wb — 1.50 Wd* 


Because of progressive contact and decreased deflections the dynamic 
load for a pair of helical spur gears may be taken less than for a pair of 
straight spur gears. The increment load due to dynamic effects, which is 
the first term in the right-hand member of equation (9), may therefore be 
reduced. Buckingham suggests the following modification of equation (9): 


W d = 


0.05V(bC cos 2 <t>+W) cos 
0.057+VbC cos 2 t+W + 


(31) 


For cyclic and differential gear trains, the velocity of actual tooth engage¬ 
ment must be used for V in computing W d . For materials not shown in 
Table 6, the value of C may be computed as outlined in Article 3 for 
straight spur gears. 

7. Wear of Helical Spur Gear Teeth.—For satisfactory wear, the per¬ 
missible wear load W w should equal or exceed the value of W d obtained by 
applying equation (31). For W w Buckingham suggests the following 
modification of equation (10): 


W w = 


DbKQ 
cos 2 <t> 


(32) 


For materials not given in Table 7, the value of K may be computed by 
equation (13), using for a the value of at as found from equation (16). 

Helical spur gear problems are therefore to be solved in the same man¬ 
ner as straight spur gear problems: first obtain p' c and D by trial by apply¬ 
ing equations (25) or (26) and (27), (28), or (29), and then check by apply¬ 
ing equations (30), (31), and (32). 
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WORM GEARING 

1. Introduction. —The power capacities of drives consisting of bevel 
gears and straight and helical spur gears are usually determined by con¬ 
siderations of strength and wear and not by the consideration of tempera¬ 
ture rise in operation. This is explained by the fact that such drives are 
highly efficient and the surfaces of the housings or gear boxes are ample 
to dissipate the heat and keep the temperature rise within practical limits. 
However, worm gear drives are generally less efficient than bevel and spur 
gear drives and their gear boxes have relatively less surface for the dis¬ 
sipation of heat. Hence the power capacity of worm gear drives is often 
determined by the temperature rise rather than by considerations of 
strength and wear. 

When right-angle drives are desired, bevel, hypoid, or worm gears are 
used. For high-duty service in the transmission of power, bevel gears 
are to be preferred to worm gears for reduction ratios up to and including 
6 to 1. Worm gears are generally used for high reduction ratios, usually 
for reduction ratios above 5 or 6 to 1. Worm and wheel pairs are often 
used, not because the shafts are at right angles, but because of the high 
reduction ratios that may be secured, as with a single-thread worm and 
a wheel with from 40 to 200 or 300 teeth. 

Worm gears, as shown by Fig. 8, have their maximum efficiency for a 
lead angle of about 45 degrees. It is to be noted that, for a change in lead 
angle from 15 to 45 degrees, the efficiency changes from about 63 to 71 
per cent for a coefficient of friction of 0.14 and from about 96 to 98 per 
cent for a coefficient of friction of 0.01. 

Because of the high sliding velocities encountered and the necessity for 
minimum friction, the range of suitable materials for worm gears, as shown 
by Table 2, is much more limited than for other types of gears. A bronze 
wheel rim and a case-hardened steel worm, ground and polished, are the 
best combination for efficiency and long life. 

The hobs used in cutting worm wheels are expensive tools. It is there¬ 
fore important in the design of worm gears to know what worm-wheel hobs 
the manufacturer has in stock and to arrange to use one of them if possible. 

The treatment to follow on the proportions, strength, surface stress 
and wear, and efficiency of worm gears is based on the treatment in the 
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book “ Gears,” by H. E. Merritt, 3 an engineer formerly with David Brown 
and Sons, Ltd., Huddersfield, England. 

2. Notation and Proportions.—In the articles to follow, it is assumed 
that the worm is an involute helicoid, which means that the profiles of the 
threads or teeth will be involute in the plane of rotation of the worm as for 
helical spur gears. It also means that the intersection of a plane tangent 
to the base cy lin der with the profile surface of a tooth will be a straight 
line. To avoid involute interference the diameter of the base cylinder of 
the worm should not be greater than the root diameter of the worm plus 
twice the clearance or, better, not greater than the root diameter. 

The treatment in the articles to follow may be applied to thread forms 
other than the involute helicoid provided the zone of contact is of the same 
general form. 

The notation to be used and certain proportions are shown in Table 1 
and Figs. 1 and 4 below. 

If the wheel rim is made too wide relative to the worm, there will be 
unsatisfactory contact between the teeth of the worm and wheel. The 
boundary between satisfactory and unsatisfactory contact is the locus of 
the points where the pressure angle is zero. The region of satisfactory 
contact has been treated by Bruce, 4 Buckingham, 6 Abbott, 8 Cormac, 2 and 
Merritt. 3 Merritt recommends that the width b of the worm wheel be 
determined as shown in Fig. 1. 

The minimum thickness of phosphor bronze wheel rims is shown in 
Figs. 2 and 3. 9 

Buckingham suggests that the sum of the numbers of teeth on the 
worm and wheel should never be less than 30 and preferably never less 
than 40. 

In the design of worm gears, it is common practice to assume a value 
for the pitch lead angle and for the normal pressure angle. For high-duty 
gears, the highest efficiency is desired, to attain which means the employ¬ 
ment of a pitch lead angle of about 45 degrees and a multiple-thread worm 
of perhaps 5 or more threads. High-duty gears generally are associated 
with the low r er reduction ratios. The most compact design would corre¬ 
spond to the minimum distance between centers and to a pitch lead angle 
X, for which Quinn 12 gives the following value: 

X^tan”" 1 (1) 

While highest efficiency and minimum center distance are incompatible, 
equation (1) may give, for certain conditions of operation, the most prac¬ 
tical solution. 

The normal pressure angle a n is related, as shown by equation (8), 
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TABLE 1 


Notation and Some Peopoetions 



Worm 

W 7 orm Wheel 

Circular pitch 


Pc 

Axial pitch 

Va — Pc 


Addendum 

n VC 

a \=— 

a 2 =—(2 cos X —1) 


X 

X 

Addendum increment 


n Vc 
a-i =— 

2x 

Dedendum 

d\=— (2.2 cos X —1) 

dz=~(0.2 cos X —f-1) 


X 

X 

Clearance 

c=—(0.2 cos X) 

c=~(0.2 cos X) 


7T 

X 

Whole depth 

h=ai-\-di=— (2.2 cos X) 

7T 


Lead 

l 


Number of teeth 

xDitanX 

/ni\ 

Ni = - 

to 

II 

fZ 


Pc 

Pitch diameter 

D\- PcNl 



7r tan X 

X 

Gorge diameter 


D2-j-2d2 

Outside diameter 

D =D\-\~2ai 

D2+2a2+2ai 

Root diameter 

D r = Di-2<h 

Z>2—2d2 

Base diameter 

D>- PcNl 

x tan X& 


Mean diameter 

Dm = D r -\-h ~D r ~\ —(2.2 cos X) 

X 


Axial thread thickness at D m 

-1 


Width of face 



Pitch lead angle 

X 


Root lead angle 

Xr 


Base lead angle 

x& 


Normal pressure angle 

Oi n 


Axial pressure angle 

ot a 


Transverse pressure angle 

Oit 


R.P.M. 

m 

7l2 

Torque 

M't 

\n2/ 
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to the pitch lead angle X and the base lead angle X& and must be sufficient 
to avoid involute interference. The value of a n may range from 15 degrees 
for single threaded worms to 30 degrees for multiple threaded worms. 



Figs. 1, 2, and 3. 


3. Relation of Angles and Component Forces.—In Fig. 4, the total 
force W„ is assumed to act normal to the surface of the worm thread 
through the pitch point P. The radial component W r of W n acts to sep¬ 
arate the worm and wheel, W a is the axial component, and W t is the com¬ 
ponent tangent to the pitch cylinder of the worm in the plane of rotation. 
In terms of the torque M' t on the worm, 
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Fig. 4. 


From Fig. 4 


tan a n 

tan a a = 

cos X 

(6) 

tan oifi 
tan oli — * 

sin X 

(7) 


The base lead angle X& and the pitch lead angle X and the normal pressure 
angle a n are related as follows: 

cos X& = cos X cos a n . (8) 

4. Strength and Deflection of Worm Shaft.—The worm shaft must be 
sufficiently strong and, in addition, must be sufficiently rigid to prevent 
deflections that would result in bearing trouble or that would result in 
unsatisfactory working contact between the worm and wheel teeth. A 
trial value for the root diameter of the worm or approximate diameter of 
the worm shaft, and also the approximate deflection of the worm shaft, 
may be determined by making the following assumptions: 

(1) That the worm is integral with the shaft; 

(2) That D r =D h or X r = X& (see Equation (8) for X&); 
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(3) That Wt=2M't/D T , which is on the side of safety; 

(4) That the distance L between the supporting bearings equals 

kD r , where k -3 to 7, depending on the diameter Z> 2 of the 
worm wheel. The assumption that L=kD r eliminates D r 
from equations (9), (12), and (13). 

Under the above assumptions, the maximum bending moment M for 
the worm shaft due to the force components Wt, W a , and W r becomes, 


M=M' t -y 


tan ctn\ 

, 0.5 " 

\(- 

-V 

' L2\ sin A r ) 

tan X r - 

+ \: 

l) 


(9) 


in which M’ t is the torque on the worm shaft and X r is assumed equal to 
\ b . Hence the equivalent bending moment M e becomes, 


and 



( 10 ) 

( 11 ) 


where s=s io Xb for the worm shaft material 3 but, as a precaution against 
excessive deflection, should not exceed 10,000 lbs. per sq. in. Thus, for a 
case-hardened worm of 0.15 C steel rotating at 1500 R.P.M. and for a 
12 -hour day, s bo from Table 2 is 27,000, and X b from Fig. 5 is 0.245, and 
s=Sfc 0 .X'&=6615 lbs. per sq. in. 

With the effect of W a neglected, but including the deflection due to 
shear, the deflection normal to the worm and wheel axes due to the radial 
component W T is, 


Vi = M 



8 

3ir ED} 



( 12 ) 


and the deflection parallel to the wheel shaft due to the component W t is 


V2=M' 



where, for steel, E= 30,000,000 lbs. per sq. in.; 

G = 12,000,000 lbs. per sq. in. 


(13) 


Hence the resulting deflection due to components W r and W t is, 
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Fig. 5.—Reference 3. 


TABLE 2 


Basic Stresses for Worm Gear Materials 




Basic Surface Stress s C o When Running with: 

Basic 

Material 

Condition 

Steel 

Case 

Hard¬ 

ened 

0.55 C 
Steel 
Nor¬ 
malized 

0.4 C 
Steel 
Nor¬ 
malized 

Cast 

Iron 

Bronze 

Bending 
Stress $bo, 
Lbs. per 
Sq. In. 

Phosphor bronze 
Phosphor bronze 
Phosphor bronze 

Cast iron (grey) 

0.4 C steel 

0.55 C steel 

0.15 C steel 

3% Ni C.H. steel • 

5% Ni C.H. steel 

ZM% Ni-Cr C.H. steel 
High Ni-Cr C.H. steel 

Sand cast 

Chill cast 
Centrifugally cast 

Normalized 

Normalized 

Case hardened 
Case hardened 
Case hardened 
Case hardened 
Case hardened 

1,400 
1,600 
2,000 
750 * 

2,000 * 
2,000* 
2,000 * 
2,000* 
2,000 * 

700 

900 

1,100 

600* 

600 
800 
1,000 
600 * 

600 
800 
1,000 
600 t 
900 * 
1,100 * 
4,000 * 
4,000 * 
4,000 * 
4,000 * 
4,000 * 

900 t 
1,400 
2,000 
6,000 
6,500 
7,000 
7,000 
8,000 

7,000 

8,500 

10,000 

6,000 

20,000 

22,000 

27,000 

40,000 

47,000 

47,000 

47,000 


* Should be used only for hand motions, 
f Rubbing speed should not exceed 500 ft. per min. 
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5. Strength of Wheel Teeth. —Worm wheel teeth are so complex in 
form and the distribution of the load is so uncertain that an accurate 
method of computing the strength of worm wheel teeth has not yet been 
devised. The best that can be hoped for is a comparative method that 
gives results in good agreement with practice and experiment. Merritt 3 
gives the following equation: 

2 

Wa = - sfp c COS A, (15) 

7r 

where/= arc length at root of wheel tooth, as shown in Fig. 1; 

$ = allowable bending stress = Sb 0 Xb- 


The allowable bending stress s is given as the product of a basic bending 
stress Sbo from the last column of Table 2, and a speed factor X& from 
Fig. 5. Factors other than the usual mechanical properties of the mate¬ 
rials were considered in fixing the values of The purpose of the speed 
factor Xb, for any equivalent running time in hours per day, is to allow 
for the number of repetitions of stress to which each tooth will be sub¬ 
jected during its probable life and to allow for the additional load which 
will be imposed on the teeth because of inaccuracies of pitch and profile. 
The allowable bending stress s does not represent the induced maximum 
tensile or compressive stress and therefore cannot indicate the margin of 
safety of the design. It is intended only to provide a comparison between 
different materials. 

From cos 6- ifii/D) (Fig. 1) and the proportions given in Table 1, the 
following equation can be derived: 


0 = cos 1 


2 p c 

1+—(2.2 cosA-1) 
irD r 

2p c 

1 _|-(2.2 cos A) 

rD r 


Also, from Fig. 1 and Table 1, 

fp c = 2eQ Pc = d'pcDr 1 +-~(2.2 


cos A) 


From equation (15) 


fVo = 


1.57TT 0 
cos A 


(16) 


(17) 

(18) 


in which the value of W a may be taken equal to 2M\/D r tan A r , it being 
assumed that A r =Aj. 

The value of the product (fp c ) may be computed by equation (18). 
A solution is obtained when the right-hand side of equation (17) gives a 
value for the product (fp c ) equal to or greater than that by equation (18). 
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The unknowns in the right-hand side of equation (17) are 8 and p c . 
Ordinarily the value of 8 will range from 0.50 to 0.75 radian, 8 increasing 
with increase of X and the ratio p c /D r . Assuming a value for 8 enables a 
likely value of p c to be computed by equation (17). The computed value 
of p c should then be used in equation (16) to find the corresponding value 
of 8. If p c and the new value of 8 , when substituted in equation (17), give 
a value of (fp e ) equal to or greater than that previously computed by equa¬ 
tion (18), the value of p c for satisfactory strength has been found. 

The value of p c for satisfactory strength may or may not be sufficient 
to satisfy the requirements for surface stress and wear. Before checking 
for surface stress and wear, the information for the worm should be revised 
and summarized. Using the trial value of Z>i =D r + 2di, the number of 
threads or teeth N\ on the worm should be computed and rounded to an 
integer, and Z>x recomputed or the lead angle changed. Then by equa¬ 
tion (8) compute X& and then D&, which was assumed equal to D r . Z>& 
may be less than D r and as a maximum should be less than (D r +2c); 
otherwise X& must be changed by changing a n . Having found satisfactory 
values for iVi, Z>i, D , X, X&, and a n , compute JV 2 , D 2 , and b. 

6. Surface Stress and Wear. —Worm gears differ from spur and bevel 
gears in having a much higher velocity of sliding in relation to the rolling. 
Their lubrication, although assisted by the continuously changing position 
of the line of contact, is difficult because the sliding, which is at a high 
rate, is directed almost along the line or lines of contact. Wear and pitting 
may be avoided by the choice of a suitable lubricant and by properly limit¬ 
ing the surface stress. As a result of an investigation of the characteristics 
of a variety of involute helicoidal worms, Merritt 3 gives the following 
equation: 

M" t =0.1Ss c bD 2 ls , (19) 

where torque on worm wheel in pound-inches= M' t (ni/n 2 ); 

s c = allowable surface stress = s co X c . 

The allowable surface stress s c is given as the' product of the basic surface 
stress s co from Table 2 and the speed factor X c from Fig. 6. Surface stresses 
for worm gears require special consideration and bear no relation to those 
that may be used for the same materials in other circumstances. s co repre¬ 
sents a criterion of surface stress in pounds per inch of contact per inch of 
relative radius of curvature of mating teeth. It is not a stress in pounds per 
square inch. The speed factor X c is based on the R.P.M. of the wheel to 
allow for the effects of repetition and on the rubbing velocity to allow for 
the effects of temperature. The high values of the surface stress for bronzes 
when run with steel are due primarily to the low coefficient of friction and 
to the high coefficient of heat conductivity of bronze and its ability to 



392 


WORM GEARING 


accommodate itself to small inaccuracies of tooth bearing and to acquire 
a burnished, work-hardened surface. 

From equation (19) 

M" t 

Sc ~0.1 SbW 1 ' 20 

The values of b and D 2 are known from the solution for strength and enable 
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Fig. 6.—Reference 3. 


$ c to be computed by equation (20). If the value of the product (s co X c ) 
corresponding to the conditions of operation should be equal to or greater 
than the value of s c as computed by equation (20), the value of p c as de¬ 
termined for strength is satisfactory for surface stress and wear. If, how¬ 
ever, the value of the product ( s co X c ) should be less than the value of s c 
as computed by equation (20), a solution must be found by assuming a 
larger value of p c and revising the design accordingly. 

V =rubbing velocity in feet per minute = (21) 

12 sin X 
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7. Efficiency and Thermal Rating.—The values of the coefficient of 
friction n from Fig. 7 are sufficiently high to include the losses at engage¬ 
ment and in the supporting bearings but not the losses due to the churning 
of the lubricant. The values of ju apply to worm wheels of phosphor bronze 
and worms of case-hardened steel, ground and polished. First-class mate¬ 
rials and workmanship and ball or roller bearings are assumed. It is to be 
noted that the coefficient decreases as the rubbing velocity increases. 



RUBBING VELOCITY IN FEET PER MINUTE 
Fig. 7.—Reference 3. 


However, the rubbing velocity is limited by the feasibility of introducing 
sufficient lubricant to the surfaces to keep them wetted and cool and by 
the instantaneous surface or contact temperature. It was shown experi¬ 
mentally by Acker 10 that the contact temperature is higher than the 
average temperature of the oil in the sump but ordinarily not danger¬ 
ously so. 

For combinations of metals other than steel and bronze, the coefficient 
of friction from Fig. 7 should be modified as shown in the following 
table: 
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Worm 

Worm 

Wheel 

Multiply 
Value from 
Fig. 7 by 

Cast iron 

Bronze 

1.15 

Cast iron 

Cast iron 

1.33 

Hardened steel 

Aluminum 

1.33 

Steel 

Steel 

2.00 


The variation of the efficiency with the lead angle X and the coefficient 
of friction „ is shown in Fig. 8. In the following equations for the efficiency 


lead angle of worn, wormwreel driving 



Fig. 8.—Reference 3. 


e of worm gears ; the influence of the normal pressure angle is justifiably 
omitted. 


tan X 

with the worm driving, 

(22) 

tan (X+t/0 

tan (X —. . 

e— 

tan X 

with the worm wheel driving, . 

(23) 


where 


i^=tan 1 jjl. 
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A worm and wheel are irreversible when the efficiency by equation ( 22 ) is 
less than 0.50; and the efficiency is a]ways less than 0.50, or 50 per cent, 
when X=^. However, when irreversibility is desired, it is better to add a 
brake than to rely on the irreversibility of the worm and wheel 

As stated in Article 1 , the power capacity of worm gears is often limited 
by the temperature rise rather than by considerations of strength and wear. 
However, sufficient experimental work has not yet been done to yield a 
reliable method of determining the thermal rating of worm gears. By the 
use of Figs. 7 and 8 the loss of heat at the mesh and in the bearings can be 
approximated; the difficulty is to estimate the heat that can be dissipated. 
In one of the experiments by Walker 11 on a worm gear set, the dissipation 
of heat by convection,, radiation, and conduction was 4.2 B.T.U. per sq. ft. 
per hr. per degree F with fan cooling and 3.12 without artificial cooling. 
The distance between the centers of worm and wheel w r as 7 in., the R.P.M. 
of the worm was 1000 , the surface of the gear box w T as 10 sq. ft., and the 
temperature rise of the oil in the sump was 100 F above that of the sur¬ 
rounding air. 

When bath lubrication is used, the American Gear Manufacturers’ 
Association recommends that the capacity of the oil sump in gallons should 
be 0 . 1 C 2 , where C is the distance between centers in inches. For the w r orm 
below the wheel, the oil level should be to the top of the worm; for the 
worm above the wheel, the oil level should be a distance above the bottom 
of the wheel equal to D 2 / 6 . 
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1. Force.—A force is fully specified when its point of application, line 
of action, magnitude, and direction are known. Since a force has mag¬ 
nitude and direction, it is a vector quantity and can be represented by a 
vector as shown in Fig. 1. The length of the vector from origin to terminus 
represents the magnitude of the force to a chosen scale. When a force 
vector is drawn in the line of action from or to the point of application, it is 
a localized vector. Its direction is indicated by placing an arrowhead at 
the terminus or between the origin and terminus as shown in Fig. 1. 




Forces whose lines of action lie in the same plane are coplanar and 
forces whose lines of action do not lie in the same plane are non-coplanar. 
The present treatment will be limited to coplanar forces. 

Forces whose lines of action intersect at a point are concurrent and are 
non-concurrent if their lines of action do not intersect at a point. 

2. Force Parallelogram.—In Fig. 2 forces F\ and F 2 are represented 
to scale by the vectors oa and ob. Lines drawn from a and b parallel respec¬ 
tively to ob and oa intersect at c, forming a parallelogram. The line R 
drawn from 0 to c represents the resultant of forces Fi and F 2 . The 
resultant is the vector sum of F 1 and F 2 . 

The resultant of a system of forces is the single force or the simplest 
system of forces that would produce the same effect and could, therefore, 
replace the original system of forces. 

A vector equal in length but opposite in direction to R would be the 
equilibrant of forces F\ and FV The equilibrant of a system of forces is 
the single force or the simplest system of forces that would exactly neu¬ 
tralize the original system. 

3. Force Triangle.—Instead of the parallelogram of forces as shown in 
Fig. 2, the force triangle as shown in Fig. 3 may be employed to determine 
the magnitude and direction of the resultant of forces F 1 and FV The 

397 




398 


GRAPHICS 


resultant R is~the closing string drawn from the origin of F i to the terminus 
of F 2 as shown in Fig. 3 (a), or is the closing string drawn from the origin 
of F 2 to the terminus of Fi as shown in Fig. 3 ( b ). It is to be noted that the 
direction of the resultant is opposite in sense to that of the component 
forces. 

The equilibrant of forces Fi and F 2 is equal in magnitude but opposite 
in direction to the resultant. As shown in Fig. 4, the equilibrant E is the 
closing string drawn from the terminus of F 2 to the origin of F i as shown 




Fig. 4. 


in Fig. 4 (a), or is the closing string drawn from the terminus of Fi to the 
origin of F 2 as shown in Fig. 4 (6). It is to be noted that the direction of 
the equilibrant has the same sense as the given forces. 

4. Force Polygon of Concurrent, Coplanar Forces.—Bow's system of 
notation will be used in this and articles to follow. The system consists 
in assigning upper-case letters to the spaces between the given force 
vectors and using corresponding lower-case letters at the ends of the 
vectors in the force polygon. 


b 




When three or more forces meet at a point and are in equilibrium, the 
force polygon will close. A system of concurrent, coplanar forces AB, 
BC, CD, DE , and EA is shown in Fig. 5. In the force polygon, Fig. 6, 
forces AB, BC, etc., are respectively represented by vectors ab, be, etc. 
Vector ac is the resultant or vector sum of ab and be, and vector ec is the 
resultant or vector sum of ea and ac . Since in the force triangle cede, 
the vectors are, as shown by the arrows, of the same sense, ec is the equi¬ 
librant of cd and de; that is, the resultant or vector sum of ec, cd, and de 
is zero. The closing of the force polygon therefore shows that the system 
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of concurrent coplanar forces shown in Fig. 5 is in equilibrium. It follows 
that ab or any other side of the force polygon represents in magnitude and 
direction the equilibrant of the remaining forces. 

The force polygon, Fig. 8, of the system of concurrent forces shown in 
Fig. 7 does not close. The closing string ae represents in magnitude and 
direction this resultant or vector sum of the system of forces, and ea repre¬ 
sents in magnitude and direction the equilibrant of the system. 


b 



e 


Fig. 7. Fig. 8. 

In a system of forces having a resultant, each force is a component of 
the resultant. A resultant may have any number of components, but a 
given system of forces can have only one resultant. 

The composition of forces consists of finding for a given system of 
forces an equivalent system having a smaller number of forces. The sim¬ 
plest case of the composition of forces is finding the resultant force which 
could replace the given system. 



Fig, 9. Fig. 10. 


The resolution of forces consists of finding for a given system of forces 
an equivalent system having a greater number of forces. Resolution is 
illustrated when a single force is resolved into two or more force com¬ 
ponents. 

5. Non-concurrent, Coplanar Forces. —A system of concurrent, co¬ 
planar forces is in equilibrium if the force polygon closes; that is, if 
the vector sum of the system is zero. For nonconcurrent forces to be 
in equilibrium not only must the force polygon close but the summation of 
moments about any point also must be equal to zero. In Fig. 9 is shown a 
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system of nonconcurrent forces consisting of three equal forces making an 
angle of 120 degrees with each other. As shown in Fig. 10, the force 
polygon closes. The system is, however, not in equilibrium. The result¬ 
ant of BC and CA (shown dotted) is equal in magnitude but opposite in 
direction to AB and is parallel to and at a distance h from AB. The 
result is an unbalanced couple equal to the product of force AB and 
distance h. 



Fig. 11. Fig. 12. 


6. Equilibrium Polygon.—A system of non-concurrent forces is shown 
in Fig. 11. The resultant of the system is represented in magnitude and 
direction but not in line of action by the dotted vector ae in the force 
polygon, Fig. 12. Vector ac represents, in magnitude and direction, the 
resultant of AH and BC, ad the resultant of ac and CD, and ae the resultant 
of ad and DE. The lines of action of AH and BC intersect at 1. A line 
through 1 parallel to ac intersects CD at 2, and a line through 2 parallel 



Fig. 13. Fig. 14. 

to ad intersects DE at 3. Hence the line of action of the resultant of the 
system passes through 3 parallel to ae. The force vectors together with 
the dotted lines of Fig. 11 are called an equilibrium, funicular, or link 
polygon. 

For the system of non-concurrent forces shown in Fig. 13, the force 
polygon, Fig. 14, closes. Vector ac represents, in magnitude and direction, 
the resultant of AH and BC, ad the resultant of ac and CD, and ae the 
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resultant of ad and DE . Hence, in Fig. 13, a line through 1 parallel to ac 
determines point 2, and a line through 2 parallel to ad determines point 3, 
which is a point in the line of action of the resultant (shown dotted) of 
forces AB, BC, CD, and DE. This resultant is equal but opposite in 
direction to EA. Hence, the unbalanced couple for the system is equal to 



d 


Fig. 15. Fig. 16. 

the product of force EA and the distance h between the resultant R and EA. 

When the forces do not intersect conveniently as in Figs. 11 and 13, 
the equilibrium polygon may be drawn as follows: A system of non¬ 
concurrent forces AB, BC, and CD is shown in Fig. 15 and the correspond¬ 
ing force polygon abcda in Fig. 16. Select any convenient pole o and 
draw the rays oa, oh, oc, and od. Vector ab, equal in magnitude and 


a 



1 


Fig. 17. Fig. 18. 

direction to AB, is held in equilibrium by oa and bo, be by ob and co, and 
cd by oc and do. Since oa and bo hold A B in equilibrium, they must 
intersect in a point in the equilibrium diagram, Fig. 15. From any con¬ 
venient point in AB, draw strings a and b parallel to oa and bo. Through 
the point where b produced intersects BC draw string c parallel to co, 
and through the point where string c produced intersects CD draw string d 
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parallel to do, Since oa and do hold the resultant ad in equilibrium, the 
point where they intersect in Fig. 15 is the point through which the line of 
action of the resultant R of the system, equal in magnitude and direction 
to ad, must pass. 

7. Moment of System of Forces. —The moment of a system of forces 
about any point p can be found by means of the force and equilibrium 
polygons. In Figs. 17 and 18 are shown the equilibrium and force poly¬ 
gons for a given system of forces AB, BC , CD, and DE. These polygons 
were constructed as outlined above in Article 6. The resultant R of the 
system, equal in magnitude and direction to ae, acts through point 5 where 
strings a and e, parallel to oa and eo , intersect. These strings are inter¬ 
sected at / and g by a line through p parallel to R, and a triangle 5 fg is 
formed which is similar to triangle oae. Let h be the perpendicular dis¬ 
tance from p to R and H the perpendicular distance from o to ae; then, 
from similar triangles, 


( f9 ) (ae) 


or h(ae)-H(fg). 


Hence, since ae is equal in magnitude and direction to R, the moment of 
the system of forces about p is 

M=h(ae)=H(fg), (1) 

in which IJ would be measured to the force scale used and the intercept fg 
measured to the space scale used. 

8. Bending Moments— In the force polygon, Fig. 20, da is the equi- 
librant of the system of parallel forces AB, BC, and CD of Fig. 19. The 
ray oe in the force polygon is drawn parallel to the closing string e of the 



Fig. 19. Fig. 20. 


equilibrium polygon, Fig. 19. Vector de, equal to the right reaction DE, 
is the equihbrant of od and eo; and vector ea, equal to the left reaction EA, 
is the equilibrant of oe and ao. 
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Now the bending moment at any section of a beam is equal to the 
summation of the moments of the external forces to the right or to the 
left of the section. Thus, at a section at any distance g from the left 
support, the bending moment M is 

M = (EA)g— (AB)h. 


The triangles him and oab , also triangles jin and oae, are similar by con¬ 
struction. Hence, 


and 


or 


(Im) __ (ab) 
h ~ H 


(lm)H = (ab)h = (AB)h 


(In) _ (ea) 

~~BT 


or (Jn)H = ( ea)g = (EA)g 


M= (EA)g—(AB)h = (ln)H-(lm)H=(mn)H. 


(2) 


Since the pole distance H is a constant, the bending moment at any 
section of a beam is proportional to the corresponding intercept in the 
equilibrium polygon. 

In computing a bending moment, the intercept mn of the equilibrium 
polygon must be measured to the space scale used, and the pole distance H 
of the force polygon must be measured to the force scale used in the con¬ 
struction. Hence, if the space scale in Fig. 19 is 1 " = s in. and the force 
scale in Fig. 20 is 1" = p lbs., then the bending moment M g at any distance g 
from the left support is, 

, r / actual length \ ( actual length \ , N TT 

mn in inches) s U H in inches>-* ! ’ (ra ” )ff ' (3) 


9. Integration.—Integral curves of a given curve may be determined 
graphically. Let the curve in Fig. 21 be the given curve. To determine 
the first integral curve, erect ordinates BB } CC, DD, etc., to divide the 
given curve into segments. In Fig. 21 these ordinates are shown equally 
spaced. For curves having abrupt changes of curvature it is found 
advantageous to space the ordinates to suit the changes of curvature. 
Mark the points corresponding to the mean ordinates of the segments 
pi, p 2 , etc., and project horizontally to give the points 1, 2, etc., on a line 
parallel to the Y axis. Take any pole P on OX produced and draw the 
rays PI, P2, etc. 

Take a base line OiXi, Fig. 22, and from Oi draw Oibi parallel to PI 
to intersect the first ordinate at bi; from b\ draw hex parallel to P2 to 
intersect the second ordinate at ci; and in this manner draw a succession 
of lines parallel to the rays P3, P4, etc. These lines are chords of the 
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first integral curve which may be drawn through the points Oi, &i, ci, etc. 
Usually the actual curve need not be drawn. 

The second integral curve, Fig. 23, is the integral curve of the first 

y 




Fig. 23. 

integral curve and is constructed in the same manner as described for the 
first integral curve. 

The area of the shaded portion of Fig. 21 is very closely y8x , 8x being 
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the width of the strip and y the mean ordinate. By construction; triangle 
PIQj Fig. 21, is similar to triangle Oihb, Fig. 22; therefore, 

(Ql) Jbb 1) 

(PQ) (O16) 

or, since 

(Ql)=y and (Oib) = 5x 

6 y (bh) 

(PQ) 8x * 

Hence 

ydx=(bbi)(PQ) = (bb{) (constant). 

Area AOBB is, therefore, proportional to the ordinate bbi of the integral 
curve. Similarly, area BBCC is proportional to C2C1, area CCDD is 
proportional to cfedi, etc. It follows that the total area AODD out to any 
ordinate DP is proportional to dd\. Hence the length of the ordinate of 
the integral curve at any point is a measure of the area bounded by the 
corresponding ordinate of the given curve, the axes OX and OF, and the 
curve itself. The growth of the ordinate of the integral curve is equal to 
the growth of the area under the given curve. Areas below the axis OX 
are negative and diminish the ordinates of the integral curve. Integral 
curves may be constructed with a high degree of accuracy, especially if 
the ordinates are closely spaced. 

The scales of the ordinates of the integral curves (V r -n units and 
1 "~r units) may be determined in terms of the scales (1" = $ units and 
1 " = m units) of the given curve. 

(bb\) oc (api) (OB) . (4) 

From the drawing and the scales s, m, and n 

(bbi) represents (length bbi in inches)^; 

(api) represents (length ap 1 in inches)m; 

(OB) represents (length OB in inches) s. 

Substituting these values in equation (4) gives 

(bbi)n=(api)m(OB)s or n=ms all in inchesjj. (5) 

From similar triangles 

h _(Oib) mm) 

m (bbi) ( 661 ) ' 

By construction (Q\) = (api) and (Oib) = (OB). Hence, 

) 


all in inches. 


( 6 ) 
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Substituting from equation (6) in equation (5) gives 

n = ms (H in inches). (7) 

In a like manner, for the second integral curve, 

r= ns(H i in inches). (8) 

10. Deflection of Beams.—The deflection of beams of uniform or of 
varying section can be graphically determined by the methods of integra¬ 
tion outlined in Article 9. 

A loaded shaft of steel (E = 30,000,000 lbs. per sq. in.) of varying cross- 



section is shown in Fig. 24. The force and bending moment polygons, 
Figs. 25 and 26, were drawn by following the method outlined in Article 8. 
Vectors ab and be in the force polygon represent to scale the loads AB 
and BC. Ray Od, drawn parallel to the closing string d of the equilibrium 










CENTER OF GRAVITY 


407 


or bending moment polygon, determines the vectors cd and da representing 
the right- and left-hand reactions. 

The differential equation of the deflection curve is d 2 y/dz 2 = M/EI. 
For a beam of uniform section I is constant, and the ordinates of the 
bending moment curve will, therefore, be proportional to the ordinates of 
the curve of d 2 y/dx 3 . Where the beam varies in section, the ordinates of 
the curve d 2 y/dx 2 are obtained by dividing the bending moment at each 
conveniently spaced section by the product of 1E and the proper moment 
of inertia, I. The ordinates so obtained are then plotted to some con¬ 
venient scale. Ordinates thus obtained from Fig. 26 were plotted to a 
scale of 1" = 0.0005 in.” 1 to obtain the curve of d 2 y/dx 2 of Fig. 27. 

The first integral curve of the curve representing d 2 y/dx 2 is the slope, 
or dy/dx. curve. The slope, or dy/dx, curve of Fig. 28 was obtained by 
graphically integrating the d 2 y/dx 2 curve of Fig. 27 by the method out¬ 
lined in Article 9. By the same method the deflection, or y, curve of Fig. 29 
was obtained from the slope, or dy/dx , curve of Fig. 28. 

Where the slope is zero the deflection is a maximum and vice versa. 
The point of zero slope is obtained by drawing ray 0\a (shown dotted) 
parallel to the closing string of the deflection curve and then drawing a 
horizontal line from a to intersect the slope curve at b. This horizontal 
line (shown dotted) is the axis of reference of the slope curve, and b is the 
point of zero slope. Projecting vertically from b locates the section of the 
shaft at which the deflection is a maximum and determines the ordinate 
2/max representing the maximum deflection. 


a 



Fig. 30. Fig. 31. 


11. Center of Gravity.—The distance from a reference line aa, Fig. 
30, to the center of gravity of a plane figure is 



(9) 



408 


GRAPHICS 


If this summation can not be performed mathematically, the figure may 
be divided into n parts of equal width, Fig. 31, and the distance x to the 
center of gravity determined by applying the expression 

__ AiXi~{-AoX2 J r * ‘ 

AL 1 +A 2 + 4 • ‘A n ’ 

where bih. 6 2 A etc., represent respectively the elementary areas Ai, A 2 , etc., 
and xi, x%, etc., represent the respective distances from aa to the centers of 
gravity of the elementary areas Ai, A 2 , etc. 

The plane figures ordinarily encountered are combinations of simple 
geometric figures such as rectangles and triangles. The centers of gravity 
of such figures are readily found by applying equation (10). The plane 
figure shown in Fig. 32 may be considered to consist of two rectangles, 
one 4" XI" and the other 1"X5". Applying equation (10), the distance x 
from the left boundary to the center of gravity Q is 

r 2 (4X1)0.5+(lX5)3.5_ nl . 

-4+5 =2 * m 

Force and equilibrium polygons may be applied to determine graphically 
the center of gravity of a given area or the center of gravity of a given 
system of coplanar masses. If the given area is not symmetrical about 
any line, two force (area) polygons and two equilibrium polygons must be 
drawn. To illustrate the method by the use of only one force (area) and 
one equilibrium polygon, a simple tee section, Fig. 32, has been chosen 
which is symmetrical about a horizontal line. As shown, the area has 
been divided into 7 elementary areas by vertical lines, and each elementary 
area has been regarded as a vertical force acting through its center of 
gravity. The elementary areas AB, BC , CD, etc., are respectively repre¬ 
sented to scale in the force (area) polygon, Fig. 33, by the vectors ab, be, 
cdj etc. In order that the equilibrium polygon may be used to determine 
graphically the moment of inertia of the given area about its vertical 
gravity axis, the pole 0 was taken as the point of intersection of two 
45 degree lines through a and h. Vector ab is held in equilibrium by vectors 
Oa and bO , vector be by vectors Ob and cO, etc. Strings a and b, parallel 
respectively to Oa and bO, and force AB must therefore meet at a point 
in the equilibrium polygon, Fig. 34. Hence, from any point in AB pro¬ 
longed, draw strings a and b parallel respectively to Oa and 60. Where 6 
intersects BC prolonged, draw string c parallel to Oc, and, in a similar 
manner, draw strings d, e, f, g, and h to complete the equilibrium polygon. 
Since the vector sum, ah, is held in equilibrium by Oa and hO, the inter¬ 
section of strings a and h in the equilibrium polygon is a point in the 
resultant of the elementary areas and, therefore, a point in the vertical line 
through the center of gravity Q of the given area. 



MOMENT OF INERTIA 


409 


12. Moment of Inertia.—In general, the moment of inertia of a plane 
figure about an axis in its plane (called the rectangular moment of inertia) is 

1=J : x 2 dA. (11) 

The moment of inertia of a plane figure about any axis in the same plane is 
equal to the moment of inertia of the figure about its gravity axis parallel 
to the given axis plus the product of the area of the figure and the square of 
the distance from the gravity axis to the given axis; that is, 

I = I a +Ad 2 . (12) 

The moment of inertia of plane figures that consist of a combination of 
simple geometric figures is readily determined by application of equation 
(12). Thus, the moment of inertia of Fig. 32 about its vertical gravity 
axis is 

I — (Ii+Aidi 2 ) -j- {l2~\~A2d^ ,s } 

=^j 3 + 4 ( 2 |-| ) 2 +^§- 3 + 5 ( 3 l- 2 l ) 2 = 3 °. 75 i n 4 . 


The moment of inertia of a plane figure about an axis perpendicular to 
its plane (called the polar moment of inertia) is 


J = 



(13) 


The polar moment of inertia of a plane figure about its center of gravity 
is equal to the sum of the rectangular moments of inertia about any two 
gravity axes at right angles lying in the plane of the figure. 

The moment of inertia of a solid body is, 


where 


1=/ p 2 dm= v -J]i 


P HV, 


(14) 


p = distance from axis to center of gravity of elementary mass dm ; 
v ~specific gravity; 
g = acceleration due to gravity; 
dV =elementary volume. 


The radius of gyration of a solid=& = 


(15) 


The radius of gyration of a plane figure = Jc = 



(16) 


The moment of inertia of plane figures of irregular shape can be found 
graphically. To demonstrate the method more easily, a simple tee section 
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will be used. In the equilibrium polygon, Fig. 34, triangles knp and Oab 
are similar by construction; likewise triangles vpr and Obc, etc. Hence, 


(ab) __ (np) 
H l 


(<*) = 


H(np) 

l * 


(17) 


Now ab represents to scale the first elementary area AB, and l represents 
to scale the distance from the center of gravity of AB to the gravity axis 
Qn of the given area. From the drawing and the space scale s and the 
area scale m, 


Area AB in sq. in. = ( ab)m ; 


Moment arm of AB = ( l)s ; 

Pole distance H in sq. in. — (H)m — 



- (area of tee) — 



The moment of inertia I of a section is equal to the summation of the 
second moments of the elementary areas of the section, or, expressed 
mathematically, 

1= y XHA] 

or I is the value, in the limit, of 

S[(Us] 2 AA n =[(li)sP(a6)m+[(Z 2 )s]2(6c)m+- • •. 
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The second moment of the elementary area AB is 
(ab)m[(T)s] 2 =ms 2 (ab)l 2 . 


Substituting the value of ah from equation (17) and the value given above 
for Hm } the second moment of the elementary area becomes 


ms 2 (ab)l 2 =ms 2 



Z 2 =2s 2 m(f7) 



(18) 


But (np)l /2 is the area of triangle knp. Hence, the second moment of 
the elementary area is 


s 2 A (area triangle knp) — (constant) (area triangle knp ). (19) 


The summation of the second moments of the elementary areas of the given 
area about the gravity axis Qn closely approximates the moment of inertia 
of the given area about Qn. Since, by equation (19), "the second moment of 
each elementary area is proportional to the area of a corresponding triangle 
of the equilibrium polygon, the moment of inertia of the given area is 
equal to the constant s 2 A times the summation of the areas of the triangles 
composing the equilibrium polygon; this is, s 2 A times the area A' of the 
equilibrium polygon. Hence, 

I=s 2 AA\ (20) 

where 

s = space scale 
= 3 in. for Fig. 32; 

A = area in sq. in. of given section if drawn full size 
= 9 sq. in. for given section; 

A r = actual area in sq. in. of the equilibrium polygon as drawn 
= 0.379 sq. in.; 

7= s 2 AA' = (3) 2 9(0.379) = 30.7 in. 4 ; 

Accurately computed, 7=30.75 in. 4 


The greater the number of segments into which the given area is divided, 
the more nearly will the lower boundary of the equilibrium polygon 
approach a smooth curve tangent to strings a and h at u and w respectively, 
and tangent to strings b } c, d, etc. By so modifying the lower boundary 
quite accurate results can be obtained without dividing the given area into 
an inconveniently large number of segments. 

13. Friction Circle.—-When the bearing surfaces are well lubricated, it 
is seldom worth while to consider the effects of friction in determining the 
forces acting in a mechanism. However, when the bearing surfaces are 
not lubricated or are very poorly lubricated, it may be worth while to 
consider the effects of friction. For this purpose, the use of the expedient 
known as the “ friction circle ” is found helpful and convenient. 
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In Fig. 35 is shown a bell crank which rotates clockwise with uniform 
motion on a stationary spindle of radius R. If the coefficient of friction is 
known, the force P required to overcome the resisting force Q and the 
frictional resistance between the bell crank and the spindle can be found 
graphically by employing the friction circle. 

For equilibrium, the line of action of the resultant pressure E of the 
spindle on the bell crank must act through the intersection of the lines of 
action of P and Q. The coefficient of friction / is equal to the ratio of the 
tangential and normal components, F and N, of the equilibrant E; that is, 

/=-”== tan <£. (21) 



Angle <£, called the friction angle, is the angle whose tangent is equal to 
the coefficient of friction. Hence, the equilibrant E must make an angle 
<t> with N and must, therefore, be tangent to a circle having a radius 
r = cg; that is, tangent to a friction circle having a radius 

r = (i cd ) sin = R sin <t>. (22) 

For equilibrium, the summation of the moments of the external forces on 
the bell crank must be equal to zero. Taking moments about c, 

Pa — Qb—Er = 0. (23) 

Since the magnitude and direction of Q and the lines of action of P 
and E are known, the magnitude of P may be found graphically by means 
of the force polygon as shown in Fig. 36. Draw a vector representing 
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the magnitude and direction of the known resisting force Q. Through the 
terminus of vector Q draw a line parallel to and in the direction of P, and 
through the origin of vector Q draw a line parallel to line ng of Fig. 35. 
The intersection k of these two lines determines the terminus of P and the 
origin of E. 

If the bell crank were fastened to the spindle with the spindle rotating 
in a bearing, the point of application of the resultant pressure E of the 
bearing on the spindle would be h instead of d. Obviously the operating 
force P and the equilibrant E would be the same as for the case originally 
assumed. The equilibrant E is always tangent to the side of the friction 
circle to oppose motion. 

When the coefficient of friction is small, as for lubricated bearings, 
sin 4> may be replaced by tan <£ and the radius r of the friction circle may 
be expressed as 


r = R tan 0 = Rf. 


(24) 



CHAPTER 23 


TOLERANCES AND ALLOWANCES FOR METAL FITS 

1. Making and Manufacturing—In engineering production three 
kinds of accuracy are recognized; accuracy of size, of form, and of position. 
Only the last two kinds of accuracy are, in general, of importance if the 
parts of a product are fitted one to the other as in the “making” system. 
If, however, the product is to be “manufactured,” all three kinds of 
accuracy are necessary. Instead of building the product by fitting one 
part to another, each part is independently made in considerable numbers 
and so accurate as to size and form that any set of parts when brought 
together will assemble into a properly functioning product or ma c hin e 
The result sought is interchangeability. Not only, as in the “making” 
system, must sufficient accuracy of form and of position be assured but 
there must be definite and certain control of accuracy of size. This is done 
by means of limit gauges. This control of size by means of gauges is the 
fundamental difference between manufacturing and making. The gauges 
used are usually of the “go” and “not go” type. If the go measuring 
fingers of a snap gauge will go over a shaft and the not go fingers will not, 
it is known that the shaft is accurate to size within the limi ts set. 

2. Discussion of Terms and Metal Fits.—Certain kinds of metal fits 
are recognized in engineering work. To secure any given kind of fit, the 
mating parts must differ in size by a certain amount. This difference in 
size is known as the allowance. With running fits the allowance is a clear¬ 
ance to provide, usually, for a film of oil; with pressure fits the allowance 
is an interference of metal to provide permanency. To have an exact 
allowance for any given fit would require that each part be made absolutely 
true to a predetermined size. As this is commercially impossible the best 
that can be done is to stipulate a minimum and a maximum size for each 
mating part. The minimum and maximum sizes designated for a part are 
known as the limiting sizes. The difference between the limiting sizes is 
known as the tolerance and is a means of specifying the degree of accuracy 
of size required. The smaller the tolerance the better must be the finish 
of the surfaces to be measured and the higher will be the cost of malting 
the part to size within the limits set. Hence, for economy of production, 
tolerances for mating parts should be as large as the nature of the fit and 
the permissible variation of the allowance will permit. 
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A knowledge of the tolerances and allowances that are suitable for the 
various kinds of fits used in engineering production is the result of years 
of experience and investigation. In devising a standard method of using 
these tolerances and allowances either the hole or the shaft must be chosen 
as the basis from which to work. If the hole is taken as the basis, the 
diameter of the shaft is varied to secure the fit desired; if the shaft is taken 
as the basis, the diameter of the hole is varied to secure the fit desired. 
Since mass-production methods are usually applied to machines having 
relatively small parts, the hole has a decided advantage over the shaft as a 
basis. This is true since the holes are relatively small and can be reamed 
to size. For any given grade of work only one reamer for each nominal 
size is needed for all kinds of fits instead of a reamer for each kind of fit 
for any given nominal size, as would be the case were the shaft the basis. 
Similarly, the hole is a better basis than the shaft with respect to the number 
of mandrels required. Other advantages of the hole over the shaft are 
not so important or decisive. Where there is more than one kind of fit 
on a shaft of uniform diameter, the hole as against the shaft as a basis is 
at a disadvantage. The solution is to redesign or to go to the shaft as a 
basis for one or more of the fits. 

It must also be decided how best to express the tolerances, whether 
unilaterally or bilaterally ; that is, whether the permissible variation of 
size of each mating part shall be in one direction or in two directions. 
Since, with respect to accuracy of size for fits, the nominal size is not a 
desired, ideal size, the designer is free to express the tolerances in any way 
that would prove most convenient and economical. Of late years the 
trend in this and other countries has been in favor of the unilateral method 
because of its greater convenience and because its use may under certain 
conditions reduce the number of gauges required. 

3. Foreign Systems of Metal Fits.—“The Germans 1 have adopted 
the unilateral system of tolerances with either the hole or the shaft as the 
basic part. Each manufacturer can therefore choose which of the systems 
is best suited to his needs. The Germans have not left the combination 
of hole and shaft to the designer; they have standardized twenty-two 
completely defined fits, each comprising an allowance and tolerances on 
the mating parts. 77 They have adopted five fits of “ precision 77 grade, 
ten “ fine 77 grade fits, three “ medium 77 grade fits, and four “ coarse 77 
grade fits. Austria has adopted the German system. The characteristics 
of the Swedish and Swiss systems are the same as the German, the former 
listing twenty-seven and the latter twenty-one completely defined fits. 
The British system is based on the hole and lists both unilateral and 
bilateral tolerances, with unilateral tolerances explicitly recommended. 

1 1. H. Fullmer, “Comparison of American, British, and German Standards for Metal 
Fits,” U.S. Bureau of Standards, Technologic Paper, No. 344, June 7, 1927. 
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Holland is the only country that has adopted exclusively the unilateral 
basic shaft system. 

4. American Standard System of Metal Fits.—In December, 1925, a 
tentative American Standard of Tolerances and Allowances for Metal 
Fits was approved by the American Engineering Standards Committee, 
now the American Standards Association. 2 The unilateral method of 
expressing tolerances, with the hole as the basis of the system, was adopted. 
The basic size of the hole, the exact size from which variation is made, was 
taken equal to the nominal size, and the size of the hole varied from basic 
to over basic. The size from which the shaft is varied depends upon what 
is regarded as the most desired clearance or interference with respect to 
the permissible variation of the allowance. The proposed standard con¬ 
stitutes one of the most important contributions in the history of inter¬ 
changeable production. It furnishes designers with a valuable basis for 
the exercise of judgment not only with respect to cylindrical fits but also 
with respect to longitudinal fits and the fits of guides and slides. It will 
simplify the gauge situation and effect economies in interchangeable 
production generally. The report of the committee reads, in part, as 
follows: 

It is well known that a correct pair of plug and ring gages 2 inches in diameter will 
each check parts that will go together. It is also well known that the character of fit 
depends on the rotundity, parallelism, size, and, in some cases, contour of the mating 
parts and that for cylindrical fits in mating parts, plug and ring gages are the only sure 
means of determining whether or not parts will go together. If either member of a 
pair of mating parts is three- or five-cornered, a snap gage or micrometer will not 
determine whether they will go together. 

In the following allowances and tolerances the best practice available was considered, 
and where differences occurred a compromise was attempted. The tolerances on holes 
apply only to reamed holes, or holes having a finish equivalent to reaming. From the 
standpoint of satisfactory performance, the tightest and loosest fits permissible are the 
all-important considerations. From a manufacturing standpoint, tolerances are the 
important factors. Hence both the tightest and loosest fits permissible must combine 
the tolerance and allowance, and therefore both allowance and tolerance must be con¬ 
sidered for all-round satisfactory conditions. 

It is not deemed to be feasible to include in this report allowances and tolerances 
which will apply to all work. Many so-called standard fits are made in the industries 
which are not interchangeable, and an attempt to make them so would be prohibitive 
in cost. These fits, however, must be made on a production basis, and it is believed 
that the tables here given will be found to contain allowances and tolerances which are 
suitable for most work even if some selection or individual fitting of parts is desired. 

In choosing the class of fit for manufacture, the engineer should keep in mind that 
cost usually increases proportionately to the accuracy required, and no finer class of 
fit should be chosen than the functional requirements actually demand. It is axiomatic 
that the closer the fit the smaller the manufacturing tolerance, and usually the greater 
the cost. The length of engagement of the fit also plays an important part in the 

3 Standard B4a—1925, for sale by the A.S.A., 29 West 39th St., New York, N.Y. 
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selection of the class of fit for a piece of work. It is obvious that a long engagement 
will tolerate more looseness than a short one, and due regard should be paid to this 
feature. 

Table 1 below gives the names of the eight fits and the information 
and assumptions on which the American system of fits as given in Tables 2, 
3, 4, and 5 is based. In using the American system of fits the designer is 
not restricted to the eight specified combinations. If desired, he may use 
a hole belonging to one class of fit in combination with a shaft belonging 
to another class of fit. A “ free fit ” hole with a “ medium fit ” shaft 
w r ould yield a running fit having a minimum clearance corresponding to 
the medium fit and a maximum clearance about midway between the 
maximum clearances of the free and medium fits. Such special combi¬ 
nations outside the eight specified fits may be found useful where a fit is. 
desired having a minimum clearance or maximum interference correspond¬ 
ing to a certain fit but a different maximum clearance or minimum inter¬ 
ference. 

TABLE 1 

Formulae for Recommended Allowances and Tolerances 


Fits 1 to 4, inclusive, are strictly interchangeable. For fits 5 to 8, inclusive, the average interference 
of metal given is the desired condition and must be obtained by selective assembly, that is, by mating 
large shafts in large holes and small shafts in small holes. 


Class of Fit 

Method of 
Assembly 

Basic 

Allowance = 
Minimum 
Clearance 

Basic 

Allowance - 
Average 
Interference 
of Metal 

Hole 

Tolerance 

Shaft 

Tolerance 

(1) Loose. 

Strictly 

Interchangeable 

0.0025^ 


0.0025^ 

0.0025^d 

(2) Free. 

Strictly 

Interchangeable 

0.0014^ 


0.0013-^5 

0.0013^ 

(3) Medium. 

Strictly 

Interchangeable 

0.0009^52 


0.0008 \/d 

0.0008v7z 

(4) Snug. 

Strictly 

Interchangeable 

0.0000 


O.OOOG^d 

0.0004-v/d 

(5) Wringing. 

Selective 

Assembly 


0.0000 

O.Q006\/d 

0.0004^d 

(6) Tight. 

Selective 

Assembly 


0.00025 d 

0.0006 j/d 

0.0006v^ 

(7) Medium Force. 

Selective 

Assembly 


0.000 5d 

0.0006-^ 

o.oooe^d 

(8) Heavy Force or Shrink.. 

Selective 

Assembly 


0.0010 d 

0.0006^ 

0.0006-^ 


= diameter of fit in inches. 
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5. Gauges. —The tentative American standard giving the limits 
between which the actual sizes of “ go ” and “ not go ” gauges should lie 
has not yet been completed. It is quite evident that the tolerances apply¬ 
ing to gauges must be much smaller than the tolerances applying to the 
parts to be gauged. In order that the parts to be gauged may be known 
to be accurate to size within the limits set, it is therefore quite important 
that the gauge tolerances be correctly applied. Hence a gauge repre¬ 
senting a minimum limit may be larger, but never smaller, than the 
minimum limit specified for the part to be gauged; and a gauge repre¬ 
senting a maximum limit may be smaller, but never larger, than the maxi¬ 
mum limit specified for the part to be gauged. If gauge tolerances are so 
applied to external and internal gauges, the “ go gauges would be dis¬ 
carded as working gauges after wearing an amount equal to the tolerances 
on the gauges. To increase the life of working gauges beyond that assured 
by the necessary tolerances applying to gauges, definite allowances for 
wear are used. The Holland standard fixes the allowances for wear of 
working “ go ” gauges at 15 per cent, and the allowance for the wear of 
shop inspection “ go ” gauges at 5 per cent of the tolerance on the product. 
The German standard recognizes three classes of gauges—working gauges, 
shop inspection gauges, and purchaser’s inspection gauges. 

Since the making of gauges demands work of the highest precision, it is 
necessary to establish a standard temperature for measurements. The 
standard temperature adopted in this and other countries for gauges and 
gauging disputes is 68 F or 20 C. 

6. American Standard Tolerances and Allowances for Metal Fits.— 

For a number of ranges of sizes the tolerances and allowances for the eight 
fits named in Table 1 are given in Tables 2, 3, 4, and 5. To illustrate the 
use of the tables, the limiting diameters, or limits, of hole and shaft for a 
loose fit having a nominal size of 2 inches will be found. The American 
system is based on the hole, the basic size of the hole is the nominal size, 
and variation of size is from basic size upward. For a loose fit the tolerance 
of the hole is given in Table 2 as +0.003 inch. Hence, 

Limits of hole = 2.000 to 2.003 inches in diameter. 

For a 2 inch loose fit Table 2 requires that 0.004 inch be subtracted from the 
nominal size to obtain the size of shaft from which variation is made, and 
the table gives the shaft tolerance as —0.003 inch. Hence, 

Limits of shaft = 1.996 to 1.993 inches in diameter. 

As the largest shaft may be mated with the smallest hole and vice versa, 
the range of allowance (clearance) for the fit is 

(2.000 — 1.996) to (2.003 —1.993) =0.004 to 0.010 inch. 
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Where go and not go gauges are used, the actual allowance will approximate 
the average allowance, or 0.007 inch. 

Where limit gauges are used, holes and shafts are dimensioned either 
by giving the base sizes and tolerances or by giving the limits as shown in 
Figs. 1 and 2. The method shown in Fig. 2 is more economical of space 
and is to be preferred to the method shown in Fig. 1. The minimum limit 
of the hole should be given first, and vice versa for the shaft. 



7. Allowances for Grinding. —For pieces less than 3 inches in diameter, 
the Newall Engineering Company recommends allowances for grinding of 
0.003 to 0.008 inch and allowances of 0.005 to 0.010 inch for pieces over 
3 inches in diameter. Brown & Sharpe allows about 0.008 inch for diam¬ 
eters of f to 2 inches. Grinding allowances as recommended by the 
Landis Tool Company are given in Table 6. 
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TABLE 2 

Loose Fit (Class 1) Large Allowance, Interchangeable.—This fit provides for considerable 
freedom and embraces certain fits where accuracy is not essential as in: Machined fits of 
agricultural and mining machinery; controlling apparatus for marine work; textile, rubber, 
candy, and bread machinery; general machinery of a similar grade; some ordnance material. 

Free Fit (Class 2) Liberal Allowance, Interchangeable.—For running fits with speeds of 
600 R.P.M. or over, and journal pressures of 600 pounds per square inch of projected area 
or over, as in: Dynamos,* engines, many machine-tool parts, and some automotive parts. 


All Dimensions in Inches 



Size 


Loose Fit, Class 1 

Free Fit, C 

Jlass 2. 


Up to 
and 


Hole 

Shaft 

Subtract from 
Nominal Size 
to get 

Hole 

Shaft 

Subtract from 
Nominal Size 
to get 

From 

Includ¬ 

ing 

Mean 

Toler¬ 

ance 

+ 

Toler¬ 

ance 

Size of Shaft 
from which 
Variation 
is to be Made 

Toler¬ 

ance 

+ 

Toler¬ 

ance 

Size of Shaft 
from which 
Variation 
is to be Made 

0 

A 

i 

0.001 

0.001 

0.001 

0.0007 

0.0007 

0.0004 

A 

A 

i 

0.002 

0.002 

0.001 

0.0008 

0.0008 

0.0006 

A 

A 

f 

0.002 

0.002 

0.001 

0.0009 

0.0009 

0.0007 

A 

ik 

1 

0.002 

0.002 

0.002 

0.0010 

0.0010 

0.0009 

A 

f 

0.002 

0.002 

0.002 

0.0011 

0.0011 

0.0010 

y XX 

16 

if 

i 

0.002,, 

0.002 

0.002 

0.0012 

0.0012 

0.0012 

A 

if 

f 

0.002 

0.002 

0.002 

0.0012 

0.0012 

0.0013 

if 

iA 

1 

0.003 

0.003 

0.003 

0.0013 

0.0013 

0.0014 

iA 

ift 

If 

0.003 

0.003 

0.003 

0.0014 

0.0014 

0.0015 

i A 

if 

U 

0.003 

0.003 

0.003 

0.0014 

0.0014 

0.0016 

it 

if 

If 

0.003 

0.003 

0.003 

0.0015 

0.0015 

0.0018 

it 

if 

If 

0.003 

0.003 

0.004 

0.0016 

0.0016 

0.0020 

if 

2f 

2 

0.003 

0.003 

0.004 

0.0016 

0.0016 

0.0022 

2f 

2f 

21 

0.003 

0.003 

0.004 

0.0017 

0.0017 

0.0024 

at 

2i 

2f 

0.003 

0.003 

0.005 

0.0018 

0.0018 

0.0026 

2f 

3i 

3 

0.004 

0.004 

0.005 

0.0019 

0.0019 

0.0029 

31 

3f 

34 

0.004 

0.004 

0.006 

0.0020 

0.0020 

0.0032 

3f 

4f 

4 

0.004 

0.004 

0.006 

0.0021 

0.0021 

0.0035 

4i 

4f 

44 

0.004 

0.004 

0.007 

0.0021 

0.0021 

0.0038 

4 } 


5 

0.004 

0.004 

0.007 

0.0022 

0.0022 

0.0041 

5i 

6f 

6 

0.005 

0.005 

0.008 

0.0024 

0.0024 

0.0046 

6§ 

71 

7 

0.005 

0.005 

0.009 

0.0025 

0.0025 

0.0051 

7i 

8f 

8 

0.005 

0.005 

0.010 

0.0026 

0.0026 

0.0056 
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TABLE 3 

Medium Fit (Class 3) Medium Allowance, Interchangeable.— For running fits under 
600 R.P.M. and with journal pressures less than 600 pounds per square inch of projected 
area; also for sliding fits, and the more accurate machine-tool and automotive parts. 

Snug Fit (Class 4) Zero Allowance, Interchangeable.—This is the closest fit which can 
be assembled by hand and necessitates work of considerable precision. It should be used 
where no perceptible shake is permissible and where moving parts are not intended to move 
freely under load. 


All Dimensions in Inches 


Size 

Medium Fit, Class 3 

Snug Fit, Class 4 






Subtract from 



Add to 


Up to 




Nominal Size 



Nominal Size 


and 


Hole 

Shaft 

to get 

Hole 

Shaft 

to get 

From 

Includ- 

Mean 

Toler- 

Toler- 

Size of Shaft 

Toler- 

Toler- 

Size of Shaft 


ing 


ance 

ance 

from which 

ance 

ance 

from which 






Variation 



Variation 




+ 

— 

is to be Made 

+ 

— 

is to be Made 

0 

A 

f 

0.0004 

0.0004 

0.0002 

0.0003 

0.0002 

0.0000 

A 

A 

i 

0.0005 

0.0005 

0.0004 

0.0004 

0.0003 

0.0000 

A 

A 

t 

0.0006 

0.0006 

0.0005 

0.0004 

0.0003 

0.0000 

A 

A 

i 

0.0006 

0.0006 

0.0006 

0.0005 

0.0003 

0.0000 

A 

a 

f 

0.0007 

0.0007 

0.0007 

0.0005 

0.0003 

0.0000 

a 

4# 

i 

0.0007 

0.0007 

0.0007 

0.0005 

0.0004 

0.0000 

a 


f 

0.0008 

0.0008 

0.0008 

0.0006 

0.0004 

0.0000 

a 

iA 

1 

0.0008 

0.0008 

0.0009 

0.0006 

0.0004 

0.0000 

i* 

iA 


0.0008 

0.0008 

0.0010 

0.0006 

0.0004 

0.0000 

iA 

if 

li 

0.0009 

0.0009 

0.0010 

0.0006 

0.0004 

0.0000 

it 

if 

U 

0.0009 

0.0009 

0.0012 

0.0007 

0.0005 

0.0000 

n 

if 

If 

0.0010 

0.0010 

0.0013 

0.0007 

0.0005 

0.0000 

if 

2f 

2 

0.0010 

0.0010 

0.0014 

0.0008 

0.0005 

• 0.0000 

2f 

2f 

2i 

0.0010 

0.0010 

0.0015 

0.0008 

0.0005 

0.0000 

2* 

2f 

2J 

0.0011 

0.0011 

0.0017 

0.0008 

0.0005 

0.0000 

2* 

3i 

3 

0.0012 

0.0012 

0.0019 

0.0009 

0.0006 

0.0000 

3f 

3f 

3i 

0.0012 

0.0012 

0.0021 

0.0009 

0.0006 

0.0000 

3f 

4f 

4 

0.0013 

0.0013 

0.0023 

0.0010 

0.0006 

0.0000 

4f 

4f 

4i 

0.0013 

0.0013 

0.0025 

0.0010 

0.0007 

0.0000 

4f 

6J 

5 

0.0014 

0.0014 

0.0026 

0.0010 

0.0007 

0.0000 

5i 

6i 

6 

0.0015 

0.0015 

0.0030 

0.0011 

0.0007 

0.0000 

6f 

71 

7 

0.0015 

0.0015 

0.0033 

0.0011 

0.0008 

0.0000 

71 

81 

8 

0.0016 

0.0016 

0.0036 

0.0012 

0.0008 

0.0000 
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TABLE 4 

Wringing Fit (Class 5 ) Zero to Negative Allowance, Selective Assembly.—This is also 
known as a “ tunking fit” and it is practically metal to metal. Assembly is usually selective 
and not interchangeable. 

Tight Fit (Class 6 ) Slight Negative Allowance, Selective Assembly.—Light pressure is 
required to assemble these fits and the parts are more or less permanently assembled, such as 
the fixed ends of studs for gears, pulleys, rocker arms, etc. These fits are used for drive fits 
in thin sections or extremely long fits in other sections, and also for shrink fits on very light 
sections. Used in automotive, ordnance, and general machine manufacturing. 

For an allowance A and a hub diameter of twice the hole diameter d, the following expres¬ 
sions are approximately true. 

Force in tons to make fit — 1300A, for steel hub. 

= 750 A, for cast iron hub. 

Stress in hub in pounds per square inch = 29,000,000A, for steel hub. 

-10,432,000A, for cast iron hub. 


All Dimensions in Inches 


Size 

Wringing Fit, Class 5 

Tight Fit, Class 6 






Add to 



Add to 


Up to 




Nominal Size 



Nominal Size 


and 


Hole 

Shaft 

to get 

Hole 

Shaft 

to get 

From 

Includ- 

Mean 

Toler- 

Toler- 

Size of Shaft 

Toler- 

Toler- 

Size of Shaft 


ing 


ance 

ance 

from which 

ance 

ance 

from which 






Variation 



Variation 




4* 

4- 

is to be Made 

4 

4 

is to be Made 

0 

A 

i 

0.0003 

0.0002 

0.0000 

0.0003 

0.0003 

0.0000 

A 

A 

i 

0.0004 

0.0003 

0.0000 

0.0004 

0.0004 

0.0001 

A 

A 

i 

0.0004 

0.0003 

0.0000 

0.0004 

0.0004 

0.0001 

A 

A 

i 

0.0005 

0.0003 

0.0000 

0.0005 

0.0005 

0.0001 

A 

a 

I 

0.0005 

0.0003 

0.0000 

0.0005 

0.0005 

0.0002 

& 

a 

i 

0.0005 

0.0004 

0.0000 

0.0005 

0.0005 

0.0002 

*1 

a 

i | 

0.0006 

0.0004 

0.0000 

0.0006 

0.0006 

0.0002 


iA 

1 

0.0006 

0.0004 

0.0000 

0.0006 

0.0006 

0.0003 


h-e 

n 

0.0006 

0.0004 

0.0000 

0.0006 

0.0006 

0.0003 


H 

ii 

0.0006 

0.0004 

0.0000 

0.0006 

0.0006 

0.0003 

if 

if 

H 

0.0007 

0.0005 

0.0000 

0.0007 

0.0007 

0.0004 

if 

if 

if 

0.0007 

0.0005 

0.0000 

0.0007 

0.0007 

0.0004 

if 

2f 

2 

0.0008 

0.0005 

0.0000 

0.0008 

0.0008 

0.0005 

2i 

2f 

2i 

0.0008 

0.0005 

! 0.0000 

0.0008 

0.0008 

0.0006 

2* 

21 

2i 

0.0008 

0.0005 

0.0000 

0.0008 

0.0008 

0.0006 

2| 

31 

3 

0.0009 

0.0006 

0.0000 

0.0009 

0.0009 

0.0008 

3i 

31 

3i 

0.0009 

0.0006 

0.0000 

0.0009 

0.0009 

0.0009 

3| 

41 

4 

0.0010 

0.0006 

0.0000 

0.0010 

0.0010 

0.0010 

41 

41 

4i 

0.0010 

0.0007 

0.0000 

0.0010 

0.0010 

0.0011 

4f 

si 

5 

0.0010 

0.0007 

0.0000 

0.0010 

0.0010 

0.0013 

5! 

6i 

6 

0.0011 

0.0007 

0.0000 

0.0011 

0.0011 

0.0015 

6} 

7i 

7 

0.0011 

0.0008 

0.0000 

0.0011 

0.0011 

0.0018 

7i 

8! 

8 

0.0012 

0.0008 

0.0000 

0.0012 

0.0012 

0.0020 
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TABLE 5 

Medium Force Fit (Class 7) Negative Allowance, Selective Assembly.—Considerable pres¬ 
sure is required to assemble these fits and the parts are considered permanently assembled. 
These fits are used in fastening locomotive wheels, car wheels, armatures of dynamos and 
motors, and crank disks to their axles or shafts. They are also used for shrink fits on medium 
sections or long fits. These fits are the tightest which are recommended for cast iron holes 
or external members as they stress cast iron to its elastic limit. 

For an allowance A and a hub diameter of twice the diameter d of the hole, the same 
expressions as given for Class 6 fit may be used to approximate the force required and the 
hub stress induced in making this fit. 

Heavy Force and Shrink Fit (Class 8) Considerable Negative Allowance, Selective Assem¬ 
bly.—These fits are used for steel holes where the metal can be stressed to its elastic limit. 
These fits cause excessive stress for cast iron holes. Shrink fits are used where heavy force 
fits are impractical, as on locomotive wheel tires, heavy crank disks of large engines, etc. 

For an allowance A and a hub diameter of twice the diameter d of the hole, the same 
expressions as given for Class 6 fit may be used to approximate the force required and the 
hub stress induced in making this fit. 

All Dimensions in Inches 


Size 

Medium Force Fit, Class 7 

Heavy Force Fit, Class 8 






Add to 



Add to 


Up to 
and 
Includ- 




Nominal Size 



Nominal Size 



Hole 

Shaft 

to get 

Hole 

Shaft 

to get 

From 

Mean 

Toler- 

Toler- 

Size of Shaft 

Toler- 

Toler- 

Size of Shaft 



ance 

ance 

from which 

ance 

ance 

from which 


ing 




Variation 



Variation 




+ 

. + 

is to be Made 

+ 

+ 

is to be Made 

0 

-is 

1 

0.0003 

0.0003 

0.0001 

0.0003 

0.0003 

0.0001 

TS 

A 

i 

0.0004 

0.0004 

0.0001 

0.0004 

0.0004 

0.0003 

16 

:£$ 

3 

8 

0.0004 

0.0004 

0.0002 

0.0004 

0.0004 

0.0004 

JjS 

T6 

I ^ 

0.0005 

0.0005 

0.0003 

0.0005 

0.0005 

0.0005 

in> 

ft 

1 

0.0005 

0.0005 

0.0003 

0.0005 

0.0005 

0.0006 

» 

if 

1 

0.0005 

0.0005 

0.0004 

0.0005 

0.0005- 

0.0008 

it 

If 

i 

0.0006 

0.0006 

0.0004 

0.0006 

0.0006 

0.0009 

if 

ll6 

1 

0.0006 

0.0006 

0.0005 

0.0006 

0.0006 

0.0010 



H 

0.0006 

0.0006 

0.0006 

0.0006 

0.0006 

0.0011 

lo- 

If 

H 

0.0006 

0.0006 

0.0006 

0.0006 

0.0006 

0.0013 

If 

If 

n 

0.0007 

0.0007 

0.0008 

0.0007 

0.0007 

0.0015 

1 5 

J-8 

If 

11 

0.0007 

0.0007 

0.0009 

0.0007 

0.0007 

0.0018 

If 

21 

2 

0.0008 

0.0008 

0.0010 

0.0008 

0.0008 

0.0020 

21 

2f 

21 

0.0008 

0.0008 

0.0011 

0.0008 

0.0008 

0.0023 

2* 

2f 

2f 

0.0008 

0.0008 

0.0013 

0.0008 

0.0008 

0.0025 

2} 

31 

3 

0.0009 

0.0009 

0.0015 

0.0009 

0.0009 

0.0030 

31 

31 

3f 

0.0009 

0.0009 

0.0018 

0.0009 

0.0009 

0.0035 

3f 

41 

4 

0.0010 

0.0010 

0.0020 

0.0010 

0.0010 

0.0040 

41 

41 

41 

0.0010 

0.0010 

0.0023 

0.0010 

0.0010 

0.0045 

4f 

31 

5 

.0.0010 

0.0010 

0.0025 

0.0010 

0.0010 

0.0050 

5} 

6f 

6 

0.0011 

0.0011 

0.0030 

0.0011 

0.0011 

0.0060 

61 

71 

7 

0.0011 

0.0011 

0.0035 

0.0011 

0.0011 

0.0070 

71 


8 

0.0012 

0.0012 

0.0040 

0.0012 

0.0012 

0.0080 
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TABLE 6 

Allowances for Grinding 
(Landis Tool Co.) 



Allowances 

Diameter 

.010" 

.015" 

.020" 

.025" 

.030" 

in Inches 







For Lengths in Inches 

1 

2 

3-12 

15-24 

30-48 



3 

4 

3-12 

15-24 

30-48 



1 

3- 9 

12-24 

30-48 



li 

3- 6 

9-24 

30-48 



H 

3 

6-18 

24-48 



2 


3-15 

18-42 

48 


n 


3-12 

15-36 

42-48 




3- 9 

12-30 

36-48 


3 


3- 6 

9—24 

30-48 


3i 


3 

6-18 

24-48 


4 



3-15 

18-42 

48 

4£ 



3-12 

15-36 

42-48 

5 



3- 9 

12-30 

36-48 

6 



3- 6 

9-24 

30-48 

7 



3 

6-18 

24-48 

8 




3-15 

18-48 

9 




3-12 

15-48 

10 




3- 9 

12-48 

11 




3- 6 

9-48 

12 





3-48 







































CHAPTER 24 


BEARINGS 

1. Friction and Lubrication. —By dry friction is meant the resistance 
to relative sliding between two solids whose surfaces are clean or have 
been exposed only to contamination by the atmosphere. In general, the 
finish of the surfaces of the solids that have been experimented upon has 
been such that the frictional resistance to relative motion was apparently 
due to the elastic interaction of the asperities of the surfaces and in no 
way due to the phenomenon of adhesion. As a rule, the friction is greater 
between like than between unlike metals and greater between soft than 
between hard metals. 

Adsorbed films exist on the exposed surfaces of all solids due to con¬ 
tamination of the surfaces by the gases and vapors of the atmosphere, by 
the hands, or by the material or lubricant with which the surfaces may 
have been wiped. Such films are in chemical union with the surfaces they 
contaminate. Adsorbed films are exceedingly thin and tough and behave 
like solids. The friction between solids whose surfaces are covered by 
adsorbed films is therefore called “ solid film ” or “ boundary ” friction, 
and it is very much less than the friction between uncontaminated surfaces. 
It is found that the boundary friction for animal or vegetable oils is less 
than for mineral oils of the same viscosity. Hence the reduction in friction 
must be due to some property of the lubricant other than viscosity. This 
property has been called “ oiliness ” to distinguish it from viscosity, 
which is a property of the lubricant as a liquid. Oiliness may be described 
as an effect produced by the lubricant upon the solid. Adsorbed films 
of lubricants serve a very important purpose. They protect bearing 
surfaces from injury when there is no viscous film between them and 
enable metals which would otherwise seize to work together satisfactorily 
at moderate speeds and pressures. 

In “ fluid film ” or “ perfect ” lubrication the bearing surfaces are 
completely separated by a fluid film of the lubricant. To establish a 
fluid film requires a suitable clearance between the bearing surfaces, a 
proper relation between the load and rubbing velocity, and an adequate 
and continuous supply of the lubricant properly distributed from end to 
end of the bearing. If the supply of lubricant is not adequate or properly 
distributed or the load is too high or the velocity is too low, the lubrication 
will be “ imperfect that is, the bearing surfaces will not be separated by 
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TABLE 1 

Some Physical Properties of Lubricating Oils 
(Furnished by Professor James I. Clower, University of Delaware) 
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a continuous unbroken fluid film of the lubricant, and therefore a combi¬ 
nation of fluid and boundary friction will exist. In fluid film lubrication, 
the friction depends on the thickness of the film, the load on the bearing, 
the area and relative velocity of the bearing surfaces, and the tempera¬ 
ture and corresponding viscosity of the lubricant. 

2. Viscosity. —The usual unit of viscosity is the cehtipoise which is 
0.01 of a poise. A poise may be defined as the viscosity of a fluid which 


tOOOOQ 

50000 
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Fig. 1. 

requires a shearing force of one dyne per square centimeter to maintain a 
shearing rate of one centimeter per second per centimeter thickness; or, 
more briefly, a poise is one dyne-second per square centimeter per centi¬ 
meter thickness. The viscosity of lubricants does not increase materially 
with increase of pressure up to about 1500 lbs. per sq. in. Both the specific 
gravity and viscosity of lubricants decrease with increase of temperature. 
The specific gravity of a lubricating oil at any temperature is 

p t = P6o — 0.000365 ( t —60), 


( 1 ) 
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where 

Z = temperature of the oil in degrees F; 

P 60 = specific gravity of the oil at 60 F; 
p t = specific gravity of oil at any temperature t. 


Some physical properties of twelve representative oils are given in 
Table 1. Viscosity-temperature curves for the same oils are shown in 
Fig. 1, and the viscosities of the same oils in centipoises at five different 
temperatures are given in Table 2. 

The viscosity of an oil at any temperature in centipoises is 



( 2 ) 


where 

viscosity of oil, Saybolt Universal, in seconds at any tempera¬ 
ture t in degrees F as obtained from Fig. 1; 

Pi—specific gravity of oil at any temperature t from equation (1) ; 

Z —viscosity of oil in centipoises at any running temperature t. 


TABLE 2 


Number 
of Oil from 
Table 1 

Viscosity Z in Centipoises at 

100 F 

120 F 

140 F 

160 F 

180 F 

1 

27.10 

15.96 

11.20 

7.85 

5.90 

2 

63.20 

34.70 

21.10 

14.83 

9.72 

3 

128.00 

67.80 

40.00 

24.75 

16.50 

4 

22.80 

14.37 

10.80 

7.20 

5.51 

5 

74.75 

44.40 

28.20 

19.20 

13.72 

6 

43.85 

25.15 

16.05 

11.03 

8.00 

7 

99.25 

52.10 

30.04 

18.90 

12.60 

8 

294.00 

158.30 

90.30 

53.60 

35.75 

9 

26.00 

16.07 

11.87 

7.94 

6.00 

10 

64.20 

35.25 

21.20 

13.57 

9.52 

11 

376.00 

204.00 

122.30 

68.75 

43.90 

12 

837.50 

410.00 

217.00 j 

126.70 

78.25 


3. Generation and Dissipation of Heat. —In the operation of an ordi¬ 
nary bearing, not artificially cooled, the temperature rises until the heat 
dissipated is equal to the heat generated in overcoming friction. If heat is 
generated more rapidly than it can be dissipated, the temperature will 
continue to rise until seizure and destruction take place. The condition 
of the bearing surfaces passes from a state of imperfect lubrication to slight 
contamination and then to dry, clean, metallic contact and adhesion of the 
contact metals. This adhesion or seizure takes place at a temperature 
considerably below the melting temperature of either contact metal. 
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Bearings are seldom run at temperatures higher than 150 F since 
ordinary lubricants very rapidly lose their viscosity and oiliness, and 
therefore their lubricating qualities, above such a temperature. Besides, 
bearings at a higher temperature would be uncomfortable to the touch 
and somewhat dangerous. To establish equilibrium at any temperature, 
the heat dissipated must be equal to the heat generated at that tempera¬ 
ture. The heat generated in any bearing can be computed if the coefficient 
of friction can be approximated. 

(3) 

where 

V =rubbing velocity in ft. per min.; 

P=load in pounds acting normal to the axis of the journal; 

L =length of the bearing in inches; 

D = diameter of journal in inches; p 

p= bearing pressure in lbs. per sq. in. of projected area = 
coefficient of friction; 

P = heat generated in ft-lbs. per min. per sq. in. of projected area. 


By an analysis of the experimental work of Stribeck, Lasche, and 
others, Axel Pedersen 1 deduced the following expression for approximating 
the heat that can be dissipated by a bearing at any running temperature: 


where 


0+33) 2 , (4) 

t =temperature of the bearing in degrees F; 
to = temperature of the surrounding air in degrees F; 
ft—31 for bearings of heavy construction that are well ventilated 
= 55 for bearings of light construction in still air; 

H =heat dissipated in ft-lbs. per min. per sq. in. of projected area. 


4. Perfectly Lubricated Bearings. —As a result of the classical series 
of experiments on bearing friction and lubrication conducted by Beauchamp 
Tower, 2 Osborne Reynolds 3 developed the hydrodynamic theory of fluid 
film lubrication. Since then much experimental work has been done and 
various attempts have been made to adapt the theory of fluid film lubrica¬ 
tion to the design of bearings. The first application of the principle of the 

1 American Machinist, October 10, 1912. 

2 Beauchamp Tower, “Reports on Friction Experiments,” Proc. Inst. Mech. Eng., 
1883, pp. 632-659; 1884, pp. 29-35; and 1885, pp. 58-70. 

* Osborne Reynolds, “ On the Theory of Lubrication and Its Application to Mr. 
Beauchamp Tower’s Experiments,” Phil. Trans. Roy. Soc., Vol. 177, pt. 1, 1886, pp. 
157-234; also “Lubrication,” Encyc. Brit. 
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converging film was made independently by A. Kingsbury and A. G. M. 
Mitchell to the design of perfectly lubricated thrust bearings. Many 
attempts have been made to apply the theory to the design of full and 
partial journal bearings. One of the briefest methods for the design of 
full journal bearings is due mainly to Hersey, 4 Wilson and Barnard, 5 and 
S. A. and T. R. McKee. 6 By dimensional reasoning Hersey demonstrated 
that, for a given bearing , p, the coefficient of friction, must be a function of 
the generalized variable, or modulus, ZN/p ; where N is the angular 
velocity of the journal and Z and p are as previously defined. In other 
words, if, for a given bearing, the observed values of p are plotted against 
the corresponding values of ZN/p for a series of experimental runs, all the 



Fig. 2 6 . 

points should fall on a smooth curve regardless of what combination of Z, 
N } and p determined the value of the generalized variable ZN/p. This 
prediction was verified by Wilson and Barnard by plotting p against 
ZN/p for existing experimental data and verified later by the McKees. 
A characteristic p versus (ZN/p) curve is shown in Fig. 2. It may be 
stated that to the right of B fluid film lubrication exists, that at B the 
fluid film begins to break down, and that to the left of B imperfect, or a 
combination of solid and fluid film, lubrication exists. While an operating 
value of ZN/p corresponding to the critical point B would result in the 

4 M. P. Hersey, “ Theory of Lubrication,” John Wiley & Sons, New York, 1938. 

6 R. E. Wilson and D. P. Barnard, 4th, “The Mechanism of Lubrication,” Trans. 
S.A.E., Vol. 17, pt. 1, 1922, pp. 203-208. 

6 S. A. McKee and T. R. McKee, “Friction of Journal Bearings as Influenced by 
Clearance and Length,” Trans. A.S.M.E., APM-51-15, 1929, pp. 161-171. 
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lowest coefficient of friction, it would leave no margin of safety against a 
breakdown of the fluid film. Hence, in the design of a perfectly lubricated 
bearing, an operating value of ZN/p higher than that corresponding to B 
should be chosen. In the experiments conducted by the McKees, the 
bearings were maintained at a temperature of about 77 F, and a mineral 
oil was used which had a viscosity of about 42 centipoises at that tempera¬ 
ture. The critical values of ZN/p for different ratios of clearance to 
diameter and of length to diameter ranged from 50 to a minimum of about 
20, the corresponding minimum values of the coefficients of friction rang¬ 
ing from about 0.0055 to 0.0030. 

While for any given bearing n is a function of ZN/p, it is, for bearings 
in general, also a function of the clearance ratio c/D and the length to 
diameter ratio L/D, where D and L are as previously defined and c is the 
diametral clearance (diameter of bore minus diameter of journal). The 
McKees conducted a series of experiments to determine the influence of 
the ratios c/D and L/D on the coefficient of friction for full journal bear¬ 
ings. They used a journal having a nominal diameter of 1.25 inches and 
bearings having ratios of L/D ranging from 0.25 to 2.80 and ratios of c/D 
as low as 0.00037 and as high as 0.01. The total load per bearing ranged 
from 25 to 200 lbs., and the corresponding speeds ranged from 700 to 15 
R.P.M. The bearings were maintained at a temperature of about 77 F, at 
which temperature the mineral oil used had a viscosity of about 42 centi¬ 
poises. The results were checked against the theoretical equations of 
Petroff, Sommerfeld, and Harrison, and no inexplicable discrepancies with 
theory were noted. On analysis of the results, the following equation for 
the coefficient of friction was found to represent fairly the entire range 
covered by the investigation: 


where 


M = 


m/ZN\/D\ 

io^lT/W 


+Am, 


(5) 


/z = coefficient of friction of a full journal bearing; 

Z —viscosity of the lubricant in centipoises at the operating tem¬ 
perature; 

N= R.P.M. of the journal; 

p =bearing pressure in lbs. per sq. in. of projected area 
= load in pounds normal to the axis of the journal divided by the 
projected area (LZ>) of the bearing; 

D = diameter of the journal in inches; 
c — diametral clearance in inches 


= diameter of bore minus the diameter of the journal (see “ Toler¬ 
ances and Allowances for Metal Fits,” Chapter 23). 
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The length to diameter ratio affects the end leakage and therefore 
the coefficient of friction. This effect is represented in the equa¬ 
tion by A fi. For L/D ratios from 0.75 upward, A \x is fairly repre¬ 
sented by a constant of 0.002. 

In conclusion, the McKees state that the equation should be reasonably 
accurate for full journal, small bore bearings provided the operating value; 
of ZN/p is greater than 100 and n greater than 0.01. 

For some large sleeve bearings of the turbogenerator type, G. B. Kare- 
litz found the coefficients of friction obtained by equation (5) to agree quite 
closely with those obtained experimentally, and also found the coefficients 
of friction obtained by equation (5) to agree quite closely with those ob¬ 
tained experimentally by Lasche in Germany in 1918 for a journal 8 inches 
in diameter. 

In applying equation (5) to the design of a bearing, the information 
given in Table 2 will be found helpful. 

With the coefficient of friction known, the heat generated in the bearing 
may be computed by equation (3). If a bearing is to run satisfactorily, 
the heat generated must not exceed the heat that can be dissipated. The 
heat that can be dissipated without artificial cooling can be approximated 
by equation (4). If this should be less than the heat generated, the bearing 
must be artificially cooled to run at the proposed temperature. 

Some design data for sleeve-type bearings are given in Table 3. 

5. Imperfectly Lubricated Bearings. —Imperfect lubrication must be 
assumed in bearings where, for the existing pressure, the rubbing velocity 
is too low to establish a fluid film, or where the operating value of ZN/p is 
too low to assure fluid film lubrication, or w T here the method adopted of 
supplying the oil would not assure a continuous and adequate supply of 
the lubricant. Any method of supplying oil must be regarded as imperfect 
that will not definitely assure a continuous and adequate supply of the 
lubricant uniformly distributed from end to end of the bearing. The 
lubricant, as for perfect lubrication, should be introduced in the low-pres¬ 
sure region, and the bearing should be properly grooved in that region to 
distribute the lubricant from end to end of the bearing. 

The possibility of perfect lubrication in a proposed bearing may be 
checked by computing the operating value of ZN/p and comparing it 
with the information on critical or minimum values given in Article 4. 
In addition, the pressure and velocity relations may be checked. Accord¬ 
ing to H. F. Moore 7 the pressure for any given rubbing velocity should 
not exceed the following value if fluid film lubrication is to be established: 

7.5 VF. (6) 

H. F. Moore, American Machinist, September 10, 1903. 



(Furnished by Professor James I. Clower, University of Delaware) 
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Range of Bear¬ 
ing Pressure in 
Pounds per 
Square Inch 
of Projected 
Area, p 

400- 600 
500-1000 
500- 800 
600-1000 
250- 500 
200- 400 
150- 300 
150- 350 
150- 350 
600-1800 
600-1800 

1500-3000 
1500-4000 
1000-1500 
1200-2000 
400- 600 
800-1500 
400-1200 
600-1200 
600-1200 
1500-2500 
1500-2500 

25- 150 

30- 150 

50- 125 
100- 250 

1- 10 
300- 450 
150- 250 
100- 300 

Lubricant 

High grade, industrial 

High grade, industrial 

High grade, industrial 
High grade, industrial 
Marine engine oil 

High grade, industrial 
High grade, industrial 
High grade, industrial 

Ice machine oil 

Automobile crank case oil 
Aircraft engine oil 

High grade, industrial 
High grade, industrial 

High grade, industrial 
High grade, industrial 
Marine engine oil 

High grade, industrial 
High grade, industrial 

High grade, industrial 

Ice machine oil 

Automobile crank case oil 
Aircraft engine oil 

Medium grade, industrial 
High grade, industrial 
High grade, industrial 
High grade, industrial 
Spindle oil 

Medium grade machine oil 
Medium grade, industrial 
High grade, industrial 

| 

eft 

<v 

Crank-shaft bearings: 

Diesel engines, 2-stroke cycle, stationary 
Diesel engines, 4-stroke cycle, stationary 
Gas engines, 2-stroke cycle 

Gas engines, 4-stroke cycle 

Steam engines, marine 

Steam engines, low speed, stationary 

Steam engines, high speed, stationary 

Air compressors, reciprocating 

Refrigerating compressors, reciprocating 
Automobile engines, passenger cars 

Aircraft engines, 4-cylinder, air cooled 

Crank-pin Bearings:* 

Diesel engines, 2-stroke cycle, stationary 
Diesel engines, 4-stroke cycle, stationary 
Gas engines, 2-stroke cycle, stationary 

Gas engines, 4-stroke cycle, stationary 
Steam engines, marine 

Steam engines, low speed, stationary 

Steam engines, high speed, stationary 

Air compressors, reciprocating 

Refrigerating compressors, reciprocating 
Automobile engines, passenger cars 

Aircraft engines, 4-cylinder, air cooled 

Shaft bearings: 

Line shaft, sleeve-type bearings 

Generators and motors 

Steam turbines, stationary, circulation oiling 
Gear speed reducers, splash oiling 

Cotton mill spindles 

Railway car axles, waste packed oiling 
Pumps, gear type, wick feed oiling 

Fans, axial-flow type 


* Generally the same oil is used on the crank pin as on the crank shaft; but, since crank-pin bearings run at higher temperatures than crank-shaft bearings, the viscosity of 
the oil will be less for crank pins than for crank shafts. 
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According to Louis Ulmer, 8 the pressure for any given velocity should 
not exceed 


p = 140 



(7) 


where 

p =critical pressure in lbs. per sq. in. of projected area above which 
fluid film lubrication is impossible; 

7=rubbing velocity in ft. per min.; 
t =running temperature of the bearing in degrees F. 


When, for a given rubbing velocity, perfect lubrication exists, the pressure 
can be increased to about the following value before breakdown of the film 
will occur: 

p=20VV. (8) 

To compute the heat generated in an imperfectly lubricated bearing, 
the coefficient of friction must be approximated. Louis Illmer 8 gives 
the following equation for the coefficient of friction: 


CiC 2 S 
11 250 ^y’ 


(9) 


The value of Ci, which depends on the method of lubrication, workman¬ 
ship, attendance, and location of the bearing, may be taken from Table 4; 
and the value of C 2 , which depends on the type of bearing, may be taken 
from Table 5. 

With the coefficient of friction known, the heat generated in a bearing 
may be computed by equation (3). If a bearing is to run satisfactorily, 
the heat generated must not exceed the heat that can be dissipated. The 
heat that can be dissipated without artificial cooling can be approximated 
by equation (4). If this should be less than the heat generated, the bear¬ 
ing must be artificially cooled to run at the proposed temperature. 

8 Louis Illmer, “ High Pressure Bearing Lubrication,” Trans. Amer. Soc. of Mech. 
Engr., 1924, p. 833. 
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TABLE 4 

Values of Factor Ci 


Method of Lubrication 

Workmanship 

Attendance 

Location 

Cl 

Bath, flooded, or oil ring 

High grade 

First class 

Clean and protected 

1 

Oil, free drop, constant 
feed 

Good 

Fairly good 

Favorable (ordinary 
conditions) 

2 

Oil cup or grease, inter¬ 
mittent feed 

Fair 

Poor 

Exposed to dirt or 
other unfavorable 
conditions 

4 


TABLE 5 

Values of Factor C 2 


Type and Example of Bearing 

c 2 

Rotating journals, such as rigid bearings and crankpins. 

1 

Oscillating journals, such as rigid wrist pins and pintle blocks. 

1 

Rotating journals lacking ample rigidity, such as eccentrics. 

2 

Rotating flat surfaces lubricated from the center, such as annular step or pivot 
bearings. 

2 


Sliding flat surfaces wiping over ends of guides, such as reciprocating crosshead 
shoes (Use 2 for long and 3 for short guides.). 

2-3 


Sliding or wiping surfaces such as marine thrust bearings and worm gears.... 

3-4 

Long nuts for power screws and similar wiping parts. 

4r~ 6 


6. Bearing Pressures, Clearances, and Length to Diameter Ratios.— 

It is helpful in the design of bearings to refer to established practice. For 
established bearing clearances, reference may be made to the tables of 
tolerances and allowances for metal fits given in Chapter 23. Length to 
diameter ratios for a variety of services are given in Table 6. Bearing 
pressures from practice are given in Table 7. 
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TABLE 6 

Ratio of Bearing Length to Diameter of Journal 


Ranges of L/D Ratio 


Machinery 

Crankshaft 

Bearings 

Crankpin 

Bearings 

Wrist and 
Crosshead 
Pin Bearing 

Automobile engines. 

0.8-1.8 

0.7-1.4 

5-2.2 

Aircraft engines. 

0.8-1.8 

0.7-1.4 

5-2.2 

Gas and oil engines. 

Diesel engines. 

0.6-2.0 
1.0-1.5 

0.6-1.5 

5-2.0 

Marine steam engine. 

0.7-1.5 

0.7-1.2 

1.2-1.7 

Low-speed steam engines. 

1.0-2.0 

0.9-1.3 

1.2-1.5 

High-speed steam engines 

1.5-3.0 

0.9-1.5 

1.3-1.7 

Steam locomotives. 

1.6-1.8 

0.7-1.1 

0.8-1.3 


Machinery 


■Steam turbines. 

Generators and motors 
Centrifugal pumps.... 

Machine tools. 

Hoisting machinery... 

Pixed bearings. 

Self-adjusting bearings 
Railway car bearings.. 


Ranges of L/D Ratio- 
Miscellaneous Shaft Bearings 

1 . 0 - 2.0 
1 . 0 - 2.0 
1 . 0 - 2.0 

1.5- 3.0 

1.5- 2.0 

1.5- 2.5 

2.5- 4.0 
1 . 8 - 2.0 


7. Bearing Metals.—For perfectly lubricated bearings as much con¬ 
sideration should be given to the choice of bearing metals as for imperfectly 
lubricated bearings. Even though for perfect lubrication the friction is 
independent of the metals used, a wise choice is a protection against pos¬ 
sible injury on starting up and would prolong the period before seizure, if, 
for any reason, lubrication should fail. For bearing linings, a metal softer 
than the metal of the journal is usually used. The object is to protect the 
journal against injury as, in general, the journal would be more costly to 
correct or replace than the bearing lining. The metal used for the bearing 
lining must be strong enough to sustain the load, should have good anti¬ 
friction qualities to keep down the friction loss and heating, should wear 
well, and should work well in the foundry and machine shop. In general, 












BEARING METALS 


437 


TABLE 7 
Bearing Pressures 


Kind of Machinery 


Pressure in Pounds per Square Inch 
of Projected Area 


Automobile engines. 

Aircraft engines. 

Gas engines. 

Diesel engines. 

Merchant marine engines. 

Naval engines. 

Low-speed pumping engines. 

Low-speed steam engines. 

High-speed, center crank engines. 

High-speed, side crank engines. 

Air compressors, center crank. 

Air compressors, side crank. 

Locomotives. 

Presses and shearing and punching ma¬ 
chines, etc. 


Crankshaft 

Bearings 

Crankpin 

Bearings 

Wrist and 
Crosshead 
Pin Bearings 

1700 max. 

1500-2500 

1500-4000 

1700 max. 

1500-2500 

2000-4000 

500-700 

1200-1800 

2000-3000 

600-800 

1100-1500 

1200-2000 


400-700 

1500 

250-550 

500-1000 

800-2100 

600 

200-300 

800-1300 

1000-1800 

180-240 

250-600 

1000-1800 

180-240 

900-1500 

1000-1800 

150-250 

240-400 

400-1350 

150-250 

460-850 

400-1350 

400-550 

1400-1700 

3000-4000 


3000-7000 


Miscellaneous Shaft Bearings, Pressure in Pounds per Square Inch Projected Area 


Flywheel bearings. 150-250 

Generators and motors. 30-200 

Heavy line shafts, brass or babbitt lining. 100-150 

Light line shafts, cast iron bearing surfaces. 15-25 

Main bearings of punching and shearing machines, 1800-2500 

Railway car axles. 300-600 

Rolling mill main bearings. 1000-2000 

Stationary steam turbines. 400-950 

Steel shaft on lignumvitae, water lubrication. 350 

Slow speeds, intermittent motion, turntables, etc.., 7000-9000 


Flat Sliding Surfaces, Pressure in Pounds per Square Inch 


Cast iron on babbitt... 200-300 

Cast iron on cast iron, fast to slow. 40-100 

Face of link blocks.. •. 220-350 

Crosshead shoes, high-speed steam engines (Barr) 11-38 

Crosshead shoes, low-speed steam engines (Barr). 29-58 
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unlike metals work together better than like metals. Brass, bronze, and 
the soft alloys or white metals, sometimes called the babbitts, are the alloys 
generally used for bearings. Information respecting these alloys is to be 
found in Article 8, Chapter 1, and in Chapter 18 on engineering materials. 

8. Introduction of Lubricant and Grooving of Bearings.—Where the 
lubricant is supplied under a pressure sufficient to sustain the load, it 
should be introduced to the bearing on the loaded side in the region of 
highest pressure. Except for pressure lubrication, the lubricant for both 
perfectly and imperfectly lubricated bearings should be introduced to the 
bearing in the region of low pressure. 

The only purpose of grooving a bearing is to distribute the oil from end 
to end of the bearing as uniformly as possible. If the grooves can be so 
cut that the motion of the journal will assist in properly distributing the 
lubricant, so much the better for the bearing provided the grooves are not 
carried into the loaded or pressure region. Grooving the loaded surface 
of a bearing is detrimental and greatly interferes with hydrodynamic 
action. It is usually best to cut the grooves from the point of introduction 
towards the ends and parallel to the axis of the bearing. To assist the 
entrainment of the lubricant, the edges of the grooves should be chamfered. 
For the dimensions of grooves see Table 9. 

9. Shims and Adjustment for Wear.—Light service bearings, with or 
without bushings, are often made without a parting. Most bearings are 
parted either for ease of assembly or for convenience in adjusting for wear, 
or for both reasons. Where the resultant load on a bearing acts continu¬ 
ously in the same direction or changes little in direction, the bearing is 
made with a single parting. From the standpoints of effective lubrication 
and of wear adjustment, the plane of parting should be at right angles to 
the line of action of the load. If there is considerable change in the load 
and its direction during the rotation of the shaft, it may be necessary to 
part the bearing at several places in order to adjust for wear, especially if, 
at the same time, alignment is to be maintained. The well known engine 
quarter box bearing is a good example of this type of bearing. 

In order to adjust for wear, the ordinary split bearing is fitted with 
shims, usually of metal. They may be made up of a number of thin metal 
strips or of single strips of metal of proper shape. Shims of single pieces 
are reduced in thickness by filing or grinding in adjusting for wear. Where 
the shims are made up of thin strips of metal, adjustment for wear is made 
by removing a thin strip of metal from each side of the bearing. Sheets of 
metal composed of laminations of thin, smooth brass sheets held together 
by a metallic binder are now available for shims. Layers 0.002 or 0.003 
inch thick may be peeled off as required. Data concerning the product of 
the Laminated Shim Company are given in Table 8. 
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TABLE 8 

Laminated Metal Sheets for Bearing Sh im s 

Stock Size of Sheets 6"X36" 
(Laminated Shim Co., New York, N. Y.) 


Thickness of sheet in inches. 


1 

1 

1 

3 

1 

64 

3-2 

T6 

■32 

8 


Thickness of each lamination. 


.002" or .003" 


Approximate weight of 6"X36" sheet in lbs., 


2.12 

4.25 

6.37 

8.50 


10.62 


Thickness of Sheet 

Thickness of Laminations in Inches 

Approximate 

in Inches 

Solid Lamination 

Thin Laminations 

Weight in Pounds 
of 6"X36" Sheet 

is 

A 

.002 or .003 

4.25 

A 

A 

.002 or .003 

6.37 

A 

is 

.002 or .003 

6.37 

i 

is 

. 002 or . 003 

8.50 

i 

A 

.002 or .003 

8.50 

A 

A 

.002 or .003 

10.62 

A 

A 

.002 or .003 

10.62 

is 

A 

. 002 or . 003 

12.75 

A 

i 

.002 or .003 

12.75 


10. Bushings.—Table 9 summarizes the practice of the American 
Bronze Corporation with respect to the thickness of bushings and the 
sizes of lubrication grooves. 

11. Empirical Proportions.—Some useful empirical proportions, mainly 
from “ Empirical Design,” by L. D. Hayes, are given below in the follow¬ 
ing notation: 

D== diameter of journal in inches; 

Di = outside diameter of bearing shell in inches; 

L =length of bearing in inches; 
d =diameter of bolts in inches; 
t =thickness of babbitt in inches. 
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TABLE 9 

Bronze Bushings and Lubrication Grooves 




Normal Thickness Bushings 

Thin Bushings 

Nominal 

Thickness 




Thickness 

Lubrication 

Size of 
Bushing 

of Bushing 

Lubrication Grooves 

of Bushing 

Grooves 

— Diam- 










eter of 

Solid 

Split 


Depth 

Depth 

Solid 

Split 


Depth 

Journal 

Bush- 

Bush- 

Width 

Type 

Type 

Bush- 

Bush- 

Width 

Type 


ing 

ing 


N 

V 

ing 

ing 


V 

D 

T 

T 

W 

d 

d 

T 

T 

w 

d 

0 - i 

A 

A 

A 


A 

A 

A 

A 

A 

i- i 

A 

i 

A 


A 

A 

A 

A 

A 


t 

A 

& 

A 

A 

A 

* 

A 

* 

i -lj 

• A 

A 

A 

16 

A 

* 

A 

A 

A 

1J~2§ 

i 


■$2 

A 

A 

A 

i 

A 

* 

2H 

I 

a 

1 

i 

A 

1 

* 

» 

& 

4 -6i 

i 

i 

16 

■16 

i 

t 

2 

A 

* 


For ordinary unsplit cast-iron bearings without bushes or babbitt 
linings for small shafts and light service: 


L=(D to 1.5D)+!". 

For ordinary split shaft bearings of the commercial, babbitted type: 
D 1 = 1 1 \D 
L=3Z>; 


5 -" but not to exceed i". 

For split, babbitted machine frame bearings: 

L=2D to 4Z); 

d=&D+i" for 4 or 2 bolts, depending on length; 
t=T%D+%" but not to exceed 
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SCREW THREADS AND SCREW FASTENINGS 

1. American Standard Screw Threads— In 1920 the Society of Auto¬ 
motive Engineers (S.A.E.) and the American Society of Mechanical 
Engineers (A.S.M.E.), acting as joint sponsors, organized a Sectional 
Committee on the Standardization and Unification of Screw Threads under 
the procedure of the American Engineering Standards Committee, now 
the American Standards Association (A.S.A.). The sectional committee 
was formed for the purpose of reviewing the Progress Report of the National 
Screw Thread Commission (N.S.T.C.) and of reporting thereon to the 
A.S.A. The N.S.T.C., now disbanded, issued reports in 1921, 1924, 1928, 
and 1933. A system of American Standard Screw Threads for Bolts, 
Nuts, Machine Screws, and Threaded Parts was recommended by the 
Sectional Committee and approved by the A.S.A. in 1924. A revision 1 
under the same title was approved in 1935. The United States Standard 
or Seller’s Profile, Fig. 1, was adopted as the standard form of thread and 
designated the American National Form of Thread. Five series of screw 
threads were standardized which differ from one another in the diameter- 
pitch relations of the threads but employ the American National form of 
thread. 

n =number of threads per inch; 
p = pitch of threads=1/n ; 

F =basic width of flat=p/8; 

/=basic depth of truncation=A/6; 

A=basic depth of thread = 0.649519p=0.649519/n. 

The Coarse-thread Series, Table 1, is the former United States Stand¬ 
ard supplemented in sizes below f inch by a part of the Standard Pro¬ 
portions of Machine Screws recommended by the A.S.M.E. in 1907. 

The Fine-thread Series, Table 2, is in agreement from \ inch to If inches, 
inclusive, with the former Regular Screw-thread Series established by the 
S.A.E. in 1911. For sizes below j inch the series is supplemented by sizes 
selected from the above mentioned recommendations of the A.S.M.E. 

The 8-Pitch-, 12-Pitch-, and 16-Pitch-thread Series, Table 3, were 
standardized to f ulfill a need for threaded parts where the pitch did not 

1 Standard Bl.1-1935, for sale by American Standards Association, 29 West 39th 
Street, New York, N. Y. 
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increase with the diameter. Bolts for high-pressure pipe flanges, cylinder- 
head studs, and similar high-pressure fastenings require that an initial 
tension be set up in the fastenings by the elastic deformation of the fasten¬ 
ings and the parts held together to prevent leakage when pressure is applied. 
To secure a proper initial tension without excessive torque in assemblying 
it is not practicable to have the pitch increase with the diameter of the 
fastening. For such purposes the 8-pitch thread has come into general use. 

Sizes for 12-pitch threads from J inch to If inches, inclusive, are used in 
boiler practice. Boiler repair work requires that worn stud holes be 
retapped with a tap of the next largest size, the increment being inch 
throughout most of the range. The 12-pitch thread is also widely used in 



machine construction for thin nuts on shafts and sleeves. From the stand¬ 
point of good design and simplification of practice, it is desirable to limit 
shoulder diameters to steps of not less than | inch. The 12-pitch is the 
coarsest pitch in general use which will permit a threaded collar which 
screws on a threaded shoulder to slip over the shaft where the difference in 
diameter of shoulder and shaft is J inch. 

The 16-Pitch-thread Series is a uniform pitch series for such applications 
as require a very fine thread. It is intended primarily for use in threaded 
adjusting collars and bearing retaining nuts. 

2. Screw-thread Fits —For complete dimensional specifications, A.S.A. 
Standard Bl.1-1935 should be consulted. Four classes of fits are specified 
for the Coarse-thread and Fine-thread Series. Only Class 2 and Class 3 
fits are specified for the 8-Pitch- and 12-Pitch-thread Series and only 
Class 3 fit for the 16-Pitch-thread Series. The four standard fits are: 

Class 1 Fit —For this class of fit there will always be play or loose¬ 
ness between the mating parts. It is recommended only for 
screw-thread work where clearance between mating parts is 
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essential for rapid assembly and where shake or play is not 
objectionable. 

Class 2 Fit .—For this class of fit there will be either no play or some 
play between mating parts. It represents a high quality of 
commercially threaded product and is recommended for the 
great bulk of interchangeable screw-thread work. 

Class 8 Fit .—For this class of fit there will be either no play or less 
play between mating parts than for Class 2 Fit. It represents 
an exceptionally high grade of commercially threaded product and 
is recommended only in cases where the high cost of precision 
tools and of continually checking tools and product is warranted. 

Class i Fit .—This is a class of fit in which there is actual interfer¬ 
ence or a very slight play between mating parts. It is intended 
to meet very unusual requirements that are too exacting for 
Class 3 Fit. It is a selective fit where initial assembly by hand is 
required. It is not as yet adaptable to quantity production. 

Tolerances for all five series are based on pitch only with the exception 
of the pitch-diameter tolerances for the 8-, 12-, and 16-Pitch-thread Series, 
which are based on both pitch and diameter. The tolerances given in 
the A.S.A. Standard, Bl.1-1935, represent the extreme variations allowed. 
The pitch-diameter tolerance for a screw of a given class of fit is the same 
as the pitch-diameter tolerance for the corresponding nut of the same class 
of fit. The allowable tolerances on the major diameters of coarse-thread 
and fine-thread screws are twice the value of the corresponding Class 2 
pitch-diameter tolerances. Lead variation tolerances are based on a 
length of engagement not exceeding the nominal or basic diameter of the 
screw. The tolerances for the pitch diameters of the coarse-thread and 
fine-thread series are cumulative and include all variations of lead and 
angle of thread. The full tolerance on the pitch diameter is therefore not 
available unless the lead and angle are perfect. 

The minimum pitch diameter of the nut corresponds to the basic pitch 
diameter, variations being permitted above the basic value. The minimum 
minor and major diameters of a nut of any given size and pitch are the 
same for all classes of fits as are likewise the minimum and maximum 
minor diameters and consequently the minor-diameter tolerance. The 
major diameter of a nut of a given pitch is such as to result in a flat of f the 
basic flat, or p/24. The minimum major diameter of a nut equals the basic 
major diameter. In practice, to facilitate manufacture, a clearance is 
provided by permitting a slight rounding or wear at the crest of the threads 
of the tap. The tolerance on the minor diameter of a nut of a given pitch 
is h/Q or 0.10825p except for sizes 1 inch and smaller in the coarse-thread 
and fine-thread series which have been liberalized to reduce tap breakage. 
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The minor-diameter tolerances of nuts for the 8-Pitch-, 12-Pitch-, and 
16-Pitch-thread Series also are based on special considerations. 

The maximum and minimum major and minor diameters are the same 
for all screws of a given size and pitch for all classes of fits except Class 1. 
The minimum minor diameter of a screw of a given pitch is such as to 
result in a basic flat of p/8 at the root. The maximum minor diameter is 
that which would result from the use of a threading tool set at the maxi¬ 
mum pitch diameter, w T hose point has been ground back from the basic 
outline by an amount equal to of the basic engagement (h /18 or 
0.03608p). It is permissible that the resulting root line might be rounded. 
In no case, however, should the minimum minor diameter of the nut cause 
rejection. The crest clearances allowed are such as to permit rounded 
root forms in both nut and screw. These may be formed either by tools 
purposely rounded or rounded as a result of wear in use. 

3. Identification Symbols. —For use on drawings, correspondence, 
shop and store-room cards, specifications of parts, taps, dies, gauges, etc. 
and on the tools and gauges themselves, identification symbols may be 
used. To illustrate: 

l"-8NC-2 means a threaded part 1 inch in diameter with 8 threads 
per inch in accordance with the American Standard Coarse- 
thread Series, Class 2 fit. The thread is understood to be right 
hand unless otherwise indicated. 

1 // -14NF-3LH means a threaded part 1 inch in diameter with 
14 leftdiand threads per inch in accordance with the American 
Standard Fine-thread Series, Class 3 fit. 

2 /, -12N“2 means a threaded part 2 inches in diameter with 12 
threads per inch in accordance with the American Standard 
12-Pitch-thread Series, Class 2 fit. 

4. Wrench-head Bolts and Nuts. —A bolt (see figures heading Tables 4 
and 6) is a screw fastening with a head formed as an integral part of the body 
and with one or more nuts used on the threaded end of the body. Because 
of the manner in which they are used, bolts are often, though unnecessarily, 
referred to as “ through ” bolts. The standard proportions of the heads 
and nuts of coarse-thread and fine-thread bolts are covered by two pam¬ 
phlets: American Standard Screw Threads, A.S.A. Standard Bl.1-1935, 
and American Standard Wrench-head Bolts and Nuts and Wrench Open¬ 
ings, A.S.A. Standard B 18.2-1933. These standards give all the informa¬ 
tion required by the users and manufacturers of bolts and nuts. The 
information required by the user is given in Tables 1 to 8, inclusive, at 
the end of this chapter. 

Regular bolt heads and nuts are for general use. The proportions 
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given in Tables 4 and 6 are based on the results of stress analyses and 
numerous tests. 

The series of heavy bolt heads and nuts, Tables 5 and 7, are for use 
where greater bearing surface of head and nut is necessary; that is, where 
the clearance between bolt and hole is large or where greater bearing 
resistance is desired or where greater wrench bearing surface is essential. 

The series of light nuts and light castle nuts, Table 8, is for use where 
extreme saving in weight and material is desired. 

The points of bolts have not been standardized nor has a series of stock 
lengths been proposed. 

5. Studs and Stud Bolts.—A study Fig. 2, is a screw faste nin g with one 
end threaded for one or more nuts and the other end threaded to enter a 
tapped hole. A stud bolt, Fig. 3, appears like a stud but is used with one 
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Fig. 3. 


or more nuts on each end. With a stud, one end is screwed into a tapped 
hole in one of the members to be fastened while a stud bolt passes through 
the members to be fastened the same as a bolt. 

6. Cap Screws, Machine Screws, and Tap Bolts.—A tap bolt is a stand¬ 
ard bolt used without a nut whose threaded end is screwed into a tapped 
hole in one of the members to be fastened. Cap screws (see figures heading 
Tables 9 and 10) are generally used without a nut in the same manner as 
tap bolts. Machine screws (see figures heading Table 11) are perhaps more 
frequently used with than without nuts. The proportions of machine screw 
and stove bolt nuts are given in Table 12. All the information on cap 
and machine screws required by the user is given in Tables 9, 10, 11, 
and 12. The information was taken from A.S.A. Standards B18c-1930, 
B18.2-1933, and B18.3-1936. 

7. Set Screws.—Set screws (see figures heading Table 13) are chiefly 
used to prevent relative motion between parts. When used instead of a 
key, they prevent axial sliding as well as relative rotation. All the infor¬ 
mation on square head and hexagonal socket set screws required by the. 
user is given in Table 13. The information was taken from A.S.A. 
Standards B18.2-1933 and B.18.3-1936. Except for the form and pro¬ 
portions of the sockets, hexagonal and fluted socket set screws have the 
same proportions. The standard dimensions of fluted sockets are there¬ 
fore not shown in Table 13. 
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8. Drilled and Reamed Holes—Where a finished bolt is to be fitted 
into a reamed hole, a drill is first used and then a reamer of such size as to 
give the fit desired. In order to prolong the life of the reamer, too much 
metal should not be left for the reamer to remove. The diameter of the 
drilled hole should be less than that of the reamer by about 0.01 inch for 
sizes below £ inch, -fa inch for sizes from £ to f inch, and A inch for sizes 
f inch and over. 

Where the design of the parts to be held together is such as to prevent 
relative sliding or where dowels are to be used for the purpose or where the 
friction of contact is sufficient to prevent relative sliding, holes for bolts, 
cap screws, etc., are drilled larger in diameter than the fasteners to be used. 
The enlargement will depend on the size of the screw fastenings, the class 
of work, and somewhat on the length of the hole, and may run from 
-fa to £ inch. The size and class of work may be such as to make it com¬ 
mercially feasible to use allowances as small as ■£% inch for sizes below 
£ or f inch and ■£? inch for sizes over £ or f inch. Probably the most com¬ 
mon allowances in general use are inch for sizes below £ or £ inch and 

inch for sizes from £ or f inch to 1£ or 1£ inches, the allowance for 
cored holes being about double these values. For cored holes the allow¬ 
ance depends more on the length of the hole than for drilled holes. 

9. Tap Drill Sizes.—For tapping, the hole in a nut should be within 
the limits of the minimum and maximum minor diameters of the nut. 
The National Screw Thread Commission recommended for each screw a 
tap drill size corresponding to the mean minor diameter of the nut, or 
corresponding to a depth of thread of 0.79 full depth or 0.79ft, Fig. 1. To 
adhere to this recommendation for the coarse-thread and fine-thread series 
necessitates drill sizes, Table 11, in addition to the standard drill sizes 
listed in Tables 9 and 10, Chapter 26. The depth of thread recommended 
sometimes gives trouble in the machine tapping of steel and wrought 
iron, especially for sizes smaller than £ inch. For these smaller sizes, tap 
drills yielding about 0.67 the full depth of thread are sometimes used. 
For the hand and machine tapping of cast iron, the recommended sizes 
may be used or drills yielding about 0.75 the full depth of thread. 

Tap drill sizes for the coarse-thread and fine-thread series are given in 
Tables 14 and 15. The sizes recommended by the N.S.T.C. are given, 
also the standard drill sizes nearest to the recommended sizes and the 
drill sizes that would yield the nearest approach to £ and f full depth of 
thread. 

10. Tapped Holes and the Engagement of Screw Threads.—Referring 
to Fig. 1 for notation, the following approximate expressions hold for the 
coarse-thread series for sizes from £ to 2 inches and for the fine-thread 
series for sizes from £ to l£ inches: 
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COARSE-THREAD SERIES 

p = 0.097D+0.028 
A = 0.063D+0.0182 
K = 0.87D -0.0325 


Fine-thread Series 
p = 0.052D +0.024 
h =0.0338D+0.0156 
£=0.932) -0.029 


Assuming the screw and the tapped member of the same material, the 
minimum thickness of the tapped member to develop the tensile strength 
of the screw may be found by equating the direct shearing strength of the 
threads of the screw to the tensile strength of the screw at the root of the 
threads. This is true since the shear area, and therefore the shearing 
resistance, of the screw threads is less than that of the tapped threads. 
Assuming equality between the tensile strength of the screw and the 
shearing strength of its threads and solving, after substituting for the diam¬ 
eter of the tap drill, yield the values given in lines 1, 2, 3, and 4 of Table 16 
for the minimum engagement or thickness of the tapped member for tapped 
threads of full, | full, f full, and f full depth. 

Cast iron is so much weaker in shear than steel that the minimum 
engagement of a steel screw in cast iron to realize the full tensile strength 
of the screw is unaffected by the size of the tap drill used so long as the 
tapped threads are, say, not less than f full depth. Assuming equality 
between the tensile strength of the screw and the shearing strength of the 
cast iron threads yields rather complex expressions for the minimum 
engagement of the screw in cast iron. The curves derived from the expres¬ 
sions yield the very close approximate results given in line 5 of Table 16. 

The standard thickness of regular nuts is JZ). Hence the ratio of the 
actual to the minimun engagement of a screw in a like material for J full 
depth of thread is 

- - for the Coarse-thread Series; 

0.875D f or the Fine-thread Series. 


If the ratio of the actual to the minimum engagement in cast iron is 
assumed to be equal to k } then the actual engagement of a steel screw in 
cast iron becomes 

0.875Z)(0.693Z)—0.055) 
l '~ t ~ 0.410D- 0.022 

= 1.48Z)-0.038 for the Coarse-thread Series; 

0.875D(0.790Z>-0.050) 

0.445D—0.019 

= 1.55D-0.032 for the Fine-thread Series. 
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These values are in very good agreement with the common practice of 
entering steel screws to a depth of 1 \D in cast iron and materials other 
than wrought iron and steel. For steel and wrought iron the actual engager 
ment commonly used is D, which is a value somewhat greater than that 
corresponding to K. It is evident that the engagement given by the 
common rule, line 6 of Table 16, will, in general, secure a resistance equal 
to that of the standard nut, will give more assurance that the fastening 
will not work loose, and will give increased stability in a direction normal 
to the axis of the screw. 

Where a blind hole is to be tapped, the depth to which the tap drill 
should be run will depend upon the length of engagement desired for the 
screw, upon a certain clearance for chips, and upon whether the hole is to 
be hand or machine tapped. Assuming that if hand tapped a bottoming 
tap will be used, the necessary depth of the hole may be taken as the 
desired engagement plus a suitable clearance, the clearance being sufficient 
to allow for inevitable variations of engagement as well as for dirt and 
chips. For machine tapping, the second or plug tap only is generally used. 
The ends of such taps are tapered for four or five threads. The tap drill 
must therefore be run to a greater depth than for hand tapping to allow 
for these imperfect threads. Using a clearance of J inch for sizes below 
| inch and a clearance of £ inch for sizes above § inch gives the depth of 
blind holes to be machine tapped as 

(Engagement) + (4 to 5)p+(£" or 

Taking an engagement of 1 for cast-iron and metals other than steel 
and wrought iron and an engagement of D for steel and wrought iron and 
substituting the values of p given above for the coarse-thread and the 
fine-thread series give the average values of the depth of blind holes for 
tapping shown in lines 8, 9, 10, and 11 of Table 16. 

11. Application of Screw Fastenings.—For frequent removal and 
replacement, bolts are to be preferred to studs, tap bolts, and cap screws. 
Studs are to be preferred to tap bolts and cap screws since the threads of 
the nuts and studs and not the threads of the tapped holes are subjected to 
the wear of removal and replacement. Under certain conditions tap bolts, 
because they have larger heads, are preferred to cap screws. 

Two or more bolts subject to shear should fit the holes perfectly in 
order that each bolt will take its share of the load. It is very difficult to 
place two or more studs, tap bolts, or cap screws in shear. Even if the 
holes to be tapped are drilled truly concentric with the holes to receive the 
shanks of the fastenings, it still remains to tap the holes truly concentric 
and in line with the holes for the shanks. If studs, tap bolts, or cap screws 
are used to hold two parts together and the load acts to slide one part with 
respect to the other, dowels are fitted into reamed holes to take the shear 
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and the holes for the shanks of the screw fastenings are drilled larger in 
diameter than the shanks. Where two or more dowel pins are used, 
assembly may be facilitated by making them of different lengths. Where 
driven pins are used, it is often quite necessary to make provision for their 
removal. 

Drilling holes obliquely to surfaces should be avoided. Vertical bolts 
that may loosen should be placed, if possible, with the heads up. 

A combination of nut and jam nut is used as a nut locking device. 
Where the parts are drawn tightly together, the use of nuts and jam nuts 
is little more effective than the use of full thickness nuts alone. 2 However, 
where the parts are not drawn tightly together, the use of jam nuts is 
effective in preventing the nuts from loosening up. When a nut and jam 
nut are used, the jam nut should contact the top surface of the full thick¬ 
ness nut to facilitate the use of wrenches. There can be no objection to 
this practice since standard jam nuts are sufficiently thick to develop the 
full tensile strength of the bolt without stripping the threads. 

In order that the corners of a nut or bolt head will not project over the 
edge of the part on which it bears, the distance from the center line of the 
hole to the edge of the part should be a suitable amount greater than § the 
distance across the corners of the nut. This also applies to the distance 
from the center of a tapped hole to the edge of a part where the edges of 
the parts to be fastened together are flush. Where the part to receive the 
nut extends beyond the edge of the part to be tapped, it may be desirable 
and not objectionable to tap nearer the edge than just stated. However, 
the distance to the edge of the tapped part must not be so small that the 
pressure of tapping will break out or distort the edge. Just what minimum 
distance can be used with success depends on the skill of the workman, the 
manner in which the drill and tap are guided, and the degree of security 
with which the work is held in place. 

To avoid possible leaks and rusting out, tapped holes for studs, tap 
bolts, and cap screws should not be carried through into spaces under gas, 
vapor, or liquid pressure. Blind holes should therefore be used when 
possible. 

It is sometimes found desirable to use studs having a diameter at the 
root of the threads on the tapped hole end larger than the diameter at the 
root of the threads on the nut end. Such a stud is not so likely as an 
ordinary stud to unscrew from the tapped hole when the nut is unscrewed 
and will, if it breaks, break outside the tapped hole, thus making it easier 
to remove. 

In fixing on the diameter of a boss or the diameter of a spot to receive a 
nut, or in locating a stud or bolt so that there will be sufficient room for 

2 II. L. Whittemore and G. W. Nusbaum, “Relation of Torque to Tension for 
Thread Locking Devices,” U. S. Bureau of Standards, Research Paper No. 386, 1931. 
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the nut and the use of a wrench, or in fixing on the height of a boss to 
receive a nut, as in Fig. 4, it is necessary to make use of the distance across 
the corners of the nut. Height h in Fig. 4 should be made such that c will 

be a suitable amount greater than one-half the 
distance across the corners of the nut. 

Screw fastenings should always be placed 
or spaced to make the load action on the 
fastenings, and also on the members to be 
fastened, as favorable as possible. In Fig. 5 
p IG . 4 . the studs or bolts to resist the moment of the 

load should be placed as near the top of the 
bracket as possible for the most favorable action on both fastenings and 
bracket. In Fig. 6 the bolts or studs should be placed as near the journal 
as is convenient to reduce the distance a and thus the bending action on 





the cap. The same can be said of the wheel hub bolts in Fig. 7. The hub 
is more likely to be brought to a better bearing on the shaft with less bend¬ 
ing and distortion of the hub and arms. Instead of placing a stud in each 



Fig. 7. 


Fig. 8. 


corner of a rectangular cover plate and spacing the remaining studs 
between, it is better to place one on each side of the corner so that the 
connecting center line will fall within the line of the gasket as shown in 
Fig. 8 . 
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In order to reduce the number of wrenches required, the sizes and kinds 
of screw fastenings used in the design of a machine should not be multi¬ 
plied unnecessarily. 

12. Improvement of the Shock Resistance of Bolts—If the area of 
cross-section of the shank of a bolt is reduced to that at the root of the 
threads or slightly less, the elastic elongation under any change of load, 
and therefore the elastic resilience or ability of the bolt to withstand shock, 
is greatly increased. The longer the bolt, the greater the increase in shock 
resistance. This is done by turning down the shank for all or the greater 
part of its length to a diameter equal to or slightly less than that at the 
root of the threads, or the cross-section of the shank may be reduced in 
area to that at the root of the threads by drilling a hole of proper diameter 
axially from the head through the shank almost up to the threaded portion 
of the bolt. This latter method leaves the shank of the bolt stronger and 
stiller torsionally than the first method. However, since the torsional 
strength of a bolt as a whole is determined by the diameter at the root of 
the threads, the two methods yield bolts of equal torsional strength. The 
same principle may be applied to studs and stud bolts. 

13. Size of Bolts for Initial and External Loads.—The axial load induced 
in a bolt by setting up the nut in assembling is called the initial load. 
The apparent axial load due to subsequent loading under working condi¬ 
tions is called the external load. The resultant axial load due to the initial 
and external loads will depend on the relative yield of the bolt and the 
connected members. If the members are many times more yielding than 
the bolt, the resultant load will closely approximate the sum of the initial 
and external loads. If, however, the bolt is many times more yielding 
than the connected members, the resultant load will be either the initial 
or external load, whichever is the greater. Practical conditions lie between 
these two extremes. 

The resultant axial load on a bolt has been expressed (. Locomotive , 
November, 1897) as follows: 

(1) 

where 


W = resultant axial load in pounds; 

Wi =initial axial load in pounds induced by setting up the nut in 
assembling; 

172 = apparent external load in pounds due to subsequent loading 
under working conditions; 

y — ratio of the yield of the connected members to the yield of the 


bolt. 

For large values of y , the value of 



approaches unity and, practi- 
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cally, W==Wi+W2- For very small values of y } the value of 

approaches zero and, practically, W=*W\. This assumes Wi to exceed 
W 2 , which it almost invariably does. In any practical case it is not 
difficult to assume a reasonable value for y. In no case can the resultant 
axial load on a bolt be greater than the sum of the initial and external 
loads. 

For small bolts and bolts of ordinary size, the resultant load is chiefly 
due to the initial load due to setting up the nut. It is important, therefore, 
that the initial load be considered in determining the size of bolts. Some 
years ago a series of setting up tests were conducted in the laboratory of 
Sibley College. 3 Bolts |, f, 1, and 1 J inches in diameter with unfinished 
nuts and washers and with nuts having machined bearing surfaces were 
used in the tests. Each of twelve experienced mechanics was asked to 
select a wrench and then to screw up the nut as if making a steam tight 
joint. The test on each size of bolt and kind of nut was repeated three 
times by each mechanic. For the 1 and 1J inch bolts each mechanic had 
a helper. During the course of the tests some of the i inch bolts were 
broken. As would be expected, the results of the tests were rather dis¬ 
cordant. In general the initial load due to setting up was found to be 
proportional to the nominal diameter of the bolt, that is, 

Wi=kD, (2) 

where 

Wi= initial axial load in pounds due to setting up; 

D= nominal diameter of the bolt in inches; 
k =about 16,000, where the nuts are set up hard as in making a 
steam tight joint between pipe flanges. 

In the tests, the values of k ran consistently higher for the finished than for 
the unfinished nuts. From the fact that bolts no smaller than f inch are 
used in pipe flanges, 15,000 would appear to be a more reasonable maxi¬ 
mum value of To than 16,000. The value of k will depend on the class of 
work and on the experience and judgment of the mechanic using the 
wrench. In approximating the root area required to withstand the initial 
load due to setting up, judgment must be exercised in choosing the value to 
be used for k. A smaller value of k, for example, should be used in deter¬ 
mining the sizes of bolts for a high grade machine than for bolts for making 
steam tight joints between pipe flanges. 

From the initial load W\, the tension stress due to setting up becomes 


* J. H. Barr, “The Stress on Bolts in Service,” Sibley Journal of Mechanical Engineer¬ 
ing , October, 1902. 
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where 

D = nominal diameter of the bolt in inches; 

Di = diameter of bolt at the root of threads in inches 
= 0.87Z) — 0.0325 for Standard Coarse-thread bolts 
= 0.93Z)“0.0290 for Standard Fine-thread bolts. 

Substituting Di in terms of D in (3) and solving give 

St = ]}~W075 ^° r ^ aiK * arc ^ Coarse-thread bolts, (4) 

1 470fc 

s t = i) — 0 062 ^° r ^ an ^ ar< ^ Fine-thread bolts. (5) 

Where the diameter of the bolt is to be based on the initial load alone, 
equation (4) or (5) may be used to compute the diameter D of the bolt by 
assuming a reasonable value of k and assuming s t not to exceed, say f y t . 
If the resultant load is to be considered as the sum of the initial load plus 
all or a portion of the external load, the root area required by all or a portion 
of the external load should be added to the root area required by the initial 
load. The root area required by the initial load can be computed after 
finding the value of D\ corresponding to the value of D as determined by 
equation (4) or (5). The root area required by all or a portion of the 
external load can be computed by using a suitable allowable stress. 
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TABLE 1 

COARSE-THREAD SERIES, GENERAL DIMENSIONS—AMERICAN STANDARD 


(Dimensions in Inches) 


Identification 

Basic Diameters of Screw 

Basic 

Minor Diameter of Nut 






Area 








Section 



Size 

Threads 

per 

Inch 

Major 

Diameter 

Pitch 

Diameter 

Minor 

Diameter 

at Root 
of Thread 1 
Sq. In. 

Minimum 

Maximum 


n 

D 

E 

K 

A 1 



1 

64 

0.0730 

0.0629 

0.0527 

0.0022 

0.0561 

0.0623 

2 

56 

0.0860 

0.0744 

0.0628 

0.0031 

0.0667 

0.0737 

3 

48 

0.0990 

0.0855 

0.0719 

0.0041 

0.0764 

0.0841 

4 

40 

0.1120 

0.0958 

0.0795 

0.0050 

0.0849 

0.0938 

5 

40 

0.1250 

0.1088 

0.0925 

0.0067 

0.0979 

0.1062 

6 

32 

0.1380 

0.1177 

0.0974 

0.0075 

0.1042 

0.1145 

8 

32 

0.1640 

0.1437 

0.1234 

0.0120 

0.1302 

0.1384 

10 

24 

0.1900 

0.1629 

0.1359 

0.0145 

0.1449 

0.1559 

12 

24 

0.2160 

0.1889 

0.1619 

0.0206 ' 

0.1709 

0.1801 

4 

20 

0.2500 

0.2175 

0.1850 

0.0269 

0.1959 

0.2060 

T& 

18 

0.3125 

0.2764 

0.2403 

0.0454 

0.2524 

0.2630 

3 

8 

16 

0.3750 

0.3344 

0.2938 

0.0678 

0.3073 

0.3184 

1*6 

14 

0.4375 

0.3911 

0.3447 

0.0933 

0.3602 

0.3721 

i 

13 

0.5000 

0.4500 

0.4001 

0.1257 

0.4167 

0.4290 

16 

12 

0.5625 

0.5084 

0.4542 

0.1620 

0.4723 

0.4850 

5 

6 

11 

0.6250 

0.5660 

0.5069 

0.2018 

0.5266 

0.5397 

3 

4 

10 

0.7500 

0.6850 

0.6201 

0.3020 

0.6417 

0.6553 

7 

8 

9 

0.8750 

0.8028 

0.7307 

0.4193 

0.7547 

0.7689 

1 

8 

1.0000 

0.9188 

0.8376 

0.5510 

0.8647 

0.8795 


7 

1.1250 

1.0322 

0.9394 

0.6931 

0.9704 

0.9858 

ii 

7 

1.2500 

1.1572 

1.0644 

0.8898 

1.0954 

1.1108 

if 

6 

1.3750 

1.2667 

1.1585 

1.0541 

1.1946 

1.2126 

i* 

6 

1.5000 

1.3917 

1.2835 

1.2938 

1.3196 

1.3376 

1 3 

X 4 

5 

1.7500 

1.6201 

1.4902 

1.7441 

1.5335 

1.5551 

2 

4i 

2.0000 

1.8557 

1.7113 

2.3001 

1.7594 

1.7835 

2i 

4| 

2.2500 

2.1057 

1.9613 

3.0212 

2.0094 

2.0335 

2J 

4 

2.5000 

2.3376 

2.1752 

3.7161 

2.2294 

2.2564 

2| 

4 

2.7500 

2.5876 

2.4252 

4.6194 

2.4794 

2.5064 

3 

4 

3.0000 

2.8376 

2.6752 

5.6209 

2.7294 

2.7564 

31 

4 

3.2500 

3.0876 

2.9252 

6.7205 

2.9794 

3.0064 


4 

3.5000 

3.3376 

3.1752 

7.9183 

3.2294 

3.2564 

3| 

4 

3.7500 

3.5876 

3.4252 

9.2143 

3.4794 

3.5064 

4 

4 

4.0000 

3.8376 

3.6752 

10.6084 

3.7294 

3.7564 


1 The actual area of section at the root of the thread may be either less or more than basic. 
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TABLE 2 

Fine-thread Series, General Dimensions—American Standard 


(Dimensions in Inches) 


Identification 

Basic Diameters of Screw 

Basic 
Area 
Section 
at Root 
of Thread 1 
Sq. In. 

Minor Diameter of Nut 

Size 

Threads 

per 

Inch 

n 

Major 

Diameter 

D 

Pitch 

Diameter 

E 

Minor 

Diameter 

K 

Minimum 

Maximum 

0 

80 

0.0600 

0.0519 

0.0438 

0.0015 

0.0465 

0.0514 

1 

72 

0.0730 

0.0640 

0.0550 

0.0024 

0.0580 

0.0634 

2 

64 

0.0860 

0.0759 

0.0657 

0.0034 

0.0691 

0.0746 

3 

56 

0.0990 

0.0874 

0.0758 

0.0045 

0.0797 

0.0856 

4 

48 

0.1120 

0.0985 

0.0849 

0.0057 

0.0894 

0.0960 

5 

44 

0.1250 

0.1102 

0.0955 

0.0072 

0.1004 

0.1068 

6 

40 

0.1380 

0.1218 

0.1055 

0.0087 

0.1109 

0.1179 

8 

36 

0.1640 

0.1460 

0.1279 

0.0128 

0.1339 

0.1402 

10 

32 

0.1900 

0.1697 

0.1494 

0.0175 

0.1562 

0.1624 

12 

28 

0.2160 

0.1928 

0.1696 

0.0226 

0.1773 

0.1835 

1 

28 

0.2500 

0.2268 

0.2036 

0.0326 

0.2113 

0.2173 

5 

1 ft 

24 

0.3125 

0.2854 

0.2584 

0.0524 

0.2674 

0.2739 

X O 

3 

o 

24 

0.3750 

0.3479 

0.3209 

0.0809 

0.3299 

0.3364 

o 

7 

T6 

20 

0.4375 

0.4050 

0.3725 

0.1090 

0.3834 

0.3906 

| 

20 

0.5000 

0.4675 

0.4350 

0.1486 1 

0.4459 j 

0.4531 

* 

18 

0.5625 

0.5264 

0.4903 

0.1888 

0.5024 

0.5100 

a 

18 

0.6250 

0.5889 

0.5528 

0.2400 

0.5649 

0.5725 

3 

A 

16 

0.7500 

0.7094 

0.6688 

0.3513 j 

0.6823 

0.6903 

4s, I 

1 

14 

0.8750 

0.8286 

0.7822 

0.4805 

0.7977 

0.8062 

1 

14 

1.0000 

0.9536 

0.9072 

0.6464 

0.9227 

0.9312 

if 

12 

1.1250 

1.0709 

1.0167 

0.8118 

1.0348 

1.0438 


12 

1.2500 

1.1959 

1.1417 

1.0238 

1.1598 

1.1688 

if 

12 

1.3750 

1.3209 

1.2667 

1.2602 

1.2848 

1.2938 

if 

12 

1.5000 

1.4459 

1.3917 

1.5212 

1.4098 

1.4188 


i The actual area of section at the root of the thread may be either less or more than basic. 
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TABLE 3 

American Standard 8-Pitch-thread Series 
(Dimensions in Inches) 


Basic Major 

| Minor Diameter of Nut ; 

Basic Major 

j Minor Diameter of Nut 

Max. D 

Minimum 

Maximum 

Max. D 

Minimum 

Maximum 

1 1.0000 

0.8647 

0.8795 

3 3.0000 

2.8647 

2.8795 

1 y s 1.1250 

0.9897 

1.0045 

3K 3.2500 

3.1147 

3.1295 

1 y. 1.2500 

1.1147 

1.1295 

3 A 3.5000 

3.3647 

3.3795 

1% 1.3750 

1.2397 

1.2545 

3K 3.7500 

3.6147 

3.6295 

IH 1.5000 

1.3647 

1.3795 

4 4.0000 

3.8647 

3.8795 

1 y B 1.6250 

1.4897 

1.5045 

4% 4.2500 

4.1147 

4.1295 

1 S A 1.7500 

1.6147 

1.6295 

4A 4.5000 

4.3647 

4.3795 

1 Vs 1.8750 

1.7397 

1.7545 

4% 4.7500 

4.6147 

4.6295 

2 2.0000 

1.8647 

1.8795 

5 5.0000 

4.8647 

4.8795 

2 y& 2.1250 

1.9897 

2.0045 

5K 5.2500 

5.1147 

5.1295 

2 K 2.2500 

2.1147 

2.1295 

5A 5.5000 

5.3647 

5.3795 

2V 2 2.5000 

2.3647 

2.3795 

5% 5.7500 

5.6147 

5.6295 

2M 2.7500 

2.6147 

2.6295 

6 6.0000 

5.8647 

5.8795 


12-Pitch-thread Series 


16-Pitch-thread Series 


Basic Major 
Diameter of Screw 


Minor Diameter of Nut 


Basic Major 
Diameter of Screw 
Max. D 


Minor Diameter of Nut 
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TABLE 4 

Regular Bolt Heads—American Standard 



FINISHED BOLT 
HEXAGON HEAD AND NUT 



SEMI-FINISHED BOLT 
SQUARE HEAD AND NUT 


(Dimensions in Inches) 



Width Across Flats 

Width Across Corners 

Height of Head 


Maximum (Basic) F 

Minimum C 

Nominal H 

Diam¬ 

eter 

Bolt 

Unfinished 
and Semi¬ 
finished 

Finished 

Unfinished 

and 

Semi-finished 

Finished 

Unfin¬ 

ished 

Semi- j 
finished 

Finished 

u 

Square 

Hexagon 

Square 



Square 

Square 



and 

Hexagon 

Hexagon 

and 

and 

Hexagon 


Hexagon 




Hexagon 

Hexagon 

i 

i 

A 

0.498 

0.414 

0.488 

1 JL 

64 

A 

A 

A 

§ 

A 

0.665 

0.552 

0.629 

13 

64 

A 


1 

A 

5 

8 

0.747 

0.620 

0.699 

if 

a 

A 

A 

i 

i 

0.828 

0.687 

0.840 


a 

§ 

i 

a 

0.995 

0.827 

0.911 

a 

If 

1 

A 

l 

1 

1.163 

0.966 

0.982 

i 

If 

a 

I 

if 

1 

1.244 

1.033 

1.123 

27 

64 

If 

ff 

f 

if 

H 

1.494 

1.240 

1.263 

i 

a 

A 

i 

1& 

lA 

1.742 

1.447 

1.474 


it 

3"2 

u 

1 

U 

U 

1.991 

1.653 

1.686 

|| 

i 

1 | 

ltt 

i» 

2.239 

1.859 

1.898 

1 

4 

if 


n 

n 

n 

2.489 

2.067 

2.109 

a 

if 

if 

it 

2* 

2A 

2.738 

2.273 

2.321 

29 

32 

if 

1& 

i* 

21 

21 

2.986 

2.480 

2.533 

1 

if 

If 

it 

2A 

2A 

3.235 

2.686 

2.744 

,1A 

1 

1-& 

if 

2f 

21 

3.485 

2.893 

2.956 

1A 

lA 


If 

2*1 

2ft 

3.733 

3.100 

3.168 

li 

l* 

Iff 

2 

3 

3 

3.982 

3.306 

3.379 

1ft 

l* 

If 

2i 

31 

3| 

4.480 

3.720 

3.802 

1| 

if 

ltt 

21 

3| 

3! 

4.977 

4.133 

4.226 

1ft 

iff 

If 

2f 

41 

41 

5.476 

4.546 

4.649 

Iff 

ltt 

2* 

3 

U 

4* 

5.973 

4.959 

5.072 

2 

11 

21 


Regular bolt beads are for general use. 

Unfinished bolt heads are not finished on any surface. Top of bolt heads shall be flat and chamfered. 
Semi-finished bolt heads are machined under the head only. Top of bolt heads shall be flat and 
chamfered. Bearing surface shall be machined plain or with washer face. 

Finished bolt heads are machined on all surfaces. Tops of bolt heads shall be flat and chamfered. 
Bearing surface shall be washer faced. 

Maximum radius of fillet under the head shall be A inch for £ to § inch bolts, A inch for t§- to 1 inch 
bolts, | inch for l| to 2 inch bolts, and A inch for 2 J to 3 inch bolts. 
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TABLE 5 


Heavt Bolt Heads—American Standard 
(Dimensions in Inches) 



Width Across Flats 
Maximum (Basic) F 

Width Across Corners 
Minimum C 

Height of Head 
Nominal H 

Diam¬ 

Unfinished 


Unfinished 


Unfin¬ 

Semi¬ 


eter 

and Semi¬ 

Finished 

and 

Finished 

ished 

finished 

Finished 

Bolt 

D 

finished 


Semi-finished 






Square 





Square 

Square 



and 

Hexagon 

Square 

Hexagon 

Hexagon 

and 

and 

Hexagon 


Hexagon 





Hexagon 

Hexagon 


} 

7 

$ 

7 

1.167 

0.969 

0.983 

A 

it 

A 

A 

ft 

15 

16 

1.244 

1.033 

1.052 

« 

a 

1 

t 

i* 

1A 

1.416 

1.175 

1.194 

tt 

i 

A 

3 

if 

u 

1.665 

1.383 

1.406 

f 

n 

ft 

i 

l A 

1A 

1.914 

1.589 

1.617 

§ 

ft 

ft 

i 

if 

if 

2.162 

1.796 

1.829 

it 

i 

ft 

it 

in 

HI 

2.411 

2.002 

2.041 

If 

» 

lft 

it 

2 

2 

2.661 

2.209 

2.252 

1 

n 

i& 

l! 

2A 

2A 

2.909 

2.416 

2.464 


i& 

1* 

if 

2! 

2f 

3.158 

2.622 

2.676 


h 

iff 

if 

2 h 

2A 

3.406 

2.828 

2.886 

1& 


i& 

if 

2! 

2f 

3.656 

3.036 

3.099 

If 

1 TS 

lft 

U 

2n 

015 

3.905 

3.242 

3.309 

Iff 

Ilf 

1ft 

2 

31 

31 

4.153 

3.449 

3.522 

1* 

ifk 

lft 

2| 

3f 

31 

4.652 

3.862 

3.944 

U 

if 

2ff 

2* 

31 

31 

5.149 

4.275 

4.368 

lft 

if! 

2* 

2f 

4f 

41 

5.647 

4.689 

4.791 

2f 

2 

2ft 

3 

4! 

4* 

6.144 

5.102 

5.214 

015 

"16 

2& 

2ft 


Unfinished bolt heads are not finished on any surface. Top of bolt heads shall be flat and chamfered. 
Semi-finished bolt heads are machined under the head only. Top of bolt heads shall be flat and 
chamfered. Bearing surface shall be machined plain or with washer face. 

Finished bolt heads are machined on all surfaces. Tops of bolt heads shall be flat and chamfered. 
Bearing surface shall be washer faced. 

Maximum radius of fillet under the head shall be A inch for | to \ inch bolts, A inch for A to 1 inch 
bolts, | inch for if to 2 inch bolts, and A inch for 2 f to 3 inch bolts, 
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TABLE 6 


Regular Nuts and Jam Nuts—American Standard 




Width 

Width Across Corners 

Thickness of Regular Nuts 

Thickness of Jam Nuts 



(Minimum) 

(Nominal) 


(Nominal) 



(Max.) F 


C 



H 



H 


Diam- 

Unfin- 










eter 

Bolt 

D 

ished * 
Semi- 
Finished * 
and 

Unfinished * 
and 

Semi-Finished * 

Finished 

Unfin¬ 
ished * 

Semi- 
Fin¬ 
ished * 

Finished 

Unfin¬ 
ished * 

Semi- 
Fin¬ 
ished * 

Finished 


Finished 











Square 




Square 

Square 


Square 

Square 



and 

Square 

Hexagon 

Hexagon 

and 

and 

Hexagon 

and 

and 

Hexagon 


Hexagon 




Hexagon 

Hexagon 


Hexagon 

Hexagon 


i 

A 

0.584 

0.485 

0.488 

A 

64 

A 

A 

2 

64 

A 

a 

A 

0.751 

0.624 

0.629 

ii 

1 

ii 

A 

A 

t 

f 

0.832 

0.691 

0.699 

Ii 

A 

Ii 

A 

if 

A 

A 

i 

1.000 

0.830 

0.840 

f 

M 

3 

8 

i 

4 

a 

i 

f 

« 

1.082 

0.898 

0.911 

A 

27 

64 

7 

16 

A 

19 

64 

A 

A 

f 

1.163 

0.966 

0.982 

1 

2 

1A 

32 

4 

ii 

21 

» 

5 

8 

l 

1.330 

1.104 

1.123 

15. 

64 

ff 

fi 

t 

si 

3 

8 

3 

4 

if 

1.404 

1.240 

1.263 

ft 

if 

f| 

A 

Ii 

A 

f 

iA 

1.742 

1.447 

1.474 

49 

64 

f 5 

Ii 

2 

Ii 

4 

1 

if 

1.991 

1.653 

1.686 

1 

ft 

i 

9 

16 

If 

A 

if 

Hi 

2.239 

1.859 

1.898 

l 

If 

i 

5 

8 

tt 

f 

ii 

if 

2.489 

2.067 

2.109 

l-fa 

iA 

iA 

1 

11 

16 

f 

if 

2tV 

2.738 

2.273 

2.321 

itt 

iA 

iH 

if 

3 

4 

if 

if 

2* 

2.986 

2.480 

2.533 

iA 

if 

iA 

i 

H 

t 

if 

2 A 

3.235 

2.686 

2,744 

ifi 

Iff 

ifi 

if 

7 

8 

if 

if 

2f 

3.485 

2.893 

2.956 

ill 

Iff 

itt 

i 

IS 

T6 

i 

if 


3.733 

3.100 

3.168 

ifi 

Iff 

ifi 

iA 

1 

iA 

2 

3 

3.982 

3.306 

3.379 

n 

Iff 

if 

if 

iA 

ii 

2i 

3» 

4.480 

3.720 

3.802 


iff 

ifi 

If 

iA 

li 

2$ 

si 

4.977 

4.133 

4.226 

2A 

2 A 

2* 

if 

iff 

U 

2f 

4f 

5.476 

4.546 

4.649 

2|i 

2 A 

S» 

If 

iff 

if 

3 

4 * 

5.973 

4.959 

5.072 

2f 

2 ff 

2f 

If 

iff 

if 


* Hot or cold made. 

Regular nuts are for general use. 

Unfinished nuts are threaded but not finished on any other surface. The tops of square and hexagon 
nuts shall be washer crowned or flat and chamfered. 

Semi-finished nuts are threaded and machined on the bearing surface only. The tops of square and 
hexagon nuts shall be washer crowned or flat and chamfered. The bearing surface shall be machined plain 
with chamfered corners or with washer face. 

Finished nuts are threaded and machined on all surfaces. Tops of nuts and tops and bottoms of jam 
nuts shall be flat and chamfered. The bearing surfaces of nuts shall be washer faced. 
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TABLE 7 

Heavy Nxjts and Jam Nuts—American Standard 

(Dimensions in Inches) 



Width 

Width Across Corners 

Thickness of Heavy Nuts 

Thickness of Heavy 


Across 

Flats 

(Minimum) 

n 

(Nominal) 

E 

Jam Nuts (Nominal) 

H 


(Max.) F 










Diam- 

Unfin- 










eter 

Bolt 

D 

ished * 
Semi- 
Finished * 
and 

Unfinished * 
and 

Semi-Finished * 

Finished 

Unfin¬ 
ished * 

Semi- 
Fin¬ 
ished * 

Finished 

Unfin¬ 
ished * 

Semi- 
Fin¬ 
ished * 

Finished 


Finished 











Square 




Square 

Square 


Square 

Square 



and 

Square 

Hexagon 

Hexagon 

and 

and 

Hexagon 

and 

and 

Hexagon 


Hexagon 




Hexagon 

Hexagon 


Hexagon 

Hexagon 


k 

7 

8 

1.167 

0.969 

0.983 

1 

li 

i 

A 

ii 

A 

A 

a 

1.244 

1.033 

1.051 

A 

If 

16 

If 

64 


t 

lA 

1.416 

1.175 

1.194 

t 

If 

1 

l 

« 

l 

3 

S 

ii 

1.665 

1.383 

1.406 

! 


1 

A 

Ii 

A 

8 

J-T6 

1.914 

1.589 

1.617 

i 

55 

64 

1 

8 

t 

Ii 

* 

1 

If 

2.162 

1.796 

1.829 

1 

-6J1 

64 

1 

A 

64 

A . 

if 

Iff 

2.411 

2.002 

2.041 

it 

iA 

ii 

5 

? 

H 

5 

8 

1* 

2 

2.661 

2.209 

2.252 

It 

iA 

If 

f 

ii 

1 

If 

2A 

2.909 

2.416 

2.464 

If 

iA 

If 

tt 

1 

if 

if 

2f 

3.158 

2.622 

2.676 

If 

iA 

H 

7 

if 

7 

¥ 

If 

2A 

3.406 

2.828 

2.886 

If 

iA 

If 

ft 

7 

£ 

A 

if 

2f 

3.656 

3.036 

3.099 

If 

iff 

If 

l 

JL5, 

16 

i 

11 
i 8 

2tt 

3.905 

3.242, 

3.309 

if 

iff 

If 

iA 

1 

iA 

2 

3f 

4.153 

3.449 

3.522 

2 

iff 

2 

ii 

i* 

if 

21 

31 

4.652 

3.862 

3.944 

at 

2 A 

2i 

u 

ift 

if 

21 

3} 

5.149 

1 4.275 

4.368 

2f 

i 

2| 

it 

iff 

if 

2} 


5.647 

4.689 

4.791 

2f 

2 if 

2f 

if 

iii 

if 

3 


6.144 

5.102 

5.214 

3 

2 S’ 

3 

if 

iff 

if 

3i 

5 

6.643 

5.515 

5.637 

3f 

3A 

3f 

i| 

iff 

if 

3f 

5f 

7.140 

5.928 

6.061 

3f 

stt 

3| 

2 

iff 

2 

3f 


7.638 

6.342 

6.484 

3f 

,21 

^32 

3f 

2| 

2& 

2| 

4 


8.135 

6.755 

6.907 

4 

3 if 

4 

2i 

2A 

2i 


* Hot or cold made. 

Unfinished nuts are threaded but not finished on any other surface. The tops of square and hexagon 
nuts shall be washer crowned or flat and chamfered. 

Semi-finished nuts are threaded and machined on the bearing surface only. The tops of square and 
hexagon nuts shall be washer crowned or flat and chamfered. The bearing surface shall be machined plain 
with chamfered corners or with washer face. 

Finished nuts are threaded and machined on all surfaces. Tops of nuts and tops and bottoms of jam 
nuts shall be flat and chamfered. The bearing surfaces of nuts shall be washer faced. 
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TABLE 8 

Light Nuts and Light Castle Nuts—American Standard, Semi-finished 



(Dimensions in Inches) 





Light 






Distance 

Across 


Hexagon 

Light Hexagon Castle Nuts 

Diameter 

Distance 

Across 

Nuts 





of 

Flats 






Bolt 

Max. 

(Basic) 

Corners 

Minimum 

Height 

Nominal 

Total 

Height 

Height 
of Flat 

Width 

of 

Depth 

of 




Nominal 

Nominal 

Slot 

Slot 

D 

F 

C 

H 

H 

H-h 

G 

h 

1 

4 

7 

16 

0.488 

7 

32 

9 

82 

3 

16 

A 

3 

32 

5 

16 

f 

0.557 

17 

64 

21 

64 

15. 

64 

5 

64 

3 

32 

1 

& 

0.628 

21 

64 

13 

32 

9 

32 

1 

8 

1 

A 

5 

8 

0.698 

3 

8 

11 

64 

21 

1 

8 

i 

i 

3 

4 

0.840 

A 

16 

3 

8 

1 

8 

A 

A 

7 

8 

0.982 

ti 

If 

27 

64 

5 

■ 32 " 

3 

16 

5 

8 

15 

16 

1.051 

35 

64 

23 

32 

M 

5 

32 

1 

4 

f 

life 

1.191 

21 

32 

L3. 

16 

A 

A 

1 

4 


il 

1.403 

49 

64 

29 

32 

21 

32 

A 

1 

4 

1 

Its 

1.615 

7 

1 

3 

4 

A 

1 

4 

1* ' 

If' 

1.826 

63 

64 


IX 

32 | 

A 

5 

16 

I4 

Iff 

2.038 

*A 

1 ! 

15. 

16 

A 

5 

16 

If 

2 

2.249 

iH 

if 

1 

7 

■32 

A 

if 


2.461 

life 

if 

If 

1 

4 

3 

8 


Light nuts and light castle nuts are usually supplied with fine threads. 

Semi-finished nuts are threaded and machined on bearing surface only. Bearing surface shall be 
washer faced. 




SCREW THREADS AND SCREW FASTENINGS 
TABLE 9 

Hexagonal and Slotted Head Cap Screws American Standard 




4-bsrLi 

4 iri^Irp 

Hexagonal Head Fillister Head Flat Head Button Head 

(Dimensions in Inches) 

Hexagonal Head Fillister Head 

Num- inal or 

ber Basic Max. Min. Nom- Max. Max. Max. Max. Max. Max. 

or Major Dis- Dis- mal Diam . Height Height Total Width Depth 

Size Di.am- tanee tance Height eterof Q f of Height of 0 f 

eter Across Across of Head Head Oval Head Slot Slot 

Flats Corners Head 

T 

0 .097 

9 .115 

8 .142 

8 .168 
0 .188 

3 .214 

8 .240 



Num¬ 

Nom¬ 
inal or 

ber 

or 


Size 

Diam- 


Flat Head 


Button Head 

1 i 


max, 

Height | Width | Depth 
of 

Head 



.293 .138 .146 

.366 .154 .183 


.410 

.438 I .138 I .270 
.547 | .154 I .337 


Hexagonal and Slotted Head Cap Screws are regularly threaded in accordance with the coarse- 
thread series, and, when so threaded, shall have a length of thread equal to 2D -f- \ inch. Screws too 
short to allow the formula length of thread may be threaded as close to the head as practicable. 

Lengths of cap screws vary by | inch from J to 1 inch, by } inch from 1 to 4 inches, and by § inch 
from 4 to 6 inches. 

CaD screw points shall be flat and chamfered at an angle with the flat of not less than 35 nor more 
than 40 degrees. The chamfer is to extend to the bottom of the thread and the corners of the chamfer 
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TABLE 10 


Socket Head Cap Sckews—American Standard 




(Dimensions in Inches) 


Diameter 
of Screw 




Hexagon 

Socket 


Fluted Socket 


u 

Diam¬ 

eter 

of 

Head 

Height 

of 

Head 

Side- 

height 

of 















Width 

Num- 

Minor 

Diam- 

Major 

Diam- 

Width 

of 

Socket 

Land 

Max. 

Nom. 

Max. 

Max. 

Max. 

Max. 

Across 

Flats 

Min. 

ber 

of 

Flutes 

eter 

of 

Socket 

eter 

of 

Socket 








Max. 

Max. 



C 

H 

h 

F 

n 

M 

N 

J 

8 

0.1640 

A 

0.1640 

0.1522 

i 

6 

0.127 

0.147 

0.035 

10 

0.1900 

-16 

0.1900 

0.1765 

A 

6 

0.127 

0.147 

0.035 

12 

0.2160 

a 

0.2160 

0.2005 

A 

6 

0.160 

0.185 

0.042 

i 

0.2500 

¥ 

4 

0.2317 

3 

16 

6 

0.190 

0.219 

0.052 

A 

0.3125 

A 

-16 

0.2894 

A 

6 

0.221 

0.256 

0.062 

3 

8 

0.3750 

9 

16 

3 

8 

0.3469 

A 

6 

0.312 

0.380 

0.092 

16 

0.4375 

5 

8 

16 

0.4046 

5 

16 

6 

0.312 

0.380 

0.092 

1 

2 

0.5000 

-! 

1 

2 

0.4620 

3. 

8 

6 

0.386 

0.463 

0.112 

9 

16 

0.5625 

41 

A 

0.5196 

3 

8 

6 

0.386 

0.463 

0.112 

5 

¥ 

0.6250 

7 

¥ 

5 

¥ 

0.5771 

i 

6 

0.506 

0.600 

0.142 

3 

4 

0.7500 

1 

3 

4 

0.6920 

A 

6 

0.568 

0.654 

0.157 

7 

¥ 

0.8750 

H 

7 

8 

0.8069 

A 

6 

0.568 

0.654 

0.157 

1 

1.0000 

1A 

1 

0.9220 

I 

6 

0.631 

0.790 

0.184 

H 

1.1250 

U 

If 

1.0372 

3 

4 

6 

0.756 

0.957 

0.221 

H 

1.2500 

if 

14 

1.1516 

a 

4 

6 

0.756 

0.957 

0.221 

if 

1.3750 

li 

If 

1.2675 

3 

4 

6 

0.756 

0.957 

0.221 

U 

1.5000 

2 

Is 

1.3821 

1 

6 

1.007 

1.275 

0.298 


Socket depth has not been standardized but should be made as deep as practicable. 

The difference between consecutive lengths shall be § inch for lengths from | to 1 inch, f inch for 
lengths from 1 to 4 inches, and \ inch for lengths from 4 to 6 inches. 

For National Coarse Threads l shall equal (2D -f ^ inch) where this would be greater than Lf2, 
and l shall equal Lf 2 where this would be greater than (2D 4* I inch). Screws too short to permit 
application of these formulae shall be threaded as close to the head as practicable. 

For National Fine Threads l shall equal (1 §D + \ inch) where this would be greater than |L f 
and l shall equal §L where this would be greater than (l^D + ^ inch). Screws too short to permit 
application of these formulae shall be threaded as close to the head as practicable. 
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TABLE 11 


American Standard Machine Screws 


(Dimensions in Inches) 

Where for round and fillister head screws L is U" or less and where for flat and oval heads L is 
di" + H) or less, the length of thread l shall extend as near the head as is practicable. Where for 
round and fillister heads L is greater than l\" and for flat and oval heads L is greater than (1J + H) 
the threaded length l shall be not less than li". 
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TABLE 12 

Machine-screw and Stove-bolt Nets—American Standard 
(Dimensions in Inches) 




Distance 

Distance 




Distance 

Distance 


Number 

and 

Diameter 

Across 

Flats 

Across 

Corners 

Thick¬ 

ness 

Number 

and 

Diameter 

Across 

Flats 

Across 

Corners 

Thick¬ 

ness 

Max. (Basic) 
F 

Mini¬ 

mum 

Nomi¬ 

nal 

Max. (Basic) 
F 

Mini¬ 

mum 

Nomi¬ 

nal 

of Screw 

Square and 

C 

H 

of Screw 

! Square and 

C 

H 



Hexagon 

Hexagon 




Hexagon 

Hexagon 


0 

0.0600 

5 

32 

0.171 

3 

64 

6 

0.1380 

5 

16 

0.344 

7 

64 

1 

0.0730 

5 

3~2 

0.171 

3 

64 

8 

0.1640 

It 

0.378 

1 

8 

2 

0.0860 

A 

0.205 

1 

16 

10 

0.1900 

1 

0.413 

1 

8 

3 

0.0990 

A 

0.205 

1 

16 

12 

0.2160 

A 

0.482 

A 

4 

0.1120 

1 

4 

0.275 

3 

32 

l 

4 

0.2500 

7 

16 

0.482 

A 

5 

0.1250 

5 

16 

0.344 

7 

64 

A 

0.3125 

A 

0.621 

A 





3 

8 

0.3750 

1 

0.692 

1 

4 


Bottom of square and hexagon nuts shall be flat. 

Tops of hexagon nuts shall be chamfered 30 degrees with the top. 
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SCREW THREADS AND SCREW FASTENINGS 


TABLE 13 

Square Head and Hexagonal Socket Set Screws—American Standard 



square 

HEAD 




\ 

JJ 

-HCh~ 

FLAT POINT 


aA 

-0 

T 


TO ROOT OF THREADS 


V 





OVAL POINT FULL DOG POINT 




CUP POINT 


Tl 


CONE POINT 



HALF DOG POINT 


HEXAGONAL 

SOCKET 

HEAD 


(Dimensions in Inches) 


Size 

Cup and 
Flat Point 

Oval 

Point 

Cone Point Angle 

Dog Point 

Square Head 
Set Screw 










of 



118° ± 2° 

90° ± 2° 

Diameter 

Length of 

Width 

Height 

Set 



for 

for 

of Point 

Point 

Across 

Screw 

Diameter 

T-, T 

Following 

Following 

Full and 




of 


Mean 

xtRCLUIS 

Lengths 

Lengths 

Half Dog 



Maxi- 

Head 




and 

and 

Maximum 

Full 

Half 

mum 

nomi- 




Under 

Over 


Dog 

Dog 

(Basic) 

nal 

D 

C 

R 

d 

0 

P 

Q 

Q 

F 

H 

5 

A 

A 

1 

A 

0.083 

0.06 

0.03 



6 

0.069 

A 

1 

A 

0.092 

0.07 

0.03 



8 

A 

1 

A 

1 

0.109 

0.08 

0.04 



10 

A 

A 

A 

1 

0.127 

0.09 

0.04 

. 


12 

A 

A 

A 

1 

0.144 

0.11 

0.06 

....... 


i 

L 

A 

1 

A 

ft 

1 

A 


A 

ft 

ft 

H 

ft 

1 

' ff 

A 

A 

A 

11 

i 

a 

A 

1 

A 

i 

A 

A 

1 

A 

ft 

a 

tt 

ft 

1 


A 

A 

A 

H 

t 

A 

f 

1 

ft 

H 

1 

1 

1 

i 

ft 

ft 

H 

A 

1 


A 

A 

A 

tt 

t 

ft 

B 

1 

1 

» 

A 

A 

1 

11 

\ 

A 

A 

1 

1 

A 

1 

A 

\ 

A 

J 

ft 

ft 

i 

1 

It 

A 

A 

i 

$ 

1 

It 

1 

l 

U 

1 

1 

1 

l 

i 

U 

tl 

it 

11 

U 

U 

A 

A 

11 

H 

U 

i 

tt 

Jl 

11 

H 

1 

A 

11 

H 


H 

1A 


11 

1A 

H 

11 

11 

1A 

li 

a 

} 1 

H 

H 

U 

1 

I 

if 

11 

J* 


1A 

V 

2 

1A 

1 

A 



2 

l A 

li 

2 

21 

H 

l 

1 




Hexagonal 
Socket 
Set Screw 


Width 
Across 
FlatB of 
Socket 
Mini¬ 
mum 
/ 


A 

* 

A 


A 

1 

A 

A 

I 

** 


i 

I 


1 

1 


Socket depth has not been standardized but should be made as deep as practicable. Except for 
socket dimensions the same dimensional specifications apply to fluted as to hexagonal socket set screws. 

Set screws are usually threaded in accordance with the Coarse-thread Series. 
lanJ+hB f+Ilibetween^consecutive lengths shall be A inch for lengths from 1 to f inch, 1 inch for 
len^hsfrorn * to 1 inch, 1 inch for lengths from 1 to 4 inches, and 1 inch for lengths from 4 to 0 inches. 
Where the usable length of thread is less than D, the half and not the full dog point shall be used. 

* or ^ -S 0 * 1 , S1Z ® fl b&ll not t>e necked but beveled under the head at an 

SSS } and over 8haU be neofced undor tha bead ' the width of 









National Coarse-Thread Series 


TAP DRILL SIZES 
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4 

% s 

21 
b b 

Per Cent 
h 

66 

56, 65 

63, 66 

57, 66 

Tft CO CO CO 

co to to CO © 

N H 00 ci CO 

© ©© © © 

00 ^ to 

co co co co 

eo c<f c<r o 

co CO CO CO 

62 

58, 65 

62, 66 

60, 62 

61, 65 

Tap Drill Sizes to 
est to f Full T1 

Drill Size 

No. 53 

No. 49, 1.8 mm. 
No. 45, No. 46 

No. 42, 2.3 mm. 

No. 36, No. 37 

No. 33, No. 34 

No. 28, 3.5 mm. 
A. No. 23 

No. 14, No. 15 

No. 4, No. 5 

6.8 mm., H 

8.25 mm., P 

9.7 mm., V 

7 

16 

12.5 mm. 

14.0 mm., ff- 
17.0 mm. 

20.0 mm., ff- 

M 03 

as v 

© N 

& o3 

s 1 

Per Cent 
h 

68 

69, 74 

75, 76 

71, 80 

(M 1> lO 03 

00 1> 

oi - CO Ci © CN 

N N C N N 

© N 1> iO 
!>■ 1> t— 

N CO TjT CO 
b- 1> t- 

67 

72 

79 

72, 77 

74, 76 

w g 

51 

0 § 

& 8 
£ « 

03 ■** 

S 8 

Drill Size 

1.5 mm. 

No. 50, 1.75 mm. 
2.0 mm., No. 47 
No. 43, No. 44 

No. 38, 2.5 mm. 
2.75 mm., No. 36 
No. 29, 3.4 mm. 
No. 24, No. 25 

No. 16, No. 17 

hHSp 

o s' a s' 
jz; s a a 

-CO o ^ 
h|«D cd 00 03 

S® 

S r 

a « § 

a co s 

o H © 

IH hKhHnhiA 03 

1-4 COJ«OH|COW|CO iH 

1 g 

Q r^J 
ft $ 

£ 5 

Per Cent 
h 

cO t> 1> 00 
i> i> t>- 

00 00 00 00 03 

N N N N N 

00 00 03 03 

1> J> 1> 

00 00 03 03 03 
!>• !>• 1>> 

TJ H 

-si 
g 5 
a p 
a ^ 

0 o 

CJ „ 

W g 
* m 

Drill Size 

0.0575 

0.0682 

5 

64 

2.2 mm. 

No. 39 

2.7 mm. 
0.1324 

3.75 mm. 

4.4 mm. 

No. 8 

6.5 mm. 

7.9 mm. 

9.25 mm. 

27 

64 

0.4776 

13.5 mm. 
0.6480 

0.7615 

Tap Drill Sizes to Give Near¬ 
est to i Full Thread Qi) 

Per Cent 
h 

89 

82 

85, 89 
90, 92 

83, 89 

85, 90 

87 

85 

86 

87 

87 

88, 90 

86 

N © M N 

00 00 03 00 00 

Drill Size 

No. 54 

No. 51 

No. 48, 1.9 mm. 
2.1 mm. f No. 45 

No. 40, No. 41 

2.6 mm., No. 38 
No. 30 

No. 27 

No. 18 

£ 

<ZJ 

)> 

fc3 hIwwIw3[««|'<H 

Basic 

Major 

Diameter 
of Screw, 

D 

0.0730 

0.0860 

0.0990 

0.1120 

0.1250 

0.1380 

0.1640 

0.1900 

0.2160 

0.2500 

0.3125 

0.3750 

0.4375 

0.5000 

0.5625 

0.6250 

0.7500 

0.8730 

Threads 
per Inch, 

n 

to 00 o 

CO lO xtt ^ 

O N N tP r(( 
^ CO M N N 

O 00 CO -cH 
N H H r- 1' 

00 (M iH O 03 

rIHrtH 

Number 
or Size 

tH (M CO 'tl 

kO to 00 o w 

iH tH 


Jus 

H|N |Hus|q0 «(■* t-|» 


* Miscellaneous Publication of the Bureau of Standards No. 61; also No. 98. 
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■s 

I 


O 

£l O 


a 

o 

I 


> o3 

^ I 

8 % 


& 


<D N 

% m 

® tj 


s a 

(5 1 
& 8 
e5« 

<u 43 

43 -g 

O 153 


fi-a 
a 8 

fig 
*0 M 
a> 

•s 3 

1:1 ta 
0) « 
2 03 
§ 

o © 

g CD 

a § 


.£ TJ 

O 8 

a “ 

<0 

Shoo 

Q -2 
§* «j 

H 03 


3 

o , 


m 

? 

Q 


S 


S3 

3 

*4 

Q 


CQ 


O ^ 


I 

5 

o 


cB te 

.2 S -S | 

“ “r a | * 

eg CQ 


«s.j 


S *0 


3 m ss 


h a. 


a a 
I s 


a 

a 

to 

tO h|oo 

£|o 01 1-1 


sis 


ntoj® 

rt|H , TH 


»e|<o |« ih|<o m| w ta|«c> 
(N M M CO M 


sHSHSSlS 


«o|« |*h|««|® 
H N in N 




a 

a 

o 


«N to 

r«- 


h |cohNh|n 
<N (N M 
to - - - 

• _N*-N«N 
to |«DH|cC«|tO 

tH CM CO CM 


a 

co os a , 

CM oO « N 

- - h|® 


N N O 
00 o • 
• • 00 
© O CM 


to « 
n|®n|® - h 


I tO ^ 05 

a s a w 

CM 05 

o © o ^ 

to CM fr- cm" 


N N CO CO CO 


«|w „ rH 

"IS 


“ISHSSISSIS 


Ml"# ^[mhIm 
H cm (M 04 


«|« h|« JnwIn coIn 
M|MM| wH«>H WW|W 
(N CO CO CO eo 


OOOO OOOO 

O « O iO OWO^O 

S M iO N O N ‘O N 

rt M CO tO O O CO 


O CM to t> 


CM CM CM CM CO M CO CO 


xH 'cH xfl "«5t( 


OQ 


< 

S3 


a 

43 

o 

.s 

o 

ft 

% 


»§ « 
^ TJ 
O P 

■H 


o <d 

J2J cq 

•3 «i 


CQ 

o g 

33 *E3 
c3 

« .. 

| •§ 

« a 

« S3 
43 S 

43 S 
HH 

o 43 

H ° 

g .2 

"8 a 

« ft 

|i 

a -3 


gj h >0 

rH O' CO 
^ 42 05 

J 

1*3 52! r-t 

* ■*"« 




Tap Drill Sizes 

National Fine-Thread Series 
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1 

c3 

CD <—. 

fc $ 

03 ^ 

> 03 
a) 

O H 

Per Cent 
h 

67 

58 

64 

56, 70 

59, 65 

w © © CO © 

50 i—T N OS rH 

CO © © © 

62, 63 

61, 66 

60, 66 

62, 67 

vo w oo in 
co © vo © 

59, 67 

58 

58, 63 

58 

58 

Tap Drill Sizes to 
est to f Full Th 

Drill Size 

1.25 mm. 

A 

No. 49 

No. 44, 2.1 mm. 
No. 41, 2.4 mm. 

No. 36 

3.0 mm., No. 32 
3.6 mm., No. 28 
No. 19, 4.2 mm. 
A. No. 13 

^ u pi S 

» . . a 
a a © 
n a So 

<5 IN „ 

& In 00 M 

coMt-MvalriMto 

»|<0»|<©H<|©h|H 

»!<£> a 

h!h a 

a r °. 

a § 

& S 

0) Nl 

% m 

8 'g 
.9 £ 

Per Cent 
h 

67 

75 

74 

70, 73 

68, 79 

71 

73 

73 

71, 80 

73, 75 

67, 72 

68, 75 

67, 75 

72, 73 

CO 

N O lO U5 M 
N J> N IN 

80 

72, 75 

72 

72 

72, 76 

m a 

a a 
<5 I 
& 8 

S « 

S 5 
-a ■+* 

Drill Size 

1.25 mm. 

No. 53 

1.8 mm. 

2.1 mm., No. 45 
No. 42, 2.3 mm. 

No. 37 

2.9 mm. 

3.5 mm. 

No. 20, 4.0 mm. 
No. 14, 4.6 mm. 

a 

a 

was© 
w a a os* 

- O CO - 
« . . w|r» 

|co IN 00 N|© 

a 

a . . . . 
© a a a a 
H a a a a 

^ o © © © 

<p]ri CO rtf IN d 

w|« h H rt (M 

a a 

a a 

a °. 

d © © 

H CM CO 

© 

• „|hh|hoi|HV'|h 

CO |<OH|tOH|tO«|® 

0v| H rl rH H 

3 S' 

P -d 

fi S 

Per Cent 
h 

O) N Ol 00 N 
N N N L- N 

in r- oo © oo 
In i> j> b- in 

© 00 © © 
00 In in In 

00 00 00 tr- 00 
N N t> N I> 

78 

78 

78 

72, 79 

78 

B 5 

T) H 

<D rH 

g *3 

§ Pq 

i ® 
a *: 

o o 

J 8 

Pn « 

* M 

Drill Size 

1.2 mm. 

1.5 mm. 

No. 50 

No. 46 

0.0911 

2.6 mm. 

No. 33 

No. 29 

No. 21 

No. 15 

No. 3 

0.2703 

Q 

W ' 

0.4492 

0.5062 

0.5687 

li 

16 

0.8024 

0.9274 

1.0401 

1.1651 

L§f, 32.75 mm. 
1.4153 

i 

(H 

C3 

o 

121 g 

H ^ 

Per Cent 

83 

75, 77 
79, 84 

88 

85, 86 

80, 86 
83, 88 

83 

83, 89 

84 

81, 88 
83, 85 
82, 85 
82, 85 

© IN IN © rtf 
OS OO 00 © 00 

84 

87 

82, 87 

87 

87 

Tap Drill Sizes to G 
est to -§ Full Thres 

Drill Size 

No. 56 

No. 53, 1.5 mm. 
No. 50, 1.75 mm. 
No. 47 

No. 43, 2.25 mm. 

No. 38, No. 39 

No. 34, A 

3.4 mm. 

T2, No. 23 

No. 16 

a 

rtf a 

s a s § 
a a s s 

rtf 00 rtf 

1C CD 00 © 

Hs-icHstt: 

Hs 

i 

a 

W|« ?H (M rH rH . 

Basic 

Major 

Diameter 
of Screw, 

D 

0.0600 

0.0730 

0.0860 

0.0990 

0.1120 

0.1250 

0.1380 

0.1640 

0.1900 

0.2160 

0.2500 

0.3125 

0.3750 

0.4375 

©woo© 

O <N VO © © 
OOtNWlN 
W © © IN 00 

© © O © O 

1.0000 

1.1250 
1.2500 
1.3750 

1.5000 

Threads 

per Inch, 
n 


rtf o © co oo 

rtf rtf CO CO <N 

00 rtf rtf © 
<N <N ©Q CM 

© 00 00 © rtf 
(M rH rH rH rH 

rtf <N <N <M (M 
rH rH rH rH rH 

§ 

£ 

or Size 

© rH INI CO rtf 

to <0 00 O <M 

rH rH 

hmHS«|oqHh 


h|cohNh»|ooh|n 

rH rH rH rH rH 


* Miscellaneous Publication of Bureau of Standards No. 61 and No. 98. 
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TABLE 16 

Tapping and Engagement of Screws 

The tabulation below gives the minimum and the recommended engagement of a steel screw in 
steel or in cast-iron and also gives the depth of blind holes for hand and machine tapping. The engage¬ 
ment of a screw in a like material is the same as for a steel screw in steel, and the engagement of a steel 
screw in materials *other than steel and wrought iron is the same as for a steel screw in cast-iron. 



Item 

Tapped 

Threads 

Tapped 

Material 

Coarse Series 

Fine Series 


Sizes 

Below A" 

Sizes of A" 
and Over 

Sizes 

Below A" 

Sizes of A” 
and Over 

1 


Full depth 


2 — .333Z> — .014 

t = .355D —.012 

2 

Minimum 
theoretical 
engage¬ 
ment of 
steel 
screws 

% full depth 


t~.379D-.019 

t = .410D —.016 

3 

% full depth 


Z = .410D — .022 

t = .445D —.019 

4 

% full depth 


t = .466D — .027 

t = .510D —.024 

5 

Not less than 
% full depth 

Cast-iron 

t = .693D —.055 

t = .790D - .050 

6 

^ --J ^ 


Steel 

t ~ D 

t = l 

5 

7 

of steel screws 

Cast-iron 

t~ 1.5D 

t = 1.5D 

8 


Hand 

Steel 

Z = D+H 

l~D+A 

l~D+y s 

Z = D-B4 

9 

Depth of 
blind holes 
for tapping 

tapping 

Cast-iron 

Z = 1J^D+H 

1~IAD+A 

i=iad+a 

i = vAD-ty t 

10 

Machine 

Steel 

l-WUD+H 

l = ty6D+% 

l-l'AD+A 


11 


tapping 

Cast-iron 


1 = 1 15 AqD-\-% 


l = l%D+% 



CHAPTER 26 


MISCELLANEOUS INFORMATION IN TABULAR FORM 

In Tables 1, 2, 3, and 4 the following notation is used: 

a =acceleration in ft. per sec. per sec.; 

A = area in square inches; 

6=breadth or width in inches; 

c- distance from neutral axis to extreme fiber in inches; 

C =centrifugal force in pounds, also a constant; 
d= diameter in inches, also distance; 

D = diameter in inches ; 
c=base of Napierian Logarithms = 2.718; 
e = strain or unit tensile or compressive deformation in inches per 
inch; 

2?=Young’s modulus of elasticity in lbs. per sq. in., also energy; 
/= coefficient of friction between dry or sparsely lubricated sur¬ 
faces; 

F= force in pounds; 

g =acceleration of gravity=32.2 ft. per sec. per sec.; 

G= modulus of elasticity in shear or modulus of rigidity in lbs. per 
sq. in.; 

h =height in inches; 

1=rectangular moment of inertia of an area in biquadratic inches, 
also moment of inertia of a mass; 

J= polar moment of inertia of an area in biquadratic inches; 
k =radius of gyration = V //A for plane figure 
= '\/l/m for a solid; 

1 =length in inches; 

lr, 

M =bending moment in pound-inches; 

M t = twisting moment or torque in pound-inches; 
n=number; 

n= constant for end conditions of columns 
=| for column fixed at one end and free at the other 
= 1 for column with pin ends 

=£ for column with one end fixed and the other free hut guided 
=4 for column with both ends' fixed 
= ±2 for column with flat or square ends; 

471 
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MISCELLANEOUS INFORMATION IN TABULAR FORM 


pressure in lbs. per sq. in., also pitch in inches; 


P= force in pounds; 
r or R = radius in inches; 

s= stress in lbs. per sq. in.; 

St, s c , s 5 = respectively, tensile, compressive, and shearing stress in lbs. 
per sq. in.; 

$1 = resultant normal stress in lbs. per sq. in.; 

$'=mean stress over section of a column in lbs. per sq. in.; 

5 = surface area; 

thickness in inches, also temperature in F°; 
r=tensile force or pull in pounds, also tangential force in pounds; 
u ti u c , u s ~ respectively, the ultimate strength in tension, compression, and 
shear in lbs. per sq. in.; 
v =velocity in ft. per sec.; 

V- volume in cubic inches; 

w =weight or load in pounds per inch of length; 

W =weight or load in pounds, also work; 
y t , Vc, Vs= respectively, the yield point strength in tension, compression, 
and shear in lbs. per sq. in.; 

<5 = total elongation or contraction, also deflection in inches; 

A=deflection of beam in inches; 

6 = angular deflection in radians, also angle of contact in radians; 
v— Poisson’s ratio, ratio of lateral to axial strain; 

p = rotational radius of center of mass in feet; 
t= resultant shear stress in lbs. per sq. in.; 
u = angular velocity in radians per sec. 



COMMON FORMULAE FROM MECHANICS 
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TABLE 1 


Common Fokmulae eeom Mechanics 


Direct tension or compression 

*0 

ll 

Co 

Direct shear 


Modulus of elasticity in tension or compression 

stress s PI 

strain e A 5 

Shafts of circular section under torsion, solid 

hollow 

J ird 3 

Mt—s 3 — s s —- 
c lo 

„ 7r(Z) 4 —d 4 ) 

M t = s a -' 

16D 

Angular deflection in radians of circular shafts under 
torsion 

c _Mj 32M t l 

GJ tt Gd A 

Flexure or bending 

M = s- 
c 

Deflection of beams 

See Tables 3 and 4 

Maximum normal stress due to direct tension or 
compression combined with bending 

P Me 

Sl= I ± T 

Maximum normal stress resulting from a shearing 
stress s 8 acting at right angles to a tensile or 
compressive stress 5 

sf / /2sA 2 l 

Sl =- 1+Jl+ — 

2[_ \ \ s J 

Maximum shearing stress resulting from a shearing 
stress s 8 acting at right angles to a tensile or 
compressive stress s 

r-- 

Bending moment M e equivalent to the simultaneous 
action of a bending moment M and a torsional 
moment Mt on members of circular section 

MY / /MA*1 

M ‘-[ 1 + T + {m)} 

M e =S~ 

c 

Torsional moment (M t ) e equivalent to the simul¬ 
taneous action of a bending moment M and a 
torsional moment Mt on members of circular 
section 

1 /ikfA 2 
m.-MJ 1 + (t7 

\ \M J 

c 



474 


MISCELLANEOUS INFORMATION IN TABULAR FORM 


TABLE 1 —Continued 
Common Formulae from Mechanics 


Maximum normal stress in members of circular sec¬ 
tion resulting from the simultaneous action of 
a torsional moment Mt and a direct tensile or 
compressive load P —column action, if any, 
neglected 



Maximum shearing stress in members of circular 
section resulting from the simultaneous action 
of a torsional moment Mt and a direct tensile 
or compressive load P —column action, if any, 
neglected 


II 

Columns of ductile material (J. B. Johnson’s for¬ 
mula) 

If K is greater than 2k 2 , use Euler's formula 

A \ Ak 2 ) 

r rr V<P 

where K =—- 
mr 2 E 

, P k 2 

S ~A~ S K 

Columns of cast-iron with flat or square ends for a 
working load P 

^ 1 ^0 
!! 

CD 

O 

o 

o 

1 

^ I ^ 


Belts 


Relation of total pull T\ in the tight side of belt to 
total pull Tz in slack size, centrifugal action 
neglected 

—= e f e 

n 

Relation of the respective pulls t x and U in pounds 
per square inch of section in the tight and slack 
side of a belt, centrifugal action considered, 
where w is the weight in pounds per cubic inch 
of belt and v is the velocity in ft. per sec. 

t\~c 

-e"’ 

t‘2 C 

140 

where/ = 0.54- 

500 + V 

, I2wv 2 

and c — - 

9 


Springs 


Helical springs under an axial load P tending to 

c-5 

extend or to compress the spring; diameter of 

d 

wire d, mean radius of coils R, mean diameter 

4C—1 0.615 

of coils D , and effective number of coils n: 

*-4C-4+~ 

Strength formula 

T d 3 7r d 3 

Deflection, or stiffness, formula 

8PD*n 

d<G 
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TABLE 1 —Continued 
Springs —Continued 


Semi-elliptic spring under a concentrated load P 

n ni 

applied at the middle of the effective span; 
width of leaves b, thickness of leaves t, total 

n 

number of leaves n, and number of full-length 
leaves ni: 

F _a-O(0.5-1.5C)-C ! log,C 
(1—C) 3 

Strength formula 

_ 3 PI 

S ~2 Wn 

Deflection, or stiffness, formula 

S=K~ 

2 tE 


Cylinders under Pressure 


Thin cylinders under internal pressure 



Stress over longitudinal section 

pd 

S= 2t 


Stress over tranverse section 

pd 

5= 4 t 


Thin cylinders under external pressure, empirical 
equations from experimental investigation: 

v= 9,675,000 £ 
Id 


Collapsing pressure for steel tubes for l/d not >4 
to 6 

(Fairbairn) 

Collapsing pressure for t/d <0.025, Z/d>6, and 
p=600 or less 

II 

Q 

(Carman) 

For brass tubes C =25,150,000 

For seamless or lap welded steel tubes 

C = 50,200,000 



Collapsing pressure for t/d >0.025, l/d>6j and 

p>600 


(Carman) 

For brass tubes C =93,365, a =2474 

For seamless steel tubes C =95,520, a =2090 
For lap welded steel tubes C =83,270, a = 1025 
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TABLE 1 —Continued 
Cylinders under Pressure —Continued 


Thin, cylinders under external pressure, rational 
equation: 

Id 

Collapsing pressure for Z>2.45d^— 

*||T 

<M 1 

11 

Thick cylinders under both internal and external 
pressure, or under internal or external pressure 
only; n is the internal and r% the external 
radius in inches and pi is the internal and p 2 
the external pressure in lbs. per sq. in.: 

The tangential stress s at any radius x for cylinder 
with closed ends is 

£ 

l 

s 

st' „ 

$ * 
+ 

& 

J 

1 

J 

CO 

The tangential stress s at any radius x for cylinder 
with open ends is 

If pi exceeds p 2 , the tangential stress is tensile, and 
compressive if p 2 exceeds p A . In either case the 
stress is a maximum in the inner fiber. If s is 
compressive, the result will be negative. If a 
limiting compressive stress is substituted for s 
it should be written with a negative sign. 

^ driV*) 2 

2piri 2 2p 2 r 2 2 -f- (pi—p 2 ) 

x 2 

3(r 2 2 —n s ) 


Thin Flat Plates 


Flat circular plate carrying a uniformly distributed 
load of p lbs. per sq. in. and supported by a 
cylinder of internal diameter D: 


For plate supported but not fixed at the edge, the 
maximum radial and tangential stress is at 
the center and equals 

3 / D \ 2 

S- 32 P (j) (3+v) 

For plate supported and fixed at the edge, the 
maximum radial stress is at the edge and 
equals 

3 /D\* 

16 P W 

and the maximum tangential stress is at the 
edge and equals 

3 /DV 
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TABLE 1— Continued 
Thin Flat Plates —Continued 


Flat circular plate carrying a uniformly distributed 
load of p lbs. per sq. in. over an area of diameter 
d at the center of the plate, which is supported 
by a cylinder of internal diameter D : 

For plate supported but not fixed at the edge, the 
maximum radial and tangential stress is at 
the center and is 


For plate supported and fixed at the edge, the 
radial stress at the edge is 

and the radial and tangential stress at the 
center is 




l+(l+y)log« 


-( 1 -,) 


{-(!)'] 


Flat elliptical plate having a minor axis b and a 
major axis a carrying a uniformly distributed ^ 
load of p lbs. per sq. in.: - 

For plate supported but not fixed at the edge, the a 
maximum bending stress is at the center of 
of the plate and, for v = 1 /3, is s 


s= Wt v 


For plate supported and.fixed at the edge the 
maximum stress at the edge is 


and the maximum stress at the center is 


2\tJ 3+2a: 2 +3a 4 

3/5\ 2 pQL+ttV) 
S ~2\t) 3+2« 2 +3a 4 


Flat plate a inches square carrying a uniform load 
of p lbs. per sq. in.: 

For plate supported but not fixed at the edges and 
with corners free to rise, the maximum in¬ 
duced stress is 

For plate supported and fixed at the edges, the 
maximum induced stress is at the middle of 
each edge and is 


.-0.278b I, 


»-0.308(5)' 


^1 IS 
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TABLE 1— Continued 
Thin Flat Plates —Continued 


Flat rectangular plate of width b and length a carry¬ 
ing a uniformly distributed load of p lbs, per 
sq. in.: 

For plate supported but not fixed at the edges the 
maximum induced stress is 

For plate supported and fixed at the edges the 
maximum induced stress is at the middle of 
the long edge and is 

b 

~=a 

a 

M* v 

S \tj 1.33+2.15a 3 

M> v 

S \4 1 9J-1 9.^6 

Miscellaneous 

Force = (mass) (acceleration) 

F-ma 

Work = (force) (distance) 

W=Fd 

Kinetic energy —1/2 (mass) (velocity) 2 

$=l/2ww 2 

Centrifugal force in terms of mass m, angular veloc¬ 
ity in radians per sec. w, and distance p to center 
of gravity, or center of mass 

C = w 2 Wp 

Volume V and surface S of sphere of diameter D 

7 rD 3 

7 =— S=irD> 

6 

Volume V of right or oblique pyramid or cone having 
an area of base A and a perpendicular height h 

n 

Volume of frustum of right pyramid or cone having 
an area of base A, area of top a, and height h 

Y J(A+a+VTa) 
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TABLE 2 

Elements op Usual Sections 1 
xx is the gravity axis parallel to the base, 
c is the distance from the gravity axis xx to the outermost fiber. 

The polar moment of inertia of a plane figure about its center of gravity is equal to 
the sum of the rectangular moments of inertia about anv two gravity axes at right angles, 
lying in the plane of the figure. 
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TABLE 3 
Cantilevers 

P=concentrated load in pounds; 

W —total uniformly distributed load in pounds; 

w== uniformly distributed load in pounds per inch of length; 

E — direct modulus of elasticity in pounds per square inch; 

I =moment of inertia of section in biquadratic inches; 
l —length in inches. 



























CANTILEVERS 


TABLE 3 —Continued 
Cantilevers —Continued 
P = concentrated load in pounds; 

IE = total uniformly distributed load in pounds; 
w = uniformly distributed load in pounds per inch of length; 
E — direct modulus of elasticity in pounds per square inch; 

I = moment of inertia of section in biquadratic inches; 

Z =length in inches- 
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TABLE 4 
Beams 

P = concentrated load in pounds; 

W = total uniformly distributed load in pounds; 
w = uniformly distributed load in pounds per inch of length; 
E = direct modulus of elasticity in pounds per square inch; 

I = moment of inertia of section in biquadratic inches; 

1 =length in inches. 
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TABLE 4 —Continued 

Beams —Continued 
P = concentrated load in pounds; 

W =total uniformly distributed load in pounds; 
w = uniformly distributed load in pounds per inch of length; 
E— direct modulus of elasticity in pounds per square inch; 

I = moment of inertia of section in biquadratic inches; 
l = length in inches. 
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TABLE 5 


Logarithms of Numbers, from 0 to 1000 
(From “Handbook” of Cambria Steel Co.) 


No. 

0 

1 

2 

3 

4 

5 

6 

7 

8 

9 

0 

0 

00000 

30103 

47712 

60206 

69897 

77815 

84510 

90309 

9542^ 

10 

00000 

00432 

00860 

01283 

01703 

02118 

02530 

02938 

03342 

03745 

11 

04139 

04532 

04921 

05307 

05690 

06069 

06445 

06818 

07188 

0755'- 

12 

07918 

08278 

08636 

08990 

09342 

09691 

10037 

10380 

10721 

1105< 

13 

11394 

11727 

12057 

12385 

12710 

13033 

13353 

13672 

13987 

1430: 

14 

14613 

14921 

15228 

15533 

15836 

16136 

16435 

16731 

17026 

1731* 

15 

17609 

17897 

18184 

18469 

18752 

19033 

19312 

19590 

19865 

2013! 

16 

20412 

20682 

20951 

21218 

21484 

21748 

22010 

22271 

22530 

2278* 

17 

23045 

23299 

23552 

23804 

24054 

24303 

24551 

24797 

25042 

2528! 

18 

25527 

25767 

26007 

26245 

26481 

26717 

26951 

27184 

27415 

2764( 

19 

27875 

28103 

28330 

28555 

28780 

29003 

29225 

29446 

29666 

2988* 

20 

30103 

30319 

30535 

30749 

30963 

31175 

31386 

31597 

31806 

32014 

21 

32222 

32428 

32633 

32838 

33041 

33243 

33445 

33646 

33845 

34044 

22 

34242 

34439 

34635 

34830 

35024 

35218 

35410 

35602 

35793 

3598e 

23 

36173 

36361 

36548 

36735 

36921 

37106 

37291 

37474 

37657 

3783c 

24 

38021 

38201 

38381 

38560 

38739 

38916 

39093 

39269 

39445 

3961! 

25 

39794 

39967 

40140 

40312 

40483 

40654 

40824 

40993 

41162 

4133C 

26 

41497 

41664 

41830 

41995 

42160 

42324 

42488 

42651 

42813 

4297* 

27 

43136 

43296 

43456 

43616 

43775 

43933 

44090 

44248 

44404 

4456C 

28 

44716 

44870 

45024 

45178 

45331 

45484 

45636 

45788 

45939 

4608£ 

29 

46240 

46389 

46538 

46686 

46834 

46982 

47129 

47275 

47421 

4756/ 

30 

47712 

47856 

48000 

48144 

48287 

48430 

48572 

48713 

48855 

4899E 

31 

49136 

49276 

49415 

49554 

49693 

49831 

49968 

50105 

50242 

50372 

32 

50515 

50650 

50785 

50920 

51054 

51188 

51321 

51454 

51587 

51712 

33 

51851 

51982 

52113 

52244 

52374 

52504 

52633 

52763 

52891 

5302C 

34 

53148 

53275 

53402 

53529 

53655 

53781 

53907 

54033 

54157 

54282 

35 

54407 

54530 

54654 

54777 

54900 

55022 

55145 

55266 

55388 

55502 

36 

55630 

55750 

55870 

55990 

56110 

56229 | 

56348 

56466 

56584 

56702 

37 

56820 

56937 

57054 

57170 

57287 

57403 

57518 

57634 

57749 

57863 

38 

57978 

58092 

58206 

1 58319 

58433 

58546 

58658 

58771 

58883 

58995 

39 

59106 

59217 

59328 

59439 

59549 

59659 

59769 

59879 

59988 

60097 

40 

60206 

60314 

60422 

60530 

60638 

60745 

60852 

60959 

61066 

61172 

41 

61278 

61384 

61489 

61595 

61700 

61804 

61909 

62013 

62118 

62221 

42 

62325 

62428 

62531 

62634 

62736 

62838 

62941 

63042 

63144 

63245 

43 

63347 

63447 

63548 

63648 

63749 

63848 

63948 

64048 

64147 

64246 

44 

64345 

64443 

64542 

64640 

64738 

64836 

64933 

65030 

65127 

65224 

45 

65321 

65417 

65513 

65609 

.65705 

65801 

65896 

65991 

66086 

66181 

46 

66276 

66370 

66464 

66553 

66651 

66745 

66838 

66931 

67024 

67117 

47 

67210 

67302 

67394 

67486 

67577 

67669 

67760 

67851 

67942 

68033 

48 

68124 

68214 

68304 

68394 

68484 

68574 

68663 

68752 

68842 

68930 

49 

69020 

69108 

69196 

69284 

69372 

69460 

69548 

69635 

69722 

69810 

50 

69897 

69983 

70070 

70156 

70243 

70329 

70415 

70500 

70586 

70671 

51 

70757 

70842 

70927 

71011 

71096 

71180 

71265 

71349 

71433 

71516 

52 

71600 

71683 

71767 

71850 

71933 

72015 

72098 

72181 

72263 

72345 

53 

72428 

72509 

72591 

72672 

72754 

72835 

72916 

72997 

73078 

73158 

54 

73239 

73319 

73399 

73480 

73559 

73639 

73719 

73798 

73878 

73957 
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TABLE 5 —Continued 
Logarithms op Numbers, prom 0 to 1000 
(From “ Handbook” of Cambria Steel Co.) 


No. 

0 

1 

2 

3 

4 

5 

6 

1 7 

i 

8 

9 

55 

74036 

74115 

74193 

74272 

74351 

74429 

74507 

74585 

74663 

74741 

56 

74818 

74896 

74973 

75050 

75127 

75204 

75281 

75358 

! 75434 

75511 

57 

75587 

75663 

75739 

75815 

75891 

75966 

76042 

76117 

76192 

76267 

58 

76342 

76417 

76492 

76566 

76641 

76715 

76789 

76863 

76937 

77011 

59 

77085 

77158 

77232 

77305 

77378 

77451 

77524 | 

77597 

77670 

77742 

60 

77815 

77887 

77959 

78031 

78103 

78175 

78247 

78318 

78390 

78461 

61 

78533 

78604 

78675 

78746 

78816 

78887 

78958 

79028 

79098 

79169 

62 

79239 

79309 

79379 

79448 

79518 

79588 

79657 

79726 

79796 

79865 

63 

79934 

80002 

80071 

80140 

80208 

80277 

80345 

80413 

80482 

80550 

64 

80618 

80685 

80753 j 

80821 

80888 

80956 

81023 

81090 

81157 

81224 

65 

81291 

81358 

81424 

81491 

81557 

81624 

81690 

81756 

81822 

1 81888 

66 

81954 

82020 

82085 

82151 

82216 

82282 

82347 

82412 

82477 

82542 

67 

82607 

82672 i 

82736 

82801 

82866 

82930 

82994 

83058 

83123 

83187 

68 

83250 

83314 

83378 

83442 

83505 

83569 

83632 

83695 

83758 

83821 

69 

83884 

83947 

84010 

84073 

84136 

84198 

84260 

84323 

84385 

84447 

70 ; 

84509 

84571 

84633 

84695 

84757 

84818 

84880 

84941 

85003 

85064 

71 

85125 

85187 

85248 

85309 

85369 

85430 

85491 | 

85551 

85612 

85672 

72 i 

85733 

85793 

85853 

85913 

85973 

86033 

86093 

86153 

86213 

86272 

73 . 

86332 

86391 

86451 

86510 

86569 

86628 

86687 

86746 

86805 

86864 

74 ! 

86923 

86981 

87040 

87098 

87157 

87215 

87273 

87332 

87390 

87448 

75 

87506 

87564 | 

87621 

87679 

87737 

87794 

87852 

87909 

87966 

88024 

76 

88081 

88138 

88195 

88252 

88309 

88366 

88422 

88479 

88536 

88592 

77 

88649 

88705 ! 

88761 

88818 

88874 

88930 

88986 

89042 

89098 

89153 

78 

89209 

89265 

89320 

89376 

89431 

89487 

89542 i 

89597 

89652 

89707 

79 

89762 

89817 | 

89872 

89927 

89982 

90036 

90091 

90145 

90200 

90254 

80 

90309 

90363 I 

90417 

90471 

90525 

90579 

90633 

90687 

90741 ! 

90794 

81 

90848 

90902 

90955 

91009 

91062 

91115 

91169 

91222 

91275 

91328 

82 

91381 

91434 

91487 

91540 

91592 

91645 

91698 

91750 

91803 

91855 

83 

91907 

91960 

92012 

92064 

92116 

92168 

92220 

92272 

92324 

92376 

84 

92427 

92479 

92531 

92582 

92634 

92685 

92737 

92788 

92839 

92890 

85 

92941 

92993 

93044 

93095 

93146 

93196 

93247 

93298 

93348 

93399 

86 

93449 

93500 

93550 

93601 

93651 

93701 i 

93751 

93802 

93852 

93902 

87 

93951 

94001 

94051 

94101 

94151 

94200 

94250 

94300 

94349 

94398 

88 

94448 

94497 

94546 

94596 

94645 

94694 

94743 

94792 

94841 

94890 

89 

94939 

94987 

95036 

95085 

95133 

95182 

95230 

95279 

95327 

95376 

90 

95424 

95472 

95520 

95568 

95616 

95664 

95712 

95760 

95808 

95856 

91 

95904 

95951 

95999 

96047 

96094 

96142 

96189 

96236 

96284 

96331 

92 

96378 

96426 

96473 

96520 

96567 

96614 

96661 

96708 

96754 

96801 

93 

96848 

96895 

96941 

96988 

97034 

97081 

97127 

97174 

97220 

97266 

94 

9731,2 

97359 

97405 

97451 

97497 

97543 

97589 

97635 

97680 

97726 

95 

97772 

97818 

97863 

97909 

97954 

98000 

98045 

98091 

98136 

98181 

96 

98227 

98272 

98317 

98362 

98407 

98452 

98497 

98542 

98587 

98632 

97 

98677 

98721 

98766 

98811 

98855 

98900 

98945 

98989 

99033 

99078 

98 

! 99122 

99166 

99211 

99255 

99299 

99343 , 

99387 

99431 

99475 

99519 

99 

' 99563 

99607 

99651 

99694 

99738 

99782 

99825 

99869 

99913 

99956 
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TABLE 6 


Hyperbolic or Napierian Logarithms (loge) 


To find loge of a number greater than 10 (for example 21): 

Loge 21= loge (10X2.1) =loge 10+loge 21=2.3026+0.7419=3.0445 
(loge = 2.302 Xlogio and e = 2.71828) 


No. 


1.0 

0.0000 

0.0099 

0.0198 

0.0296 

0.0392 

0.0488 

0.0583 

0.0677 

0.0770 

0.0862 

1.1 

0.0953 

0.1044 

0.113 

0.1222 

0.1310 

0.1383 

0.1484 

0.1570 

0.1655 

0.1740 

1.2 

0.1823 

0.1906 

0.1989 

0.2070 

0.2151 

0.2231 

0.2311 

0.2390 

0.2469 

0.2546 

1.3 

0.2624 

0.2700 

0.2776 

0.2852 

0.2927 

0.3001 

0.3075 

0.3148 

0.3221 

0.3293 

1.4 

0.3365 

0.3436 

0.3507 

0.3577 

0.3646 

0.3716 

0.3784 

0.3853 

0.392010.3988 

1.5 

0.4055 

0.4121 

0.4187 

0.4253 

0.4318 

0.4383 

4447 

0.4511 

0.4574 

0.4637 

1.6 

0.4700 

0.4762 

0.4824 

0.4886 

0.4947 

0.5008 

5068 

0.5128 

0.5188 

0.5247 

1.7 

0.5306 

0.5365 

0.5423 

0.5481 

0.5539 

0.5596 

5653 

0.5710 

0.5766 

0.5822 

1.8 

0.5878 

0.5933 

0.5988 

0.6043 

0.6098 

0.6152 

6206 

0.6259 

0.6313 

0.6366 

1.9 

0.6419 

0.6471 

0.6523 

0.6575 

0.6627 

0.6678 

6729 

0.6780 

0.6831 

0.6881 

2.0 

0.6931 

0.6981 

0.7031 

0.7080 

0.7129 

0.7178 

0.7227 

0 7275 

0.7324 

0.7372 

2.1 

0.7419 

0.7467 

0.7514 

0.7561 

0.7608 

0.7655 

0.7701 

0.7747 

0.7793 

0.7839 

2.2 

0.7885 

0.7930 

0.7975 

0.8020 

0.8065 

0.8109 

0.8154 

0.8198 

0.8242 

0.8286 

2.3 

0.8329, 

0.8372 

0.8416 

0.8459 

0.8502 

0.8544 

0.8587 

0 8629 

0.8671 

0.8713 

2.4 

0.8755 

0.8796 

0.8838 

0.8879 

0.8920 

0.8961 

0.9002 

0 9042 

0.9083 

0.9123 

2.5 

0.9163 

0.9203 

0.9243 

0.9282 

0.9322 

0.9361 

0.9400! 

0.9439 

0.9478 

0.9517 

2.6 

0.9555 

0.9594 

0.9632 

0.9670 

0.9708 

0.9746 

0.9783 

0.9821 

0.9858 

0.9895 

2.7 

0.9933 

0.9969 

1.0006 

1.0043 

1.0080 

1.0116 

1.0152 

1.0188 

1.0225 

1.0260 

2.8 

1.0296 

1.0332 

1.0367 

1.0403 

1.0438 

1.0473 

1.0508 

1.0543 

1.0578 

1.0613 

2.9 

1.064' 

1.0682 

1.0716 

1.0750 

1.0784 

1.0818 

1.0852(1.0886 

1.0919 

1.0953 

3.0 

1.0986 

1.1019 

1.1053 

1.1086 

1.1119 

1.1151 

1.1184 

1.1217 

1.1249 

1.1282 

3.1 

1.1314| 

1.1346 

1.1378 

1.1410 

1.1442 

1.1474 

1.1506 

1.1537 

1.1569 

1.1600 

3.2 

1.163: 

1.1663 

1.1694 

1.1725 

1.1756 

1.1787 

1.1817 

1.1848 

1.1878 

1.1909 

3.3 

1.1939 

1.1969 

1.2000 

1.2030 

1.2060 

1.2090 

1.2129 

1.2149 

1.2179 

1.2208 

3.4 

1.2238 

1.2267 

1.2296 

1.2326 

1.2355 

1.2384 

1.2413 

1.2442 

1.2470 

1.2499 

3.5 

1.2528 

1.2556 

1.2585! 

1.2613 

1.2641 

1.2669 

1.2698 

1.2726 

1.2754| 

1.2782 

3.6 

.2809 

1.2837 

1.2865 

1.2892 

1.2920 

1.2947 

1.2975 

1.3002 

1.3029 

1.3056 

3.7 

.3083 

1.3110 

1.3137 

1.3164 

1.3191 

1.3218 

1.3244 

1 3271 

1.3297 

1.3324 

3.8 

.3350 

1.3376 

1.3403 

1.3429 

1.3455 

1.3481 

1.3507 

1.3533 

1.3558 

1.3584 

3.9 

1.3610 

1.3635 

1.3661 

1.3686 

1.3712 

1.3737 

1.3762 

1.3788 

1.3813 

1.3838 

4.0 

1.3863 

1.3888 

1.3913 

1.3938 

1.3962 

1.3987 

1.4012 

1.4036 

1.4061 

1.4085 

4.1 

1.4110 

1.4134 

1.4159 

1.4183 

1.4207 

1.4231 

1.4255 

1.4279 

1.4303 

1.4327 

1.2 

1.4351 

1.4375 

1.4398 1 

1.4422 

1.4446 

1.4469 

1.4493 

1.4516 

1.4540 

1.4563 

4.3 

1.4586 

1.4609 

1.4633 

1.4656 

1.4679 

1.4702 

1.47251 

1.4748 

1.4770 

1.4793 

4.4 

1.4816 

1.4839 

1.4861 

1.4884 

1.4907! 

1.4929 

1.495l| 

1.4974 

1.4996 

1.5019 

4.5 

1.5041 

1.5063 

1.5085| 

1.5107 

1.5129 

1.5151 

1.5173 

1,5195 

1.5217 

1.5239 

4.6 

1.5261 

1.5282 

1.5304| 

1.5326 

1.53471 

1.5369 

1.5390 

1.5412 

1.5433 

1.5454 

4.7 

1.5476 

1.5497 

1.5518 

1.5539 

1.55601 

1.5581 

1.5602 

1,5623 

1.5644 

1.5665 

4.8 

1.5686, 

1.5707 

1.5728 

1.5748 

1.5769 

1.5790 

1.5810 

1.5831 

1.5851 

1.5872 

4.9 

1.5892! 

1.5913 

1.5933 

1.5953 

1.59741 

1.5994 

1.6014 

1.6034 

1.6054| 1.6074 

5.0 

1.6094 

1.6114 

1.6134 

1.6154 

1.6174 

1.6194 

1.6214] 

1.6233 

1.6253 

1.6273 

5.1 

1.6292 

1.6312 

1.6332 

1.6351 

1.6371 

1.6390 

1.6409| 

1.6429 

1.6448 

1.6467 

5.2 

1.6487 

1.6506 

1.6525 

1.6544 

1.6563 

1.6582 

1.6601 

1.6620 

1.6639 

1.6658 

5.3 

1.6677 

1.6696 

1.6715 

1.6734 

1.6752 

1.6771 

1.6790| 

1.6808 

1.6827 

1.6845 

5.4 

1.6864 

1.6882 

1.6901 

1.6919 

1.6938 

1.6956 

1.6974| 

1.6993 

1.7011 

1.7029 
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TABLE 6 —Continued 

Hyperbolic or Napierian - Logarithms (loge) 

To find logs of a number greater than 10 (for example 21): 

Loge 21 =loge (10X2.1) — loge 10+log e 2.1=2.3026+0.7419 = 3.0445 


e = 2.302Xlogio and e=2.71828) 


No. 

0 

1 

2 

3 

4 

5 

6 

7 

8 

9 

5.5 

1.7047 

1.7066 

1.7084 

1.7102 

1.7120 

1.7138 

1.7156 

1.7174 

1.7192 

1.7210 

5.6 

1.7228 

1.7246 

1.7263 

1.7281 

1.7299 

1.7317 

1.7334 

1.7352 

1.7370 

1.7387 

5.7 

1.7405 

1.7422 

1.7440 

1.7457 

1.7475 

1.7492 

1.7509 

1.7527 

1.7544 

1.7561 

5.8 

1.7579 

1.7596 

1.7613 

1.7630 

1.7647 

1.7664 

1.7681 

1.7699 

1.7716 

1.7733 

5.9 

1.7750 

1.7766 

1.7783 

1.7800 

1.7817 

1.7834 

1.7851 

1.7867 

1.7884 

1.7901 

6.0 

1.7918 

1.7934 

1.7951 

1.7967 

1.7984 

1.8001 

1.8017 

1.8034 

1.8050 

1.8066 

6.1 

1.8083 

1.8099 

1.8116 

[ 1.8132 

1.8148 

1.8165 

1.8181 

1.8197 

1.8213 

1.8229 

6.2 

1.8245 

1.8262 

1.8278 

1.8294 

1.8310 

1.8326 

1.8342 

1.8358 

1.8374 

1.8390 

6.3 

1.8405 

1.8421 

1.8437 

1.8453 

1.8469 

1.8485 

1.8500 

1.8516 

1.8532 

1.8547 

6.4 

1.8563 

1.8579 

1.8594 

1.8610 

1.8625 

1.8641 

1.8656 

1.8672 

1.8687 

1.8703 

6.5 

1.8718 

^ 1.8733 

1.8749 

1.8764 

1.8779 

1.8795 

1.8810 

1.8825 

1.8840 

1.8856 

6.6 

1.8871 

1.8886 

1.8901 

1.8916 

1.8931 

1.8946 

1.8961 

1.8976 

1.8991 

1.9006 

6.7 

1.9021 

1.9036 

1.9051 

1.9066 

1.9081 

1.9095 

1.9110 

1.9125 

1.9140 

1.9155 

6.8 

1.9169 

1.9184 

1.9199 

1.9213 

1.9228 

1.9242 

1.9257 

1.9272 

1.9286 

1.9301 

6.9 

1.9315 

1.9330 

1.9344 

1.9359 

1.9373 

1.9387 

1.9402 

1.9416 

1.9430 

1.9445 

7.0 

1.9459 

1.9473 

1.9488 

1.9502 

1.9516 

1.9530 

1.9544 

1.9559 

1.9573 

1.9587 

7.1 

1.9601 

1.9615 

1.9629 

1.9643 

1.9657 

1.9671 

1.9685 

1.9699 

1.9713 

1.9727 

7.2 

1.9741 

1.9755 

1.9769 

1.9782 

1.9796 

1.9810 

1.9824 

1.9838 

1.9851 

1.9865 

7.3 

1.9879 

1.9892 

1.9906 

1.9920 

1.9933 

1.9947 

1.9961 

1.9974 

1.9988 

2.0001 

7.4 

2.0015 

2.0028 

2.0042 

2.0055 

2.0069 

2.0082 

' 2.0096 

2.0109 

2.0122 

2.0136 

7.5 

2.0149 

2.0162 

2.0176 

2.0189 

2.0202 

2.0215 

2.0229 

2.0242 

2.0255 

2.0268 

7.6 

2.0281 

2.0295 

2.0308 

2.0321 

2.0334 

2.0347 

2.0360 

2.0373 

2.0386 

2.0399 

7.7 

2.0412 

2.0425 

2.0438 

2.0451 

2.0464 

2.0477 

2.0490 

2.0503 

2.0516 

2.0528 

7.8 

2.0541 

2.0554 

2.0567 

2.0580 

2.0592 

2.0605 

2.0618 

2.0631 

2.0643 

2.0656 

7.9 

2.0669 

2.0681 

2.0694 

2.0707 

2.0719 

2.0732 

2.0744 

2.0757 

2.0769 

2.0782 

8.0 

2.0794 

2.0807 

2.0819 

2.0832 

2.0844 

2.0857 

2.0869 

2.0882 

2.0894 

2.0906 

8.1 

2.0919 

2.0931 

2.0943 

2.0956 

2.0968 

2.0980 

2.0992 

2.1005 

2.1017 

2.1029 

8.2 

2.1041 

2.1054 

2.1066 

2.1078 

2.1090 

2.1102 

2.1114 

2.1126 

2.1138 

2.1150 

8.3 

2.1163 

2.1175 

2.1187 

2.1199 

2.1211 

2.1223 

2.1235 

2.1247 

2.1258 

2.1270 

8.4 

2.1282 

2.1294 

2.1306 

2.1318 

2.1330 

2.1342 

2.1353 

2.1365 

2.1377 

2.1389 

8.5 

2.1401 

2.1412 

2.1424 

2.1436 

2.1448 

2.1459 

2.1471 

2.1483 

2.1494 

2.1506 

8.6 

2.1518 

2.1529 

2.1541 

2.1552 

2.1564 

2.1576 

2.1587 

2.1599 

2.1610 

2.1622 

8.7 

2.1633 

2.1645 

2.1656 

2.1668 

2.1679 

2.1691 

2.1702 

2.1713 

2.1725 

2.1736 

8.8 

2.1748 

2.1759 

2.1770 

2.1782 

2.1793 

2.1804 

2.1815 

2.1827 

2.1838 

2.1849 

8.9 

2.1861 

2.1872 

2.1883 

2.1894 

2.1905 

2.1917 

2.1928 

2.1939 

2.1950 

2.1961 

9.0 

2.1972 

2.1983 

2.1994 

2.2006 

2.2017 

2.2028 

2.2039 

2.2050 

2.2061 

2.2072 

9.1 

2.2083 

2.2094 

2.2105 

2.2116 

2.2127 

2.2138 

2.2148 

2.2159 

2.2170 

2.2181 

9.2 

2.2192 

2.2203 

2.2214 

2.2225 

2.2235 

2.2246 

2.2257 

2.2268 

2.2279 

2.2289 

9.3 

2.2^00 

2.2311 

2.2322 

2.2332 

2.2343 

2.2354 

2.2364 

2.2375 

2.2386 

2.2396 

9.4 

2.2407 

2.2418 

2.2428 

2.2439 

2.2450 

2.2460 

2.2471 

2.2481 

2.2492 

2.2502 

9.5 

2.2513 

2.2523 

2.2534 

2.2544 

2.2555 

2.2565 

2.2576 

2.2586 

2.2597 

2.2607 

9.6 

2.2618 

2.2628 

2.2638 

2.2649 

2.2659 

2.2670 

2.2680 

2.2690 

2.2701 

2.2711 

9.7 

2.2721 

2.2732 

2.2742 

2.2752 

2.2762 

2.2773 

2.2783 

2.2793 

2.2803 

2.2814 

9.8 

2.2824 

2.2834 

2.2844 

2.2864 

2.2865 

2.2875 

2.2885 

2.2895 

2.2905 

2.2915 

9.9 

2.2925 

2.2935 

2.2946 

2.2956 

2.2966 

2.2976 

2.2986 

2.2996 

2.3006 

2.3016 

10. 

2.3026 

2.3125 

2.3224 

2.3322 

2.3418 

2.3513 

2.3609 

2.3702 2.3795 

2.3887 
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MISCELLANEOUS INFORMATION IN TABULAR FORM 


TABLE 7 

Natural Trigonometric Functions 


(From “Pocket Companion” of Carnegie Steel Co.) 






Sines. 




Degrees. 


10' 

20' 

30' 

40' 

50' 

60' 

Cosines. 

0 

0.00000 

0.00291 

0.00582 

0.00873 

0.011641 

0.01454 

0.01745 

89 

1 

0.01745 

0.020361 

0.02327 

0.02618) 0.02908 

0.03199 

0.03490 

88 

2 

0.03490 

0.03781 

0.04071 

0.04362 

0.04653 

0.04943 

0.05234 

87 

3 

0.05234 

0.05524 

0.05814 

0.06105 

0.06395 

0.06685 

0.06976 

86 

4 

0.06976 

0.07266 

0.07556 

0.07846 

0.08136 

0.08426 

0.08716 

85 

5 

0.08716 

0.09005 

0.09295 

0.09585 

0.09874 

0.10164 

0.10453 

84 

6 

0.10453 

0.10742 

0.11031 

0.11320 

0.11609 

0.11898 

0.12187 

83 

7 

0.12187) 

0.12476 

0.12764 1 

0.13053 

0.13341 

0.13629 

0.13917 

82 

8 

0.13917) 

0.14205 

0.14493 

0.14781 

0.15069 

0.15356 

0.15643 

81 

9 

0.15643 

0.15931 

0.162181 0.16505 

0.16792' 

0.17078 

0.17365 

80 

10 

0.17365 

0.17651 

0.17937 

0.182241 0.18509 

0.18795 

0.19081 

79 

11 

0.19081 

0.19366 1 

0.19652 

0.19937 

0.20222 1 

0.20507 

0.20791 

78 

12 

0.20791 

0.21076 

0.21360 

0.21644 

0.21928 

0.22212 

0.22495 

77 

13 

0.22495 

0.22778, 

0.23062 

0.23345 

0.23627 

0.23910 

0.24192 

76 

14 

0.24192 

0.24474 1 

0.247561 0.25038 

0.25320 

0.25601 

0.25882 

75 

15 

0.25882 

0.26163 

0.26443 

0.26724 

0.27004, 

0.272841 

0.27564 

74 

16 

0.27564' 

0.27843 

0.28123 

0.2S402 1 0.28680 

0.28959) 

0.29237 

73 

17 

0.29237 

0.29515 

0.29793 

0.30071 

0.30348 

0.30625 

0.30902 

72 

18 

0.30902 

0.31178 

0.31454 

0.31730 

0.32006 

0.32282 

0.32557 

71 

19 

0.32557| 

0.32832 

0.33106 

0.33381 

0.33655 

0.33929 

0.34202 

70 

20 

0.34202 

0.34475 

0.34748 

0.35021 

0.35293 

0.35565; 

0.35837 

69 

21 

0.35837 

0.361081 

0.36379 

0.36650 1 

0.36921 

0.37191 

0.37461 

68 

22 

0.37461 

0.37730| 

0.37999 

0.38268 

0.38537 

0.38805 

0.39073 

67 

23 

0.39073 

0.39341 

0.39608 

0.39875 

0.401421 

0.40408, 

0.40674 

66 

24 

0.40674 

0.40939 

0.41204) 0.41469 

0.41734) 

0.41998 

0.42262) 

65 

25 

0.42262 

0.42525 

0.42788 

0.43051 

0.43313 

0.43575 

0.43837 

64 

26 

0.43837 

0.44098 

0.44359 0.44620 

0.44880! 

0.45140 

0.45399 

63 

27 

0.45399 

0.45658 

0.45917 

0.46175) 

0.46433 

0.46690 

0.46947 

62 

28 

0.46947 

0.47204 

0.47460 

0.47716 

0.47971 

0.48226 

0.48481 

61 

29 

0.48481 

0.48735 

0.48989 

0.49242 

0.49495 

0.49748 

0.50000 

60 

30 

0.500001 

0.50252 

0.50503i 

0.50754, 

0.51004 

0.51254 

0.51504 

59 

31 

0.51504 

0.51753 

0.52002 

0.52250 

0.52498 

0.52745 

0.52992 

58 

32 

0.52992 

0.53238 

0.53484| 

0.53730 

0.53975 

0.54220 

0.54464 

57 

33 

0.54464 

0.54708 

0.54951 

0.551941 

0.55436 

0.55678, 

0.55919 

56 

34 

0.55919 

0.56160 

0.56401! 

0.56641 

0.56880 

0.57119 

0.57358 

55 

35 

0.57358 

0.57596 

0.57833 

0.58070 

0.58307 

0.58543i 

0.58779 

54 

36 

0.58779 

0.59014 

0.5924S 

0.59482 

0.59716 

0.59949 1 

0.60182 

53 

37 

0.60182 

0.60414 

0.60645 

0.60876 

0.61107 

0.61337 

0.61566 

52 

38 

0.61566 

0.61795 

0.62024 

0.62251 

0.624791 

0.62700 

0.62932 

51 

39 

0.62932 

0.631581 

0.63383 

0.63608) 0.63832) 

0.64056 

0.64279 

50 

40 

0.64279 

0.64501 

0.64723 

0.64945 

0.65166 

0.65386 

0.65606 

49 

41 

0.65606 

0.658251 

0.66044 

0.66262 

0.66480 

0.66697 

0.66913 

, 48 

42 

0.66913 

0.67129 

0.67344 

0.67559 

0.67773 

0.67987 

0.68200 

47 

43 

0.68200 

0.68412 

0.68624 

0.68835 

0.69046) 

0.69256 

0.69466 

46 

44 

0.69466 

0.69675 

0.69883 

0.70091 

0.70298| 

0.70505 

0.70711 

45 

Sines. 

60' 

50' 

40' 

30' 

Cosines. 

20' 

10' 

0' 

Degrees. 
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TABLE 7 —Continued 
Natural Trigonometric Functions 


(From “Pocket Companion” of Carnegie Steel Co.) 


Degrees. 

Cosines. I 


O' 

10 ' 

20 ' 

30' 

40' 

50' 

60' 

Sines. 

0 

1.00000 

1.00000 

0.99998 

0.99996 

0.99993 

0.99989 

0.99985 

89 

I 

0.99985 

0.99979 

0.99973 

0.99966 

0.99958 

0.99949 

0.99939 

88 

2 

0.99939 

0.99929 

0.99917 

0.99905 

0.99892 

0.99878 

0.99863 

87 

3 

0.99863 

0.99847 

0.99831 

0.99813 

0.99795 

0.99776 

0.99756 

86 

4 

0.99756 

0.99736 

0.99714 

0.99692 

0.99668 

0.99644 

0.99619 

85 

5 

0.99619 

0.99594 

0.99567 

0.99540 

0.99511 

0.99482 

0.99452 

84 

6 

0.99452 

0.99421 

0.99390 

0.99357 

0.99324 

0.99290 

0.99255 

83 

7 

0.99255 

0.99219 

0.99182 

0.99144 

0.99106 

0.99067 

0.99027 

82 

8 

0.99027 

0.98986 

0.98944 

0.98902 

0.98858 

0.98814 

0.98769 

81 

9 

0.98769 

0.98723 

0.98676 

0.98629 

0.98580 

0.98531 

0.98481 

80 

10 

0.98481 

0.98430 

0.98378 

0.98325 

0.98272 

0.98218 

0,98163 

79 

11 

0.98163 

0.98107 

0.98050 

0.97992 

0.97934 

0.97875 

0.97815 

78 

12 

0.97815 

0.97754 

0.97692 

0.97630 

0.97566 

0.97502 

0.97437 

77 

13 

0.97437 

0.97371 

0.97304 

0.97237 

0.97169 

0.97100 

0.97030 

76 

14 

0.97030 

0.96959 

0.96887 

0.96815 

0.96742 

0.96667 

0.96593 

75 

15 

0.96593 

0.96517 

0.96440 

0.96363 

0.96285 

0.96206 

0.96126 

74 

16 

0.95126 

0.96046 

0.95964 

0.95882 

0.95799 

0.95715 

0.95630 

73 

17 

0.95630 

0.95545 

0.95459 

0.95372 

0.95284 

0.95195 

0.95106 

72 

18 

0.95106 

0.95015 

0.94924 

0.94832 

0.94740 

0.94646 

0.94552 

71 

19 

0.94552 

0.94457 

0.94361 

0.94264 

0.94167 

0.94068 

0.93969 

70 

20 

0.93969 

0.93869 

0.93769 

0.93667 

0.93565 

0.93462 

0.93358 

69 

21 

0.93358 

0.93253 

0.93148 

0.93042 

0.92935 

0.92827 

0.92718 

68 

22 

0.92718 

0.92609 

0.92499 

.92388 

0.92276 

0.92164 

0.92050 

67 

23 

0.92050 

0.91936 

0.91822 

0.91706 

0.91590 

0.91472 

0.91355 

66 

24 

0.91355 

0.91236 

0.91116 

0.90996 

0.90875 

0.90753 

0.90631 

65 

25 

0.90631 

0.90507 

0.90383 

0.90259 

0.90133 

0.90007 

0.89879 

64 

25 

0.89879 

0.89752 

0.89623 

0.89493 

0.89363 

0.89232 

0.89101 

63 

27 

0.89101 

0.88968 

0.88835 

0.88701 

0.88566 

0.88431 

0.88295 

62 

28 

0.88295 

0.88158 

0.88020 

0.87882 

0.87743 

0.87603 

0.87462 

61 

29 

0.87462 

0.87321 

0.87178 

0.87036 

0.86892 

0.86748 

0.86603 

60 

30 

0.86603 

0.86457 

0.86310 

0.86163 

0.86015 

0.85866 

0.85717 

59 

31 

0.85717 

0.85567 

0.85416 

0.85264 

0.85112 

0.84959 

0.84805 

58 

32 

0.84805 

0.84050 

0.84495 

0.84339 

0.84182 

0.84025 

0.83867 

57 

33 

0.838(57 

0.83708 

0.83549 

0.83389 

0.83228 

0.83066 

0.82904 

56 

34 

0.82904 

0.82741 

0.82577 

0.82413 

0.82248 

0.82082 

0.81915 

55 

35 

0.81915 

0.81748 

0.81580 

0.81412 

0.81242 

0.81072 

0.80902 

54 

36 

0.80902 

0.80730 

0.80558 

0.80386 

0.80212 

0.80038 

0.79864 

53 

37 

0.79864 

0.79688 

0.79512 

0.79335 

0.79158 

0.78980 

0.78801 

52 

38 

0.78801 

0.78622 

0.78442 

0.78261 

0.78079 

0.77897 

0.77715 

51 

39 

0.77715 

0.77531 

0.77347 

0.77162 

0.76977 

0.76791 

0.76604 

50 

40 

0.76604 

0.76417 

0.76229 

0.76041 

0.75851 

0.75661 

0.75471 

49 

41 

0.75471 

0.75280 

0.75088 

0.74896 

0.74703 

0.74509 

0.74314 

48 

42 

0.74314 

0.74120 

0.73924 

0.73728 

0.73531 

0.73333 

0.73135 

47 

43 

0.73135 

0.72937 

0.72737 

0.72537 

0.72337 

0.72136 

0.71934 

46 

44 

0.71934 

0.71732 

0.71529 

0.71325 

0.71121 

0.70916 

0.70711 

45 

Cosines. 

60' 

50' 

40' 

30' ] 

20 ' 

10 ' 

0 ' 

Degrees, 


Sines. 
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TABLE 7 —Continued 
Natural Trigonometric Functions 


(From “ Pocket Companion ” of Carnegie Steel Co) 


Degrees. 

| Tangents. 1 

Co¬ 

tangents. 

0' 

10' 

20' 

30' 

40' 

50' 

60' 

0 

0.00000 

0.00291 

0.00582 

0.00873 

0.01164 

0.01455 

0.01746 

89 

1 

0.01746 

0.02036 

0.02328 

0.02619 

0.02910 

0.03201 

0.03492 

88 

2 

0.03492 

0.03783 

0.04075 

0.04366 

0.04658 

0.04949 

0.05241 

87 

3 

0.05241 

0.05533 

0.05824 

0.06116 

0.06408 

0.06700 

0.06993 

86 

4 

0.06993 

0.07285 

0.07578 

0.07870 

0.08163 

0.08456 

0.08749 

85 

5 

0.08749 

0.09042 

0.09335 

0.09629 

0,09923 

0.10216 

0.10510 

84 

6 

0.10510 

0.10805 

0.11099 

0.11394 

0.11688 

0.11983 

0.12278 

83 

7 

0.12278 

0.12574 

0.12869 

0.13165 

0.13461 

0.13758 

0.14054 

82 

8 

0.14054 

0.14351 

0.14648 

0.14945 

0.15243 

0.15540 

0.15838 

81 

9 

0.15838 

0.16137 

0.16435 

0.16734 

0.17033 

0.17333 

0.17633 

80 

10 

0.17633 

0.17933 

0.18233 

0.18534 

0.18835 

0.19136 

0.19438 

79 

11 

0.19438 

0.19740 

0.20042 

0.20345 

0.20648 

0.20952 

0.21256 

78 

12 

0.21256 

0.21560 

0.21864 

0.22169 

0.22475 

0.22781 

0.23087 

77 

13 

0.23087 

0.23393 

0.23700 

0.24008 

0.24316 

0.24624 

0.24933 

76 

14 

0.24933 

0.25242 

0.25552 

0.25862 

0.26172 

0.26483 

0.26795 

75 

15 

0.26795 

0.27107 

0.27419 

0.27732 

0.28046 

0.28360 

0.28675 

74 

16 

0.28675 

0.28990 

0.29305 

0.29621 

0.29938 

0.30255 

0.30573 

73 

17 

0.30573 

0.30891 

0.31210 

0.31530 

0.31850 

0.32171 

0.32492 

72 

18 

0.32492 

0.32814 

0.33136 

0.33460 

0.33783 

0.34108 

0.34433 

71 

19 

0.34433 

0.34758 

0.35085 

0.35412 

0.35740 

0.36068 

0.36397 

70 

20 

0.36397 

0.36727 

0.37057 

0.37388 

0.37720 

0.38053 

0.38386 

69 

21 

0.38386 

0.38721 

0.39055 

0.39391 

0.39727 

0.40065 

0.40403 

68 

22 

0.40403 

0.40741 

0.41081 

0.41421 

0.41763 

0.42105 

0.42447 

67 

23 

0.42447 

0.42791 

0.43136 

0.43481 

0.43828 

0.44175 

0.44523 

66 

24 

0.44523 

0.44872 

0.45222 

0.45573 

0.45924 

0.46277 

0.46631 

65 

25 

0.46631 

0.46985 

0.47341 

0.47698 

0.48055 

0.48414 

0.48773 

64 

26 

0.48773 

0.49134 

0.49495 

0.49858 

0.50222 

0.50587 

0.50953 

63 

27 

0.50953 

0.51320 

0.51688 

0.52057 

0.52427 

0.52798 

0.53171 

62 

28 

0.53171 

0.53545 

0.53920 

0.54296 

0.54674 

0.55051 

0.55431 

61 

29 

0.55431 

0.55812 

0.56194 

0.56577 

0.56962 

0.57348 

0.57735 

60 

30 

0.57735 

0.58124 

0.58513 

0.58905 

0.59297 

0.59691 

0.60086 

59 

31 

0.60086 

0.60483 

0.60881 

0.61280 

0.6,1681 

0.62083 

0.62487 

58 

32 

0.62487 

0.62892 

0.63299 

0.63707 

0.64117 

0.64528 

0.64941 

57 

33 

0.64941 

0.65355 

0.65771 

0.66189 

0.66608 

0.67028 

0.67451 

56 

34 

0.67451 

0.67875 

0.68301 

0.68728 

0.69157 

0.69588 

0.70021 

55 

35 

0.70021 

0.70455 

0.70891 

0.71329 

0.71769 

0.72211 

0.72654 

54 

36 

0.72654 

0.73100 

0.73547 

0.73996 

0.74447 

0.74900 

0.75355 

53 

37 

0.75355 

0.75812 

0.76272 

0.76733 

0.77196 

0.77661 

0.78129 

52 

38 

0.78129 

0.78598 

0.79070 

0.79544 

0.80020 

0.80498 

0.80978 

51 

39 

0.80978 

0.81461 

0.81946 

0.82434 

0.82923 

0.83415 

0.83910 

50 

40 

0.83910 

0.84407 

0.84906 

0.85408 

0.85912 

0.86419 

0.86929 

49 

41 

0.86929 

0.87441 

0.87955 

0.88473 

0.88992 

0.89515 

0.90040 

48 

42 

0.90040 

0.90569 

0.91099 

0.91633 

0.92170 

0.92709 

0.93252 

47 

43 

0.93252 

0.93797 

0.94345 

0.94896 

0.95451 

0.96008 

0.96569 

46 

44 

0.96569 

0.97133 

0.97700 

0.98270 

0.98843 

0.99420 

1.00000 

45 

Tangents. 

60' 

50' 

40' 

30' 

20' 

10' 

0' 

Degrees. 


Cotangents. 
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TABLE 7 —Continued 
Natural Trigonometric Functions 


(From “ Pocket Companion ” of Carnegie Steel Co.) 


De¬ 

grees. 

Cotangents. | 

Tan¬ 

gents. 

O' 

10' 

20' 

30' 

40' 

50' 

60' 

0 

OO 

343.77371 

171.88540 

114.58865 

85.93979 

68.75009 

57.28996 

89 

1 

57.28996 

49.10388 

42.96408 

38.18846 

34.36777 

31.24158 

28.63625 

88 

2 

28.63625 

26.43160 

24.54176 

22.90377 

21.47040 

20.20555 

19.08114 

l 87 

3 

19.08114 

18.07498 

17.16934 

16.34986 

15.60478 

14.92442 

14.30067 

86 

4 

14.30067 

13.72674 

13.19688 

12.70621 

12.25051 

11.82617 

11.43005 

85 

5 

11.43005 

11.05943 

10.71191 

10.38540 

10.07803 

9.78817 

9.51436 

84 

6 

9.51436 

9.25530 

9.00983 

8.77689 

8.55555 

8.34496 

8.14435 

83 

7 

8.14435 

7.95302 

7.77035 

7.59575 

7.42871 

7.26873 

7.11537 

82 

8 

7.11537 

6.96823 

6.82694 

6.69116 

6.56055 

6.43484 

6.31375 

81 

9 

6.31375 

6.19703 

6.08444 

5.97576 

5.87080 

5.76937 

5.67128 

80 

10 

5.67128 

5.57638 

5.48451 

5.39552 

5.30928 

5.22566 

S.144SS 

79 

11 

5.14455 

5.06584 

4.98940 

4.91516 

4.84300 

4.77286 

4.70463 

78 

12 

4.70463 

4.63825 

4.57363 

4.51071 

4.44942 

4.38969 

4.33148 

77 

13 

4.33148 

4.27471 

4.21933 

4.16530 

4.11256 

4.06107 

4.01078 

76 

14 

4.01078 

3.96165 

3.91364 

3.86671 

3.82083 

3.77595 

3.73205 

75 

15 

3.73205 

3.68909 

3.64705 

3.60588 

3.56557 

3.52609 

3.48741 

74 

16 

3.48741 

3.44951 

3.41236 

3.37594 

3.34023 

3.30521 

3.27085 

73 

17 

3.27085 

3.23714 

3.20406 

3.17159 

3.13972 

3.10842 

3.07768 

72 

18 

3.07768 

3.04749 

3.01783 

2.98869 

2.96004 

2.93189 

2.90421 

71 

19 

2.90421 

2.87700 

2.85023 

2.82391 

2.79802 

2.77254 

2.74748 

70 

20 

2.74748 

2.72281 

2.69853 

2.67462 

2.65109 

2.62791 

2.60509 

69 

21 

2.60509 

2:58261 

2.56046 

2.53865 

2.51715 

2.49597 

2.47509 

68 

22 

2.47509 

2.45451 

2.43422 

2.41421 

2.39449 

2.37504 

2.35585 

67 

23 

2.35585 

2.33693 

2.31826 

2.29984 

2.28167 

2.26374 

2.24604 

66 

24 

2.24.604 

2.22857 

2.21132 

2.19430 

2.17749 

2.16090 

2.14451 

65 

25 

2.14451 

2.12832 

2.11233 

2.09654 

2.08094 

: 2.06553 

2.05030 

64 

26 

2.05030 

2.03526 

2.02039 

2.00569 

1.99116 

1.97680 

1.96261 

63 

27 

1.96261 

1.94858 

1.93470 

1.92098 

1.90741 

1.89400 

1.88073 

62 

28 

1.88073 

1.86760 

1.85462 

1.84177 

1.82907 

1.81649 

1.80405 

61 

29 

1.80405 

1.79174 

1.77955 

1.76749 

1.75556 

1.74375 

1.73205 

60 

30 

1.73205 

1.72047 

1.70901 

1.69766 

1.68643 

1.67530 

1.66428 

59 

31 

1.66428 

1.65337 

1.64256 

1.63185 

1.62125 

1.61074 

1.60033 

58 

32 

1.60033 

1.59002 

1.57981 

1.56969 

1.55966 

1.54972 

1.53987 

57 

33 

1.53987 

1.53010 

1.52043 

1.51084 

1.50133 

1.49190 

1.48256 

56 

34 

1.48256 

1.47330 

1.46411 

1.45501 

1.44598 

1.43703 

1.42815 

55 

35 

1.42815 

1.41934 

1.41061 

1.40195 

1.39336 

. 1.38484 

1.37638 

54 

36 

1.37638 

1.36800 

1.35968 

1.35142 

1.34323 

1.33511 

1.32704 

53 

37 

1.32704 

1.31904 

1.31110 

1.30323 

1.29541 

1.28764 

1.27994 

52 

38 

1.27994 

1.27230 

1.26471 

1.25717 

1.24969 

1.24227 

1.23490 

51 

39 

1.23490 

1.22758 

1.22031 

1.21310 

1.20593 

1.19882 

1.19175 

50 

40 

1.19175 

1.18474 

1.17777 

1.17085 

1.16398 

1.15715 

1.15037 

49 

41 

1.15037 

1.14363 

1.13694 

1.13029 

1.12369 

1.11713 

1.11061 

48 

42 

1.11061 

1.10414 

1.09770 

1.09131 

1.08496 

1.07864 

1.07237 

47 

43 

1.07237 

1.06613 

1.05994 

1.0537S 

1.04766 

1.04158 

1.03553 

46 

44 

1.03553 

1.02952 

1.02355 

1.01761 

1.01170 

1.00583 

1.00000 

45 

Cotan¬ 

60' 

50' 

40' 

30' 

20' 

10' 

0' 

De- 

gents. 

1 Tangents. 

grees.. 
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TABLE 8 


Decimal Equivalents of Fractions of One Inch 


Six- 

Thirty- 

Sixty- 


Six- 

Thirty- 

Sixty- 


teenths. 

seconds. 

fourths. 

Decimals. 

teenths. 

seconds. 

fourths. 

Decimals. 

16 

32 

64 


16 

32 

64 




1 

.015625 



33 

.515625 


1 


.03125 


17 


. 53125 



3 

.046875 



35 

.546875 

1 



.0625 

9 



.5625 



5 

.078125 



37 

.578125 


3 


.09375 


19 


.59375 



7 

.109375 



39 

.609375 

2 



.125 

10 



625 



9 

.140625 



41 

.640625 


5 


. 15625 


21 


65625 



11 

.171875 



43 

.671875 

3 



.1875 

11 



6875 



13 

.203125 

j 


45 

.703125 


7 


.21875 


23 


71875 



15 

.234375 



47 

.734375 

4 



.25 

12 



.75 



17 

.265625 



49 

.765625 


9 


.28125 


25 


.78125 



19 ! 

.296875 



51 

.796875 

5 



.3125 

13 



.8125 



21 

.328125 



53 

.828125 


11 


.34375 


27 


.84375 



23 

.359375 



55 

.859375 

6 1 



.375 

14 



.875 



25 

.390625 



57 

.890625 


13 


.40625 


29 


90625 



27 

.421875 



59 

.921875 

7 



.4375 

15 



9375 



29 

.453125 



61 

.953125 


15 


.46875 


31 


.96875 



31 

.484375 



63 

.984375 

8 



.5 
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TABLE 9 


Drill Sizes 


Size. 

Decimal 

Equivalent. 

Size. 

Decimal 

Equivalent. 

Size. 

Decimal 

Equivalent. 

Size. 

Decimal 

Equivalent. 

80 

79 

fa 

78 

77 

76 

75 

74 

73 

72 

71 

70 

69 

68 

fa 

67 

66 

65 

64 

63 

62 

61 

60 

59 

58 

57 

56 

fa 

55 

54 

53 

fa 

52 

51 

50 

49 

.0135 

.0145 

.015625 

.016 

.018 

.020 

.021 

.0225 

.024 

.025 

.026 

.028 

.02925 

.031 

.03125 

.032 

.033 

.035 

.036 

.037 

.038 

.039 

.040 

.041 

1 .042 

.043 
.0465 
.046875 
.052 
.055 
.0595 
.0625 
.0635 
.067 
.070 
.073 

1 

48 

fa 

47 

46 

45 

44 

43 

42 

fa 

41 

40 

39 

38 

37 

36 

fa 

35 

34 

33. 

32 

31 

i 

30 

29 

28 

fa 

27 

26 

1 25 

24 

23 

fa 

22 

21 

20 

19 

.076 

.078125 

.0785 

.081 

.082 

.086 

.089 

.0935 

.09375 

.096 

.098 

.0995 

.1015 

.104 

.1065 

.109375 

.110 

.111 

.113 

.116 

.120 

.125 

.1285 

.136 

.1405 

.140625 

.144 

.147 

.1495 

.152 

.154 

.15625 

.157 

.159 

.161 

.166 

18 

fa 

17 

16 

15 
14 
13 

3 

16 

12 

11 

10 

9 

8 

7 

fa 

6 

5 

4 

3 

fa 

2 

1 

A 

fa 

B 

C 

D 

i&E 

F 

G 

It 

H 

I 

J 

IC 

fa 

.1695 
.171875 
.173 
.177 
.180 
.182 
.185 
.1875 
.189 
.191 
.1935 
.196 
.199 
.201 
.203125 
.204 
.2055 
.209 
.213 
.21875 
.221 
.228 
.234 
.234375 
' .238 

.242 
.246 
.2500 
.257 
.261 
.265625 
.266 
.272 
.277 
.281 
.28125 

L 

M 

fa 

N 

fa 

O 

P 

fa 

Q 

R 

fa 

S 

T 

fa 

U 

I 

y 

w 

If 

X 

Y 

If 

Z 

fa 

fa 

fa 

fa 

fa 

1 

2 

.290 

.295 

.296875 

.302 

.3125 

.316 

.323 

.328125 

.332 

.339 

.34375 

.348 

.358 

.359375 

.368 

.375 

.377 

.386 

.390625 

.397 

.404 

.40625 

.413 

.421875 

.4375 

.453125 

.46875 

.484375 

.5 


The above table includes all the number and letter size drills as well as the frac¬ 
tional sizes from -fa'' to f" inclusive. Drill sizes beyond advance by 64ths, up tc 
and including 2". 
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TABLE 10 


Regular Drill Sizes in Millimeters 

Regular sizes vary by millimeters and half millimeters from 10 to 76 millimeters, 
inclusive. 


Drill 

Size 

in 

Mm. 

Equiv¬ 
alent 
Size in 
Inches. 

Drill 

Size 

in 

Mm. 

Equiv¬ 
alent 
Size in 
Inches. 

Drill 

Size 

in 

Mm. 

Equiv¬ 
alent 
Size in 
Inches. 

Drill 

Size 

in 

Mm. 

Equiv¬ 
alent 
Size in 
Inches. 

Drill 

Size 

in 

Mm. 

Equiv¬ 
alent 
Size in 
Inches. 

.5 

.0197 

3.0 

.1181 

5.5 

.2165 

8.0 

.3150 

13.0 

.5118 

.6 

.0236 

3.1 

.1220 

5.6 

.2205 

8.1 

.3189 

13.5 

.5315 

.7 

.0276 

3.2 

.1260 

5.7 

.2244 

8.2 

.3228 

14.0 

.5512 

.75 

.0295 

3.25 

.1280 

5.75 

.2264 

8.25 

.3248 

14.5 

.5709 

.8 

.0315 

3.3 

.1299 

5.8 

.2283 

8.3 

.3268 

15.0 

.5906 

.9 

.0354 

3.4 

.1339 

5.9 

.2323 

8.4 

.3307 

15.5 

.6102 

1.0 

.0394 

3.5 

.1378 

6.0 

.2362 

8.5 

.3346 

16.0 

.6299 

U 

.0433 

3.6 

.1417 

6.1 

.2401 

8.6 

.3386 

16.5 

.6496 

1.2 

.0472 

3.7 

.1457 

6.2 

.2441 

8.7 

.3425 

17.0 

.6693 

1.25 

.0492 

3.75 

.1477 

6.25 

.2461 

8.75 

.3445 

17.5 

.6890 

1.3 

.0512 

3.8 

.1496 

6.3 

.2480 

8.8 

.3465 

18.0 

.7087 

1.4 

.0551 

3.9 

.1535 

6.4 

.2520 

8.9 

.3504 

18.5 

.7283 

1.5 

.0591 

4.0 

.1575 

6.5 

.2559 

9.0 

.3543 

19.0 

.7480 

1.6 

.0629 

4.1 

.1614 

6.6 

.2598 

9.1 

.3583 

19.5 

.7677 

1.7 

.0869 

4.2 

.1654 

6.7 

.2638 

9.2 

.3622 

20.0 

.7874 

1.75 

.0689 

4.25 

.1674 

6.75 

.2658 

9.25 

.3542 

20.5 

.8071 

1.8 

.0709 

4.3 

.1693 

6.8 

.2677 

9.3 

.3661 

21.0 

.8268 

1.9 

.0748 

4.4 

.1732 

6.9 

.2716 

9.4 

.3701 

21.5 

.8465 

2.0 

.0787 

4.5 

.1771 

7.0 

.2756 

9.5 

.3740 

22.0 

.8661 

2.1 

.0827 

4.6 

.1811 

7.1 

.2795 

9.6 

.3780 

22.5 

.8858 

2.2 

.0866 

4.7 

.1850 

7.2 

.2835 

9.7 

.3819 

23.0 

.9055 

2.25 

.0886 

4.75 

.1870 

7.25 

.2855 

9.75 

.3839 

23.5 

.9252 

2.3 

.0905 

4.8 

.1890 

7.3 

.2874 

9.8 

.3858 

24.0 

.9449 

2.4 

.0945 

4.9 

.1929 

7.4 

.2913 

9.9 

,3898 

24.5 

.9646 

2.5 

.0984 

5.0 

.1968 

7.5 

.2953 

10.0 

.3937 

t 25,0 

.9843 

2.6 

.1024 

5.1 

.2008 

7.6 

.2992 

10.5 

.4134 

25.5 

1.0040 

2.7 

.1063 

5.2 

.2047 

1 7.7 

.3031 

11.0 

.4330 



2.75 

.1083 

5.25 

.2067 

7.75 

.3051 

11.5 

.4528 



2.8 

.1102 

5.3 

.2087 

7.8 

.3071 

12.0 

.4724 



2.9 

.1142 

5.4 

.2126 

7.9 

.3110 

12.5 

.4921 
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TABLE 11 

Additional Drill Sizes Available as Tap Drills 

In the Report of the National Screw Thread Commission (Miscellaneous Publication 
of the Bureau of Standards, No. 61) it is recommended that a tap drill should be of such 
size as to give a depth of thread of 79 per cent of the basic depth. It is not possible to 
obtain this percentage for each screw of the Standard Coarse and Fine Thread Series by 
the use of stock sizes selected from Tables 9 and ( 10 . Additional decimal sizes are required 
for certain screws of the Series. Drill manufacturers have met the recommendations 
of the Commission by offering as a stock product the following decimal sizes of drills. 

Additional Drill Sizes in Inches 


For National Coarse Thread Series 

For National Fine Thread Series 

.0575 

.6480 

1.5453 

.0911 

.5687 

1.1651 

.0682 

.7615 

2.0225 

.2703 

.8024 

1.4153 

.1324 

.8723 

2.4939 

.4492 

.9274 

1.6653 

.4776 

.9789 

2.7439 

.5062 

1.0401 

1.9153 


TABLE 12 
Center Drills 
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TABLE 13 

Taper Pipe Threads—American Standard 



(Dimensions in Inches)] 


Nom¬ 

inal 

Pipe 

Size 

Out¬ 

side 

Diam¬ 

eter 

of 

Pipe 

D 

Num¬ 

ber 

Threads 

per 

Inch 

n 

Depth 

of 

Thread 

0.80 

n 

Length 

of 

Hand 

Tight 

Engage¬ 

ment 

F 

Length 

of 

Effec¬ 

tive 

Threads; 

E 

Approx¬ 

imate 

Total 

Threaded 

Length 

G 

Root 
Diam¬ 
eter 
at End 
of Pipe 

Di 

Root 

Diam¬ 

eter 

Dis¬ 

tance 

F from 
End 

D 2 

Tap 

Drill 

Size 

Reamei 

Not 

Used 

d 

i 

8 

0.405 

27 

0.02963 

0.180 

0.2638 

0.412 

0.33388 

0.34513 

B 

i 

4 

0.540 

18 

0.04444 

0.200 

0.4018 

0.624 

0.43295 

0.44545 

7 

16 

3 

8 

0.675 

18 

0.04444 

0.240 

0.4078 

0.630 

0.56757 

0.58257 


1 

2 

0.840 

14 

0.05714 

0.320 

0.5337 

0.819 

0.70129 

0.72129 


3 

4 

1.050 

14 

0.05714 

0.339 

0.5457 

0.831 

0.91054 

0.93173 

M 

1 

1.315 

H| 

0.06957 

0.400 

0.6828 

1.031 

1.14406 

1.16906 

1 * 

14 

1.660 

Hi 

0.06957 

0.420 

0.7068 

1.055 

1.48756 

1.51381 

i| 

1 * 

1.900 

Hi 

0.06957 

0.420 

0.7235 

1.071 

1.72652 

1.75277 

i.41 

*64 

2 

2.375 

Hi 

0.06957 

0.436 

0.7565 

1.104 

, 2.19945 

2.22670 

plJL 

z 64 

2 | 

2.875 

8 

0.10 

0.682 

1.1375 

1.638 

2.61953 

2.66216 


3 

3.500 

8 

0.10 

0.766 

1.2000 

1.700 

3.24063 

3.28850 


3j 

4.000 

8 

0.10 

0.821 

1.2500 

1.750 

3.73750 

3.78881 


4 

4.500 

* 8 

0.10 

0.844 

1.300 

1.800 

4.23438 

4.28713 


5 

5.563 

8 

0.10 

0.937 

1.4063 

1.906 

5.29073 

5.34929 


6 

6.625 

8 

0.10 

0.958 

1.5125 

2.012 

6.34609 

6.40597 


8 

8.625 

8 

0.10 

1.063 

1.7125 

2.212 

8.33359 

8.40003 


10 

10.750 

8 

0.10 

1.210 

1.925 

2.425 

10.44531 

10.52094 


12 

12.750 

8 

0.10 

1.360 

2.1250 

2.625 

12.43281 

12.51781 
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Schedule numbers (Table 14) indicate the approximate values of the expression 1000 (P/S) where P 
is the internal pressure and S the allowable stress in lbs. per sq. in. Allowable stresses for pipe are 
given in the A.S.M.E. Boiler Code and A.S.A. Standard B31.1. For specifications of steel and wrought 
iron for pipe, see A.S.A. Standards B36.1 and B36.2. 

The wall thickness at any point in a pipe must not be more than 12.5 per cent under the nominal 
thickness indicated by the internal and external diameters given in Table 14. 

For pipe sizes f to 6 inches, inclusive, the wall thicknesses of Schedules 40 and 80 correspond 
respectively to those of standard ” and “ extra strong ” weights of former lists. Although not 
included in the American Standard, “ double extra strong ” pipe as listed in the last two columns of 
Table 14 are still commercially available. 

Standard weight pipe of steel and wrought iron is furnished in random lengths of 16 to 22 feet anu 
extra strong and double extra strong in random lengths of 12 to 22 feet. 

Welded pipe 3 inches or less in nominal diameter may be butt welded unl ess otherwise specified. 
Welded pipe over 3 inches in nominal diameter must be lap welded. 


TABLE 14 

Internal Diameters and Areas Welded and Seamless Steel and Wrought Iron 
Pipe—American Standard 

(Dimensions in Inches) 


Nominal 

Pipe 

Size 

Outside 

Diameter 

Welded and Seamless Steel Pipe 

Welded Wrought 
Iron Pipe 

Double Extra 
Strong Pipe 

Minimum Internal Diameter 

Minimum Internal 
Diameter 

Minimum Internal 
Diameter 

Schedule 
No. 40 

Schedule 
No. 80 

Schedule 
No. 120 

Schedule 
No. 180 

Schedule 
No. 40 

Schedule 
No. 80 

Wrought 

Iron 

Steel 

1 

0.405 

0.269 

0.215 



0.265 

0.209 



l 

0 540 

0.364 

0.302 



0.360 

0.296 



f 

0.675 

0.493 

0.423 



0.489 

0.417 



* 

0.840 

0.622 

0.546 


0.466 

0.618 

0.538 

0.226 

0.252 


1.050 

0.824 

0.742 


0.614 

0.820 

0.736 

0.414 

0.434 

1 

1.315 

1.049 

0.957 


0.815 

, 1.043 

0.949 

0.577 

0.599 

n 

1.660 

1.380 

1.278 


1.160 

1.374 

1.270 

0.874 

0.896 

u 

1.900 

1.610 

1.500 


1.338 

1.604 

1.492 

1.078 

1.100 

2 

2.375 

2.067 

1.939 

. 

1.689 

2.059 i 

1.929 

1.481 

1.503 

2$ 

2.875 

2.469 

2.323 


2.125 

2.459 

2.311 

1.745 

1.771 

3 

3.5 

3.068 

2.900 


2.626 

3.058 

2.888 

2.270 

2.300 

3| 

4.0 

3.548 

3.364 



3.538 

3.350 



4 

4.5 

4.026 

3.826 

3.626 

3.438 

4.016 

3.812 

3.120 

3.152 

5 

5.563 

5.047 

4.813 

4.563 

4.313 

5.037 

4.797 

4.027 

4.063 

6 

6.625 

6.065 

5.761 

5.501 

5.189 

6.053 

5.743 

4.857 

4.897 

8 

8.625 

7.981 

7.625 

7.189 

6.813 

7.967 

7.605 

6.835 

6.875 

10 

10.75 

10.020 

9.564 

9.064 

8.500 

10.006 

9.538 



12 

12.75 

11.938 

11.376 

10.750 

10.126 

11.932 

11.346 
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TABLE 14 —Continued 

Internal Diameters and Areas Welded and Seamless Steel and Wrought Iron 
Pipe—American Standard 

(Dimensions in Inches, Areas in Square Inches) 


Nominal 

Pipe 

Size 

Outside 

Diameter 

Welded and Seamless Steel Pipe 

Welded Wrought 
Iron Pipe 

Double Extra 
Strong Pipe 

Minimum Internal Area 

Minimum Internal 
Area 

Minimum Internal 
Area 

Schedule 
No. 40 

Schedule 
No. 80 

Schedule 
No. 120 

Schedule 
No. 180 

Schedule 
No. 40 

Schedule 
No. 80 

Wrought 

Iron 

Steel 

£ 

0.405 

0.0569 

0.0363 



0.0552 

0.0343 



l 

0.540 

0.1041 

0.0717 



0.1018 

0.0688 




0.675 

0.1910 

0.1406 



0.1879 

0.1366 



i 

0.840 

0.3040 

0.2341 


0.1706 

0.3000 

0.2274 

0.0413 

0.0499 

5 

1.050 

0.5340 

0.4326 


0.2965 

0.5285 

0.4256 

0.1346 

0.1482 

1 

1.315 

0.8650 

0.7205 


0.5222 

0.8547 

0.7080 

0.2616 

0.2820 

u 

1.660 

1.496 

1.283 


1.057 

1.484 

1.267 

0.600 

0.632 

li 

1.900 

2.035 

1.768 


1.407 

2.020 

1.750 

0.913 

0.951 

2 

2.375 

3.360 

2.953 


2.240 

3.331 

2.925 

1.723 

1.775 

2 i 

2.875 

4.790 

4.240 


3.548 

4.750 

4.196 

2.393 

2.465 

3 

3.5 

7.400 

6.608 


5.420 

7.355 

6.560 

4.050 

4.160 

3* 

4.0 

9.891 

8.892 



9.835 

8.818 



4 

4.5 

12.735 

11.510 

10.330 

9.287 

12.660 

11.410 

7.649 

7.810 

5 

5.563 

20.014 

18.200 

16.350 

14.617 

19.940 

18.080 

12.742 

12.970 

6 

6.625 

28.900 

26.208 

23.750 

21.156 

28.800 

25.925 

18.540 

18.850 

8 

8.625 

50.047 

45.700 

40.607 

36.470 

49.871 

45.450 

36.706 

37.150 

10 

10.75 

78.886 

71.870 

64.600 

56.770 

78.670 

71.500 



12 

12.75 

112.000 

101.682 

90.794 

80.565 

111.800 

101.143 
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TABLE 15 


Pipe Plugs— American Standard 



(From A.S.A. Standard B16e2—1936 (Dimensions in Inches) 


Nominal 

Pipe 

Size 

D 

Threads 

per 

Inch 

n 

Square Head Patterns 

Countersunk Pattern 

Threaded 

Length 

Minimum 

L 

Height 
of Head 
Minimum 

H 

Width 

Across 

Flats 

Maximum 

F 

Metal 

Thickness 

Minimum 

t 

Threaded 

Length 

Minimum 

Size of Square 
Socket 

F 

Metal 

Thick¬ 

ness 

Mini¬ 

mum 

t 

L 

Nominal 

Minimum 


27 

0.37 

0.24 

k 






l 

IS 

0.44 

0.28 

| 






\ 

18 

0.48 

0.31 







\ 

14 

0.56 

0.38 

ft 

0.16 

0.56 

1 

0.382 

0.16 

\ 

14 

0.63 

0.44 

I 

0.18 

0.63 

* 

0,508 

0.18 

1 

m 

0.75 

0.50 

H 

0.20 

0.75 

* 

0.508 

0.20 

n 

m 

0.80 

0.56 

tt 

0.22 

0.80 

f 

0.759 

0.22 

n 

m 

0.83 

0.62 

tt 

0.24 

0.83 

* 

0.759 

0.24 

2 

m 

0.88 

0.68 

1ft 

0.26 

0.88 

i 

0.884 

0.26 

2$ 

8 

1.07 

0.74 

tt 

0.29 

1.07 

1* 

1.137 

0.29 

3 

8 

1.13 

0.80 

ltt 

0.31 

1.13 

U 

1.391 

0.31 

3* 

8 

1.18 

0.86 

1} r 

0.34 

1.18 

l* 

1.518 

0.34 

4 

8 





1.22 

2 

2.022 

0.37 

5 

8 





1.31 

2J 

2.313 

0.46 

6 

8 





1.40 

21 

2.563 

0.52 


Material may be cast iron, malleable iron, cast steel, or forged steel. 

The pipe plugs listed above are for use in connection with American Standard Cast Iron Screwed 
Fittings, Classes 125 and 250, and Malleable Iron Screwed Fittings, -Class 150. 

Solid plugs are known as “ Extra Heavy ” plugs. 

The sockets of the counter-sunk pattern are made to receive commercial square bars of the nominal 
sizes listed above. 

For sizes 4 inches and larger, slotted or bar pattern plugs are available. 
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TABLE 16 

Cast Iron Screwed Companion Flangest—American Standard, Class 125 



Nominal 
Pipe Size 

D 

Di 

I>2 

Mini¬ 

mum 

Dz 

Mini¬ 

mum 

t 

Mini¬ 

mum 

T 

Number 
of Bolts 

n 

Diameter 
of Bolts 

d 

Diameter 
of Drilled 
Holes 
di 

Length 
of Bolts 

L 

1 

4$ 

3* 

1*1 

Te 

** 

4 

* 

1 

1$ 

U 

4f 

3* 

2^ 

* 

*i 

4 

* 

I 

2 

u 

5 

3$ 

2* 

if 

l 

4 

* 

$ 

2 

2 

.6 

4$ 

3 iS 

$ 

l 

4 

$ 

$ 

2$ 

2* 

7 

5* 

3 & 

*i 

H 

4 

f 

$ 

2* 

3 

7* 

6 

4$ 

$ 

1* 

4 

$ 

$ 

2* 

3* 

s* 

7 

4 i$ 

*t 

1$ 

8 

f 

$ 

2$ 

4 

9 

7* 

5 

*$ 

1 iS 

8 

$ 

$ 

3 

5 

10 

8* 

6 tV 

*$ 

1* 

8 

$ 

$ 

3 

6 

11 

9* 

7& 

i 

1 A 

8 

i 

* 

3$ 

8 

13* 

lii 

9 i$ 

i* 

1$ 

8 

i 

4 

i 

3* 

10 

16 

14* 

11*$ 

i* 

1*$ 

12 

$ 

1 

3$ 

12 

19 

17 

14 ffr 

u 

2* 

12 

l 

1 

3$ 

14 O.D. 

21 

18$ 

15$ 

i* 

2$' 

12 

1 

n 

4$ 

16 O.D. 

23* 

21$ 

17* 

1 *V 

2* 

16 

1 

If 

4* 

18 O.D. 

25 

22$ 

19f 

1* 

2** 

16 

n 

H 

4$ 

20 O.D. 

27* 

25 

21$ 

1*$ 

2$ 

20 

n 

H 

5 

24 O.D. 

32 

29* 

26 

1$ 

3$ 

20 

i$ 

1$ 

5* 

30 O.D. 

38$ 

36 


2* 


28 

i$ 

1$ 

6$ 

36 O.D. 

46 

42$ 


2$ 


32 

i* 

if 

7 

42 O.D. 

53 

49* 


2$ 


36 

i* 

1$ 

7* 

48 O.D. 

59* 

56' 


2$ 


44 

i* 

if 

7$ 


The maximum gauge pressure rating for saturated steam is: 

125 lbs. per sq. in. for sizes 1 to 5 inches inclusive 
100 lbs. per sq. in. for sizes 6 to 12 inches inclusive 
80 lbs. per sq. in. for sizes 14 to 24 inches inclusive 
50 lbs. per sq. in. for sizes 30 to 48 inches inclusive 

The maximum gauge pressure rating for water service at or near the ordinary range of air tempera¬ 
ture is: 

175 lbs. per sq. in. for sizes 1 to 12 inches inclusive 
150 lbs. per sq. in. for sizes 14 to 48 inches inclusive 

For specifications of gray cast iron for flanges and fittings and of steel for bolts, see A.S.T.M. 
Specifications A126 and A107 respectively. 
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TABLE 17 

Cast Ieon Screwed Companion Flanges—American Standard, Class 250 



Nominal 

Pipe 

Size 



Mini¬ 

mum 


Mini¬ 

mum 

Mini¬ 

mum 

Mini¬ 

mum 

Number 
of Bolts 

Diameter 
of Bolts 

Diameter 
of Drilled 
Holes 

Length 

of 

Bolts 

D 

Di 

Di 

D» 


t 

r 

Ti 

n 

d 

di 

L 

1 

4j 

3j 

2 * 

2tt 

ft 

0.68 

8 

4 

f 

1 

4 

2i 

n 

si 

3} 

2-i 

3* 

1 

4 

0.76 

1 

4 

5 

8 

3 

2* 

if 

ei 

4* 

2j 

3 * 

ii 

0.87 

!f 

4 

1 

4 

7 

8 

ai 

2 

6§ 

5 

3* 

4 * 


1.00 

ii 

8 

5 

8 

f 

2l 

2j 


5| 

3if 


1 

1.14 

1* 

8 

! 

i 

3 

3 

si 

Of 

4| 

5ii 

l| 

1.20 

!* 

8 

3 

4 

7 

8 

si 

3| 

9 

7i 

5-i 

o* 

!* 

1.25 

If 

8 

3 

4 

7 

¥ 

3l 

4 

10 

7} 

5| 

Oil 

ii 

1.30 

if 

8 

3 

4 

7 

¥ 

j 3j 

5 

11 

9i 

7 

s* 

If 

1.41 

if 

S 

! 

7 

8 

m\-# 

CO 

6 

12* 

101 

Si 

9xi 

1* 

1.51 

1* 

12 

3 

4 

7 

3f 

8 

15 

13 

io| 

lift 

If 

1.71 

2* 

12 


1 

4f 

10 

17* 

15i 

121 

14* 

if 

1.92 

2f 

16 

1 

If 

5 

' 12 

20} 

17| 

14 -i 

10* 

2 

2.12 

2* 

16 

If 

If 

5| 

14 0.D. 

23 

20f 

16| 

is ft 

2| 

2.25 

216 

20 

if 

ii 

5| 

16 0.D. 

25 2 ' 

22 J 

isf 

21 * 

2i 

2.45 

2f 

20 

ii 

if 

6 

1SO.D. 

28 

24 f 

201 

23* 

2f 

2.65 

3| 

24 

ii 

if 

6f 

20O.D. 

30i 

27 

22} 

25* 

24 

2.85 

3* 

24 

H 

if 

62 

24 O.D. 

36 

32 

27f 

30* 

2f 

3.25 

3* 

24 

if 

if 

7i 

30O.D. 
36 O.D. 
42 O.D. 

43 

50 

57 

65 

39 i 
46 


CO 

-0 

3 



28 

if 

2 

si 

9i 




32 

2 

ai 

si 

2i 

52 f- 






36 

2 

9f 

48 O.D. 

60 § 






40 

2 

ioi 










The maximum gauge pressure rating for saturated steam is 250 lbs. per sq. in., and for non-sho^k 
hydraulic pressure is 325 lbs. per sq. in. at a temperature of 250 F. and 400 lbs. per sq. in. at or near 
the ordinary range of air temperatures. 
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TABLE 18 
Keys and Keyseats 
(Dimensions in Inches) 





EZAPTH /rSEV 


For straight keys (square or flat) c = §h 
For taper keys (plain or gib) c = iVi 
Square straight keys; minimum length for heavy service l = 1 %D. 
w = h = lD Ordinary proportions 

w = h = ysD-H Based on Sames’s proportions for flat keys 

Carl G. Barth’s proportions, Am. Mach., 1922 


-a 


Flat keys, straight or taper; minimum length for heavy service l = 1 ID. 


w = %D 
w = %D 


w —-$$D 



h = \w Ordinary proportions 

A = -|-Z)+1- Sames 
h = |w + A Jones and Laughlin 

h—%D Based on Barth’s proportions 


Taper gib keys. Any of the proportions given above for square and flat keys may 
be used for w and h. 

G = 1 -|w H = If h l = (Hub Length) +J 

Barth key, satisfactory as a key or as a feather, 


Feather keys, or splines, 

w = \D h—w to 1 \w 

Professor H. F. Moore of the University of Illinois has given the following results 
of experimental investigations upon shafts with keyseat grooves cut in them. 

Strength of cut shaft 0.2w-f-l . Ic 

Strength of uncut shaft D 

Angle of torsion of cut shaft 0Aw+0.7c 
Angle of torsion of uncut shaft D 

Square and Flat Stock Keys 
Standard Widths and Heights 

Approved as Tentative American Standard, June, 1925. 

Developed under the procedure of the American Engineering Standards Committee. 

Standard shaft diameters vary by sixteenths from to 2§", by eighths from 2\" to 
4", and by quarters from 4" to 6", except that the following diameters in excess of 2| 
are furnished: 2^f", 3fV', 3|f", 4&", 4rt" 5A", and 5li". 

The tolerances given below are negative and represent the maximum allowable 
variation below the exact nominal size. “For instance, the standard stock square key 
for a 2" shaft has a maximum size of 0.500X0.500 inch and a minimum size of 
0.4975X0.4975 inch.” 

“It is understood that these keys are to be cut from cold-finished stock and are to 
be used without machining.” 
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TABLE 18 —Continued 


Dimensions in Inches 


Shaft 

Diam¬ 

eters. 

D 

1 

Square 

Stock 

Keys, 

w~h. 

w 

Flat 

Stock 

Keys. 

ivXh 

Toler¬ 
ances 
on Stock 
Keys. 

Shaft 

Diam¬ 

eters. 

D 

Square 

Stock 

Keys, 

w—h. 

1 w 

Flat 

Stock 

Keys. 

wXh 

Toler¬ 
ances 
on Stock 
Keys. 

1 9 

!“T S 

i 

s 

4xA 

0.0020 

2f-3£ 

3 

4 1 

JXi 

0.0025 

8~ 8 

TS 

AXi 

0.0020 

3f-3f 

1 

7 v/ 5 

8 /\ ”8 

0.0030 


T 

i X A 

0.0020 

3|~ 

1 

i xf 

0.0030 

lA-if 

¥ 

3 . V 1 

8 A J 

0.0020 

4f-5§ 

li 

llxt 

0.0030 


l 

¥ 

4 X f 

0.0025 

5f-6 

ft 

1|X1 

0.0030 

2 *-2| 

4 1 

5 , V 7 

8 A 16 

0.0025 


TABLE 19 

Pratt & Whitney System of Ke ying 



The above type of key is quite superior to keys of more ordinary form due to the 
fact that the keyseat is about 50 per cent deeper than usual and of the same length as 
the key. Especially is it a superior type for use as a feather or spline. 

The Pratt & Whitney Company of Hartford, Conn., build a special mac hin e for 
milling keyseats for their system of keying. Where keys are used in sufficient n um bers 
to warrant the purchase of a machine, this system is about as economical as any other. 
The maximum length of keyseat that may be cut by the machine is {H'+w). 

The standard proportions for the system are given below. It is to be noted that the 
depth of the keyseat (c) is equal to the width (w) To insure proper fitting the standard 
keys are made (w-(-.001") in width. 

Dimensions in Inches 


Length 

Key Number. of Key. 


Width of 
Keyseat. 


Height of 


Depth of 
Keyseat. 
c—w 


1 , 2 , 3 
4, 5, 6 
7, 8, 9 
10 , 11, 12, A 
13, 14, 15, B 
16, 17, 18, C 
19, 20, 21, D, E 
22, 23, F 
24, 25, G 
51, 52, 53 
26, 27, 28, 29 
54, 55, 56, 57 
58, 59, 60, 61 
30, 31, 32, 33, 34 


10 3 Tf; 
3 1 

32 j 8 ) 

h A, 
A, A; 

lj; TS - ; 

A, A, 
A, A, 

h TS , 

f> 4’ 

n F’ 

i’l, 
A, i» 

13 A; 


¥2 

A 

A’t 

IX 

f 1 

I 

t 

TS , t 

f, A 

M | 

I; TS , ¥ 


A> A> A 

i’i’f 

16 ; 64 ; 32 

ft, A; ft, f 
A; ft; I; ft 
A; ft; f; ft 
A; ft; f; ft; A 

!’ ft’ 4 

I’ H’ 2 

8 ; 32 ; 16 

9 3 15 9 

32 "; ¥; 3 2 ; 16 

l ft, A, ft 
ft, A; ft, I 


16 ; 3 * 2 ; ' 
3 1 

32 ; 8 , 

1 _ 5 _ 

8 , 32 ; 

A, A, 

T 6 , 3T; ' 

3 7 

16 ; 32 ; ‘ 
3 7 

16 ; 32 ; 

I 


TS , 

A, 1 

L TS 

5 


A, 


16 , 

4; 

t 

■ 8 ) 

A, 


A, I 
I; A 
A, I 


'; 4 



504 


MISCELLANEOUS INFORMATION IN TABULAR FORM 


TABLE 20 


Woodruff System of Keying 

(The Whitney Manufacturing Co., Hartford, Conn.) 



EXCEPT y<5/ /NCEUOING J6I 


Woodruff Keys are extensively used for relatively small shafts and spindles in automobile, machine 
tool, and other machine construction. Where a long key or a feather is desired two or more Woodruff 
Keys are frequently used. 

The keys are furnished in three grades; Carbon Steel Iveys (S.A.E. Analysis, No. 1035) either in 
the natural state or case hardened, and Nickel Steel Keys heat treated (S.A.E. Analysis No. 2330). 
The Nickel Steel Keys have a special distinguishing line rolled lengthwise^along the top. 

The straight edges of the keys are rounded to a radius of 0.02". Keys over f" in diameter are 
flatted on the bottom. The straight edges of the flat being rounded facilitate starting the key into the 
key seat. 

Increased wear is secured by using case hardened steel keys or heat treated nickel steel keys as 
feathers for carbon steel shafts. Case hardened steel kevs a^e seldom used to secure this advantage 
as they cost approximately the same as heat treated nickel steel keys. 

Minimum width of key = Nominal width = w Maximum width of key =w-f 0.001" 
Minimum width of key seat to — 0.001" Maximum width of key seat = w 

Minimum width of key way = w -f 0.001" Maximum width of key way = w -f- 0.002" 

Minimum diameter of key and of cutter = Nominal diameter = d 
Maximum diameter of key and of cutter = d + 0.01" 

Minimum height of key = Maximum height h as tabulated below minus 0.003" for key 121, minus 
0.005" for keys 201, 206, 207, 211, 212, and 213 and minus 0.006" for all other keys. 

Minimum distance from top of key to bottom of key seat *= maximum distance E a3 tabulated 
below minus 0.005". 


In selecting a suitable key for a given diameter of shaft, the information given under Table 24 
will be found helpful, also the following information: 

Where the key and the shaft are of the same material the proportions of a suitable key for a given 
diameter of shaft may be approximated by taking wl=Q.25D*. This relation assumes that •£ the tor¬ 
sional strength of the shaft is taken by a single key in direct shear. For a heat treated nickel steel key 
in a carbon steel shaft wl- 0.12D 2 , the ratio of the shearing strength of heat treated nickel steel to that 


of carbon steel being taken equal to the ratio of the tensile strengths ^ 


150,000 \ 
71,500 ) 


Dimensions in Inches 


Key Numbers 
(Cutter Numbers 
are the Same). 

Nominal 
Diam. of 
Key = 
Nominal 
Diam. of 
Cutter. 
d 

Nominal Widths 
Available. 

w 

Approx. 

Max. 
Length 
of Key. 

1 

Max. 
Height 
of Key. 

h 

Max. 
Distance 
Top of 
Key to 
Bottom 
Keysoat 

E 

Min. 
Distance 
from 
Center 
to Top 
of Key. 

F 

201 

1 

A 

£ 

0.117 

0.117 

0.008 

203 and 207 

A 

A and A 

A 

0.140 

0.140 

A 

211, 212 and 213 

£ 

A» A and £ 

8 

0.172 

0.172 

A 

1, 2 and 3 


A, A and £ 

\ 

0.103 

0.203 

A 

4, 5, 6 and 61 

f 

A. h A and A 

f 

0.210 

0.250 


7, 8, 9 and 91 

! 

£> A. A and £ 

2 

0.302 

0.313 

A 

10, 11, 12 and A 

i 

A. A. A and £ 

i 

0.3G5 

0.375 

A 

121 

f 

£ 

l 

0.205 

0.375 

A 

13, 14, 15, Band 152 

1 

A» A» £i A and i 

1 

0.427 

0.428 

A 

141 | 

l 

£ 

1 

0.305 

0.375 

£ 

131 

1 

A 

1 

0.350 

0.438 

A 

16, 17, 18 and C 

li 

A, A. £ and A 

1£ 

0.474 

0.485 

A 

161 

l* 

A 

1 

0.474 

0.485 

. 6 . 

10, 20, 21, D and E 

n 

A, A. b A and f 

1£ 

0.537 

0.547 

A 

22, 23 and F 

if 

£, A and £ 

If 

0.584 

0.594 

A 

24, 25 and G 

n 

£, A and f 

l£ 

0.631 

0.640 


26, 27, 28 and 29 

2* 

A, b A and f 

12 

0,521 

0.581 

II 

126, 127, 128 and 129 , 

2* 

A. b A and f 

If 

0.396 

0.406 

ih 

K, S, T, U and V 

2-2 

b A. f. A and J 

2 

0.740 

0.750 

l 

Rx, Sx, Tx, Ux and Yx 

22 

£. Af f » A and l 

o 

0.584 

0.594 


30, 31, 32, 33, 34, 35 and 36 

. 

3 2 

f» A» b At S, Hand f 

2 f 

0.927 

0.038 

12 
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TABLE 21 

Proportions for Taper Pins 
(Pratt & Whitney Co.) 


T 



Taper, in Diameter per Foot of Length. Available Lengths Vary by 



Length L. 

Diameter D. 


Length L. 

Diameter D. 

Num- 





Num- 





ber. 

Mini- 

Maxi- 

Exact. 

Approx- 

ber. 

Mini- 

Maxi- 

Exact. 

Approx- 


mum. 

mum. 

imate. 


mum. 

mum. 

imate. 

00 

i 

•2 

2 

0.141 

9 

CT 

5 

! f 

4 

0.289 

id 

0 

1 

2 

2-4 

0.156 

fa 

6 

3 

4 

5 

0.341 

n 

1 

4 

3 

0.172 

a 

7. 

1 

5 

0.409 

u 

2 

3 

z 

Si 

0.193 

3 

1 !> 

8 

li 

5 

0.492 

i 

3 

3 

4 

Si 

0.219 

7 

3 2 

9 

U 

6 

0.591 

u 

4 

3 

1 

4 

0.250 

1 

4 

10 

14 

6 

0.706 

a 


TABLE 22 
Spring Cotters 



Tabulation includes S. A. E. Standard sizes 

Stock lengths vary by up to 4" and by 1 " from 4" to 6 ". Length is measured 
under the eye. 


Wire 

Gauge 

Size 

Num¬ 

ber. 

Diam¬ 
eter in 
Inches 
(Approx¬ 
imate) , 

Range 
of Stock 
Lengths. 

Num¬ 
ber of 
Drill 
for 
Hole. 

Diam¬ 
eter of 
Drill. 

Wire 

Gauge 

Size 

Num¬ 

ber. 

Diam¬ 
eter in 
Inches 
(Approx¬ 
imate). 

Range 
of Stock 
Lengths. 

Num¬ 
ber of 
Drill 
for 
Hole. 

Diam¬ 
eter of 
Drill. 


i 

A A 

48 

.0760 

5 

fa 

1 -3 

C 

.242 

13 

fa- 

4-2 

36 

.1065 

4 

i 

4 

1 -4 

J 

.277 

12 

fa 

4-2 

30 

.1285 

1 

fa 

1 ~4 

R 

.339 

11 

i 

4-21 

28 

.1405 


3 

8 

14-4 

X 

.397 

10 

fa 

4- -21 

21 

.1590 


fa 

lf-5 


If 

9 

5 

3 2 

•1-2 2 

15 

.1800 


i 

2 -6 


a 

8 

n 

4-21 

11 

.1910 


5 

8 

3 -6 


J4 

7 

fa 

5-3 

5 

.2055 






6 

H 

5-3 

2 

.2210 
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TABLE 23 

Standard Wrought Iron and Steel Washers 
(From Hayes, Empirical Design) 


Nominal 





Nominal 





Size of 

Diam- 

Outside 

Thick- 

Thick- 

Size of 

Diam- 

Outside 

Thick- 

Thick- 

Washer 

eter 

Diam- 

ness 

ness 

Washer 

eter 

Diam- 

ness 

ness 

=Diam- 

of 

eter or 

(Wire 

(Approx- 

= Diam- 

of 

eter of 

(Wire 

(Approx- 

eter 

Hole. 

Washer. 

Gauge). 

imate). 

eter 

Hole. 

Washer. 

Gauge). 

imate). 

Bolt. 





Bolt. 




A 

i 

4 

A 

18 

3 

64 

1 

i* 

2 h 

9 

A 

i 

A 

f 

16 

i 

16 

n 

if 

- 21 

9 

A 

A 

t 

i 

16 

1 

16 

if 

it 

3 

9 

A 

f 

A 

i 

14 

5 

64 

M 

u 

31 

8 

tt 

A 

1 

2 

ii 

14 

5 

64 

is 

1 £ 

A 8 

31 

8 

a 

i 

A 

it 

12 

A 

if 

U 

31 

8 

« 

A 

1 

ii 

12 

3 

32 

ii 

1 4 

M 

4 

8 

a 

1 

a 

if 

10 

1 

8 

1 - 7 - 

A 8 

2 

41 

8 

ii 

f 

a 

2 

10 

1 

2 

2 | 


8 

» 

1 

15 

16 

2 f 

9 

A 

2 i 

2 -| 

4f 

6 

A 
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TABLE 24 
Lock Washers 



(Erom General Motors Corp. Handbook) 


Diam- 

Inside 

Diam- 

Thin. 

Light. 

Heavy. 










eter 

of 

Bolt. 

eter 

of 

Wash¬ 

ers. 

Out¬ 

side 

Diam¬ 

eter. 

Thick¬ 

ness 

of 

Washer. 

Width 

of 

Washer. 

Out¬ 

side 

Diam¬ 

eter. 

Thick¬ 

ness 

of 

Washer. 

Width 

of 

Washer. 

Out¬ 

side 

Diam¬ 

eter. 

Thick¬ 

ness 

of 

Washer. 

Width 

of 

Washer. 

d 

Dx 

D 

T 

w 

D 

T 

w 

D 

T 

j w 

i 

A 

a 

A 

A 

A 

* 

A 

$ 

A 

ft 

A 

H 

If 

A 

i 

If 

A 

* 

i 

i 

i 

H 

if 

A 

i 

if 

A 

i 

ij 

i 

f 

A 

» 

if 

A 

A 

ft 

i 

ft 

a 

a 

ft 

i 

if 

if 

A 

A 

* 

f 

ft 

f 

u 

ft 

A 

if 

If 

A 

A 

1 

A 

13 

64 

1 

ft 

ft 

I 

ff 

1ft 

A 

a 

16 

l A 

5 

32 

a 

1A 

ft 

ft 

i 

if 

1ft 

A 

A 

1A 

A 

i 

4 

1A 

i 

4 


if 

Iff 

* 

i 

1A 

A 

11 

64 

1A 

11 

64 

ft 

l 

l* 

1A 
1ft 

m 

i« 




Iff 

Iff 

i 

4 

16 

iff 

iff 

A 

A 

A 

n 

i* 

h 




A 

A 






2-h 

3 

f 







2A 

g 

f 

f 

U 







013 

A 

A 
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TABLE 25 

Wire and Sheet Metal Gauges 

(From “Pocket Companion” of Carnegie Steel Co.) 


Thickness in Decimals of an Inch. 


Gauge 

Number. 

Birmingham Wire 
(B. W. G.) 
also known as 
Stubs Iron Wire. 

United States 
Standard 
for 

Sheet and 
Plate; Iron 
and Steel. 

American Wire 
or 

Brown & Sharpe. 

American 

Steel 

& Wire Co. 
formerly 
Washburn 
& Moen. 

Trenton 

Iron 

Com¬ 

pany. 

British 

Imperial 

Standard 

Wire 

(S.W.G.) 

Standard 
Birming¬ 
ham 
Sheet 
and 
Hoop 
(B. G.) 

ooonnoo 


.500 


.4900 


.500 


oonnon 


.46875 

580000 

.4615 


.464 


00000 

.500 

.4375 

.516500 

.4305 

.450 

.432 


0000 

.454 

.40625 

.460000 

.3938 

.400 

.400 


000 

.425 

.375 

.409642 

.3625 

.360 

.372 

.5000 

00 

.380 

.34375 

.364796 

.3310 

.330 

.348 

.4452 

0 

.340 

.3125 

.324861 

.3065 

.305 

.324 

.3964 

1 

.300 

.28125 

.289297 

.2830 

.285 

.300 

.3532 

2 

.284 

.265625 

.257627 

.2625 

.265 

.276 

.3147 

3 

.259 

.25 

.229423 

.2437 

.245 

.252 

.2804 

4 

.238 

.234375 

.204307 

.2253 

.225 

.232 

.2500 

5 

.220 

.21875 

.181940 

.2070 

.205 

.212 

.2225 

6 

.203 

.203125 

.162023 

.1920 

.190 

.192 

.1981 

7 

.ISO 

.1875 

.144285 

.1770 

.175 

.176 

.1764 

8 

.165 

.171875 

.128490 

.1620 

.160 

.160 

.1570 

9 

.148 

.15625 

.114423 

.1483 

.145 

.144 

. 1398 

10 

.134 

.140625 

.101897 

.1350 

. 130 

.128 

.1250 

11 

.120 

.125 

.090742 

.1205 

.1175 

.116 

.1113 

12 

.109 

.109375 

.080S08 

.1055 

.105 

.104 

.0991 

13 

.095 

.09375 

.071962 

.0915 

.0925 

.092 

.0882 

14 

.083 

.078125 

.064084 

.0800 

.0806 

.080 

.0785 

15 

.072 

.0703125 

.057068 

.0720 

.070 

.072 

.0699 

16 

.065 

.0625 

.050821 

.0625 

.061 

.064 

.0625 

17 

.058 

.05625 

.045257 

.0540 

.0525 

.056 

.0556 

18 

.049 

.05 

.040303 

.0475 

.045 

.048 

.0495 

19 

.042 

.04375 

.035890 

.0410 

.040 

.040 

.0440 

20 

.035 

.0375 

.031961 

.0348 

.035 

.036 

.0392 

21 

.032 

.034375 

.028462 

.03175 

.031 

.032 

.0349 

22 

.028 

.03125 

.025346 

.0286 

.028 

.028 

.03125 

23 

.025 

.028125 

.022572 

.0258 

.025 

.024 

.02782 

24 

.022 

.025 

.020101 

.0230 

.0225 

.022 

.02476 

25 

.020 

.021875 

.017900 

.0204 

.020 

.020 

.02204 

26 

.018 

.01875 

.015941 

.0181 

.018 

.018 

.01961 

27 

.016 

.0171875 

.014195 

.0173 

.017 

.0164 

.01745 

28 

.014 

.015625 

.012641 

.0162 

.016 

.0148 

.015623 

29 

.013 

.0140625 

.011257 

.0150 

.015 

.0136 

.0139 

30 

.012 

.0125 

.010025 

.0140 

.014 

.0124 

.0123 

31 

.010 

.0109375 

.008928 

.0132 

.013 

.0116 

.0110 

32 

.009 

.01015625 

.007950 

.0128 

.012 

.0108 

.0098 

33 

.008 

.009375 

.007080 

.0118 

.011 

.0100 

.0087 

34 

.007 

.00859375 

.006305 

.0104 

.010 

.0092 

.0077 

35 

.005 

.0078125 

.005615 

.0095 

.0095 

.0084 

.0069 

36 

.004 

.00703125 

.005000 

.0090 

.009 

.0076 

.0061 

37 


.006640G25 

.004453 

.0085 

1 .0085 

.0068 

.0054 

38 


.00625 

.003965 

.0080 

.008 

.0060 

.0048 

39 



.003531 

. 0075 

.0075 

. 0052 


40 



.003144 

.0070 

.007 

!0048 



j Sheet Copper 

Sheet Steel 

Sheet Brass 

Steel Wire 




Brazed Tubing 

Terne Plate 

Sheet Bronze 

Iron Wire 





of Brass 


Wire of Brass 






Bronze 


Bronze 






Copper 


Copper 






Alum. 


Alum. 






Seamless Tubing 


Seamless Tubing 






of Steel up to 


of Brass 






gauge 10, 


Bronze 






larger sizes in 


Copper 






fractions 


Alum. 






Strip Steel less 








than 12'' wide 








Sheet Spring Steel 
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TABLE 26 


Oil Hole Covers 




Tucker Self-closing 
Oil Hole Covers 


and Grease Nipples 



(c) 



Alemite and Zerk 
Self-closing Grease Nipples. 


Tucker’s Self-closing Oil Hole Cover (a) 


Manufacturer’s Number. 


50 

51 

52 

53 

54 

55 

56 

Diameter and Hole Size. j 

A 

* 

A 

I 

A 

t 

A 

1 

Length, Overall. 

B 

i 

t 


i 


f 

f 


Tucker’s Self-closing Oil Hole Cover (b) 


Manufacturer’s Number. 


40 

31 

32 j 

33 

34 

35 

36 

37 

Diameter and Threads. 

A 

*X32 

A X 32 

1X24 


AX 24 

1X24 




A 




I 



1 

f 







Length, Overall. 

B 

tt 


A 

nr 

A 

. tt 

* 

1A 

Hexagon Width. 

C 

■ftf 

t 

* 

A 


I 

! 

! 

Length of Body. 

D 

A 

i 

A 

A 

A 

H 

I 

it 

Length, Threaded. 

E 

A 

is 

is 

A 

A 


1 

A 


Alemite Self-closing Grease Nipple (o) 


Manufacturer’s Number. 


A-336 

A-359 

Pipe Thread Diameter. . 

A 

i 


Length, Overall. 

B 

1 

1A 

Hexagon Width. 

C 

A 


Length of Body. 

D | 

n 

H 

Length, Threaded. 

E 

A 

A 


Zerk Self-closing Grease Nipple ( d ) 


Manufacturer’s Number. 


35-A 

137-A 

Pipe Thread Diameter. . 

A 

1- 


Length, Overall. 

B 

M 

H 

Hexagon Width. 

C 

A 

A 

Hexagon Thickness. 

D 

A 

* 

Nozzle Length. 

E 

i 

A 
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TABLE 27 
Grease Cups 

(From Lunkenheimer Catalogue) 



Plain Grease Cup Automatic Grease Cup 


Number, plain grease cup. 

000 

00 

0 

1 

2 

3 

4 

Inside diameter.inches 

UL 

16 

i 


If 

14 

24 

24 

Extreme outside diameter (finished pat¬ 
tern) .inches 

7 

s 

n 

Iff 


2* 

2ff 


Extreme outside diameter (rough pat¬ 
tern) .inches 



Iff 

iM 

21 

244 

3-3T 

Extreme over-all height.inches 

m 

if 

If 

21 

211 

2H 

21 

Pipe thread size of shank.inches 

i 

8 

8 

1 

d 1 

1 

3 

'8' 

1 

2 

4 

Capacity of cup in ounces. 

l 

8 

1 

2 

3 

1 

2 

34 

5 

Number, automatic grease cup. 

00 

0 

1 

2 

3 

4 

5 

Inside diameter.inches 

7 

'8' 

li 

If 

2 

2} 

2« 

34 

Extreme outside diameter.inches 

If 

if 

2 

2f 

31 

3 8 

41 

Extreme over-all height.inches 

31 

41 

5! 

64 

7§ 

81 

91 

Pipe thread size of shank.inches ! 

4 

1 

4 

! 

4 

4 

i 

Capacity of cup in ounces. 

i 

1 

If 

3 

<> 

10 

18 


















SIGHT FEED OIL CUP 


TABLE 28 
Sight Feed Oil Cup 



(From the Lunkenheimer Catalogue) 


Cup number. 

0 

1 

if 

2 

3 

4 

5 

6 

8 

■ 

Extreme outside diameter.inches 

i§ 

1! 

2 

21 

21 

2f 

«i 

3! 

41 

Extreme over-all height.inches 

si 

51 

5 if 

61 

6 ft 

7f 

81 

9 

11 

Outside diameter of glass.inches 

U 

1} 

If 

2 

21 

21 

3 

3? 

41 

Height of glass.inches 

i§ 

If 

If 

if 

21 

2f 

3 

4 

5 

Pipe thread size of shank.inches 

I 

8 

1 

T 

i 

3 

8 

I 

3 

! 8 i 

i 

* 1 

* 

3 

4 

Capacity of cup in ounces. 

5 

8 

1 

if 

21 

4 

5 

10 

18 

34 
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Taylor, D. W., 258 
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Theory of block brake, 111 
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Thomas, F. C., 343, 365 
Thomas, H. K., 395 
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Triple expansion marine engine, 258 
Triplex plunger pump, 139 
Trolley, 202 
Trolley wheels, 203 
Trooien, Ole N., 84 
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Turkish, Michael C., 50, 61 
Turning moment on engine crank, 251 
Two-dimensional stress, general case of, 
327 
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Use of shock factors, 356 
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Valve gear of Diesel engine, 48 
Vanadium Corporation of America, 284 
Velocity-space diagram, 150 
Vibration of machine and its supports, 
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Viscosity, 427 
Volumes, 478 

Wahl, A. M., 321, 324, 325, 346, 347, 366 
Walker, H., 395, 396 
Washers, 506, 507 
Water per capita, 144 
Water works pump, 144 
Wear of gear teeth, 374, 382, 391 
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Weight, of flywheel, 91 
of loaded freight cars, 123 
of materials, 264 
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Co., 74, 75 
White metals, 307 
Whitney Manufacturing Co., 504 
Whittemore, H. L., 449 
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Williams, White and Co., 205, 207 
Wilson, R. E., 430 
Wire gages, 508 
Wire rope, 128, 181, 182 
bending stress in, 183 
Wohler, A., 336 
Work, to punch hole, 212 
to shear plate, 214 
Worm gearing, 383 
efficiency of, 393 
notation for, 385 
proportions of, 384-386 
relation of angles of, 386 
relation of forces of, 386 
Worm shafts, 387 

Worm wheel teeth, strength of, 390 
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461 
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